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Summary

This report investigates the possible advantages of a brake based active vehicle safety system regarding
the roll dynamics of a high center of gravity vehicle. The goal was to investigate whether besides the
positive influence on the handling dynamics of a vehicle an active brake based vehicle safety system is
able to prevent untripped rollovers. Particular interest is shown into two vehicle rollover test
maneuvers: namely the J-turn maneuver and he fishhook maneuver. These tests were found to be the
most objective tests of vehicle suspectibility to maneuver-induced on-road rollovers according to
NCAP.

To gain insight into the dynamics involving vehicle rollover a linear vehicle model including a so-
called rollover coefficient was introduced. Following a number of currently used active vehicle safety
systems with a profound influence on the handling and roll dynamics are briefly discussed. From these
active safety systems the most promising is chosen for further analysis, which is the one making use of
the braking system, this system is also known as ‘electronic stability program’ or ESP. The basic
information, which is available on this active safety system is discussed and investigated.

The control law, which was chosen, consists of two decoupled controllers. One controller for the
vehicle yaw rate and one for the sideslip angle. To simplify the choice of the control parameters again
the linear vehicle model is used. This yaw rate and sideslip control activates the ABS systems, which
controls the individual longitudinal wheel slip. The settings that increase handling dynamics were
found to have a negative effect on the roll dynamics for the particular vehicle configuration that was
used. As a solution roll rate feedback was introduced.

To gain insight into the dynamic events leading to vehicle rollover and into the effectiveness of the
proposed controller a dynamic vehicle model has been used. The total vehicle has been modelled in the
Matlab/Simulink environment with the programme ADVANCE, which was developed by TNO.

Based on the simulation results from the J-turn and the fishhook maneuver it can be concluded that
improvement have been made in vehicle handling and in roll dynamics. As long as the vehicle is roll
stable understeer and oversteer is neutralized as good as possible, so the vehicle is kept within a by the
driver anticipated linear range. When the roll rate exceeds the introduced roll rate threshold rollover
avoidance is given priority over handling.

Finally as a recommendation the possible advantages of the combination of active steering with active
braking are briefly discussed
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Samenvatting

In dit verslag wordt het onderzoek beschreven naar de  mogelijke voordelen van een actief voertuig
veiligheid systeem, gebaseerd op actief remmen, met betrekking tot de roldynamica van een voertuig
met een verhoogd zwaartepunt. Het doel van dit onderzoek was om te onderzoeken of naast de
positieve invloed op het weggedrag een actief remsysteem in staat is om het omslaan van een voertuig
te voorkomen. Hierbij is met name aandacht besteedt aan twee testen met een grote invloed op de
rolhoek. Namelijk de J-turn manoeuvre en de zogenaamde fishhook manoeuvre. Deze testen zijn
volgens NCAP de meest objectieve testen om het rolgedrag van een voertuig dat verdacht wordt van de
neiging om om te slaan te onderzoeken.

Om inzicht te verkrijgen in de dynamica die hoort bij het omslaan van een voertuig is in eerste
instantie gebruik gemaakt van een lineair voertuig model en is er een zogenaamde rolcoëfficiënt
geïntroduceerd. Vervolgens is onderzoek gedaan naar een aantal actieve voertuig veiligheidssystemen
met een sterke invloed op het rolgedrag die op dit moment veel gebruikt worden. Uit deze systemen is
het meest belovende systeem gekozen voor verder onderzoek. Dit systeem is gebaseerd op actief
remmen. Dit systeem is ook onder de naam ‘electronic stability program’ of ESP bekend. De algemene
basis informatie die beschikbaar is over dit systeem is besproken en onderzocht.

De regel wet die is gekozen bestaat uit twee ontkoppelde regelaars. Een regelaar voor de gier snelheid,
en een regelaar voor de slip hoek van het voertuig. Ter vereenvoudiging van de keuze voor de regelaar
instellingen is ook hier weer gebruik gemaakt van het lineaire voertuigmodel. De beide regelaars
activeren het ABS systeem. Dit systeem stelt een bepaalt percentage longitudinale wiel slip in. De
instellingen voor het actief systeem die zorgen voor een positieve invloed op het weggedrag blijken
een negatieve invloed te hebben op het rolgedrag voor het type voertuig dat is onderzocht. Een
oplossingen die hiervoor gevonden is, is het terugkoppelen van de rolsnelheid.

Om inzicht te verkrijgen in de gebeurtenissen die leiden tot het omslaan van een voertuig en de
effectiviteit van de voorgestelde regeling is een dynamisch voertuig model gebruikt. Het totale
voertuig is gemodelleerd in de Matlab/Simulink omgeving met het programma ADVANCE, wat
ontwikkeld is door TNO.

Gebaseerd op de simulatie resultaten voor de J-turn en de fishhook manoeuvre kan gesteld worden dat
het voorgestelde actieve veiligheidssysteem zowel een positieve invloed heeft op het weggedrag als op
het rolgedrag. Zolang het voertuig rolstabiel is, dit wil zeggen niet de neiging heeft om om te slaan,
wordt overstuur en onderstuur  zo goed als mogelijk tegen gegaan, zodat het voertuig zich gedraagt
zoals de bestuurder zou verwachten. Als een bepaalde geaccepteerde waarde voor de rol snelheid
overschreden is dan heeft het voorkomen van omslaan voorrang op de verbetering van het weggedrag.

Tenslotte is als laatste een aanbeveling gegeven met betrekking tot de combinatie van een actief
remsysteem met actief sturen.
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List of symbols

Symbol Description Dimension
m Overall vehicle mass kg
m1 Chassis mass kg

m2 Sprung mass kg
tw Track width m
ho Nominal height of c.o.g m
h Distance of roll axis to c.o.g m
hroll Height of roll axis above ground level m
a Distance front axle to c.o.g m
b Distance rear axle to c.o.g m
l Vehicle length m
c Stiffness coefficient of suspension
d Damping coefficient of suspension
crollbar Stiffness coefficient of roll stabilizer

Roll angle rad
Pitch angle rad

r Yaw rate rad/s
Sideslip angle rad

1 Front tyre slip angle rad

2 Rear tyre slip angle rad
Wheel steering angle rad
Longitudinal wheel slip percentage -

g Gravity force constant m/s2

C1 Front cornering stiffness N/rad
C2 Rear cornering stiffness N/rad
Ixx Roll moment of inertia, sprung mass Kg/m2

Izz Overall yaw moment of inertia Kg/m2

Imot Moment of inertia of the engine Kg/m2

vx Longitudinal vehicle speed m/s
vy Lateral vehicle speed m/s
vCH Characteristic vehicle speed m/s
ay Lateral vehicle acceleration m/s2

ay-1 Lateral acceleration of the chassis m/s2

ay-2 Lateral acceleration of the body m/s2

Fy1 Front lateral wheel force N
Fy2 Rear lateral wheel force N
Fzi Total nominal load on wheel i N
Fz-R Vertical forces on the right side of the vehicle N
Fz-L Vertical forces on the left side of the vehicle N
FB Wheel brake force N
FN Wheel normal force N
FR Wheel resultant force, Combination of the lateral and braking

force.
N

vwhl Wheel speed m/s
vwR Circumferential speed right wheel m/s
vwL Circumferential speed left wheel m/s
Mmot Engine torque Nm
MDR Engine torque requested by driver Nm
Pcirc Brake circuit pressure Pa
kt Tyre stiffness radial direction N/m
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rt Tyre rolling radius m
Itr Transmission ratio -
MCaHalf Half of torque on cardan axle Nm
PWhlPre Pressure applied to wheel brake cylinders Pa
Mbwhli Wheel braking torque Nm
rNo Nominal yaw rate Rad/s

No Nominal sideslip rad
vCh Characteristic vehicle speed (understeer) m/s

HP Surface friction coefficient -
Fluid density Kg/m3

Cd Orifice discharge coefficient -

p Fluid bulk modulus -
Vc Feeding chamber volume m3

V0 Initial chamber volume m3

Ps Hydraulic line pressure Pa
Pc Calliper chamber volume m3

xp Calliper piston displacement m
Q1 Flow rate from apply valve m3/s
Q2 Flow rate from release valve m3/s

fl1 Orifice area for the apply valve m2

fl2 Orifice area for the release valve m2
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Chapter 1

Introduction

The increased popularity of vehicles with a high center of gravity, such as SUV’s (Sport Utility
Vehicles), makes the prevention of rollover an important safety issue. Even though rollovers constitute
a small percentage of all accidents, they have disproportional large contribution to severe and fatal
injuries, approximately accounting one in every four motor vehicle fatalities in the USA, [5].

There are typical driving situations, which can directly or indirectly induce vehicle rollover. Examples
are excessive speed when entering a curve, severe lane change, obstacle avoidance and disturbance
impacts like side wind.
One may distinguish two different categories of situations from which rollover can arise: In the first
case rollover is caused directly, this is called ‘rollover on a plane surface’. In the other case (‘tripped
rollover’) after the vehicle has already entered a skidding state, rollover may occur if the wheels hit an
obstacle or the vehicle suddenly hits soft coil.
Vehicles with an elevated center of gravity are especially threatened by rollover. Also, rollover
accidents very often result from misinterpretation of the vehicle’s dynamics by the driver, especially
when the center of gravity height varies severely with different payloads.

Present vehicle dynamics control systems using individual wheel braking (e.g ESP) or active steering
have been primarily established for passenger cars with a low center of gravity. These concepts can in
general help avoid skidding and thus help to avoid tripped rollover. However, the primary task of
individual wheel braking and active steering has been the stabilization of the yaw motion.

In this thesis a new approach is presented focusing on rollover avoidance by individual wheel braking.
It may be assumed that a lot of knowledge has been gathered by manufacturers of active control
systems. This inside knowledge is however not publicly available. This study is meant to give more
basic insight into the functions of active systems and the way they may be used to prevent rollover
accidents.

Driver assistance systems for vehicle dynamics primarily produce a compensating torque for yaw
disturbances. Such control systems can react faster and more accurate and flexible than the driver,
when an unexpected deviation from the desired yaw occurs. The deviation is taken between the desired
yaw rate and the actual yaw rate. Also critical rollover conditions may be measured and fed back into
the driver assistance system.

The actuation in such control systems is mostly distribution of brake force, and in some cases, motor
torque over the four wheels, ESP is an example. The braking approach uses the existing ABS.
Therefore only little additional hardware is required. Vehicle rollover might be totally avoided by an
individual wheel braking system

For a rollover protection system it may seem natural to harden the roll damping using active
suspension and apply active counter roll of the body towards the inner side of the curve. However,
under a strict energy limitation a combined steering and decelerating action is much more efficient.
Steering has an immediate effect on the roll dynamics, while deceleration involves more delay. A
steering/braking control system allows larger obstacle avoidance maneuvers and supports the driver in
case of emergency i.e. when the vehicle is close to rollover.

In this report first a short introduction into the dynamics involved in vehicle rollover is given in
chapter 2. To gain insight in these dynamics a linear vehicle model is introduced. Following a number
of active safety systems with a profound influence on vehicle roll over are briefly discussed in chapter
3. From these active safety systems individual active braking (ESP) is chosen for further analyses and
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in depth investigation in chapter 4. Following a control structure is introduced and control parameters
are derived in chapter 5. This safety system is modelled in the program ADVANCE making use of a
full lateral dynamics vehicle model in chapter 6. This vehicle model is used to verify the performance
of individual active wheel braking in a number of driving maneuvers, which are proven to have the
most influence on the vehicle’s potency to roll over. Finally from these simulations a number of
conclusions on the control strategy which was implemented are drawn in chapter 7. Also
recommendations for  further investigation are given in this chapter.
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Chapter 2

Rollover dynamics

In this chapter the basic untripped vehicle rollover aspects are discussed making use of a relatively
simple vehicle model. With the help of this model insight is gathered into the dynamics involved.

2.1 Rollover dynamics

During cornering the lateral tyre forces on the ground level counterbalance the lateral inertial force
acting at the vehicle center of gravity, resulting in a roll moment. This moment is counterbalanced by
moments of vertical forces.

Fig. 2.1 A simple model of vehicle roll motion.

Taking the moment about the center of contact patches for the outside tyres and assuming small roll
angles results in:

wziyw tFhmamgtT 02/ (2.1)

Where m is the vehicle mass, g  the gravity acceleration, tw vehicle track width, ay is the vehicle lateral
acceleration, h0 the height of vehicle center of gravity above ground, and Fzi the total normal load on
the inside tyres. With this simple model the track with of the front and rear axle is the same. At the
limit cornering condition (rollover threshold) the normal load, Fzi reaches zero. Hence at the rollover
threshold the lateral acceleration is equal to:

gSSFhgta wy )2/( 0lim (2.2)

Where SSF=tw/(2h0) is the so-called static stability factor, which is usually used to quickly determine
whether or not a vehicle is vulnerable to rollover. It is used to determine how top-heavy the vehicle is.
The more top heavy the more likely it is to rollover. In theory this sounds like the perfect way to
determine if a SUV or truck will be susceptible to roll over. While this lesson in theory is accurate it
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does not portray the real life driving conditions. Most crashes are usually caused by driver behaviour
such as speeding or inattention.
When the compliances of suspensions and tyres are neglected this leads to overestimation of the
rollover threshold, [4]. When cornering the vehicle body rolls about the roll axis, resulting in lateral
shift of the vehicle center of gravity towards the outside of the turn. At the same time lateral forces of
the outside tyres cause lateral deformation of the tyres and camber of the wheels.

 
All these factors

contribute to the reduction of the moment arm of gravity force, which acts to stabilize the vehicle.
The vertical movement of the wheels with respect to the body also needs to be considered. This
movement is usually accompanied by lateral movements, which can change the half- track width. This
lateral movement is determined primarily by suspension kinematics. In addition, the lateral forces are
transmitted between the body and the wheels by rigid suspension arms, which in general are not
parallel to the ground. Therefore these link forces have vertical components, which in general do not
cancel and may elevate the vehicle center of gravity, these are the so-called jacking effects.
The final result is the reduction in half-track width and usually increase in height of vehicle center of
gravity, both of which reduce the rollover threshold.

During cornering vehicle wheels rotate about the lateral axis and concurrently about the vertical axis
(the axis of vehicle turn). This results in gyroscopic moments, which contribute to the moment
equation. The contribution to the moment equation of this effect however is very small.
Finally, in dynamic maneuvers, the roll angle of vehicle body may exceed (overshoot) the steady state
value. The amount of overshoot depends on the type of maneuver, but for a given maneuver it is
related to the roll damping of suspension as well as suspension stiffness and the body moment of
inertia about the roll axis.

2.2 Linear vehicle model

To investigate the basic behaviour of a particular vehicle the characteristics of a simple single-track
vehicle model are studied, see fig 1.2. The numerical vehicle data represent a small vehicle with an
elevated center of gravity. The data that is used is given in table 2.1.

C1=4.5 kN/rad Front cornering stiffness
C2=6.5 kN/rad Rear cornering stiffness
c=29 kN/m Vertical stiffness of passive suspension
d=10 kNs/m Vertical damping of passive suspension
g=9.81 m/s2 Acceleration due to gravity
hr=0.5 m Height of roll axis above ground
h=0.5 m Nominal height of c.o.g of body over roll axis
Ixx=600 kgm2 Roll moment of inertia, sprung mass
Izz=3600 kgm2 Overall yaw moment of inertia
a=1.04401 m Distance front axle to c.o.g.
b=1.55 m Distance of rear axle to c.o.g
m=1200 kg Overall vehicle mass
m2=900 kg Sprung mass
tw=1.5 m Track width

Table 2.1: Numerical vehicle data.
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Fig. 2.2 Bicycle model, [14].

From this model two equations of motion can be derived in the horizontal plane, namely (2.3),(2.4):

21)( yyxy FFrvvm (2.3)

21 yy bFaFrI (2.4)

With tyre side slip angles:
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The linear cornering characteristics can be written as:

222111 , CFCF yy (2.6)

When combining these equations, the following two equations for the vehicle’s lateral and yaw
dynamics arise:
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Equation (2.6) and (2.7)  can be written in state space:
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The eigenvalues of the matrix A determine whether the vehicle is basically understeered, oversteered
or neutral steered, [6]. For a neutral or oversteered vehicle the eigenvalues must be real. An
understeered vehicle has complex conjugate eigenvalues, except at low speeds where the understeered
vehicle can show a pair of real negative roots. The eigenvalues for this particular vehicle with a speed
of 0 to 200 km/h prove that this vehicle is understeered for every plotted speed, see figure 2.3. The
eigenvalues are plotted for a vehicle speed of zero on the left side moving to the right until 200 km/h,
as one can see the eigenvalues are negative and real for low vehicle speeds and complex conjugate for
higher speeds.

Fig. 1.3  Eigenvalues of matrix A for a vehicle speed of zero to 200 km/h.
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To take into account the influence of the height of the center of gravity, the prescribed linear model is
extended by the vehicle’s roll dynamics. Now the set of equations representing the lateral, yaw and roll
dynamics is given by, [2],[3]:

121212 ))(
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Herein 

 

is the roll angle, m2 the mass of the body, ay-1 the lateral acceleration of the unsprung mass, c
and d

  

the passive suspension roll stiffness and damping and h the distance from the center of gravity
of the roll axis. See figure 2.4.
The roll stiffness and damping of the passive suspension are calculated from the spring stiffness and
damping coefficient of each tyre, they are assumed to be the same for the front and rear suspension, see
(2.10), (2.11) :

rollbarrww ctctc 5.02    (2.12)

dtd w
2

(2.13)

Herein c is the spring stiffness, d  the damping coefficient at each tyre, tw the track width  and crollbarr

the stiffness of the roll stabilizers.  It is assumed in (2.9)-(2.11) that tan( ) is equal to 

  

for small
angles.

Fig.2.4  Vehicle representation with roll.
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This set of equations can now again be written in state space:
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With this set of equations the response to a step steer input can be calculated making use of the
numerical vehicle data in table 2.1. The Matlab and Simulink files that were used can be seen in
appendix I and appendix II.

When the front and rear cornering stiffness of the tyres is corrected for the tyre normal force
distribution, the front cornering stiffness should be greater then the rear stiffness. However when we
look at real life driving situations the cornering stiffness of the front tyres is smaller. The reason for
this phenomenon can be sought in the difference in compliance and kinematics between the front and
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rear suspension. So to predict real life vehicle behaviour as close as possible the cornering stiffness of
the rear tyre is increased and the front tyres decreased.

To investigate whether the vehicle is in danger of rollover a rollover coefficient R is introduced,
[2],[3]. Figure 2.4 illustrates some further physical assumptions for the derivation of the rollover
coefficient. The tyre vertical loads are denoted Fz,L and Fz,R . From the equilibrium of vertical forces
and balance of roll moments a rollover coefficient R is defined as:

sin)cos(
2 2,2
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R y

R
wLzRz
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(2.14)

If Fz,R =0  (Fz,L =0 ) , then the right (left) wheels lift off and the rollover coefficient takes on the value
of R=-1 (R=1). For straight driving on a horizontal road and symmetric load, the rollover coefficient
equals zero because Fz,R =Fz,L . Note, that the linear vehicle model with roll is only valid when all four
wheels have road contact, this is only valid if |R|<1.
Assuming that the mass of the chassis (m1) is small compared to the mass of the body (m2) and
hsin <<(hR+hcos )ay,2/g  and the roll angle 

 

to be small, (2.14) is approximated by:
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with:

hrva xy )(2, (2.16)

According to this definition the track width and the height of the c.o.g (hR+h) are the most important
vehicle parameter affecting rollover risk.
Figure 2.5 shows the vehicle response to a step steer input for a vehicle with a speed of 100 km/h.

Fig.2.5  step steer input.
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It is obvious that the amount of overshoot as well as the absolute roll angle increases with increasing
steering input for the same vehicle speed. The steering angle has an immediate effect on the roll angle.
From the roll over coefficient it can be concluded that with a vehicle speed of 100 km/h a sudden
steering input larger than 150 deg. initiates the left wheels (in a turn to the right) to lift off. This
assumption is not very realistic, in reality both the outer wheels do not lift off at the same time.

To investigate the influence of the height of the c.o.g on the roll angle and rollover risk figure 2.6
shows the roll angle and roll coefficient for a number of c.o.g heights for a step steer input of 90
degrees at a speed of 100 km/h. Needless to say that the higher the c.o.g  the greater the roll angle.

In a fishhook maneuver a certain steering input is followed by a sudden steering reversal. This
maneuver test can be compared to a driver that drives of the road onto the shoulder and over corrects
trying to keep the vehicle on the road. This kind of test maneuver will be discussed in detail in chapter
6. The roll angle for a hand wheel steering input of 100 degrees followed by a steering reversal to –100
degrees can be seen in figure 2.7. The vehicle speed is maintained at 70 km/h. Also shown in the same
figure is the roll angle for the J-turn maneuver.
A slight difference in roll angle for the J-turn and fishhook can be noticed. The amount of overshoot in
roll angle is increased due to the steering angle reversal. The reason for this is that energy that is stored
in the suspension is released when the steering angle is reversed. This phenomenon accounts for an
extra amount of roll angle acceleration, which initially increases the roll angle and thus the amount of
overshoot. The amount of overshoot strongly depends on the amount of damping, the inertia of the
body and the type of maneuver.
In reality the amount of overshoot is even larger because of the non-linear tyre behaviour and of
secondary effects, such as tyre vertical stiffness, that have not been taken into account in this simple
vehicle dynamics roll model.

Fig. 2.6 Influence of c.o.g height on the roll angle and coefficient.
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Fig. 2.7 Influence of a steering angle reversal on the amount of roll angle overshoot.
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Chapter 3

Active vehicle safety systems

In this chapter a literature survey is given on the most common active vehicle safety systems that are
available, which have a profound influence on the roll angle. Out of these different control systems the
most effective and interesting one is chosen for further analyses. The most important criterion for this
choice is effectiveness. Secondary criteria are the costs and which one is the most commonly used
worldwide. In other words the one that is already available in a large number of vehicles on the market.

3.1 Handling dynamics

In order to maintain safe handling characteristics of vehicles, designers strive to maintain consistent,
predictable vehicle response to driver steering inputs in the entire range of operation. Unfortunately,
because of the particular shape of the tyre lateral force characteristics, there exist two distinct kinds of
vehicle handling behaviour. The first, linear, kind of behaviour occurs when driving within the limit of
adhesion where tyre-cornering characteristics remain within the linear range of operation. That is,
cornering forces developed between the tyres and the road surface remain proportional to the tyre slip
angles; consequently, at a given speed, the yaw rate remains approximately proportional to the steering
angle, with only small delay, barely perceptible by the driver.
The second, non-linear, handling behaviour occurs when the vehicle approaches the physical limit of
adhesion, and the tyre forces no longer increase proportionally to the slip angles. At this point, the tyre
slip angles, and consequently also the vehicle slip angle, may increase quite rapidly without
corresponding increase in lateral forces. Since the experience of most drivers is limited to driving
within the linear range of vehicle handling behaviour, it is generally considered desirable to reduce the
difference between the normal vehicle behaviour and that at the limit. This improves the chances of a
typical driver to maintain control of the vehicle in emergency situations, [1]. This goal can be
accomplished by active chassis control systems such as brake control systems or active rear wheel
steer. The purpose of control is to bring the vehicle yaw rate response and/or the vehicle slip angle
equal to the desired yaw rate and/or slip angle.

In principle, the vehicle yaw rate can be estimated using kinematic relationships, either from the
measured speed of the undriven wheels or from measured lateral acceleration, [7]. However, these
estimates will be reasonably good only under restrictive conditions. For example, the estimates
obtained from wheel speeds deteriorate severely during braking, especially during ABS activation. On
the other hand, the estimate of the yaw rate obtained from lateral acceleration is valid only during
approximate steady-state conditions and can be further degraded by the effect of bank angle of the
road.

Another way to estimate the vehicle yaw rate (and also slip angle) is to use a speed-dependent dynamic
model of vehicle motion in the yaw plane with steering angle as input, [8]. In this approach, the
estimates tend to deviate from the actual values as a result of mismatch between the vehicle actual
parameters and those used in the model, or the disturbances, such as unmodelled lateral forces and
moments due to side wind or bank angle of the road. In order to minimize these effects, the model
must include the feedback of the error signals that are the differences between the measured signals
and the ones predicted by the model.
In addition, during operating at the limit of adhesion, tyre forces, and consequently vehicle handling
dynamics, are strongly affected by the surface coefficient of adhesion. Since the road surface
coefficient of adhesion may vary in a wide range (from about 0.1 on ice to 1.0 on dry concrete), it is
necessary to include the effect of surface variation in the model (observer). The surface coefficient of
adhesion therefore needs to be estimated.
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In the following literature survey a number of commonly used active vehicle safety systems with a
profound influence on the vehicle roll angle are discussed.

3.2 Electronic Stability Program (ESP)

The following information is a survey of the research, which has been done in the field of brake based
active control, [1].  ESP is also known as Vehicle Dynamics Control (VDC) and Electronic Skid
Protection (ESP). These are electro-hydraulic systems that control stability as the vehicle approaches
the limits of stability. They are an extension of the technology used in Anti-lock braking systems and
traction control.  ESP operates normally with both brakes and engine management. The electronic
stability systems sends signals to the ABS system, which monitors the wheels for lockup or slipping
and apply braking to individual tyres to maintain traction. Lack of traction and the resulting loss of
steering contribute heavily to rollover incidents.
The advantage of ESP is that it constantly compares the driver's intended course with the vehicle's
actual course and compensates for any differences. ESP responds to help to drive safely whenever it
senses impending wheel lock-up, wheel spin or loss of vehicle control. It also helps to improve
traction, manoeuvrability and stability in all weather conditions.
ESP does not directly influence the roll angle. Nevertheless by limiting the vehicle sideslip angle and
therefore lateral velocity, ESP makes a vehicle less likely to roll over either with or without tipping
mechanism. Sudden steering actions generate large lateral forces and sideslip angles on both outside
wheels. Such large sideslip angles cannot be achieved at the rear axle without a large vehicle sideslip
angle (oversteer).
The basic principle of ESP is that it compensates for under and over steering action of the driver. In a
general sense the equipment should eliminate loss of control.
In an understeer situation, the front end of the car tends to slide out. ESP automatically applies the
inside, rear brake to help to achieve the desired turn. It may also reduce the engine's power.
In an oversteer situation, the rear end of the car tends to slide out or "fishtail". ESP automatically
applies the outside, front brake to help correct "fishtailing".

Nowadays the renewed ESP II system is in use. In addition to using the brakes to correct oversteer and
understeer, ESP II can also turn the front wheels to correct driver steering errors. This system is used
nowadays by the BMW company. The new system reduces stopping distances when right and left sides
of the vehicle are on different surfaces.

A typical control system for ESP consist of the following building blocks:

 

Sensors, which measure driver inputs and vehicle response. The measured driver inputs
typically include steering angle, brake pedal force and throttle position. The vehicle response
is measured in terms of lateral acceleration, yaw rate and wheel speeds, from which vehicle
reference speed is derived. There are usually additional sensors within brake and powertrain
subsystems.

 

Vehicle reference model, which generates the desired vehicle response in terms of the desired
yaw rate and the desired side slip angle or side slip rate, using primarily driver inputs and
vehicle reference speed.

 

Estimation block, which provides estimates of vehicle reference speed, the surface coefficient
of adhesion and usually vehicle side slip angle and side slip rate. Other estimation functions
may be performed by subsystems, for example estimation of driving torque at the driven
wheels.

 

Vehicle level control block, which compares the desired values of yaw rate and usually side
slip angle with the measured or estimated values and calculates the necessary correction. The
correction is typically expressed in terms of corrective yaw moment applied to the vehicle, or
desired wheel slip correction. To generate these signals, closed loop control of yaw rate and
usually side slip angle or side slip rate is used.
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System level controllers, which include powertrain controller and brake modulator. They
employ local control loops to achieve the target values of wheel slips or wheel torques as
determined by the vehicle level controller.

Of all the active chassis systems that are available nowadays for avoiding vehicle rollover ESP is the
most effective. When ESP is combined with ARC (Active roll control) it is the most effective
stabilizing system available, [11]. It was found that the presence of active brake control brings about
improvement in vehicle resistance to maneuver-induced rollovers that is equivalent to an increase in
the static stability factor (SSF) by about 12%, [1].

3.3 Active steering

In [2], [3] a method is presented to prevent rollover by setting a small auxiliary front wheel angle in
addition to the steering angle commanded by the driver and by controlling the brakes. The control law
consists of proportional feedback of both the roll rate and the roll acceleration.
The controller structure consists of three feedback loops: Continuous operation steering control,
emergency steering control and emergency braking control. In addition to the steering angle
commanded by the driver an auxiliary steering angle is set by an actuator. The actuator set point is
formed by the sum of the continues operation steering control signal and the emergency steering
control signal. The latter and the braking force are zero as long as the vehicle stays in a rollover stable
margin.
The continuous steering signal improves the roll damping through gain scheduled feedback of the roll
rate and roll acceleration. With this feedback to the front wheel steering angle the roll damping is
improved considerably. Thus the risk of causing a rollover by steering excitation has been reduced.
However even the controlled vehicle can roll over if the steering input is large enough.
The rollover emergency non-linear steering control can be interpreted as an ‘intelligent’ steering angle
limitation such that rollover on a plane road can be completely avoided. The key idea is that rollover
avoidance is given priority over lane keeping because a tipped vehicle is no longer steerable. The
lateral acceleration is limited by the boundary where rollover occurs. This boundary is reached if the
vehicle is steered such that the inner wheels are about to lift off the road.
If the magnitude of the rollover coefficient exceeds a certain safety value, then the difference is fed
back to the front wheel steering angle such that the curvature of the course is slightly reduced and
rollover is avoided.
Applying rollover-braking control requires the application of a nonlinear dynamic model of the vehicle
with the longitudinal velocity as an additional state variable and the braking force as an additional
input. The intention of emergency braking is to make the deviation from the desired course being
induced by emergency steering control as small as possible. This task is realized by decelerating the
vehicle as soon as the rollover coefficient becomes critical.

The above-described active rollover avoidance control is capable of significantly reducing the roll over
hazard caused by steering inputs, for which proof is given in  [3]. Gain scheduled continues steering
control forms an inner control loop, which achieves improved roll dynamics. For the rollover
emergency case, an outer non-linear steering control loop avoids rollover at the cost of some course
deviation. This lane tracking error is reduced by simultaneous deceleration, which also supports
rollover counteraction. A further development of the active steering principle is active rear steer
(ARS), which allows four wheel steering, [9].This further improves stability by further limiting the
vehicle tendency to oversteer.

3.4 Active suspension

In [4] it is investigated that there are a number of vehicle and suspension parameters that can affect
lateral acceleration at the rollover threshold, and thereby vehicle resistance to rollover.
Due to lateral compliance of tyres and suspension, as well as changes in wheel lateral location due to
suspension kinematics and changes in camber angle, the distance in lateral direction between the
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centerline of the vehicle and the tyre contact patches is changed during cornering. This distance also
known as half-track width is usually reduced during cornering.
During suspension deflection, the wheel rotates with respect to the body about an instantaneous center
of rotation located on the line connecting the tyre patch with the roll center. This results in wheel
displacement in lateral direction and a change of the wheel camber angle with respect to the body. For
the majority of suspension designs the half-track width increases under suspension compression when
the roll center is located above ground level. The increase in half-track width due to suspension
kinematics is proportional to the lateral acceleration.
Additional change caused by the lateral compliance of suspension elements can also be also taken into
account, since it is proportional to the lateral force and therefore lateral acceleration. It will generally
act to reduce the half-track width. So the total change in half-track width consists of the tyre lateral
compliance and suspension kinematics.

Active damping improves cornering performance by reducing sudden load transfer in the roll direction.
Shocks affect dynamic or transitional handling, for example, on slalom course or when one start to turn
and the weight is transitioning to the outside wheels.
With respect to the rollover avoidance aspect the active damping can damp the springs enough to slow
down body roll.  When in cornering the outside dampers are set harder than the inner ones, this also
reduces the height of the center of gravity, which also has a positive influence on the roll motion.
A soft spring/stiff shock combination provides a much more controllable handling setup. Using this
setup allows weight to shift more slowly and controllable. The danger here is that if the shocks are too
stiff, the suspension will not handle ‘washboard’ bumps well. This is why the suspension is active, so
the suspensions can adapt itself depending on the driving situation. Active damping will also minimize
tyre compliance by constantly tuning itself to allow a balanced energy exchange between spring and
damper, [4].

It is often the case that when a design variable exerts influences acting in opposite directions, there
exists an optimal value for this variable. This also holds for the location of the roll center.
The optimal height of roll center from point of view of rollover resistance depends on the nominal
height of vehicle center of gravity and the ratio of suspension roll stiffness to the total vertical stiffness
of suspension.
Large variations in track width with suspension travel, especially when occurring at the front axle,
affect straight-line stability during driving on rough roads. This is why for optimal stability control
variable suspension stiffness has a positive influence.

3.5 Active roll control (ARC)

In [1] it is stated that this type of system is particularly beneficial for SUV’s. Design of passive
suspensions for this type of vehicle poses significant challenges because of the wide spectrum of
conditions under which the vehicle operates. During off road use the vehicle may be subjected to large
ground inputs, usually of low frequency. This calls for large ground clearance and large axle
articulation to maintain traction in these conditions, thus also requiring large suspension travel. At the
same time the vehicle must achieve acceptable handling and ride characteristics during operation on
paved roads. This leads to design compromises, often resulting in large body roll angles during
cornering maneuvers. The purpose of active roll control (also known as dynamic body control DBC) is
to improve these trade-offs.
The main design goals are to maintain or improve axle articulation over uneven terrain, to improve ride
quality during road use and to reduce body roll angle during cornering.
The active roll control system basically consists of linear or rotary hydraulic actuators that act on
conventional roll bars to provide forces that resist vehicle roll. During normal, straight line driving the
actuators are not pressurized, so that left and right roll bar assemblies can rotate relatively freely with
respect to each other, thus without generating a significant roll resisting moment. This improves
vehicle response to road inputs on one side of the vehicle. During cornering, pressurized fluid is than
supplied to properly selected chambers of the actuator, creating a torsional moment in the roll bar that
opposes the roll motion of the vehicle body. The control algorithm uses measured lateral acceleration
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of the vehicle to determine the desired pressure in the actuator chambers of the front and rear roll
stabilizer.

The first main aspect of active roll bars is the decreasing of the roll angle. An active roll bar can
control roll motions and permits an improvement of comfort. The second aspect of roll bars is
connected with the vehicle-handling behavior. By varying the stiffness of only one of the two roll bars,
a modification of roll stiffness distribution is obtained. This influences the lateral load transfer while
turning. By varying the balance in load transfer between the front and rear axle the vertical loads on
two specific tyres are increased, one outer and one inner wheel. The load on the other two wheels is
decreased at the same time. If load on the outside front tyre is increased during cornering the vehicle
will tend to understeer due to degressive dependency of tyre lateral force on vertical load. This
corresponds to a high pressure on the front axle torsion bar actuator. If load on the outside rear tyre is
increased the vehicle will tend to oversteer. This corresponds to a high pressure on the rear axle torsion
bar actuator.
The handling improvement with ARC can be summarized as an increasing maximum level of rate
lateral acceleration and a decreasing of the roll angle. The ARC strategy for handling purposes can be
based on lateral acceleration and yaw rate sensors. (A vehicle side slip sensor is too expensive and isn’t
a significant parameter to determine under/over steer) These sensors are generally already available
due to the presence of ESP.  Available ARC control gives good results with respect to understeer, but
has no effect on oversteer. This is due to the fact that yaw control logic is not fast enough. A solution
would be to (as a second step in ARC evolution) build a control logic based on sideslip angle rate. In
particular if the sideslip angle becomes too high, the rear active bar becomes less stiff and yaw control
gets off. [1]

3.6 Preferred active safety system

All the described systems are effective in preventing maneuver induced vehicle rollover. The most
widely used system nowadays is the ESP system, which is also the most effective system, [12].  In all
cases the steering angle has to be significantly increased to induce rollover as compared to a passive
vehicle, or the rollover can be avoided altogether regardless of the steering angle. The ESP system
improves vehicle stability more than the ARC system. A vehicle equipped with both these systems is
the most stable of all in terms of avoiding and minimizing rollover, [11]. It is estimated that it would
cost 25% less to equip a vehicle with ARC if it already has ESP, [1].  This is because they could share
sensors and software.
Furthermore active steering is an efficient means to influence a vehicle’s yaw and roll dynamics. A
comparison with vehicle dynamics control systems that make use of individual wheel braking (ESP)
reveals the fundamental advantages and drawbacks of both systems. An ESP system is implementable
with less hardware effort since the actuators and wheel speed sensors are available by anti-lock brakes.
However, active steering is more efficient with regard to fundamental mechanical considerations.
Thus, the physical limits in terms of maximal force between tyre and road can be further exploited to
provide additional safety margins. The potential of active steering will be easily usable once steer-by-
wire is established. There are already technical solutions, which provide the possibility to set an
auxiliary steering angle additional to the one directly transmitted by the steering wheel. At the present
stage of technology, active steering suggests itself as a stand-alone or as a powerful complement to
present individual wheel braking systems (ESP).
To understand the basic vehicle dynamics involved with vehicle rollover, and because it is the most
common used active vehicle safety system the ESP or active individual braking system will be
investigated in depth in this thesis.
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Chapter 4

Electronic stability program

In the following the basic principles of the brake based active vehicle safety system (ESP), as it is used
today in many vehicles, are discussed. The information below is based on the ESP system as it was
developed by the Bosch company, [8].

The ESP system controls the vehicle yaw rate and sideslip angle. The ESP control at the vehicle’s
driving limit must influence the vehicle’s three degrees of freedom (longitudinal, lateral velocities, and
yaw moment about the vertical axis). The purpose is to make sure the vehicle handling is in line with
the driver’s input and with the prevailing road conditions. In this respect, it must first be determined
how the vehicle is supposed to behave at the physical driving limit in accordance with the driver input
(nominal behaviour), and how it actually behaves (actual behaviour). In order to minimize the
difference between nominal and actual behaviour the tyre forces have to be controlled by actuators. In
the figure below the total flow of signals in the ESP system is given. This figure can be used for a
better comprehension of the interaction of the different ESP modules. In the following the most
important signal will be discussed and explained.

ay  r vx, FB

, , vy, Fs, FN, FR

ay, , PCirc, MDR vx, ax

                          r,                                                 No,  rNo

MYwNo

FR, 

, Ma, MNoLock, D
r, , vWhl, , PCirc , vx, ax, FB, FBF

Fs, FN, vy, MDR MNoMot, Uval, MNoSPR, TiOFF

Fig. 4.1 Block diagram of ESP vehicle dynamics controller with input and output variables, [8].

4.1 Setpoint estimation

First of all the nominal behavior has to be determined with respect to yaw rate and sideslip angle. This
nominal yaw rate and sideslip angle will be used as set point for the ESP state controller. The nominal
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yaw rate and sideslip angle is produced by evaluating a simple linear bicycle vehicle model, as it is
discussed in chapter 2. (see fig. 4.2).

Again the equations of motion in the horizontal plane are given (2.3), (2.4) and (2.5).

  

Fig. 4.2 Bicycle model

For this model it is assumed that the tyres have linear cornering characteristics, so the lateral tyre
forces are in accordance with the driver input.
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222 CFy ,          ( 4.1)

here 2,1C  is the cornering stiffness.

After substitution of (2.3), (2.4) and (2.5) and elimination of vy we obtain the second-order differential
equation for the yaw rate r.  (For small angles 1cos )

,

1

211

21
22

212
2

1
2

21

lCCaCmv

rbCaCmvlCC
u

rCbCamCCIrmIv

x

xx

                    ( 4.2)

If we now assume steady state cornering with a constant steering angle , it can be stated that

0,0,0 rr . We now derive the steady state equation for the nominal yaw rate NOr .
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This equation can further be simplified by using the characteristic vehicle speed for an understeered

vehicle, CHv .
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Of course the vehicle model is limited to the linear range, thus the nominal yaw rate is limited by the

road surface coefficient of friction HF .
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The nominal sideslip angle NO

 

can be determined by evaluating the sideslip angle for the linear

bicycle model.
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So for the determination of the set point for the state controller (nominal yaw rate, nominal side slip
angle) basically the following vehicle inputs are needed.

 

Steering angle , available from steering wheel sensor.

 

Vehicle longitudinal speed vx, available from the brake and traction controller.

 

Vehicle lateral acceleration ya , available from lateral acceleration sensor.

If the influence of braking onto the set point also is taken into account, the lateral wheel forces are not
only a function of the wheel sideslip angles but also of the wheel longitudinal slip.
Wheel longitudinal slip has a lowering influence on the sideslip force.
From sensors the driver brake input and gas throttle position can be measured. So the total torque
acting on the wheels is known. With this torque the rate at which the vehicle should decelerate without
wheel longitudinal slip is known. From the Brake and traction controller the actual wheel deceleration
is known. So the wheel slip can be calculated.
Additional signals that are required are:

 

Brake circuit pressure induced by driver circP , available from sensor.

 

Engine torque requested by driver DRM , available from sensor.

 

Estimated longitudinal acceleration of vehicle xa , available from brake and traction

controller.

4.2 Yaw rate estimation

A yaw rate sensor can directly measure the yaw rate. To make the ESP system available to a larger
group of customers the yaw rate can also be estimated and thus excluding the need for a yaw rate
sensor.
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Estimates of the vehicles yaw rate can be determined from the wheel speed of the undriven wheels and
from the lateral acceleration, [7]. These measurements will be reasonably good but only under
restrictive conditions. For example, the estimates obtained from wheel speeds deteriorate severely
during braking, especially during ABS activation. On the other hand, the estimate of yaw rate obtained
from lateral acceleration is valid only during approximately steady state conditions and can

 
be further

degraded by the effect of bank angle of the road.  Assuming that the undriven wheels are free rolling,
the estimate of yaw rate can be computed as:

,
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wrwl
ws t

vv
r       (4.7)

where wlv and wrv are the circumferential speeds of the left and right undriven wheels, wt is the track

width and is the steering angle of the undriven wheels. Of course for a front wheel steered car
without rear steer 0 .
During cornering maneuvers the outside tyres are compressed and the inside tyres are extended. The
outside wheels therefore rotate faster and the inside wheels slower then they would have done if the

wheels where rigid. The normal load transfer, zF , for wheels of the undriven axle can approximately

be determined by:

,wyz tamhF                (4.8)

Where  is the ratio of the roll moment resisted by the undriven axle to the total roll moment, m is the

vehicle mass, and h is the height of center of gravity above ground. The tyre deformation resulting

from this load transfer is tz kFd / where tk is tyre stiffness in the radial direction. The

difference in wheel circumferential speed, resulting from the load transfer alone, can now be computed
as:
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Where tr is the tyre rolling radius and xv is the vehicle longitudinal speed. To compensate for this

additional difference the equation for the yaw rate is modified as follows:
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Where  is a constant, whose value is given by:
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The estimate of the yaw rate from lateral acceleration is computed from the following relationship:

,/ xyay var         (4.12)
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This relationship is only valid in essentially steady state maneuvers involving constant or slowly
varying steering angle and vehicle speed. A more complete relationship between the yaw rate and
lateral acceleration includes an unknown lateral velocity term as follows:

,/)/( xyyay vdtdvar         (4.13)

Therefore, the estimates of yaw rate from lateral acceleration usually deteriorate quickly during fast
transients.

A solution, which uses both estimates, is the use of the calculated weighted average of the initial
estimates. Calculation of initial estimates of yaw rate from wheel speed and lateral acceleration relies
on certain assumptions. When conditions are detected which violate any of these assumptions, the
confidence level in the corresponding estimate is reduced.

4.3 Observer

After the yaw rate is measured or an estimate of the yaw rate is determined, it is fed into an observer,
which provides the estimate of the vehicle side slip angle, the tyre slip angle, the lateral vehicle speed
and the normal, lateral and resultant forces on the tyres. The observer is a simplified, nonlinear model
of vehicle dynamics in the yaw plane that depends on the estimated surface coefficient of adhesion and
vehicle speed. The observer gain depends on the estimated surface coefficient of adhesion because the
dynamic response of the vehicle at or close to the limit of adhesion is strongly affected by the surface
coefficient of adhesion.

In vehicle stability enhancement systems, information about the surface coefficient of adhesion is
necessary in estimation of the sideslip angle and yaw rate (in the case of yaw rate estimation), as well
as in vehicle control.
With the sensor set typically used by vehicle stability enhancement systems, it is not possible to
determine the surface coefficient of adhesion as long as the vehicle remains within the linear range of
operation. In this range the tyre lateral forces depend mainly on tyre elastic properties and not on the
properties of the surface. Only when the limit of adhesion is reached or approached, differences in
vehicle responses on different surfaces arise, which can be detected with sensors. This is not a
limitation because the control system is activated only when the vehicle is beyond the linear range of
behavior.
When the vehicle is at the limit of adhesion and in a steady-state turn, the surface coefficient of
adhesion in lateral direction can be approximately determined from a scaling factor derived from the
measured lateral accelerations as follows:

max/ yy aa              (4.14)

Where ya is the vehicle lateral acceleration and maxya is the maximum lateral acceleration that the

vehicle can sustain on a dry surface, which is known from measurements. By comparing the actual
yaw rate and sideslip with the setpoint from the bicycle model, the algorithm recognizes situations
when the vehicle operates at or near the limit of adhesion and estimates the surface coefficient in the
lateral direction from lateral acceleration.

The inputs of the observer are:

 

Vehicle lateral acceleration ya  , available from the lateral acceleration sensor.

 

Steering wheel angle , available from the steering wheel sensor.
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Yaw rate r , available from estimation or  the yaw rate sensor.

 
Vehicle longitudinal speed xv , available from feedback through the brake and traction

controller.

 
Brake force on tyre bF , available from feedback through the brake and traction controller.

With all these inputs both the sideslip force Fy1 and Fy2 can be determined from the bicycle vehicle
model.  An important step in the observer design is the modelling of lateral forces. These forces are
functions of the tyre slip angles: they initially rise almost linearly with the slip angle, then curve and
saturate when the limit of adhesion is reached.
The value of the lateral force at the limit is approximately proportional to the surface coefficient of
adhesion and dependent of the tyre slip angles, which in turn depend on the vehicle lateral and
longitudinal velocities, yaw rate and on the steering angle.

With  the tyre information and the estimation of the surface coefficient of adhesion the sideslip angles
can be calculated. One possible way of doing this is with the use of the magic formula model for the
lateral force (see appendix IV). But in order to minimize computing time it might be efficient to use a
tyre model, which can easily be differentiated. One possible tyre model for this is for example the
exponential tyre model.

)()1( signeFF K
zlateraly         (4.15)

In this tyre model K is the characteristic tyre cornering stiffness and 

 

is the tyre road friction
coefficient. Compared to the magic formula tyre model this exponential model shows a good
comparison for small sideslip angles. When the sideslip angles are known the vehicle lateral velocities
can be calculated from known sideslip angle relations of the bicycle model:

arvv xy )( 1          or          brvv xy 2            (4.16)

After the observer equations are solved, the vehicle slip angle is calculated from:

)/tan( xy vvArc         (4.17)

The observer also outputs the sideslip forces, the normal force en the resultant force on the tyres. The
resultant force is the combination of the brake force Fb and the sideslip forces Fy1 and Fy2.
So the total output of the observer consists of:

 

Side slip angle ˆ

 

Tyre side slip angles ˆ

 

Lateral vehicle speed yv̂

 

Side slip forces Fy

 

Normal forces FN

 

Resultant forces FR  )( 22
by FF

4.5 State Feedback

The vehicle dynamics controller is designed as a state feedback controller. The controlled-state
variables are the sideslip angle and the yaw rate. The more the sideslip increases the more it is taken
into account by the dynamics controller. The controllered output variables corresponds to a nominal
yaw moment MYwNo.
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Together with the actual slip values , the resultant wheel forces FR, and the slip angles , the
linearized vehicle model is now also applied to convert this yaw moment into changes of the nominal
slip at the appropriate wheels.

4.5.1 Calculation of setpoint slip and lock-up torque

From the sign of the nominal yaw moment it can be determined whether the vehicle shows under or
oversteer behavior. When the vehicle is oversteering in a right hand bend, a change of nominal brake
slip is requested at the front left wheel. This subjects the vehicle to a counter clockwise change in yaw
moment, which reduces the excessive yaw rate. On the other hand when the vehicle shows understeer
behavior in a right hand turn a change in slip at the rear right wheel is requested.
In principle the side slip force Fy1 is reduced and the amount of braking force increased, which will
reduce the yaw moment. As stated before the linear bicycle model will again be used to determine the
change in nominal slip at the appropriate wheel. From the bicycle model the amount of change in
lateral and longitudinal force at the appropriate wheel is calculated. This lateral force has to be
converted to a nominal longitudinal slip.
A model that can be used for this purpose is the magic formula tyre model for lateral force for the
combined slip situation. But for the sake of simplicity and calculation time there are other models that
might be more suited.
Inputs for the (for example) combined slip magic formula model for the tyre longitudinal slip to be
known is the sideslip angle  and the total resultant lateral force FR.
When the desired longitudinal slip is calculated, which is the nominal average drive slip of the driven

wheels MA , it is compared with the current wheel longitudinal slip, which is known through feedback

from the brake and traction controller.
The difference between these two is the nominal difference in slip , which must be subjected to
the appropriate wheel. These two signals are fed into the brake and traction controller.  Furthermore
the brake torques difference MNoLock and the tolerance band of the drive-slip difference D

 

is passed
through to the brake and traction controller.
The nominal brake torques difference can be calculated from the nominal difference in slip. One way
of doing this is by making use of the magic formula model or known relations for the longitudinal
force under combined slip. By multiplying the longitudinal force difference by the effective wheel
radius the nominal brake torques difference is known.

4.6 Brake controller

Lower-level brake-slip controller (ABS))

In order to control the wheel slip to a definite level, it must be possible to evaluate it with an adequate
degree of accuracy. The vehicle’s longitudinal speed is not measured, but is determined from the wheel
speeds vwhl. To do so, individual wheels are under-braked during ABS application. In other words, slip
control is interrupted, and the instantaneous wheel brake torque is reduced by a defined amount and
held constant for a given period of time. Assuming the wheel speed is stable towards the end of this
period, the zero slip (free-rolling) wheel speed vWhlFre can be calculated from the longitudinal tyre slip
stiffness C .

N

B
WhlWhlFre

F

F
C

C
vv         (4.18)

Using the yaw rate r, the steering angle , and the lateral velocity v, together with the vehicle
geometry, the (free-rolling) wheel speed is transformed into the center of gravity in order to generate
the center of gravity velocity vx in the vehicle’s longitudinal direction. The following equation can be
derived for the left front wheel (for example) longitudinal speed.



31

sin)(cos)
4

1
( 1razvrtzvv LWhlwLWhlxLWhl     (4.19)

Herein zLWhl is the height of the center of gravity of the left front wheel with respect to the road, tw is
the track width, 

  
the pitch angle and 

 
the roll angle. Rewriting this and neglecting the terms for the

pitch and roll rate gives an expression for the longitudinal center of gravity speed.
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Finally vx is transformed back to the four wheel positions in order to evaluate the free-rolling speed of
all four wheels. This enables the actual slip 

 

to be calculated for the control of the three remaining
wheels.

WhlFre

Whl

v

v
1                                                                 (4.21)

Starting from the stationary brake force FBF  a PID control law can be used to calculate the nominal
brake torque at the wheel as a function of the slip deviation.
If the brake torque is applied to the driven wheels the nominal brake torque can be partially set by the
engine (or completely when the brakes are not applied). This is called engine drag control (MSR). The
driven wheel with the lower nominal wheel torque is controlled within the permissible limits by engine
intervention.
The following applies for rear-wheel drive for the nominal engine torque:

x
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NoMot v

dt
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R
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2
    (4.22)

With m the minimum value of the nominal driven-wheel brake-torque, ITr the transmission ratio, JMot

the moment of inertia of the engine and vx the longitudinal vehicle speed. For negative values, the
nominal engine torque MNoMot is limited by the maximum engine drag torque, and in the driven case
(positive values) it is limited to the maximum dynamic drive torque as permitted by the manufacturer.
In case of a positive brake-torque the remaining braking torque must be adjusted through the brake
pressure.

p

CaHalfWhlNo
eWhl C

MM
P Pr     (4.23)

With MCaHalf   half of the torque on the cardan-axle. The pressure PWhlPre   applied to the wheel brake
cylinders by the controllers is adjusted by the braking hydraulics and relevant valve-triggering mode
Uval. The required valve time is calculated using an inverse ‘’hydraulic model’’, whose parameters x1,
x2 have been defined beforehand and stored in the controller. Essentially, the model uses the Bernoulli
theorem for incompressible media, and a pressure/volume characteristic.
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Uval<0 Build up pressure,
Uval=0  Hold pressure,
Uval>0 Reduce pressure.

With PWhl  the pressure in the wheel-brake cylinder and Pcric  the brake circuit pressure induced by the
driver. Since the valve-control mode Uval is limited by the sampling time and quantified, the adjusted
pressure PWhl  that actually has been set must be calculated using the hydraulic model. By means of
dynamic wheel equations, taking the known (estimated) wheel brake pressure and the measured wheel
speeds, the actual tyre braking force FB and the steady-state braking force FBF can now be calculated:
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dt
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BFBFiOFFB FF
dt

d
TF     (4.26)

With TiOFF the time during which the fuel injection is shut off. The steady-state (filtered) braking force
FBF now serves as the reference variable for the PID controller. Using the calculated operating point,
and the change in slip stipulated by the vehicle dynamics controller, the ABS controller calculates the
operating tyre slip.
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With A0, A1, A2 parameters for calculation of the tyre operating point. For a better comprehension of
the signal flows a block diagram of the brake-slip controller for ABS and MSR with input and output
quantities is given in the figure 4.3 on the next page.
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                   vx         r              vWhl   vy          MCaHalf         PCirc    FBF         FS          FN          FB    

vx vWhlFre

0 +
No +

                             MWhlNo FBF               FB

                             PWhlPre PWhl

MNoMot                                   Uval

Fig. 4.3 Block diagram of the brake-slip controller for ABS and MSR with input and output quantities.

Estimation of velocity of
center of gravity

Actual slip

PID slip controller

Distribution of nominal
torques on wheels

Inverse hydraulic model

Nominal ABS

Brake force

Hydraulics model



34

Chapter 5

Yaw rate and side slip control implementation in Matlab/Simulink

The ESP control system delivers a certain brake pressure to the wheel brake cylinder. By controlling
the wheel brake cylinder valves the ABS controller controls the slip percentage of the wheels. So the
fact that ABS is available in most modern day cars is very beneficial for ESP implementation costs.

5.1 Signal flow

The ingoing measured signals of the ESP control system are the yaw rate (r), the steering angle ( ), the
longitudinal and lateral vehicle speeds (vx ,vy), the lateral acceleration (ay) and the gravity forces on the
tyres (Fz1,Fz2,Fz3,Fz4).
The ESP control system generates the desired pressure for the yaw rate manipulation of the vehicle.
This pressure will fill the wheel brake cylinder with brake fluid. Normally the ABS controller is used
to keep the wheel slip within a desirable range when braking. When the ESP control is activated the
ABS system can also be used to manipulate the vehicles sideslip by controlling the longitudinal wheel
slip. 
The outgoing signals of the ABS system are the brake pressures on all four wheels, which will

generate the brake moments (Mbwhl1,Mbwhl2,Mbwhl3,Mbwhl4).

r
Mbwhl1

vx Mbwhl2

vy Mbwhl3

ay Mbwhl4

Fz1,Fz2,Fz3,Fz4

Fig. 1 ESP ingoing and outgoing control signals

5.2 Reducing ingoing variables

As ingoing measured signals the tyre normal forces are needed for the approximation for each of the
tyre linear cornering stiffness. Making use of signals that are already available and the vehicle
dimensions the tyre normal forces can be approximated. This reduces the number of sensors that are
needed. Equation (5.1), (5.2),(5.3) and (5.4) give the tyre normal forces approximation for all four
tyres:
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Herein Fz-sfl, Fz-sfr, Fz-srl, Fz-srr are the gravity forces with zero vehicle roll, hr the distance from the
vehicle center of gravity to the roll axis and 

 

is the vehicle roll angle. These equations replace the
need for a force sensor to a vehicle roll sensor. However for a more accurate assumption the pitch
angle and thus including the influence of braking must also be taken into account. When we now
assume very small roll angles these equations can be further reduced to eliminate the vehicle roll angle:
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So now the tyre normal forces are approximated only making use of signals that are already available.
The static component is a vehicle constant.  Of course this approximation is only valid for small roll
angles, but a vehicle only permits roll angles up to 5-8 degrees before two wheel lift off occurs. Figure
2 shows a comparison between the real and the approximated gravity force with and without vehicle
roll taken into account of the left front tyre normal force for a J-turn manoeuvre with an entrance speed
of 100 km/h.

Fig. 5.2 Tyre normal forces, real and approx. With roll and without roll.( Vel. 100 km/h)
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As one can see there is very little difference between the approximation with and without the vehicle
roll angle. The difference with the true gravity force comes from the fact that the approximation does
not take dynamical effects into account and the deviation that occurs due to the assumption of small
roll angles.

Another ingoing signal that gives problems is the lateral vehicle speed (vy). The lateral vehicle speed is
needed for the calculation of the actual vehicle sideslip angle (-vy/vx). The yaw rate can be measured
inexpensively using a gyroscope. Obtaining good measures for the lateral vehicle speed is a greater
challenge. One way of obtaining this signal is by using an optical sensor, which is expensive and not
very robust. This method is not directly suited for mass production. Another way of obtaining the
vehicle speed is using a state estimator that reconstructs the velocity signals using sensors that are
already available (steering wheel angle, lateral vehicle acceleration, yaw velocity and rotational speeds
of the wheels).
The vehicle sideslip can also be expressed as an integral of the lateral acceleration [8], the vehicle
longitudinal speed and the yaw rate:
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Because the measured values of the yaw rate, the lateral acceleration and the longitudinal vehicle speed
in reality are subjected to measurement errors, the integration will lead to large errors in vehicle
sideslip. For large values of the lateral velocity therefore a state estimator must be used. One
possibility is a non-linear vehicle model combined with a Kalman filter, [11].
For the sake of this simulation the lateral velocity is taken directly from the integral of (5.9).

Further it is possible to derive the yaw rate from the lateral acceleration and the speeds of the undriven
wheels, as was explained in chapter 4.2. For the sake of simplicity it is assumed in this thesis that a
yaw rate sensor is used to directly measure the yaw rate.

Figure 5.1, which shows the measured and outgoing signals, now reduces to:

r
Mbwhl1

vx Mbwhl2

ay Mbwhl3

Mbwhl4

Fig. 5.2 ESP ingoing and outgoing control signals

5.3  ESP control algorithm

The implementation of the ESP control loop in Matlab/Simulink can be best discussed when taking a
closer look at the overall control loop. Figure 5.3 shows the main ESP control loop. All ADVANCE
(Simulink) control models implemented in a full vehicle dynamics model can be seen in appendix III.
Figure 5.3 shows that two controllers are used: one for the yaw rate and one for the sideslip. Both
control actions drive the ABS controller, which adjusts the wheel slip by constantly opening and
closing the control valves. The valves can only be totally opened or closed. In other words, the brake
pressure can increase or decrease with a certain rate or can be kept constant.  So the wheel slip

ESP
control

ABS
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constantly switches between an upper limit and a lower allowed limit. The controllers are decoupled,
the yaw rate control builds up line pressure, which is passed through the ABS valves, which are
controlled by the sideslip.

nom. Yaw rate  +        error desired       brake pressure
  

         _
                                         yaw rate

   brake pressure

nom. Sideslip  error wheel slip brake
+ moment

    _
side slip

Fig.5. 3  ESP Control loop.

5.3.1 Yaw rate control

First the yaw rate control part will be discussed. For the yaw rate control first the nominal yaw rate is
calculated with a bicycle model with linear tyre behavior. The ingoing signals for the calculation of the
nominal yaw rate are the longitudinal vehicle speed, the steering angle and the tyre normal forces,
which are needed for the linear cornering stiffness calculation. The cornering stiffness is calculated
with the magic formula, (see appendix 3). In (5.10) , which was already derived in chapter 4.1,  the
ingoing measured signals are used to calculate the nominal yaw rate. With C1 and C2 the linear
stiffness of respectively both the combined front and rear wheels, which are calculated with the magic
formula (appendix IV).
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( 5.10)

From this nominal yaw rate the true vehicle yaw rate is subtracted. This yaw rate error signal is
subjected to a certain dead zone. The dead zone is needed to make sure that the control does not
interact for small yaw rate errors. In this respect can be thought of a bump in the road or a sudden wind
gust.
The controller action than multiplies the error with a certain gain. This signal represents the desired
brake pressure. The sign of the error signal in combination with the steering angle and its derivative
determines understeer or oversteer behavior, thus; should the ESP action control one of the front or one
of the rear wheels. The steering wheel angle sign determines if the left or right wheel should be
controlled.
In theory the desired brake pressure must be transferred from the main brake cylinder to the individual
wheel brake cylinder. So the dynamics of the pressure build up in the wheel brake cylinder must be
taken into account. To simplify things a simple first order lag with a time constant of 0.002s is chosen,
which is shown in (5.11).
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This transfer function for the hydraulic line pressure to the caliper chamber pressure is derived from
the brake pressure dynamics. And is a combination of (5.12), (5.13), (5.14) and (5.15), [13].
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Where 

 

is the fluid density, Cd  is the orifice flow discharge coefficient, p is the fluid bulk modulus,
Vc  is the feeding chamber volume, Ps the hydraulic line pressure, Pc the caliper chamber pressure, xp

the caliper piston displacement, Vo the initial chamber volume, Q1 the flow rate from the aplply valve,
Q2 the flow rate from the release valve, alf1 the orifice area for the apply valve and a2fl the orifice area
for the release valve.

The pressure build up in the wheel brake cylinder is controlled by the ABS system. This system opens
and closes the valves of the wheel brake cylinder to allow the pressure to build up to a certain value,
which represents a certain amount of wheel slip.

5.3.2 Sideslip control

Sideslip control might be useful to control the vehicle path deviation that occurs from the individual
wheel braking of the yaw rate control. First the nominal sideslip is calculated, which is the sideslip that
should occur with linear driving behavior. The ingoing signals are the yaw rate, the longitudinal and
lateral vehicle speed and the tyre normal forces. In (5.16) the used algorithm for the nominal sideslip
calculation is given, which was already derived in chapter 4.1.
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The true sideslip (-vy/vx) is then subtracted from the nominal one. This sideslip error signal is then fed
through a dead zone. This dead zone is there for the same reason as for the yaw rate error dead zone,
thus to omit wheel braking action for small errors inputs.
The error signal is fed into the sideslip controller, which consists of a proportional and an integrating
part. The controlled signal indicates the amount of wheel slip, which is allowed to keep the linear path
deviation of the vehicle within an acceptable range. So the controlled signal is passed through to the
ABS system, which will try to get the wheel slip at the appropriate level by opening and closing the
valves.

To put a restriction on the linear path deviation, sideslip control is very important. The problem now is
how to implement both sideslip control and yaw rate control. Both controls are acting on the same
variable, namely the wheel brake pressure. There might be some conflicts between the controllers and
compromises have to be made.
A suggested solution for this control problem is to let the yaw rate control act on the brake line
pressure (the pressure in the main brake cylinder) and to let the ABS be controlled by the sideslip, so
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both controllers are decoupled, the controller settings must be set sufficiently to avoid any conflicts
between both controllers.

5 .3.3 ABS control

ABS control normally is used to keep the longitudinal slip percentage around 10% (optimal
longitudinal brake force straight ahead driving). To do this the valves of the wheel brake cylinder are
opened and closed to release or build up pressure in the wheel brake cylinder. In an actual ABS system
the control uses the wheels deceleration and acceleration as a critical parameter for the amount of
wheel slip. ESP compensation is usually used in a cornering situation with large wheel slip angles, this
shifts the slip percentage for optimum brake force to a larger value and increases the amount of lateral
force.

This means that controlling the wheel slip can control the amount of brake compensation induced by
the ESP yaw rate control system, which in turn puts a restriction on the linear path deviation of the
vehicle.
To implement this sideslip control in ADVANCE a simple ABS representation is used (see appendix
III). In reality the amount of wheel slip is an unknown variable and can not be directly controlled. So
the wheel deceleration and acceleration are used to control the wheel slip. In the simulation the amount
of wheel slip is known, so to simplify matters the wheel slip is controlled to lie in a certain range.
When the maximum wheel slip has been reached the valve closes until the minimum slip has been
reached.

Fig. 5.8 longitudinal and lateral brake force, [8].

Now how does the ABS representation in Simulink work? First the wheel deceleration is investigated;
when the wheel decelerates too quick (-27.5 m/s2) the brake pressure is kept constant. The ABS
controller then looks whether the wheel slip is larger than the allowed upper longitudinal wheel slip
value, if so, the outlet valve is opened and pressure is released. The valve then closes. When the
wheelslip then becomes smaller than the lower allowed value the inlet valve is opened to build up
pressure. As upper and lower setpoint for the longitudinal wheel slip range the sideslip control signal
of the ESP system is used.

5.4 Longitudinal wheel slip operating point

For the most influence of the active braking system on the yaw moment there is an optimum
longitudinal wheel slip percentage. To find this percentage the non-linear ADVANCE vehicle model is
used to simulate a vehicle driving a right hand turn with a number of different hand-wheel angles and
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vehicle speeds.  During the simulation the front left wheel is braked with steadily increasing break
pressure and thus longitudinal wheel slip. Out of the simulation results the longitudinal and

 
lateral

wheel force can be plotted as a function of the longitudinal slip percentage. Figure 5.9 shows the
longitudinal  force for a number of vehicle speeds and steering angles.

As one can see the lateral wheel force first increases for increasing wheel slip. Until a certain
maximum slip value is reached, this is normally the operating point of the ABS controller.  This value
ranges from about 10% to approximately 40% depending on the driving situation (wheel sideslip
angle). The greater the wheel sideslip angle the lower the maximum lateral force is. This can be seen
by comparing a steering angle of 70 degrees and 125 degrees for the 125 km/h situation.

Fig. 5.9 Longitudinal wheel force, circular driving with a handwheel steering angle of 50, 50, 125,70 degrees.

Fig. 5.10 Lateral wheel force, circular driving with a handwheel steering angle of 50,50,70,125  degrees..
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Figure 5.10 shows the lateral force in the wheel/road surface contact point. As one can see the lateral
wheel force drops for increasing longitudinal wheel slip. The higher the steering angle (wheel sideslip
angle)  the larger the lateral force is.

When the longitudinal and lateral forces in the wheel/road surface contact point are known the total
moment that is generated in the center of gravity by the appropriate wheel can be calculated:

yxwESPz aFFtM
2

1
(5.17)

Thus by increasing the longitudinal force and decreasing the lateral force due to a certain longitudinal
wheel slip, the yaw moment on the vehicle can be controlled. Figure 5.11 shows the yaw moment set
by brake control for a number of driving situations.

Fig. 5.11 Brake moment occurring at the left front wheel from the lateral and longitudinal force, acting on the vehicle center of
gravity.

The position of the maximum yaw moment, which is an optimal combination of lateral and
longitudinal wheel force, depends on the steering angle and thus the wheel sideslip. This value ranges
from 20 to 100 percent longitudinal wheel slip. However when the wheel slip is larger than
approximately 40 percent for all driving situations the increase or decrease in yaw moment is small
compared to the first 40 percent slip.
When the active brake control system intervenes it is desirable that the driver can also assert influence
on the driven path. Thus a totally blocked wheel (100 percent slip) is not desirable. You can think of
the situation that active control intervenes in a cornering situation and the driver suddenly wants to
avoid collision with another vehicle or a pedestrian. The driver thus has to be able to control the lateral
wheel force. Therefore the optimal value of longitudinal wheel slip is chosen to be in the range of 20
up to 40 percent.
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5.5 Yaw rate and sideslip control parameters

The state space description for the linear vehicle model, can be rewritten to include a certain yaw rate
correction moment, which subsides from the individual wheel braking action.  The equations of motion
in the horizontal plane can now be given by:

21)( yyxy FFrvvm
(5.18)

ESPyy MbFaFrI 21 (5.19)

Herein MESP  is the yaw rate compensation moment that subsides from the braking control (ESP). These
two equations can be written in state space form:
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From this state space description six transfer functions between the two inputs and the three outputs
can be derived.  From these transfer functions it is possible to derive a range for the gains for the yaw
rate and sideslip control. The transfer function in the frequency domain between the brake based yaw
rate correction moment (MESP) and the yaw rate with the numerical vehicle data of table 2.1 is:

9.104.6

)33.4(108.2
)(

2

4

ss

s

M

r
sH

ESP

(5.20)

The total transfer function between the nominal yaw rate and the yaw rate for the closed loop system
can now be derived from figure 5.12.
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Fig.5.1 2 Closed loop feedback yaw rate control.

The total transfer function, with control gain k, is:
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The closed loop poles are now given by:
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The poles can be immediately expressed as a function of the gain:
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Figure 5.13 shows a plot of the closed loop poles with a gain k going from 0 to  for a vehicle speed of
100 km/h. The closed loop poles start for k=0 in the left half plain and move to the right half plain for
increasing gain. Once in the left hand plane one pole starts moving back to the left hand plain and one
pole moves further into the right hand plane.

Fig. 5.13  Closed loop poles for yaw rate control.
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Both poles cross over from stability to instability for the same gain value; namely 2.3*104. This gain
value is the gain that works directly on the yaw moment so it has to be recalculated to act on the brake
fraction. This can be done by dividing the gain value by the weight arms of the lateral and longitudinal
wheel force that is initiated by the braking action. Following it is multiplied by the effective wheel
radius to get the brake torque. And finally it is divided by the maximum brake torque to get the brake
percentage:
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Herein kmax is the maximum gain for stability, Reff  the effective wheel radius, tw the track width, a,  the
distance of the front of the vehicle to the c.o.g and Tbrake,max the maximum brake torque. Approximately
two fifth of the yaw rate control moment comes from the lateral tyre force. The maximum gain for yaw
rate control stability can be calculated in this way for every vehicle speed. See fig 5.14.

Fig. 5.14 Maximum yaw rate control gain for different vehicle speeds.

To investigate the optimum gain value and whether integrated or derivative control is needed, a simple
simulink model of the closed loop system with as input the yaw moment and as output the yaw rate is
investigated with a step in the error; see figure 5.15.

Fig. 5.15 Closed loop yaw rate control with error step.

It appears through simulations with the simplified linear model that proportional and integrated control
is needed to keep the overshoot as small as possible and with a neglectable small steady state error and
fast enough rise time. Figure 5.16 shows the response for a vehicle speed of 100 and 50km/h with
proportional only and proportional integrated control.
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Through simulation the optimum value for the gain appears to be a constant fraction of the maximum
gain for every speed. The optimum integration gain is ten times the proportional gain for every vehicle
speed. The rise time is constant for every vehicle speed, namely 0.1 seconds, which is the fastest rise
time that can be achieved. The overshoot increases linearly with higher vehicle speed, from 10% at
50km/h to 18% at 100km/h. So the control values for yaw rate control are known and are graphically
represented in figure 5.17.

Fig. 5.16 Closed-loop yaw rate control for 100 (upper fig.) and 50 (lower fig.) km/h. With P and PI control.

Fig. 5.17  P and I yaw rate control values based on a linear bicycle vehicle model.

The same procedure for finding the control parameter values can also be done for the side slip control.
The sideslip control acts on the longitudinal wheel slip, so for simplicity it is assumed to act directly on
the yaw moment. The purpose of the sideslip control is to intervene the yaw rate control to control the
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vehicle sideslip. Again the linear single-track vehicle model is used to get the transfer function
between the yaw rate control moment and the sideslip.  The transfer function for the investigated
vehicle with a speed of 100km/h  is given as:
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The poles can again be expressed as a function of the gain k:
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These poles are plotted for a gain k going from 0 to , see fig 5.18.

Fig. 5.18 Closed loop poles for sideslip control for a gain of zero to infinity and a vehicle speed of 100km/h

One pole moves to the right hand plane for increasing gain and the other moves further in the left hand
plane (stability). So one pole moves to the left and on to the right for increasing gain. The pole that
moves further in the left half plane moves faster to the right for higher gain then the other pool moves
towards instability. So the gain must be taken as high as possible with guaranteeing stability, thus both
pools must be in the left half plane.
The gain in this case is the gain that sets the yaw control moment, this gain is again calculated back to
control the brake fraction and thus the brake force with equation 5.18, Since that is actually the
parameter the longitudinal wheel slip controls.
Figure 5.19 shows the gain values for which stability is guaranteed (both poles in the left hand plane).
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Fig. 5.19  Maximum gain for stability for sideslip control

Also for sideslip control an integrated control action is needed to suppress the steady state error. For
the vehicle speeds 50 and 100 km/h the response to a unit step in the setpoint is given for proportional
only and proportional integrated control in figure 5.20.

The overshoot stays below 10% for every vehicle speed and the rise time increases linearly with the
vehicle speed. For every vehicle speed and the accompanying optimum gain there’s a optimum
integration gain. The optimum gain and integration gain values for sideslip control are shown in figure
5.21.

Fig. 5.20  Closed-loopsideslip control for 50(upper fig.) and 100 (lower fig.) km/h. With P and PI control.



48

Fig. 5.21  P and I yaw rate control values based on a linear bicycle vehicle model.

5.6 Controller conclusions

The proposed control implementation makes it possible to use both yaw rate control and sideslip
control. The parameters that need to be measured are minimized to minimize the need for costly
sensors.
The linear vehicle model was used to calculate the control parameters for both yaw rate control as well
as sideslip control. Based on these simulations for both controllers a proportional integrating controller
was proven sufficient with respect to overshoot and rise time. The gain values that were found for the
yaw rate and the sideslip control will be further tested in the complete vehicle model in the following
chapter.
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Chapter 6

Dynamic vehicle simulations

To gain insight into the dynamic events leading to vehicle roll over and into the effectiveness of the
proposed controller a dynamic vehicle model has been used. The total vehicle is modelled in the
Matlab/Simulink environment with the programme ADVANCE.  This is a vehicle model library in
which the user is able to perform complete vehicle simulations. Both the vehicle dynamics and the
powertrain have been taken into account and are coupled to each other. The model setup has been
made modular, taking full advantage of the MATLAB/Simulink environment on which ADVANCE is
based. This enables rapid and reusable model implementation.

6.1 Dynamic roll over test maneuvers

Rollover crashes are complex events that reflect the interaction of driver, road, vehicle, and
environmental factors. The present NCAP rollover resistance ratings are based on the static stability
factor (SSF) of a vehicle, which is the ratio of the half-track width to its center of gravity height.  After
an evaluation of some driving maneuver test by NCAP in 1997 and 1998 [10], NCAP chose the SSF as
the basis of their rollover ratings because it represents the first order factors that determine vehicle
rollover resistance in the vast majority of rollovers which are tripped by impacts with curbs, soft soil,
pot holes, guard rails, etc. or by wheel rims digging into the pavement.  In contrast untripped rollovers
are those in which tyre/road interface friction is the only external force acting on a vehicle that rolls
over. Driving maneuver tests directly represent on-road untripped rollover crashes, but such crashes
represent less than five percent of rollover crashes.

The driving maneuver tests to be evaluated fit into two broad categories: closed-loop maneuvers in
which all test vehicles attempt to follow the same path; and open-loop maneuvers in which all test
vehicles are given equivalent steering inputs. Which one now is the best maneuver to test vehicle roll
over? Should the dynamic test be a closed-loop maneuver test like the double lane change that
emphasizes the handling properties of a vehicle or should it be an open-loop maneuver like the J-turn
or a fishook maneuver that are limit maneuvers in which vulnerable vehicles would actually tip-up?
A test program of the NCAP (using four SUV’s, [10]) showed that open-loop maneuver tests using an
automated steering controller could be performed with better repeatability of results than the other
maneuver tests. The J-turn maneuver and the fishhook maneuver (with steering reversal at maximum
vehicle roll angle) were found to be the most objective tests of vehicles susceptibility to maneuver-
induced on-road rollover. The closed-loop tests were found not to measure rollover resistance. Instead
the tests of maximum speed through a double lane change corresponded to vehicle agility. The speed
scores of the test vehicles in the closed-loop maneuvers were found to be unrelated to their resistance
to tip-up in the open-loop maneuvers that actually caused tip-up.
In the underlying text the open-loop J-turn and fishhook maneuver will be briefly discussed.

6.1.1  J-turn Maneuver

The NHTSA J-Turn maneuver [10] represents an avoidance maneuver in which a vehicle is steered
away from an obstacle using a single input. Often the J-Turn is conducted with a fixed steering input
(handwheel angle) for all test vehicles. In its 1997-98 testing, NHTSA used a fixed handwheel angle of
330 degrees. Within a newly developed method specific handwheel angles are determined for various
vehicles taking into account their differences in steering ratio, wheelbase and linear range understeer
properties. Under this method one first measures the handwheel angle that would produce a steady
state lateral acceleration of 0.3g at 75 km/h on a level paved surface for a particular vehicle. Since the
magnitude of the handwheel position at 0.3g is small, it must be multiplied by a scalar to have a high
maneuver severity. In the case of the J-Turn, the handwheel  angle at 0.3g is multiplied by eight. When
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this scalar is multiplied by the average handwheel angle the result is approximately 330 degrees.
Figure 3.1 illustrates the J-Turn maneuver in terms of the automated steering input commanded by the
programmable steering machine. The rate of the handwheel turning is 1000 degrees per second.
To begin the maneuver, the vehicle is driven in a straight line at a speed slightly greater than the
desired entrance speed. The driver then releases the throttle, coasted to the target speed, and triggers
the commanded handwheel input. The nominal maneuver entrance speeds used in the J-Turn maneuver
ranged from 50 to 90 km/h, increased in 5 km/h increments until a termination condition is achieved. A
termination condition is a two inch or greater lift of a vehicle’s inside tyres (two-wheel lift) or
completion of the test performed at maximum maneuver entrance speed without two-wheel lift. If two-
wheel lift is observed, a downward iteration of vehicle speed is used in 1 km/h increments until such
lift is no longer detected. Once the lowest speed for which two-wheel lift could be detected is isolated,
two additional tests are performed at that speed to monitor two-wheel lift repeatability.

Figure 6.1 Schematic of J-Turn maneuver test, [10].

6.1.2 Fishhook maneuver

The second maneuver test, the fishhook maneuver, [10], uses steering inputs that approximate the
steering a driver acting in panic might use in an effort to regain lane position after dropping two wheels
off the roadway onto the shoulder. It is performed on a smooth pavement rather than at a road edge
drop-off, but its rapid steering input followed by an over-correction is representative of a general loss
of control situation. Figure 3.2 describes the Fishhook maneuver in terms of the automated steering
inputs commanded by the programmable steering machine and illustrates the roll rate feedback. The
initial steering magnitude and countersteer magnitudes are symmetric, and are calculated by
multiplying the handwheel angle that would produce a steady state lateral acceleration of 0.3g at 75
km/h on a level pavement by 6.5.
The average steering input is equivalent to 270 degree handwheel angle used in earlier forms of the
maneuver but, as in the case of the J-turn, the procedure above is an objective way of compensating for
differences in steering gear ratio, wheelbase and understeer properties between vehicles. The fishhook
dwell times (the time between completion of the initial steering ramp and the initiation of the
countersteer) are defined by the roll motion of the vehicle being evaluated, and can vary from test to
test basis. This is made possible by having the steering machine monitoring the roll rate. If an initial
steer is to the right, the steering reversal following completion of the first handwheel ramp occurs
when the roll rate of the vehicle first equals or exceeds 1.5 degrees per second. For a steering to the left
this is –1.5 degrees per second.
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Figure 6.2 Schematics of the Fishhook test maneuver, [10].

To begin the maneuver, the vehicle is driven in a straight line at a speed slightly greater than the
desired entrance speed. The driver releases the throttle coasted to the target speed, and then triggers the
commanded handwheel input. The nominal maneuver entrance speeds used in the fishhook maneuver
ranged from 50 to 90 km/h, increased in 5 km/h increments until a termination condition is achieved.
Termination conditions are two inch or greater lift of a vehicle’s inside tyres or completion of a test
performed at the maximum maneuver entrance speed without two-wheel lift. If two-wheel lift is
observed a downward iteration of vehicle speed is used with increments of 1 km/h until such lift is no
longer detected. Once the lowest speed for which two-wheel lift of occurs is isolated, two additional
tests will be performed at this speed to check two-wheel lift repeatability.

6.2 Simulation results without active control

As a first simulation test the vehicle is subjected to a J-turn maneuver. For the appropriate hand wheel
angle the vehicle is tested in the steady state situation with a speed of 75 km/h. The hand wheel angle
that gives a lateral acceleration of the body of 0.3g must be multiplied by the scalar 8 to produce the J-
turn test maneuver hand wheel angle. The steering angle that gives a response of 0.3g in the simulation
is equal to 22 degrees hand wheel angle for this vehicle configuration. The simulation results on which
this steering angle is based are shown in figure 6.3. The J-turn maneuver hand wheel steering angle is
for this vehicle thus chosen to be 176 degrees (22x8).

Figure 6.3 Steady state j-turn at t=5 sec. With a vehicle speed of 75 km/h.
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For the j-turn maneuver the vehicle speed is increased with 5 km/h until the vehicle rolls over. The
vehicle speed is then decreased with 1 km/h until stability is reached again. When the steering angle is
initiated the throttle pedal is released and the clutch is pushed in, so no torque or inertia of the engine is
passed to the driven (front) wheels. Figure 6.4 shows that this particular vehicle configuration just
manages to suppress roll over at an entrance speed of 70 km/h and flips over at an entrance speed of 71
km/h. The maximum roll angle that can be reached by this vehicle configuration is 0.16 radians or 9.17
degrees.

To give a clearer impression of what actually happens to the vehicle figure 6.5 and 6.6 give the tyre
sideslip angle and the gravity force at the tyre/road contact patch respectively for the J-turn entrance
speed of 70 and 71 km/h.

Fig. 6.4 Vehciel position and body roll angle with J-turn (176  deg.) entrance speed of 70 and 71 km/h.

As one can see in figure 6.5 the vehicle shows understeer behaviour, the combined sideslip angle is
larger at the front tyres than at the rear tyres. The amount of understeer declines when moving further
into the maneuver, this is due to the deceleration effect of the vehicle.
From the gravity forces it can be concluded that the rear right tyre first loses its contact with the road
surface, followed by the front right tyre. The reason for this might be sought in the braking influence of
the large sideslip angle on the front wheels compared to the rear wheels, which in turn transfers weight
from the rear to the front. Because of the large lateral acceleration there’s also load transfer from the
right to the left of the vehicle. So the combined pitch and roll angle effect transfers load to the front left
tyre.

After a few seconds into the J-turn maneuver the vehicle manages to regain roll stability and
suppresses the body roll angle. The right tyres now regain contact with the road surface. This can also
be seen in the body roll angle (fig. 6.4), which shows a little bump when the front right tyre regains
road contact. The oscillation caused by the bouncing of the vehicle on its right wheels under influence
of the energy stored in the suspensions is quickly damped.
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Fig. 6.5 Sideslip angle and gravity force at the appropriate wheel for an entrance speed of 70 km/h.

.
Figure 6.6 shows what happens when the vehicle flips over at 71 km/h. It can be concluded from the
tyre sideslip angles that the vehicle flips over in the understeer situation. Again load is transferred to
the left front of the vehicle. After a few seconds into the maneuver the vehicle is only driving on the
left wheels until the vehicle flips over at approximately t=8 seconds.

Fig. 6.6 Sideslip angle and gravity force at the appropriate wheel for an entrance speed of 71 km/h
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The reason that the roll angle does not increase proportional with the steering angle or vehicle speed
can be sought in the tyre dynamics. When the vehicle approaches the physical limit of adhesion, and
the tyre forces no longer increase proportionally to the slip angles a point is reached where the tyre slip
angles, and consequently also the vehicle slip angle, may increase quite rapidly without corresponding
increase in lateral forces.

As second maneuver a fishhook test is executed. The test is performed as described in section 6.1.2.
The only problem is that the sudden lateral acceleration response produces a peak in the roll angle
before the maximum peak (see fig. 6.7). This peak is caused by a late response of the rear axle. As a
solution the point where the steering angle is reversed is shifted to the point where the roll rate passes
–1.5 degrees/sec. for the second time. Therefore a larger amount of roll angle is reached before the
steering wheel angle is reversed. The larger the roll angle the more the influence of the fishhook on the
roll dynamics.
Again the hand wheel steering angle, which gives a steady state lateral acceleration of 0.3g at 75km/h,
is determined. For the fishhook test this angle is multiplied by the scalar 6.5. The steering angle for the
fishhook maneuver thus is equal to 143 degrees (6.5x22). The same procedure as for the J-turn
maneuver is followed to determine the maximum allowable vehicle speed.

Figure 6.7, 6.8, 6,9 and 6.10 shows the fishhook simulation output for a maneuver entrance speed of 66
and 67 km/h. The roll rate of -1.5 degrees per second is reached quite rapid for this vehicle
configuration. At 66 km/h the vehicle manages to regain stability and at 67 km/h the vehicle flips over.
In figure 6.8 it can be seen that the roll rate feedback reverses the steering angle from 143 to  –143
degrees when the roll rate has reached -0.062 radians per second or -1.5 degrees per second.

Fig. 6.7 Fishook maneuver with an entrance speed of 65  and 66  km/h.
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Fig. 6.8 Vehicle roll rate  and  steering hand-wheel angle for the fishhook maneuver, with entrance speed of 65 and 66 km/h.

Fig. 6.9 Sideslip angle and gravity force for the fishhook maneuver (65 km/h)
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Fig. 6.10  Sideslip angle and gravity force for the fishhook maneuver (66  km/h).

The particular negative effect of the fishhook maneuver on the vehicle roll angle can be seen by
analysing the sideslip angles of the wheels in figure 6.9 and 6.10. When the steering angle is reversed
the sideslip angle on the front wheels drops rapidly and becomes negative while the sideslip angle of
the rear wheels stays constant. So when the sideslip angle on the front wheels becomes negative due to
the steering reversal, the lateral force on the front wheels suddenly drops. This causes a sudden release
in energy that is stored in the suspensions. This leads to a rapid increase of the roll angle, which can be
seen in the sudden increase of the roll rate in figure 6.8. Due to this effect the wheels on the inside of
the turn are lifted at a lower roll angle than it would in a J-turn maneuver. This shows why the J-turn
maneuver only does not give a clear insight into the roll behaviour of a particular vehicle. A vehicle is
particular vulnerable in a fishhook type of maneuver where energy stored in the suspensions
contributes to the roll angle.

6.3 Simulation results with active control

The main purpose of the active control simulation is to see whether vehicle roll over can be indirectly
influenced by a brake based active vehicle safety system. Furthermore the ESP control law must
minimize the deviation of the of the by the driver intended vehicle path, by this the path the vehicle
should follow when linear tyre characteristics are assumed is meant. The vehicle linear path deviation
can be derived from the sideslip error; see (6.1) and figure 6.11.
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Figure 6.11 Bicycle vehicle model.

6.3.1 Simulation results for yaw rate control.

In the first situation only yaw rate control is considered. To test yaw rate control the J-turn maneuver is
used. The results for the simulations without active control show that the vehicle rolls over at an
entrance speed of 71 km/h. Figure 6.12 gives the vehicle path and the roll angle with and without
active control. For the yaw rate control the control constants that are derived with the linear vehicle
model are used, (See chapter 5).
The intervention of active braking for yaw rate control with its standard settings has a negative
influence on the vehicle roll behavior (fig. 6.12). As one can see in figure 6.13 the rear right tyre is
actively braked (in a right hand turn). The longitudinal wheel slip is equal to 100 percent, although the
ABS is set to let the wheel slip vary between 10 and 30 percent. The reason for this difference is that
due to the large lateral acceleration the gravity force on the rear wheels is approximately zero, so a
small braking intervention will totally stop the wheel.
The control interaction wants to neutralize understeer with oversteer initiation. But the problem that
now arises is that this particular vehicle configuration flips over when the vehicle is still understeered,
which can also be seen in the yaw rate error, which is positive (fig. 6.13). So active braking
intervention at the rear right wheel to initiate oversteer only increases the vehicle roll angle.
The conclusion that can be made now is that the intervention of active braking to stabilize the vehicle
yaw motion to neutralize understeer has a negative influence on the roll angle.

A possible solution is a feedback of the roll rate to change the settings of the ESP configuration. So a
non-linear control intervention based on the roll rate needs to be set. When the absolute value of the
roll rate rises above a certain threshold the ESP interaction will be reversed. This means that when the
roll rate exceeds the threshold and the vehicle is understeered, ESP interaction will not initiate
oversteer but will increase understeer until the roll rate has dropped significantly. So when the vehicle
is understeering in a left hand turn, ESP will brake the front left (understeer) wheel instead of the rear
right wheel (oversteer). The roll rate threshold for the roll rate feedback is in first instance chosen to be
1.5 degrees per second. At this roll rate the vehicle is still stable and there’s still a margin for the
counter measures to be taken, so there is enough time for the active braking action to positively
influence the roll angle. Later on when sideslip control is introduced the threshold position will be
further investigated.
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.
Fig. 6.12 Vehicle position and body roll, J-turn 80 km/h with ESP interaction

Fig. 6.13  Yaw rate error and kappa, J-turn 80 km/h with ESP interaction.

The introduced roll rate feedback is a non-linear control, which can completely avoid roll over on a
plane road. The key idea is that rollover avoidance is given priority over lanekeeping because a tipped
vehicle is no longer steerable. Once the roll rate threshold is exceeded the active braking action is
reversed. This means that in the understeer situation instead of counter action by the active braking to
create oversteer the understeer is increased. Once the roll rate drops below the threshold again lane
keeping is given priority again, thus in the understeer situation oversteer is actively created. The
following simulation results show yaw rate control with roll rate feedback.
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Fig. 6.14 Vehicle position and body roll angle, J-turn 80 km/h.

Figure 6.14 compares active brake control with and without roll rate feedback for a J-turn maneuver
with an entrance speed of 80 km/h. With roll rate feedback the roll angle is kept within a stable margin.
Figure 6.15 shows the roll rate and the discrete brake signal, which determines which wheel is braked.
In a right hand J-turn initially the rear right wheel is braked to neutralize understeer, a negative effect
of this is that the roll rate increases, until its threshold is passed, then the front left wheel is braked
instead to decrease the roll rate, and so on. So the solution with roll rate feedback is a well-chosen
solution for combined yaw and roll control according to these simulation results.

Fig. 6.15 Roll rate and discreet brake signal. J-turn 80 km/h.
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6.3.2 Simulation results for yaw rate and sideslip control

Yaw rate control controls the stability in the yaw plane and the vehicle body roll. By keeping the roll
angle within certain margins, a deviation occurs from the vehicle path the vehicle was supposed to
follow when linear tyre behavior was supposed. The sideslip control action lays a restriction on the
yaw rate control action. This sideslip control is activated as long as the roll rate stays below 1.5
degrees per second. So roll rate feedback is used for the yaw rate and sideslip control. The control
parameters that are used for the sideslip control are the ones that were derived in chapter 5.6. A
number of simulations have been ran to test these values and compared to manually tuning the
controller they produce acceptable results.
In figure 6.16 the simulation results are shown with and without sideslip control for a J-turn maneuver
with an entrance speed of 80 km/h and a steering angle of 176 degrees. The circle path the vehicle
follows consists of a smaller radius with sideslip control. There are two reasons for this. The first is
that sideslip control lowers the deviation from the linear vehicle path by influencing the longitudinal
wheel slip. The second reason is that sideslip control keeps a lower overall sideslip at the braked wheel
with a accompanying higher braking force.

In figure 6.17 the vehicle speed and the deviation of the linear driving course is shown. The sideslip
control action lowers the speed due to larger applied brake forces. The linear vehicle path deviation is
actually a bad comparison between the two situations. Because of the difference in speed the traveled
distance at a certain point in time is not the same for the two situations. So the actual difference in
linear path deviation is much larger when the factor traveled distance is taken into account. Also due to
the difference in speed the reference linear course is not the same for both situations. The total
difference in vehicle path can best be viewed from the vehicle position in figure 6.16.

Fig. 6.16 Vehicle position and body roll angle, J-turn maneuve, 80 km/h.
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Fig. 6.17 Vehicle speed and linear path deviation, J-turn maneuver 80 km/h.

Fig. 6.18 Longitudinal wheel slip percentage. J-turn 80 km/h.

In figure 6.18 the longitudinal wheel slip is plotted. Yaw rate control intervenes at the front left and
rear right wheel. Without sideslip control the roll angle increases to rapid and the right wheels lose
contact with the road. A small braking action will totally stop the right rear wheel. For the situation
with sideslip control the roll angle is smaller a few seconds into the simulation, contact with the road
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of the right rear tyre is regained faster for sideslip control, which can be seen in the longitudinal wheel
slip.

Fig. 6.19 Sideslip and lateral force left front wheel, J-turn 80km/h.

Because the sideslip control doesn’t permit large values of longitudinal wheel slip, it attempts to keep
the lateral tyre force as high as possible, along with loss in speed this effect decreases the sideslip. This
decreasing effect in sideslip is shown in figure 6.19.
Figure 6.20 shows that lowering the longitudinal slip and keeping it under control increases the
longitudinal wheel force. A negative effect is that this increases the roll rate, so further switching
between the left front and rear right wheel and braking action is needed (shown in figure 6.20).

Fig. 6.20 Longitudinal force and brake activation signal (discrete), J-turn 80 km/h.
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Again also the influence of sideslip control on the roll and handling behaviour in the fishhook
maneuver is investigated. As entrance speed a vehicle speed of 90 km/h is chosen. Simulation results
are shown in figure 6.21.

Fig. 6.21 Vehicle position and body roll angle, Fisshhook 90 km/h.

As one can see in the vehicle position the vehicle speed is damped quite rapidly due to the active
braking intervention when compared to a fishhook maneuver without any control. (see fig. 6.7). The
roll angle however is kept under control and the vehicle is roll stable. With this maneuver the loss in
vehicle speed is the same for both yaw rate control only and yaw rate combined with sideslip control.
Sideslip control has thus only a positive influence on the handling dynamics of the vehicle. That is the
vehicle reacts faster on the counter steering measure of the driver, which can be seen in the vehicle
position. This due to the fact that the sideslip control gives improved handling dynamics when the
lateral force on the front wheels suddenly drops when the steering angle is reversed in the fishhook
maneuver.

In the following the roll rate feedback threshold is varied to investigate the influence of sideslip
control. Four simulations are chosen with a threshold of –1.5, -3, -4.5 and -6 degrees/second in a right
hand turn. In figure 6.22 the vehicle position and the roll angle is plotted.
The difference in vehicle position between a threshold of -3, -4.5 and -6 degrees/second is very small.
For these thresholds there’s little influence of the sideslip control compared to yaw rate control only.
The reason for this is that due to the large load transfer at higher thresholds the load at the right rear
tyre is to small for the wheel braking to assert influence on the understeer behavior. In figure 6.23 the
gravity force at each wheel is compared for the roll rate feedback thresholds of –1.5 and –6
degrees/second. For the threshold of –6 degrees/second only in the beginning of the J-turn maneuver
the active braking is switched from the front left to the rear right wheel. Later on only the rear right
wheel is actively braked because the roll rate of –6 degrees per second can’t be reached anymore. But
due to this large roll rate threshold the roll angle is very large and the rear right wheel has no influence
on the vehicle behavior.
For the threshold of –1.5 degrees/second the active braking constantly switches between the front left
and the rear right wheel. This also accounts for the loss in vehicle speed, which is shown in figure
6.24. When the roll rate threshold of -1.5 degrees/second is reached the front left wheel is braked,
which will suddenly decrease the roll angle the right wheel is now braked to increase oversteer, this is
possible because there’s enough load at this wheel to assert influence.
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The conclusion that can now be drawn is that the roll rate feedback threshold of –1.5 degrees/second is
a well chosen when looking at the influence of the sideslip control. The only negative effect is the loss
in vehicle speed.

Fig. 6.22 Vehicle position and body roll angle.

Fig. 6.23 gravity force on each individual wheel.
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6.24 longitudinal and lateral vehicle speed and sideslip.

To test the handling dynamics a few test are simulated where the throttle is used during the maneuver.
These test are performed to investigate the influence of the yaw rate and sideslip control on the vehicle
speed and understeer and oversteer behavior.
As a first test a vehicle where the driver tries to keep the speed constant at 80 km/h is subjected to a
sudden handwheel steering angle of 200 degrees, which lasts for 1 second. This is the same as a sudden
turn in the road, which the driver notices to late. Figure 6.25 shows the vehicle position and the body
roll angle.

Fig. 6.25 Vehicle position and body roll angle.
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The vehicle speed of 80 km/h is chosen to keep the vehicle roll stable even without control. When
studying the vehicle position and the roll angle it can be seen that without control the vehicle drives a
shorter radius in the turn and that with control the roll angle is small compared to without control. The
reason for this can be made clear when looking at figure 6.26, which shows the vehicle longitudinal
speed and the sideslip angle.

Fig.6.26 longitudinal vehicle speed and sideslip angle.

Fig. 6.27 Wheel sideslip angle with and without control.

The control brakes the vehicle very rapid, which can be seen in the longitudinal vehicle speed.
Furthermore the difference in loss in vehicle speed is neglectable. The control allows the vehicle to
regain its original speed even faster. In the sideslip without control a large positive sideslip compared
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to the situation, so apparently the driving torque on the front wheels initiates oversteer which is larger
without control. This can also be seen in the sideslip angles of the wheels. Figure 6.27 shows the wheel
sideslip angle for both the left wheels. When after 1 second the steering angle is returned to neutral the
lateral force and sideslip angle on the front wheels suddenly drop so that the sideslip angle of the rear
wheels is larger. This is the reason for the large vehicle sideslip angle. By breaking control this sideslip
angle is kept under control.

Another interesting simulation is to let the vehicle follow a certain curve in the road with a certain
constant radius while the vehicle speed is increased. To implement this in ADVANCE a driver model
is constructed. The cornering radius is approximated from the tyre slip angles, the steering angle and
the vehicle’s geometry, as can be seen in (6.14). The control scheme consists of a PI controller with as
input the error between the desired cornering radius (setpoint) and the true cornering radius, which is
shown in (6.2), (6.3) and (6.4).
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In the next simulation the vehicle is driven with a speed of 80 km/h. Following a turn is executed with
a turning radius of 80 meters and full throttle is given to create the same conditions for both situations,
namely without control and with active braking.  The conditions are chosen in such a way that the
vehicle just manages to stay roll stable without control. The purpose of this simulation is to test
whether the decreasing effect of the active braking is not too severe. The simulation is stopped when
the vehicle comes out of the turn and has executed a quarter of a circle.  In figure 6.28 the vehicle
position and the body roll angle is shown.

Fig. 6.28 Vehicle position and body roll angle, .80 km/h.
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The driven track is the same for both vehicles as expected from the control law for the driven radius.
The active braking control suppresses the roll angle as would be expected.

Fig. 6.29 Vehicle speed and sidesloip, 80km/h..

In figure 6.29 the vehicle longitudinal speed and the vehicle sideslip angle is shown. When the turn is
started the most active brake control action is demanded. This can also be seen in the vehicle speed,
which drops about 5 km/h. Later on the difference in vehicle speed is about 2 km/h. The conclusion is
thus that the loss in vehicle speed is neglectable when looking at the loss in sideslip, which increases
the handling behavior of the vehicle.

6.4 Simulation based conclusions

The conclusions that were drawn in this chapter are only as good as the vehicle model that is used. In
other words; as well as the vehicle model is a good approximation of real life vehicle behavior. The
simulated control implementation that is suggested does fulfill its function in both the by NCAP
suggested rollover test maneuvers. These tests are said to comprise the most extreme driving situations
regarding vehicle rollover, [10]. Improvements are made in both vehicle handling and rollover
dynamics. As long as the vehicle is roll stable oversteer and understeer is neutralized as good as
possible, so the vehicle is kept in a by the driver anticipated linear range. When the roll rate exceeds
the introduced roll rate threshold rollover avoidance is given priority over handling. Rollover is
avoided with every entrance speed of the testing maneuvers, even at extreme high speeds. The
suggested roll rate feedback and its threshold, based on these simulations, seem to be a good solution
for vehicle rollover avoidance. So the suggested control is able to positively influence the rollover
rating and the handling dynamics of a particular vehicle. Furthermore when looking at the negative
effects of the active braking control such as loss in vehicle speed, these do not counterbalance the
positive effects.
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Chapter 7

Conclusions and recommendations

7.1 Active braking conclusions

For as far as the dynamic vehicle model in ADVANCE is a good representation of real life driving
maneuvers, the proposed active safety system does fulfil its function. It has a profound influence on the
roll angle in the J-turn and the fishhook maneuver. Based on the simulation results in ADVANCE it is
concluded that a vehicle equipped with active braking is less vulnerable to untripped rollovers. As a
stand-alone system, active braking is able to prevent rollover on a plane surface. The sideslip control
manages to suppress the deviation from the linear vehicle path, and the roll rate feedback control is
chosen sufficiently to totally prevent rollover. A negative effect of the sideslip control is the ‘intrusion’
to the driver of the decelerating effect of the vehicle. But in an emergency sudden steering action as for
example obstacle avoidance the decelerating effect does not weight up to the increase in handling
dynamics.

7.2 Active steering as alternative

A compensating torque for yaw disturbances can also be set by active steering. Active steering can be
achieved in two ways: One possibility is to set an additional steering angle to the front wheels. The
second possibility is four wheel steering, or active rear steer. The question now arises: is it worthwhile
to consider active steering as an alternative or in combination with an active braking system?
Under strict energy limitation a combined steering and decelerating effect action is much more
efficient. Steering has an immediate effect on the roll dynamics, while deceleration involves more
delay. A steering/braking control system allows larger obstacle avoidance maneuvers and supports the
driver in case of emergency i.e when the vehicle is close to rollover.

7.3 Comparison of active steering with active braking

The first item for comparison is the capability to generate yaw moment. It has been shown that large
yaw moments can be generated by longitudinal tyre slip control via brakes and by lateral tyre slip
control via four wheel active steering (active rear steer), [14]. However the yaw moment magnitude
depends on several factors. For example, on a dry asphalt surface where the peak lateral force occurs at
large tyre slip angles (e.g. peak= 15 degrees), and with rear steer capable of +/- 12 degrees actuation, it
is possible to maintain maximum lateral force on the rear tyres for side-slip angles up to R = 15+12 =
27 degrees.
Likewise on a slippery surface such as ice, the peak lateral force occurs at a much smaller tyre slip
angle (e.g. peak = 4 degrees), thus the rear steer is capable of holding maximum lateral force for side-
slip angles up to R = 4+12 = 16 degrees. For R greater than 16 degrees, the rear lateral force
typically decreases rapidly according to the shape of the tyre’s lateral force curve. By these examples,
it can be noted that yaw moment generation via rear steer control depends on the operating slip angle
of the vehicle, the surface friction, and the maximum amount of actuation travel.

Another item for comparison is the level of “intrusion” or disturbance to the driver. In some cases,
brake-based yaw moment generation may be perceived as intrusive to the driver. That is, brake
actuations cause vehicle deceleration, modulator noise, and pedal pulsation that may be objectionable
to the driver. To reduce the possibility of unnecessary brake activation and unnecessary disturbance to
the driver, the brake-based active systems are designed with a control deadband, which prevents
activation during all nominal driving conditions.
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In contrast, steer-based systems are much less perceptible to the driver since there is little or no audible
or tactile feedback and since they cause insignificant deceleration of the vehicle. For these reasons,
little or no deadband is needed for steering control, and thus it is possible for the system to react sooner
to small perturbations. In this way, a steering system provides a more preventative action for
perturbations that might have otherwise grown larger.

For a final comparison item, actuation bandwidth should be considered, especially for certain operating
conditions. Both brake and steer system bandwidths are largely functions of actuator designs, and the
bandwidths can be comparable. For systems containing hydraulic fluid, responses at low temperatures
become critical as fluid viscosity decreases. For systems containing electric motor actuation, operating
voltage may be a critical factor for system response.

Given that steering and braking control systems have different strengths and weaknesses, it is natural
recommend further investigation to take advantage of the strengths of each.
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Appendix I
State space m-file

clear all;
% parameter declaration
C1=6.6e4;
C2=5.45e4;
m=1000;
u=100/3.6;
a=1.04401;
b=1.55;
Izz=3600;
Ixx=600;
h=0.5;
g=9.8;
Tw=2*0.65;
d=-10000;
k=-29430;
k_rollbarr=2*58860;
d_roll=4*0.5*Tw*0.5*Tw-d;
c_roll=2*0.5*Tw*k_rollbarr+4*0.5*0.5*Tw*Tw*-k;

% state space matrices
A=-[(C1+C2)./(m*u) u+(a*C1-b*C2)./(m*u) ;
    (a*C1-b*C2)./(Izz*u)  (a^2*C1+b^2*C2)./(Izz*u)];

B=[C1/m 0;
   a*C1/Izz -1/Izz];

C=-[(C1+C2)./(m*u)  (a*C1-b*C2)./(m*u) ;
    0 -1 ;
    1./u 0 ];

D=[C1/m 0;
   0 0;
   0 0];

SYS = SS(A,B,C,D);   % Sate space
step(SYS)
SYS = ZPK(SYS,'inv')  % State space transfer functions

State space in Simulink
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Appendix II

State space with roll

clear all;
% parameter declaration
C1=4.5e4;
C2=6.5e4;
m2=800;
m1=200;
m=m1+m2;
u=  100/3.6;
a=1.04401;
b=1.55;
Izz=3600;
Ixx=600;
h=0.5;
g=9.8;
Tw=1.50;
d=-10000;
k=-29000;
k_rollbarr=0.5*2*58860;
d_roll=4*0.5*Tw*0.5*Tw*-d;
c_roll=1*0.5*Tw*k_rollbarr+4*0.5*0.5*Tw*Tw*-k;

% State space matrices
A=-[(C1+C2)./(m*u) u+(a*C1-b*C2)./(m*u) 0 -m2/m*h ;
    (a*C1-b*C2)./(Izz*u)  (a^2*C1+b^2*C2)./(Izz*u)] 0 0;
    0 0 0 -1;
    (C1+C2)*h/(Ixx*u+m*u*h^2) (a*C1-b*C2)*h/(Ixx*h+m*u*h^2) (c_roll-m2*g*h)/(Ixx+m2*h^2)
d_roll/(Ixx+m2*h^2)];

B=[C1/m 0;
   a*C1/Izz -1/Izz;
   0 0;
   C1*h/(Ixx+m2*h^2) 0];

C=-[(C1+C2)/(m*u)  (a*C1-b*C2)/(m*u) 0 0;
    0 -1 0 0;
    1/u 0 0 0;
    0 0 -1 0];

D=[C1/m 0;
   0 0;
   0 0;
   0 0];

SYS = SS(A,B,C,D);   % State space
step(SYS)
SYS = ZPK(SYS,'inv')  % State space transfer functions
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State space in Simulink with roll
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Appendix III

ADVANCE full vehicle dynamics model 

ESP subsystem
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ESP subsystem > Wheel Choice subsystem

ESP subsystem > bicycle nominal yaw rate subsystem
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ESP subsystem > nominal sideslip calculation rate subsystem

ESP subsystem > Yaw PI contr. Subsystem
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ABS subsystem

ABS subsystem > Front left wheel subsystem
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Driver subsystem (J-turn)

Driver subsystem (Fishhook)
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Driver subsystem (circular driving)

Driver subsystem (circular driving) > Radius error generation subsystem
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Appendix IV

Magic formula
.

A widely used semi empirical tyre model to calculate steady-state tyre force and moment
characteristics for use in vehicle dynamics studies is based on the so-called magic formula.

The general form of the formula that holds for given values of vertical load and camber angle reads:

Y=Dsin[Carctan{Bx-E(Bx-arctanBx)}]
With
Y(X)=y(x)+Sv

x=X+SH

where:
Y: output variable Fx ,Fy , or possible =Mz

X: input variable tan  or 
and
B stiffness factor
C shape factor
D peak value
E curvature factor
SH horizontal shift
Sv vertical shift

The magic formula y(x) typically produces a curve that passes through the orgin x=y=0, reaches a
maximum and subsequently tends to a horizontal asymptote. For given values of the coefficients B, C,
D, and E the curve shows an anti symmetric shape with respect to the origin. To allow the curve to
have an offset with respect to the origin, two shifts SH and Sv have been introduced.
For the sake of the explanation why the magic formula is used in this thesis it is only valid to mention
that BCD represent the linear part of the curve through the origin.

In the ADVANCE model that was used for this thesis the magic formula was used to calculate the
lateral linear cornering stiffness for the calculation of the nominal yaw rate and sideslip. Of course the
full vehicle dynamics program ADVANCE uses the full magic formula for the calculation of tyre
forces, torques, moments, slip angles etc.

For the calculation of the linear cornering stiffness the Lateral force (pure sideslip) was used. For
simplicity only pure sideslip was considered for the nominal yaw rate and sideslip calculation.

Magic formula for Lateral force (pure sideslip)

Fyo=Dysin[Cyarctan{Byay-Ey(Byay-arctan(Byay))}]+SVy

ay=a*+SHy

Cy=PCyl Cy

Dy= yFz 2

y=(PDy1+PDy2dfz)(1-PDy3+y*2) *
y

Ey=(PEy1+PEy2dfz){1-(PEy3+PEy4y*)sgn(ay)} Ey

Kya0=PKy1F’z0 sin[2arctan{Fz/(PKy2+F’zo)}] Kya

(=ByCyDy=dFy0/day at ay=y=0)



82

For the linear cornering stiffness only the linear part of the lateral force needs to be considered. This is
thus Kya0 or ByCyDy, this is thus the linear cornering stiffness (CFa).

The magic formula coefficients that need to be known are Pky1, PKy2. Also Kya which is a scaling factor
was chosen to be equal to 1. De gravity force factor F’z0 represents the gravity force when the vehicle
is standing still, which is used for scaling the gravity force. Further more Fz represents the real or as in
the case of this thesis the approximated gravity load when driving.
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