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Chapter 1 
 

Introduction  
 

The concern of satellite pointing stability in earth observation, space astronomy and advanced 
scientific missions is addressed in this chapter. From that, we narrow down to the research topic 
of this thesis: mechanical disturbances in reaction wheels and in particularly Bradford 
Engineering reaction wheels. Finally, the research objectives, scope and outline of this thesis 
are presented.  
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1.1 Satellite Pointing Stability 

Mechanical disturbances on satellites are a concern for earth observation, space astronomy and 
advanced scientific missions because they reduce the satellite pointing stability. Poor satellite 
pointing stability causes an adverse effect on the optical and imaging capability of satellites’ 
instruments. Figure 1.1 depicts a vivid example of disturbances significantly reducing the 
imaging quality during an earth observation mission.  
 

   
(a) (b) (c) 

Figure 1.1: Satellite pointing (blue line), which is worse than the requirement (red dot) in (a), 
causes an image distortion in (b) compared to the image with corrective measures in (c) [1] 

The mechanical disturbances are due to not only external disturbances such as a gravity 
gradient, aerodynamic drag and solar radiation [2] but also onboard disturbances. The onboard 
disturbances come in the form of vibration (i.e. periodic signals) and/or transient, random 
disturbances (i.e. non-periodic signals) [1]:  

 Vibration occurs due to the operation of various mechanisms such as reaction wheels, 
momentum wheels, cryogenic coolers and solar array drive mechanisms. The vibrations 
in these mechanisms are referred to as micro-vibration because the resulting vibration 
on the satellite level is generally small, in the range of micro-g.  

 Transient and random disturbances are generated by antenna pointing mechanisms, 
mirror scan mechanisms, latch valves, thrusters, stress releases due to thermal 
expansion/contraction and foil buckling. 

A satellite Attitude and Orbit Control System (AOCS) is employed to keep a satellite stay on 
its orbit as well as its attitude (orientation) toward points of interest on earth, or a star, etc. 
During an image acquisition phase of a satellite, the AOCS has to maintain the imaging payload 
more stable than its (angular) resolution against external and onboard disturbances. However, 
a major part of the onboard satellite disturbances, which are typically in the range of 1 Hz to 
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1000 Hz, cannot be eliminated by the AOCS itself since the AOCS bandwidth is usually less 
than 1 Hz. 

Meanwhile, due to strong demands for high-resolution images, the sensor (angular) resolution 
has been improved a few orders of magnitude over the past decades as depicted in Figure 1.2. 
This evolution of payload resolution drives the requirement of satellite pointing stability in the 
same direction. As a result, the requirement of low disturbances on earth observation and space 
astronomy satellites have become much more stringent. 

 
Figure 1.2: Satellite imaging sensor resolutions move toward the one micro-radian over the 

years and drive the satellite pointing error in the same trend [3] 

The onboard disturbance is critical to not only imaging space missions but also advanced 
scientific space missions.  

For example, optic-based satellite communication is a type of mission which requires low 
disturbances [3]. In this type of mission, ground-to-satellite communication or inter-satellite 
communication is based on optical links while the optical beam divergence (or beam width) is 
in the order of micro-radians. Therefore, the onboard disturbances of the host satellite should 
be minimized to guarantee the satellite pointing accuracy, and consequently to maintain the 
signal strength of the optical links.  

Precise Formation Flying is another type of mission that requires a very high pointing accuracy. 
An example of such a mission is PROBA-3 which requires an attitude control of 50 micro-
radians [4]. SIMBOL-X is also an example of precise formation flying to increase the focal 
length of an X-ray telescope. This mission requires a pointing accuracy of 50 micro-radians on 
one satellite as well [5]. 

From the above examples, a clear trend in reducing the angular resolution of instruments and 
the satellite pointing error toward micro-radians is observed. Note that the pointing error of 
satellite is proportional to the root sum square of all disturbance amplitudes and inversely 
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proportional to the satellite inertia and disturbance frequency (equation 7.3.45 of [2]). 
Therefore, reducing the disturbance amplitude is needed to obtain a better satellite pointing 
error and stability. Several approaches to reduce the disturbances and improve the satellite 
pointing stability have been proposed: 

 Reduce or eliminate physical causes of disturbances. Apparently, elimination of the 
disturbances at the source is the first choice to aim at because it is usually the most cost 
effective way. However, this task may require a radical change in the design 
architecture and implementation of the sub-system generating disturbances. For 
instance, ball bearings inherently generate vibrations which can be replaced by 
magnetic bearings. 

 Break and attenuate the transmission path of the disturbances from their sources to 
payloads, for example using isolators or dampers. However, this approach introduces 
design complexity and adds cost at satellite level. 

 Attenuate the effects of the disturbances using filters and/or actively controlling 
suspension system at the payload and satellite platform. However, this approach is 
limited to low frequencies up to a few Hertz.  

Although there are several approaches at different levels to remove the disturbances, the issue 
of onboard disturbances negatively influencing the payload performance remains challenging.      
 

1.2 Reaction Wheel Micro-disturbances 

Among the onboard disturbances, this thesis focuses on the disturbances caused by reaction 
wheels. A reaction wheel is a prime actuator employed for attitude control and pointing 
capability on satellites [6]. A Reaction Wheel Assembly (RWA) primarily consists of a 
flywheel (a rotating mass) which is typically supported by ball bearings and driven by a 
brushless Direct Current (DC) motor as depicted in Figure 1.3.  

 Figure 1.3: A Reaction Wheel Assembly (RWA) at Bradford Engineering 

Flywheel 

Housing 

DC Motor 
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The operating principle of a reaction wheel (or a momentum wheel) on a spacecraft is based on 
the conservation of momentum. By maintaining the flywheel at a rotational speed, a wheel 
provides momentum to the spacecraft.  By varying the flywheel rotational speed, a reaction 
torque is generated. This reaction torque provides maneuvering or pointing capability to a 
spacecraft.   

Although reaction wheels are invaluable for satellite pointing capability, they themselves 
generate disturbances, particularly the periodic disturbances called micro-vibrations. There are 
two major micro-vibration sources in reaction wheels: 

 Rotor unbalances are due to the residual uneven distribution of mass around the rotor’s 
axis of rotation. The unbalance of a rotor consists of two types: static unbalance and 
dynamic unbalance (see more details in Chapter 2). The static unbalance causes 
vibration forces in the plane of rotation. The dynamic unbalance causes a “wobbly 
rotor”, i.e. vibration moments out of the plane of rotation. The unbalance is known to 
be one of the major disturbing factors to cause imaging distortion, for example on the 
Interface Region Imaging Spectrograph (IRIS) mission [11] and the space telescope 
James Webb [10]. 

 Ball bearing vibration caused by imperfections on bearing parts such as balls, raceways, 
and cages. The imperfections cause vibrations at the frequencies of sub and super 
harmonics of the wheel angular speed frequency. Therefore, the ball bearing vibration 
is known for its broad frequency range [7]. The vibrations from bearings do not directly 
affect the payload, but by amplification at the wheel resonances the effect becomes 
significant. 

Note that, although the employment of ball bearings leads to an emission of significant micro-
vibrations, reaction wheels based on ball bearing are still the most common type nowadays. The 
main reason is that ball bearings are relatively simple, and therefore they have low cost while 
giving reliable lifetime up to 15 years and more. Alternatively, reaction wheels employing 
magnetically levitated bearing are free from a large part of the vibration from bearings. 
Additionally, in a few designs of magnetic bearings, wheel unbalances can be actively 
controlled and minimized [8]. However, the complex design, high cost, and high power 
consumption strongly limit the application of magnetic bearing based reaction wheels for 
today’s spaceflight.  

As shown in the above examples and other works [1][2], reaction wheel micro-vibration is a 
major source of the onboard disturbances. Therefore, the requirements of reaction wheel micro-
vibration have the same trend as the satellite pointing stability, i.e. they become more and more 
stringent. Table 1.1 shows an inventory of micro-vibration requirements for reaction wheels on 
European scientific missions. The levels of requirements have become stricter by a factor of 
two to three, and the required frequency range has also become wider. 
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Table 1.1: Evolution of micro-vibration requirements for reaction wheels on European 
scientific missions 

Mission Launch 
Year 

Micro-vibration requirement for reaction wheels 
Note: static and dynamic unbalance requirements are equivalent to 
force and moment requirements respectively in the range of  1 to 

67 Hz Remarks 
Static 

unbalance Force1 Dynamic 
unbalance Moment1 

XMM 
Newton 1999 ≤ 1.1 gcm ≤ 2.0 N 

At 67…150 Hz 
≤ 20 gcm2 - 

No damper/ 
isolator at 

wheel 
interface is 

required  

Rosetta 2004 ≤ 1.1 gcm ≤ 2.0 N 
At 67…150 Hz 

≤ 20 gcm2 - 

Aeolus 
2007 

(initial 
plan) 

≤ 1.1 gcm ≤ 2.0 N 
At 67…1000 Hz 

≤ 20 gcm2 - 

Bepi-
Colombo 

2015 
(initial 
plan) 

≤ 0.5 gcm ≤ 2.0 N 
At 100…500 Hz 

≤ 5 gcm2 - 

Sentinel 
2A 2015 ≤ 0.5 gcm ≤ 1.0 N 

At 100…1000 Hz 
≤ 5 gcm2 < 0.2 Nm 

100…1000 Hz 
A damper/ 
isolator at 

wheel 
interface is 
required for 

further 
reduction of  
disturbances 

Meteosat 
Third 
Generation 

2018  ≤ 0.3 gcm 

≤ 0.2 N 
At 67…110 Hz 
≤ 0.8 N  

At 110…200 Hz 
≤ 1.0 N  

At 200…1000 Hz 

≤ 4 gcm2 - 

Note that, as shown in Table 1.1, dampers and isolators are used in recent missions in order to 
meet the strict pointing stability demands. However, the use of dampers also adds cost and 
constraints such as adding a thermal control system to the wheel while reducing the operating 
temperature range since the damper performance is temperature sensitive. Therefore, there is a 
strong demand to resolve the issues of disturbances at the reaction wheel level.  

The above examples of how micro-vibration from reaction wheels limit space mission 
capabilities and the stricter requirements altogether show that micro-vibrations from reaction 
wheels are unacceptable for the demanding imaging capability on earth observation, space 
astronomy and scientific missions nowadays. 

 

 

 

                                                 
1 Micro-disturbances or micro-vibrations from reaction wheels are expressed in force/moment unit (N/Nm) rather 
than acceleration unit (g) because reaction wheel vibration is usually considered as a force source rather than a 
velocity source of a spacecraft. The reason is that the reaction wheel mass is significantly smaller than the 
spacecraft mass. As a result, the disturbance forces of reaction wheel exerting to the spacecraft is equivalent to a 
blocked force source where the source is fixed and no displacement occurs. 
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1.3 Bradford Engineering Reaction Wheels  

Bradford Engineering BV (also referred to as Bradford) is one of the few suppliers of reaction 
wheels in Europe. The reaction wheel design was created in the late 1980s in the United 
Kingdom and its Intellectual Property was acquired by Bradford Engineering BV in 2006. Due 
to the transfers and the evolution of the technology itself, only limited knowledge and 
descriptive concepts of micro-vibration and its interaction with the reaction wheel resonances 
were available at Bradford. Moreover, the data processing of micro-vibration was completely 
dependent on external test facilities. There was no capability to perform any analysis or 
diagnosis of the micro-vibration test data. Moreover, the knowledge of reaction wheel dynamics 
was limited to the static condition (non-rotating wheel). Finally, models of micro-vibrations to 
allow prediction of micro-vibrations and wheel dynamics were virtually non-existent. 

Therefore, this thesis “PhD on design” was initiated in cooperation with Bradford Engineering 
BV to provide analyzing tools and insights into the issue of the micro-disturbances to be used 
by a (small) supplier of reaction wheels. Thus, this thesis focuses on designing tools, analyzing 
and correlating data from standardized and limited tests for a direct application of Bradford 
reaction wheels rather than academic publication.      
 

1.4 Research Objectives and Scope 

The research objectives of this thesis are: 

a. Identifying the physical origin and quantify micro-vibration sources generated by the 
existing design of Bradford reaction wheels.  

b. Providing an early detection and localization of significant micro-vibration sources. 

c. Providing insights into the wheel dynamics which amplifies the micro-vibration and 
eventually transmits it to spacecraft structures. 

d. Building micro-vibration models that can reproduce micro-vibration and predict the 
changes of micro-vibration. 

e. Providing mitigation methods to reduce micro-vibration and its criticality. The 
mitigation can be at the level of parts, materials and processes. 

This research is limited to:  

a. The focus is on periodic disturbances in the form of micro-vibration in the range of 1 Hz 
to 1000 Hz.  

b. All the discussions focus on the dynamics occurring inside the wheel and its housing. 
The dynamic coupling with spacecraft and the propagation of micro-vibration from the 
wheel interface to payloads are not included in this thesis.  
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1.5 Thesis Outline 

This thesis is organized into eight chapters. The flow chart in Figure 1.4 summarizes the work 
and relationship between chapters.    

Chapter 1
Introduction 

Chapter 2
Micro-disturbance 

Sources 

Chapter 3
Micro-vibration 
Measurement  

Chapter 4
Micro-vibration 

Analysis   

Chapter 5
Micro-vibration 

Models  

Chapter 6
A Micro-vibration 
Analysis Toolbox  

Chapter 7
Mitigation of 

Micro-vibrations  

Chapter 8
Conclusions  

 
Figure 1.4: Overall thesis structure  
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Chapter 1 addresses the concern and the need to perform this research. 

Chapter 2 presents the fundamentals of micro-disturbance sources in reaction wheels including 
micro-vibrations and torque instabilities. Micro-vibration sources are discussed in detail to pave 
the way for the following chapters. 

Chapter 3 presents the approach to measuring micro-vibrations generated by reaction wheels. 
This chapter also provides design insights of the measurement equipment as well as its dynamic 
behavior. 

Chapter 4 provides signal processing approaches to monitoring, detecting and localizing micro-
vibration sources. This chapter is developed based on modern signal processing techniques to 
transform the micro-vibration test into a powerful tool for reaction wheel condition monitoring. 
Moreover, chapter 4 also presents the adoption and tailoring of the powerful envelope analysis 
technique to micro-vibration test data. This enables the detection and analysis of changes during 
the acceptance test campaign of a reaction wheel. 

Chapter 5 presents the development of micro-vibration models. Although several reaction 
wheel micro-vibration models have been developed over time, using empirical, theoretical and 
combined approaches, the models developed in Chapter 5 are extended from these established 
approaches. To improve the accuracy, the model is extended by modeling the transmission of 
micro-vibration sources via the wheel structural resonances to the wheel interface. Moreover, 
the theoretical model is complemented with the formulation of varying compliance, which is 
the directional stiffness variation of bearings. The flexibility of the reaction wheel housing is 
also taken into account. These new factors contribute to improving the accuracy of the micro-
vibration model. 

Chapter 6 introduces a micro-vibration analysis toolbox. This toolbox provides a friendly and 
graphical user interface for the algorithms developed in Chapter 4 and Chapter 5. This chapter 
also presents several case studies in which the toolbox is deployed to investigate micro-
vibrations. 

Chapter 7 presents possible methods to reduce micro-vibration at the reaction wheel level. 

Chapter 8 presents the implication of the work performed as well as future works. 
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Chapter 2 
 

Micro-disturbance Sources  
 
 
 

In this chapter, we introduce relevant definitions of micro-disturbances in reaction wheels: 
micro-vibrations and torque instabilities. We also analyze the physical origins of micro-
vibration sources such as rotor unbalance, ball bearing vibrations and torque ripple. Besides, 
the characteristics of torque instabilities are presented. Bradford reaction wheels are used as 
case studies. 
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2.1 Definitions 

Mechanical disturbances can be classified in terms of signal types such as stationary or non-
stationary signals [1][2]. For reaction wheels, the following types are present: 

 Micro-vibrations are periodic micro-disturbances which manifest themselves as three 
forces ( , , ) and three torques ( , , ). They are generated by the reaction 
wheel during its operations. The three main sources are: 

o Rotor unbalances: due to a residual uneven distribution of mass around the 
flywheel’s axis of rotation.  

o Ball bearing imperfections: imperfections (not surface roughness) of bearing 
elements such as balls, raceways, and cages cause vibrations once they are in the 
contact zone of the bearing.  

o Torque ripple: the torque ripples are caused by high frequency phase switching 
of the stator (coils) as inherent from the principle of a DC brushless motor. 

 Torque instabilities are random or transient micro-disturbance of torque signal ( . 
The torque instabilities occur due to the lubricant dynamics and the misbehavior of 
bearings. 

Engine Orders  

Any signal whose frequency shows a linear dependence on the wheel speed is called an engine 
order or in short order. Micro-vibrations from reaction wheels such as unbalances, ball bearing 
vibrations and torque ripple have their frequencies as a function of the wheel rotational speed. 
Therefore, they are also called engine orders and clearly visualized in the frequency domain 
(Figure 2.1). Engine orders can also be plotted in the order domain (Figure 2.1) where the 
frequency is divided by the wheel speed. 



Processed on: 30-1-2017Processed on: 30-1-2017Processed on: 30-1-2017Processed on: 30-1-2017

507700-L-sub01-bw-Le507700-L-sub01-bw-Le507700-L-sub01-bw-Le507700-L-sub01-bw-Le

13 
 

 

Figure 2.1: Some example of engine orders and one resonance visualized in the frequency 
domain (top) and the order domain (bottom) 

Wheel Resonances 

Assuming a linear system, the total micro-vibration sources are a result of superimposing all 
engine orders. Because the frequencies of the micro-vibration sources change with speed, they 
interact with the wheel structural modes at certain speeds (see Figure 2.1). The result of the 
interaction is the amplification of the micro-vibration sources. This micro--vibration is then 
transmitted to the wheel interface with the satellite. Although the amplifying effect does not 
cause a catastrophic effect on the wheel operation, the resulting micro-vibrations are usually 
the highest micro-vibrations in the micro-vibration spectra.  

 

Engine Orders 
Resonance 
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2.2 Rotor Unbalance 

Unbalance of a rotor can be decomposed into two types: static unbalance and dynamic 
unbalance. The static unbalance causes vibration forces in the plane of rotation. The dynamic 
unbalance causes a “wobbly rotor”, i.e. vibration moments out of the plane of rotation. 

2.2.1 Static Unbalance 

Static unbalance is caused by an uneven distribution of rotor mass in the plane of rotation. As 
a result, the static unbalance creates an offset between the axis of inertia and the axis of rotation 
as depicted in Figure 2.2. Note that the axis of inertia and the axis of rotation are still in parallel 
in the case of pure static unbalance.  
 

Shaft

Rotor

Axis of 
rotation

Axis of 
interia

Z

X
Y

sr

sF

sm

 
Figure 2.2: Static unbalance  

The static unbalance is quantified by the term: 

sss rmU  (2.1) 

Where sm  is the static unbalance mass, and sr  is the radius between the axis of rotation and 
the static unbalance mass. The unit of static unbalance for reaction wheels is usually expressed 
in cmg.  because its magnitude is small. When the rotor rotates, the static unbalance results in 
a centrifugal force: 

2
sss rmF  (2.2) 

Where  is the wheel rotation speed. This force is sensed during a micro-vibration test as radial 
forces XF  and YF . Because the static unbalance induced force sF  repeats every rotation of 

the rotor, the static unbalance has the order 1h  in the order domain.  



Processed on: 30-1-2017Processed on: 30-1-2017Processed on: 30-1-2017Processed on: 30-1-2017

507700-L-sub01-bw-Le507700-L-sub01-bw-Le507700-L-sub01-bw-Le507700-L-sub01-bw-Le

15 
 

2.2.2 Dynamic Unbalance  

Dynamic unbalance is caused by uneven distribution of rotor mass in planes parallel to the 
rotational plane as depicted in Figure 2.3. As a result, the dynamic unbalance creates an angle 
other than zero between the axis of inertia and the axis of rotation.   
 

Shaft

Rotor

Axis of 
rotation

Axis of 
interia

dF

dF
dr

dm
dM

dd
Z

X
Y

dm

 
Figure 2.3: Dynamic unbalance  

The dynamic unbalance is quantified by the term: 

dddd drmU  (2.3) 

Where dm  is the dynamic unbalance mass; dr  is the radius between the axis of rotation and 

the dynamic unbalance mass; and dd  is the distance between the two dynamic unbalance 

masses. The unit of dynamic unbalance is usually expressed in 2.cmg . When the rotor rotates, 
the dynamic unbalance results in a pair of centrifugal forces which create a transverse moment: 

2
dddd drmM  (2.4) 

Because the pair of centrifugal forces dF  cancels each other out, only the transverse moment 

caused by dynamic unbalance is observed during the micro-vibration test as a moment XM  

and YM . Similar to the case of the static unbalance, the dynamic unbalance induced moment is 
also sensed at its maximum level once every rotation. Therefore, the dynamic unbalance has 
the order h = 1 in the order domain.  

2.2.3 Unbalances in Waterfall Plots 

As discussed above, the vibrations due to unbalance are at the engine order h = 1. The unbalance 
amplitude is proportional to the squared rotational speed as presented in equation (2.2) and 
(2.4). These frequencies and amplitude properties can be distinguished in the waterfall plots as 
shown in Figure 2.4 and Figure 2.5. 
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Figure 2.4: Static unbalance observed in a radial force waterfall plot 

 

Figure 2.5: Dynamic unbalance is observed in a transverse moment waterfall plot 

Static unbalance as order 
1h  in XF  or YF  

Dynamic unbalance as order 
1h  in XM  or YM  
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2.3 Ball Bearing Vibration 

In this section, the well-studied research of ball bearing vibrations is brought together. Firstly, 
an introduction of vibration from ball bearings is provided. Secondly, their vibration 
frequencies and orders are presented.   

2.3.1 Introduction 

Vibrations in ball bearings can be classified into three groups based on their origins [5]:  

 Manufacturing: geometrical imperfection and waviness; these features are inherent to 
the manufacturing process even with the most precise techniques.  

o Geometrical imperfection is referred to as local irregularities on the surface of 
bearing parts. Once an imperfection enters the contact zone of two bearing parts, 
an impulse force is generated. The repeatition of the impulse forces causes 
vibration. 

o Waviness is referred to as a global variation or out-of-roundness of bearing parts. 
Waviness can occur due to machine deflections, residual stress, vibrations, or 
heat treatment. The vibration frequencies of waviness are dependent on not only 
bearing kinematics but also their waviness orders as depicted in Figure 2.6. 

 
Figure 2.6: A bearing ball with an ideal diameter  has a waviness order of  

Only imperfections and waviness are expected in reaction wheel applications. The 
reason is that the reaction wheel bearings are only lightly loaded during on-ground 
operation with a rotor mass at maximum 60 N while the bearing load capacity is more 
than 2000 N. Therefore, major failure modes referred by the term bearing faults such as 
wear and spalling are not applicable in reaction wheels.  

Moreover, the term of bearing anomaly used in this thesis is referred to outlier or out-
of-family properties of a bearing part. The bearing anomaly does not mean bearing 
faults. 

 Structure: imperfections and waviness excite the resonances of the bearing and 
surrounding structures. The result is structural vibrations. The details of these vibration 
are studied in Chapter 5.  
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 Handling: contaminations and imperfections created during the assembly process or 
verification tests are vibration sources due to handling. 

o The imperfections originate from not only manufacturing but also the 
mechanical impact during verification tests such as random vibration and shock 
tests.  

o Contaminations may cause a time-varying vibration due to the contaminant’s 
mobility to move to different bearing parts. However, contaminations are not 
likely to occur in reaction wheels due to the strict requirements of handling and 
inspection. Therefore, this type of vibration source is not in the scope of this 
thesis and not further discussed.  

2.3.2 Ball Bearing Kinematics 

The frequencies from imperfections are determined based on the kinematics of the ball bearing. 
A kinematic model for an angular ball bearing in a reaction wheel with z number of rolling 
elements (balls) is presented in Figure 2.7. 
 

Number of balls:Cage (retainer)

Outer race 
(rotates)

Inner race 
(fixed)

D
bd

Imperfections

- Ball diameter

- Pitch diameter

Contact angle

 Rotor 
frequency 

z

 
Figure 2.7: A kinematic model for a ball bearing in reaction wheels  

In Figure 2.7, the inner race is non-rotating and fixed to the reaction wheel shaft while the outer 
race of the bearing rotates at the wheel rotation speed . From these conditions and the 
geometry of the bearing, the frequencies and order of all bearing parts can be calculated. Thus, 
the order of imperfection on a bearing part, as depicted in Figure 2.7, can be calculated as well. 
The results are shown in Table 2.1. 
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Table 2.1: Engine orders of a single imperfection on bearing parts in reaction wheels where 
the inner race is fixed as shown in Figure 2.7 [6] 

Single Imperfection  Engine order  

Inner Race Imperfection IIRH  ))cos(1(
2 D

dzH b
IIR  

Outer Race Imperfection ORIH  ))cos(1(
2 D

dzH b
ORI

 

Cage Rotation Imperfection CRH  ))cos(1(
2
1

D
dH b

CR  

Ball Imperfection BIH  and  
Ball Spin BSH  

2

)cos(12
D
d

d
DHH b

b
BSBI

 

The engine orders in Table 2.1 are for a single imperfection on a bearing part only. Multiple 
imperfections on a bearing part would give an engine order of that bearing part multiplied by 
the number of imperfections. 

The ball spin engine order (about the ball axis) is . The ball imperfection order is twice the 
ball spin order because an imperfection on the ball causes two impulses: one against the inner 
race and one against the outer race. 

The above calculation can be only made with the assumption of no slip between bearing 
components. In reality, the slippage between bearing components is typically in the order of 1-
2% [1]. 

2.3.3 Summary of Ball Bearing Vibration Studies 

The subject of ball bearing vibration frequencies and orders have been studied intensively in 
diverse applications. Noticeable works are [1][6][7]. Engine orders of reaction wheel ball 
bearings are presented in the previous section and also in [8]. Engine orders due to bearing part 
waviness are presented in [6] and [9]. The summary of engine orders from reaction wheel 
bearings is presented in Table 2.2. 
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 Table 2.2: Summary of engine orders caused by imperfection and waviness [6][7][8][9] 

Vibration source Ball Bearing Engine Orders 
Wavenumber Main order  Sidebands  

Outer race imperfection  - ORIiH  piHORI  ; )1( CRORI HpiH  
Outer race waviness wiqz  )1( CRHqzi  

wCR iHqzi )1(  
Inner race imperfection - IRIiH  piH IRI ;  

CRIRI pHiH  
Inner race waviness wiqz  

CRqziH  - 
Ball imperfection - BIiH  CRBI pHiH  ; )1.(. CRBI HpHi ; 

BSBI pHiH  
Ball waviness  BIqiH2  CRwBI HiqiH2  
Ball oversize - CRH  - 

Cage imperfection - CRiH  - 

Legends: 

 Since the waviness excites the rotor bearing system, the wavenumber is used to describe 
the combined effect of the waviness order  and the bearing mode shape number  [8] 
[9]. The bearing mode shape number  is an integer number associated with the 
vibration mode of the outer race with respect to the inner race. For Bradford reaction 
wheels,  corresponds to the axial mode;  and  correspond to 
forward and backward translational mode of the rotor, respectively (see chapter 5).  

 Main engine orders show the period of the impulses caused by an imperfection on a 
relevant part. The main engine order is also manifested in its multiple integers due to 
two reasons: 

o First, one bearing part may have more than one imperfection. The integer 
number  represents the number of imperfections on that part.  

o Second, the impulse, which is caused by a mechanical impact between an 
imperfection and another bearing part, is not a simple Sine wave but a complex 
waveform including a sharp edge. This complex waveform consists of several 
Sine waves at the multiple frequencies of the impulse (see details of on the 
impulse model in Chapter 4). 

 Around one main engine order, there are additional engine orders called sidebands. The 
sidebands show the effects of the main engine orders under the interference with other 
engine orders such as rotor unbalance. For example, the static unbalance force has to 
transmit through the inner race to reach the shaft where it is picked up by the sensors. 
This unbalance force may physically strengthen or weaken the impulse force caused by 
an inner race imperfection. In terms of signal, the unbalance signal is modulated by the 
inner race imperfection signal. The result is the engine order of the inner race 
imperfection  having additional sidebands: . On top of this, the unbalance 
also has higher engine orders, i.e. 2, 3, 4, ... As a result, the sidebands of inner race 

2q
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imperfection under the interference of unbalance are  where  
Similarly, the interference of the cage order to the inner race order causes side bands of 

. 

2.3.4 A Case Study of Ball Bearing Vibrations  

All Bradford reaction wheels are designed with the same bearing design parameters given in 
Table 2.3. Substituting these bearing design parameters into Table 2.1 and Table 2.2, all 
possible engine orders related to imperfections and waviness are calculated. 

Table 2.3: Geometrical parameters of bearing design to calculate engine orders 

Bearing parameters Values 
Pitch diameter D  31 mm 
Ball diameter bd  7.14 mm 
Contact angle  15º 

Number of balls z  10 

To verify the calculated engine orders, they are correlated to the results of a micro-vibration 
measurement. Figure 2.8 presents micro-vibrations in the form of waterfall plot in the engine 
order domain. All the present engine orders, which are visible as straight ridges in the waterfall 
plot, are matched with the calculated engine orders as far as possible as listed in Table 2.4.  
 

 
Figure 2.8: Present engine orders are compared with the calculated engine orders and listed 

in Table 2.4  

Cage 
Main 
Order 

61.0CRH

Outer Race 
Main 
Order

89.3ORIH

Inner Race 
Main 
Order 

11.6IRIH
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Table 2.4: Present engine orders from radial disturbance forces as shown in Figure 2.8 

Observed 
Engine 
order* 

Matched Calculated Engine order 
within 1% 

 Observed 
Engine 
order* 

Matched Calculated Engine order 
within 1% 

0.61 HCR (0.61)  10.91 HORI +7 (10.89)  
3HORI – 2(1-HCR) (10.89) 

1.00 Unbalance (1.00)  11.75 2HBI -9(HCR -1) (11.75) 
2.88 HORI-1 (2.89)  12.23 2HIRI (12.22) 
2.94 HBI – 3(1-HCR) (2.96)  12.59 - 

3.51 HBI - HCR (3.52)  12.65 3z(1- HCR)-1 (12.66) 
Outer race waviness order 3 

4.12 HBI (4.13)  12.97 3HBI + HCR (12.99) 
4.73 HBI + HCR (4.74)  13.81 2HORI +6 (13.78) 
4.89 HORI +1 (4.89)  14.60 - 
6.12 HIRI (6.11)  15.03 - 
6.77 2HORI -1(6.78)  15.29 2HIRI +5HCR (15.28) 
6.83 -  15.88 2HIRI +6HCR (15.89) 

7.63 
2HORI - HCR (7.64) 
2 HBI - HCR (7.64) 

Ball waviness order 1 

 
16.53 4 HBI (16.52) 

8.32 -  17.10 4HBI + HCR (17.12) 
Ball waviness order 2 

8.71 -  17.74 3HIRI -HCR (17.73) 
8.77 2HORI +1 (8.78)  17.93 - 

8.85 2HBI + HCR (8.87)  18.34 3zHCR (18.34) 
Inner race waviness order 3 

9.17 HIRI +5HCR  (9.17)  18.48 3HBI + 10HCR (17.49) 
9.69 3HORI -2 (9.66)  19.15 - 

10.65 3z(1- HCR)-1 (10.66) 
Outer race waviness order 3 

 19.99 - 

* The algorithm to extract the observed engine orders is presented in the empirical model chapter 5. 

From the correlated engine orders shown in Figure 2.8 and Table 2.4, the following points are 
observed:  

 Most of the engine orders can be linked to the imperfections and waviness of the bearing 
parts. The percentage of these known engine orders is about 70% of the total present 
engine orders.  

 A few visible engine orders cannot be explained nor linked to any imperfection or 
waviness of any bearing part. However, the amplitudes of these unknown engine orders 
are often insignificant compared to those of the known engine orders. The sum 
amplitude of these unknown engine orders is less than 18% of that of known engine 
orders. Therefore, the unknown engine orders are not a specific concern for the purpose 
of bearing health diagnosis and micro-vibration evaluation in this thesis.    

 The numeric differences between the visible engine orders and the calculated engine 
orders are well below 1%. This small difference indirectly indicates that there is 
insignificant slippage between bearing parts in this reaction wheel design.  
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 In Table 2.4, there are engine orders that linked to 

o Outer race waviness order of 3 (engine order 10.65 and 12.65) 

o Inner race waviness order of 3 (engine order 18.34) 

This result is well correlated to the geometry measurement results of the outer races and 
the inner races. The measurement report [10] shows that the races have their waviness 
up to 3 ( 3q in Table 2.2).  

 The amplitudes of sidebands including the higher main engine orders (  ) are 
sometime larger than the amplitudes of the main engine orders ( ). This is due to: 

o There are various imperfection engine orders and their sidebands from different 
bearing parts which can interfere each other. The interferences may cancel or 
reinforce each other before showing a net result at the wheel interface. For example, 
the static unbalance force is usually higher than the force generated by an outer race 
imperfection. The unbalance force creates two sidebands around the outer race 
imperfection: HORI -1 (2.89) and HORI +1 (4.89). The two sidebands have their 
amplitude higher than that of the main outer race engine order HORI, as depicted in 
Figure 2.9.  

 
Figure 2.9: The amplitudes of the sidebands of the outer race imperfection are larger 

than that of the main outer race imperfection engine order 

Outer Race 
Main Order

89.3ORIH  

Sideband 
89.21ORIH  

Sideband 
89.31ORIH    
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o Secondly, the transmission of the imperfection vibrations to the wheel interface also 
influences the measured vibration. For example, the damping factors are different 
in radial and axial direction due to different oil thicknesses and structure in the two 
directions. The vibration transmitted in a path with a high damping factor may be 
suppressed. Hence, the amplitude of main engine orders is not necessarily greater 
than that of side bands. In other words, the amplitudes of imperfection or waviness 
frequencies are not predictable and consequently, cannot be modelled from first 
principles. For this reason, the amplitudes of ball bearing vibrations and other micro-
vibrations from reaction wheels are modelled using an empirical approach as 
presented in chapter 5.  

The above case study shows that the available research results in [6][7][8][9] can be adopted to 
analyze micro-vibration test results. Specifically, the frequencies of imperfections and waviness 
in ball bearings can be identified from the waterfall plot. This identification is the first key step 
to study micro-vibration. The following chapters will focus on the analysis and modelling of 
the amplitude of the imperfections and waviness from ball bearings as well as the unbalances.   

 

2.4 Torque Ripple 

Torque ripple in reaction wheels is referred to as any deterministic (periodic) micro-disturbance 
of the torque along the rotor axis of rotation ( ). Note that only deterministic signals are 
considered as torque ripple. Other random, transient micro-disturbance of the reaction torque 
are referred to torque instabilities and presented in the next paragraph.   

Most reaction wheel designs use a permanent magnet brushless DC motor to drive the flywheel. 
In this motor technology, possible causes of torque ripple are: switching of the active coils of 
the stators, variation in air-gaps between different permanent magnets, current measurement 
errors, stator current unbalance and cogging torque [12]. The torque ripple in the Bradford 
reaction wheel is mainly due to the switching of coils as elaborated below. 

As the principle of DC brushless motor, a stator uses an active coil to push the permanent 
magnet on the wheel rotor by means of the Lorentz force. Assuming the current which flows 
through the coil is constant, the generated Lorentz force is proportional to the magnetic flux 
density of the permanent magnet. Bradford reaction wheels are designed in such a way that a 
coil is only activated in the center part of the magnet. This part accounts for a half of the magnet 
width (W) as depicted in Figure 2.10.  
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Figure 2.10: The switching from phase I (first coil active) to phase II (second coil active) 
drives the rotor a half width of a magnet to the left 

In an ideal design, the central half width of the magnet has a constant magnetic flux density. As 
the result of a constant current and magnetic flux density, the Lorentz force is constant. 
However, in practice, the transient from one active coil to another one (phase switching) is not 
smooth, and the torque ripple occurs due to: 

 A discontinuity caused by a certain dead-time from one active coil to another active 
coil. 

 A variation of Lorentz force because the magnetic flux density is not constant when the 
coil is moving away from the center of the magnet. 

These above two factors constitute the phenomenon of torque ripple in the reaction wheel. The 
torque ripple engine order is the same as the frequency of the coil switching per wheel rotation. 
The switching frequency is twice the number of permanent magnets because the stator needs to 
switch two times to move each magnet. The W18 and W45 wheel have respectively 30 and 36 
permanent magnets. Hence, the main torque ripple engine orders are 60 and 72, respectively. 
Moreover, there are higher engine orders on top of the main torque ripple engine orders. The 
known torque ripple engine orders are 30, 45, 60 and 75 for the W18 wheel and 36, 48, 72, 90 
for the W45 wheel. An example of torque ripple observed on a W18 wheel is depicted in Figure 
2.11. 
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Figure 2.11: The four torque ripple engine orders observed on a W18 wheel 

The torque ripple has a small contribution to the satellite pointing error compared to other types 
of micro-vibrations ( , ) because of the following reasons.  

 First, the four engine orders of torque ripple are not significantly amplified by wheel 
resonances at the range of 400 Hz and 450 Hz (see Figure 2.11). Note that the wheel 
resonances are the cause of the highest peaks in the other micro-vibration spectra (see 
Figure 2.8). These highest peaks are typically violates the requirement of pointing error.  

 Second, the maximum amplitude of the torque ripple is typically less than 0.01 Nm. 
This value is much smaller than other five types of micro-vibrations, each in the order 
of a few N and 0.1 Nm.  

 Third, the torque ripple amplitude increases with its frequency. The low frequency 
torque ripple is apparently smaller than the 0.01 Nm. The high frequency torque ripple 
(greater than 500 Hz) has high amplitude (still smaller than 0.01 Nm) but the vibrations 
at this high frequency are not effectively transmitted via spacecraft structure to the 
payload [4].  

For these reasons, the torque ripple is not further studied in this thesis.  
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2.5 Torque Instabilities 

Torque instabilities are referred to as random or transient disturbance on the reaction torque 
along the rotor axis of rotation ( ). Three types of torque instabilities are observed and 
characterized in Bradford reaction wheels [13][14]:  

 Torque noise is a random torque signal which occurs on top of the generated reaction 
torque. Torque noise exists in all operational modes: constant speed, acceleration and 
deceleration. Excluding the known resonances of the sensor and set-up, the torque noise 
is in the order of 2.10-5 Nm. The characterization of torque noise shows that it has 
negligible dependency to temperature or wheel model. 

 Oil jog is referred to as a decrease of reaction torque (maximum 0.005 Nm) from the 
nominal reaction torque of the wheel for a short duration. The oil jogs occur only at a 
low speed range up to 1200 RPM and the duration is typically less than 5 s as depicted 
in Figure 2.12. 

 

Figure 2.12: Oil jogs occur up to 1500 RPM (left) and last for less than 5 s (right) on 
the three tested wheel models [13] 

The oil jog phenomenon is thought to be due to the accumulation of excess oil at a 
particular point within the bearing. This amount of oil fills up the gap between the cage 
and the races, resulting in a sudden increase in friction. This bridge of oil is then 
redistributed throughout the bearing and repeats the bridge itself, usually at a regular 
period of less than 0.3 Hz. Typically the oil jogs are only present at the newly 
assembled bearing. They disappear with an accumulation of wheel rotation in an order 
of a few hundred hours. 

 Torque jump is referred to as a sharp and sudden decrease of reaction torque of more 
than 0.005 Nm as depicted in Figure 2.13. The torque jump usually lasts longer than oil 
jogs (more than 5 s) and up to a few hours. The torque jump only occurs at wheel speeds 
higher than 1200 PRM. All the evidence from the characterization of torque jump points 
to the bearing cage instability [14][16]. 
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Figure 2.13: Filtered reaction torque shows two torque jumps including a short bounce-back 
from the nominal performance [13] 

A comprehensive investigation on the torque instabilities was performed by Bradford under the 
supervision of the European Space Agency [19]. The key achievements are [13][14]: 

 The properties of torque instabilities such as their amplitude, duration, occurrence 
frequency were empirically characterized on five reaction wheels. Dedicated 
measurement equipment and data processing techniques were developed to obtain the 
characterization results. The resulting trend was also correlated and confirmed by the 
in-orbit experiences on Rosetta, X-ray Multi-Mirror (XMM) and Solar and 
Heliospheric Observatory (SOHO) mission [15].  

 The characterization was also performed throughout the operating temperatures of the 
wheel to determine the variation of the torque instabilities. Moreover, the variation of 
torque instabilities was also evaluated under three lubrication conditions: under-
lubrication (oil starvation), nominal lubrication and over-lubrication (excess amount of 
oil). The qualitative variation is summarized in Table 2.5. The exact variation is 
presented in [13]. 

Table 2.5: Summary of torque instability characteristics [13] 

Type Property Temperature Wheel Speed Lubrication  

Noise Noise floor Negligible Increase (10% in 0 … 
3000 RPM range) 

Slightly higher for 
over-lubrication 

Oil jog 

Occurrence More frequent at 
higher temperature 

Max. in 800 … 1200 
RPM range 

More frequent for 
over-lubrication 

Amplitude Lower at higher 
temperature 

Max. at ~500 RPM, 
decrease at higher speed 

Higher for over-
lubrication 

Duration No dependency Decrease No dependency 

Torque 
jump 

Occurrence More frequent at 
lower temperature 

More frequent at higher 
wheel speed 

Appear only at over 
lubrication 

Amplitude Higher at lower 
temperature 

Increase with speed 
from 1000 RPM  Inconclusive 

Duration Sustained longer at 
lower temperature No dependency Inconclusive 
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 The properties of the torque instabilities were incorporated into the functional model of 
the wheel in the Simulink® environment [17]. Thus, they are packed and deliverable 
to Bradford customers for their evaluation as well as developing a new controller for 
spacecraft to cope with torque instabilities [18]. 

The investigation on torque instabilities was performed in an empirical manner since the main 
objective was characterization. The physical causes and the theoretical modelling of the torque 
instabilities were not the objectives. Moreover, the occurrence frequency of torque instabilities 
overlaps with the satellite Attitude and Orbit Control System (AOCS). Therefore, unlike micro-
vibrations, the torque instabilities in principle can be partially suppressed by a suitable control 
strategy of the Attitude and Orbit Control System. Therefore, the topic of torque instabilities is 
only limited to this section. No further elaboration of torque instabilities is provided in this 
thesis.  
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Chapter 3 
 

Micro-vibration Measurement 
 
 
 
 

In this chapter, we provide an introduction to the measurement of micro-vibration. Firstly, the 
two measurement approaches and their application range are presented: on-ground and in-orbit. 
Finally, we present the working principle and the performance characteristics of the reaction 
wheel characterization facility at the European Space Agency. This facility is used for all micro-
vibration measurements in the frame of this thesis.    
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3.1 Introduction of Micro-vibration Measurement  

A micro-vibration measurement (or test) on a reaction wheel has the following goals: 

 The micro-vibration measurement is one of the acceptance tests for a reaction wheel to 
determine whether the product is free from workmanship or materials defects, and that 
no error has been introduced during the assembly or integration phase. For example, a 
high level of unbalance, rotor misalignment and bearing defects can be detected through 
this test. 

 The micro-vibration test results are compared to the micro-vibration requirement 
specifications which are derived from the pointing budget of a satellite. The comparison 
determines if the wheel is acceptable to a satellite regarding micro-vibration 
performance. Moreover, the micro-vibration test results are the input for the verification 
of the satellite pointing performance.  

 A micro-vibration test can also be used as a health condition monitoring tool for reaction 
wheels in general and for their ball bearings in particular [2]. The health status of ball 
bearings can be obtained through advanced signal processing and rotating machine 
diagnostic techniques.   

 

3.2 Measurement Approaches 

Micro-vibration measurements of a reaction wheel can be implemented with two approaches: 
on-ground and in-orbit measurement. This section provides an introduction of each approach 
and how the measurement data are used in each approach. The on-ground measurement is the 
focus of this thesis.  

3.2.1 On-ground Measurement 

The on-ground micro-vibration measurement is categorized into two sub-groups with respect 
to the boundary condition: uncoupled and coupled. 

In an uncoupled measurement, a reaction wheel is hard mounted onto stiff measurement 
equipment. The eigenfrequency of the equipment is at least higher than the relevant frequency 
range of the micro-vibrations, typically between 1 Hz and 1000 Hz. This measurement approach 
is preferred for the wheel supplier since the method has the advantage of well-defined and 
reproducible boundary condition. The measurement results are also independent of mission 
brackets and mounting platforms. The results of uncoupled measurements are used for the 
prediction of spacecraft pointing stability [8][9].   

In a coupled measurement, a reaction wheel is mounted on either a representative structure [6], 
or a wheel bracket, or a wheel damper [8], or a known seismic mass [7]. The main objective of 
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the test is to validate an existing prediction of micro-vibrations derived from the results from 
the uncoupled approach. In some cases, a coupled measurement at spacecraft level is performed. 
An example is the verification on the SOHO spacecraft [10]. In this test, the reaction wheels 
are mounted on the representative spacecraft structure and spun at typical operational speeds. 
At the same time, the optical performance of payloads is verified. Only some exceptional 
missions have a dedicated test campaign to verify the pointing stability in an end-to-end 
manner: from reaction wheels to payloads. This approach is typically not preferred because of 
the high cost involved. This approach is out of the scope of this thesis. 

3.2.2 In-orbit Measurement   

The in-orbit measurements of micro-vibrations at the level of satellites, subsystems and 
payloads were performed on a few space missions. For example, in-orbit measurements were 
performed during OLYMPUS, ARTEMIS, SPOT-1 missions as presented in [2] and [3]. On 
the ARTEMIS spacecraft, a Micro-Vibration Monitor (MVM) was installed to monitor 
vibrations emitted from two reaction wheels and two momentum wheels during operation [2]. 
Another example is the originally unplanned listening campaign during the comet-chasing 
mission ROSETTA. This listening campaign was made possible with a workaround solution 
by using sensors on the three feet of the Rosetta Philae lander. 

On the one hand, the in-orbit micro-vibration measurement is an approach with the most 
dynamically representative configuration. On the other hand, results from the in-orbit 
measurements need to be treated with extreme care. Measurements in orbit also contain the 
vibratory signals from all other sources: cryocoolers, pointing mechanism of payloads and also 
interactions of multiple reaction wheels in operation simultaneously at different speeds. This 
interference is unavoidable given the operational constraints of the spacecraft such as its 
trajectory and scientific operations. Even in a dedicated listening campaign of the wheel, the 
operational wheel speed range during the campaign is limited. In addition, the dedicated in-
orbit measurements require dedicated equipment and sensors which lead to an increase of the 
spacecraft cost.  

The in-orbit measurements mainly aim to confirm the predicted micro-vibration performance 
or obtain statistics of wheel micro-vibration performance in flight. The in-orbit measurement is 
out of the scope of this thesis. 
 

3.3 The Reaction Wheel Characterization Facility (RCF) 

Within the frame of this thesis, all micro-vibration measurements have been performed at the 
Reaction Wheel Characterization Facility (RCF) at the European Space Agency (Noordwijk, 
The Netherland). The RCF is an uncoupled micro-vibration measurement facility. This section 
introduces the working principle of the RCF and its key performing parameters. 
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3.3.1 Working Principle  

A direct force measurement with four, tri-axial piezoelectric force sensors is employed in the 
RCF. In this approach, the Reaction Wheel Assembly (RWA) is hard-mounted on a top-plate 
as shown in Figure 3.1.  
 

 
Figure 3.1: Working principle of the RCF with four tri-axial piezoelectric force sensors [1] 

The base-plate of the RCF is mounted to a large seismic mass which is supported by pneumatic 
isolators to prevent vibrations from surrounding environment. The only link between the top-
plate and the base-plate is the set of four force sensors which measure micro-vibrations from 
the mounted reaction wheel. This principle was suggested by Kistler Instrumentation [1] and is 
known as the Kistler dynamometer. 

The RCF has the capability to measure the force and momentum components of micro-
vibrations along all the three Cartesian axes: Fx, Fy, Fz, Mx, My, Mz. These components are 
determined as shown in Figure 3.2 and Equation (3.1). 
 

 
Figure 3.2: Output of force elements from the set of four tri-axial piezoelectric force sensors, 

positioned at a distance 2a in the x-direction and 2b in the y-direction, respectively 

Tri-axial piezoelectric 
force sensor 

Top-plate where RWA 
is hard mounted 

Base-plate, connected 
to ground 
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The actual RCF equipment is depicted in Figure 3.3.  

  
 

Figure 3.3: Overview of the ESA Reaction Wheel Characterization Facility – RCF with a 
W45 Bradford reaction wheel mounted on top (courtesy ESA/ESTEC). 

3.3.2 A Typical Micro-vibration Measurement  

In a typical micro-vibration test, the vibrations from reaction wheels during three operation 
modes are recorded.  

 Coast down mode: the wheel is driven to its maximum speed of 4000RPM, and then the 
input power is removed to let the wheel slowly coast down due to its internal friction. 
Micro-vibrations from the wheel are continuously recorded during this test. 

 Constant speed mode: the wheel speed is maintained at a constant level. The emitted 
micro-vibrations during a constant speed are recorded, typically for ten seconds.  

Pneumatic 
Isolators 

Seismic 
Mass 

Force 
Sensors  

Top-plate 
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 Full torque mode: the wheel is commanded with its highest torque to run up or run down 
between zero speed and the maximum speed. During such a run-up or run-down in about 
one hundred seconds, the micro-vibrations are continuously recorded.  

Via these three operation modes, the wheel micro-vibrations are systematically measured 
covering full wheel speed range and at different acceleration rates. In all modes, the wheel speed 
and the emitted micro-vibrations are simultaneously recorded.  

3.3.3 Performance Characteristics 

The RCF has demonstrated the following key performance characteristics in Table 3.1. 

 Table 3.1: Key performance characteristics of the RCF [13] 

Parameters Performing range 

Amplitude 
yx FF / : 20 mN – 200 N; zF : 40 mN – 200 N 

yx MM / : 2 mNm – 20 Nm; zM : 6 mNm – 25 Nm 
Cross talk < 2 %  
Linearity < 1.5 % 

Operation conditions Ambient and vacuum 
Maximum specimen (RWA) mass 20 kg 

Usable Frequency Bare table: < 1200 Hz in X/Y and < 1800 Hz in Z 

The key performance characteristics provided in Table 3.1 are verified by an extensive 
verification program as presented in [13]. These performance parameters fully cover the 
expected amplitude and frequency range (1 Hz to 1000 Hz) of micro-vibrations from reaction 
wheels. However, the parameter, “usable frequency”, in Table 3.1 has to be determined in every 
measurement due to the mass differences from one model to another model of reaction wheels. 
The “usable frequency” is determined in the dynamic characterization of the RCF as presented 
in the next paragraph. 

3.3.4 Dynamic Characterization  

The RCF employs four forces sensors to measure micro-vibrations and also to support  the RCF 
top-plate and the tested reaction wheel. The combined four sensors have stiffnesses of  
~1000.106

  in the X/Y and ~2600.106
   [14] in the Z direction which are lower than  

that of the top-plate. Hence, the sensor stiffness results in the first resonant frequencies of the 
complete test set-up including the test wheel [13] as depicted in Figure 3.4.  
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Figure 3.4: The force sensor (dash boxes) results in the first resonant frequency of the RCF 
(only depicted the flexibility in Z direction) 

Since the tested reaction wheel generates micro-vibrations during its operation, the wheel 
becomes an excitation source of its test equipment, the RCF. As a result, the wheel micro-
vibration is amplified by the flexibility of RCF. The amplification factor at each frequency is 
dependent on how close the excitation frequency is to the test set-up resonant frequency.  
Moreover, the test set-up resonant frequency also varies with the actual mass on top of the RCF 
which is dependent on the mass of the test wheel. Therefore, the dynamic response of the test 
set-up, or called the Frequency Response Function (FRF), has to be determined in each micro-
vibration measurement.  

In a FRF measurement on the RCF, a mini-shaker is employed to excite the top-plate from 50 
Hz to 2000 Hz while all force sensors are simultaneously recorded as depicted in Figure 3.5. 
As a result, four FRF’s are obtained in each measurement since there are four force sensors, 
LC1 to LC4.  

 
Figure 3.5: A mini-shaker is employed to excite the top-plate in Z direction (left) and in X 

direction (right) 
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In-Plane FRF (X/Y direction) 

An example of two FRF measurements results in X direction for two identical wheels (10-852 
and 10-854) is provided in Figure 3.6. The FRF measurement on the wheel 10-854 is performed 
three months after the measurement on the wheel 10-852. 

 
Figure 3.6: The FRF results in X direction on multiple wheels  

The results in Figure 3.6 firstly show that all the eight FRF curves on all force sensors overlap 
to each other in the range up to 1000 Hz. The differences among the FRF curves is less than 
4% in the range up to 1000 Hz which is the highest frequency of interest for micro-vibrations. 
Therefore, it can be concluded that the RCF has a very good repeatability of FRF in X direction 
considering the unit-to-unit variation and measurements at three months apart.  

The FRF results also show that the measurement output of the RCF overrates the wheel micro-
vibration at a factor of 1.05 at the wheel resonance at 465 Hz. The micro-vibration at this 
frequency is important because the highest micro-vibrations are always at this frequency (see 
Chapter 2). At the highest frequency of the spectrum 1000 Hz, the FRF is approximately 1.8. 
However, the measurement results at 1000 Hz is not particularly interesting because the micro-
vibration at this level is always low, and hence it does not significantly excite the RCF at this 
frequency.  

Out-of-Plane FRF (Z direction) 

The results of the FRF measurement in Z direction are presented in Figure 3.7. 
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Figure 3.7: The FRF results in Z direction on multiple wheels  

Unlike the FRFs in X direction, the FRFs in Z direction presented in Figure 3.7 have an offset 
between the curves due to the relative location of each sensor to the mini-shaker. As depicted 
in Figure 3.5, the mini shaker is mounted nearly on top of LC3, and hence the LC3 has the 
highest level of excitation as well as its FRF. Meanwhile, the FRF of LC2 and LC4 have similar 
excitation because they have the same distance to the shaker. The FRF of LC1 is the lowest 
because it has the largest distance to the shaker, and hence the least excitation from the shaker.  

At the wheel resonance of 290 Hz, the FRF of the measurement equipment is 1.04. Again, the 
FRF at 290 Hz is particularly compelling because the expected highest micro-vibrations are 
always at this point. 

The above examples show that FRF of the RCF can be determined for each reaction wheel 
micro-vibration measurements. The FRF results show that the amplification of the RCF at 
critical frequencies, i.e. at the wheel resonances where the micro-vibrations peak, is at 
maximum of 1.05 (+5%). The amplification at this level is about the same order of magnitude 
as sensor crosstalk and linearity. Therefore, a compensation for the amplification is not needed.  

3.3.5 Concluding Remarks 

The uncoupled measurement equipment, the RCF, covers the expected amplitude and dynamic 
range of reaction wheel micro-vibration. The performance characteristics are clearly 
determined and verified. For these reasons, all the micro-vibration measurements for Bradford 
reaction wheels were performed on the RCF.    
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Chapter 4 
 

Micro-vibration Analysis  
 
 
 

The previous chapter shows the principle of acquiring micro-vibrations emitted from a reaction 
wheel during its operation. This chapter focuses on the signal processing of the measured micro-
vibration data. The signal processing can determine whether a micro-vibration data set 
conforms to requirement specifications and can also be used as a powerful tool for reaction 
wheel condition monitoring. Such a condition monitoring tool can provide an insight into the 
micro-vibration causes and can be used as an early anomaly detection.     

This chapter begins with a review of signal processing techniques which can be used to monitor 
the most critical and hard to diagnose components in reaction wheels: the ball bearings. Next, 
the most basic and effective technique based on spectral analysis is presented. Finally, the 
envelope analysis technique for the reaction wheel application is developed. This envelope 
analysis is a complementary method to the basic spectral analysis method since it is more 
responsive to small changes of bearing imperfections.  
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4.1 Review of Signal Processing Techniques 

With a rapid expansion of computational power, various digital signal processing techniques 
have been developed over the years. For the application of bearing condition monitoring, a 
number of reviews of signal processing techniques can be found in [1][2][3][9][13]. This 
section presents a summary of the signal processing techniques which can be used to support 
the monitoring, detection and diagnosis of imperfections in reaction wheel bearings.  

4.1.1 Time Domain Techniques   

Time domain techniques are the simplest methods to detect the vibrations due to imperfections 
on bearing parts. The vibration amplitude is monitored and quantified by peak, Root Mean 
Square (RMS), Crest Factor (Peak/RMS) and Kurtosis1. The peak and RMS directly indicate 
any change in vibration amplitude. The Crest factor and Kurtosis are independent of the 
vibration amplitude but responsive to the impulsiveness or spikiness of the signal caused by a 
major fault. An example of using time domain techniques on micro-vibration signals on a wheel 
measured before and after a shock test is given in Figure 4.1.  

   
Figure 4.1:  Data in time domain before shock (left) and after shock (right) at 1500RPM 

The results in Figure 4.1 show that there is a clear change in the wheel vibration signal since 
the peak and RMS are nearly doubled in the data after a shock test. The changes in Crest factor 
and Kurtosis are less pronounced. It is known that both Crest Factor and Kurtosis are more 
responsive to the occurrence of one major fault [1]. However, if there are multiple faults, the 
vibration pattern becomes more random, and only peak and RMS increase. Hence, the Crest 
Factor and Kurtosis are not suitable to detect multiple faults or multiple imperfections.  

In general, the time domain techniques are an effective method to detect changes in bearing and 
wheel health. However, their drawback is in the incapability to localize imperfections. 

                                                 
1 , where  denotes the mean value of the discrete time signal  having 
N data points. 
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4.1.2 Frequency Domain Techniques   

Basic techniques 

The frequency domain techniques are the most common and powerful techniques which are 
used in bearing vibration analysis. The techniques are based on the Fourier transformation, 
especially the fast and efficient method using Fast Fourier Transformation (FFT). With the 
transformation, the vibration signal is decomposed into different frequency components, which 
are usually expressed in a power spectrum. From the power spectrum, one can examine the 
contribution of each vibration frequency. To reduce noise and overcome the fact that only a 
finite time of vibration data is sampled for analysis, the Welch method is used for a smooth 
estimation of the power spectrum. In this method, the vibration signal is split into overlapping 
time segments which are then transformed into the frequency domain. The final power spectrum 
is obtained by averaging the spectra from the overlapping segments. Other alternatives of power 
spectral estimation are the maximum likelihood technique, the autoregressive estimation 
technique and the moving average technique [1] [4]. 

The representation in the frequency domain can also be in the form of an amplitude spectrum. 
The amplitude spectrum is a result of the square root of the power spectrum. In the application 
of reaction wheels, all the requirement specifications are given in amplitude spectra. Therefore, 
the analysis is performed in the amplitude spectra rather than the power spectra.  

In addition to examining a single amplitude spectrum, the comparison of amplitude spectra is 
also performed. Two vibration amplitude spectra are compared to each other to search for the 
development of imperfections [2]. However, the spectral comparison is typically not observable 
at every imperfection frequency due to the low amplitude of the mechanical impact generated 
by imperfections. Therefore, the signal-to-noise ratio is a limiting factor in the spectral 
comparison approach for the reaction wheel application.  

A further step in frequency domain technique is the technique to transform the vibration signal 
to the order domain. In the simplest form of this method, the vibration frequencies are divided 
by the wheel rotational speed. In this form, the order is the normalized frequency. A more 
advanced method of the order domain is implemented via order tracking technique. Order 
tracking improves the synchronization between the acquisition of the vibration signal and the 
actual wheel rotation. As a result, the vibration peaks, which are usually correlated to wheel 
speed, are sharper since any speed fluctuation are corrected for. The order tracking techniques 
can be in the form of angular resampling [6] or Vold-Kaman filters [7]. Order tracking is not 
needed in the reaction wheel application in this thesis since the normalized frequency 
techniques reach sufficient accuracy (see details in section 4.2.2). Moreover, the order tracking 
technique requires an extensive and hence time-consuming tests at a large number of wheel 
speeds, which are not available. Therefore, the order tracking technique is not further 
investigated. 
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Advanced techniques 

Envelope analysis is a powerful technique to overcome the issue of low signal-to-noise ratio in 
the frequency domain. This technique is based on the concept of the impulse model. In this 
model, each time a localized defect or imperfection makes a contact under load, it generates an 
impulse [9][13][16]. The energy of the impulse distributes over a wide frequency range and 
excites various resonances of the surrounding structures. The resulting signal is an amplitude 
modulation signal where the information signal is the imperfection signal, and the carrier signal 
is the resonance signal. Since the amplitude modulated signal occurs at the resonance, it has a 
higher signal-to-noise ratio than that of the original imperfection. The envelope technique 
makes use of this high signal-to-noise ratio signal and demodulates the signal to reveal the 
imperfection frequencies effectively. Paragraph 4.3 of this chapter presents in detail the 
adoption and tailoring of the envelope analysis technique for the micro-vibration test data to 
localize bearing imperfections.  

A few other techniques can be used to enhance the bearing signals such as Cepstrum and higher 
order spectrum analysis, bispectrum [1]. Moreover, to further improve the signal before 
applying the Envelope analysis, a number of techniques can be used to reduce the noise from 
the bearing signals such as order tracking, Self-Adaptive Noise Cancellation, Minimum 
Entropy Deconvolution and Spectra Kurtosis [9]. The drawbacks of these methods are the 
computational complexity and the difficulty in interpreting and correlating the results. 
Therefore they are targeted for complex applications such as bearings in a gearbox where the 
gear meshing frequencies have a significant influence to the bearing signal. These techniques 
are not further explored in this thesis. 

4.1.3 Time-Frequency Domain Techniques   

The time-frequency analysis was developed to study the transient effects of signals. This 
analysis consists of three main techniques: Short Time Fourier Transform, Wigner-Ville 
Distribution and Wavelet Transform.  

The Short Time Fourier Transform is the most commonly used method in time-frequency signal 
representation. It is based on Fourier Transform within a time window , where the data is 
assumed to be stationary [10]. With this technique, one has to tradeoff between the time window 
T and the frequency resolution . If a large time window is selected, the frequency resolution 
is improved and vice versa. However, the signal may not be stationary anymore with a large 
time window and the time resolution to inspect the transient effect is reduced. The need to 
tradeoff between time and frequency resolution is the main drawback of Short Time Fourier 
Transform.  

The Wigner-Ville Distribution technique uses the Wigner-Ville Distribution to express the 
spectral density of the measured vibration signal in time [11]. This method is suitable for a short 
time non-stationary event such as impacts, amplitude, and phase modulation [1].   
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The Wavelet Transform is another approach providing a time-frequency map of the signal being 
analyzed. Unlike the Fourier transform with a fixed time window, the Wavelet Transform uses 
a family of wavelets having variable time windows for different frequencies. In this way, the 
Wavelet Transform can represent high-frequency components with a sharper time resolution 
than the low-frequency components. Consequently, the Wavelet Transform provides a good 
trade-off between time and frequency resolution to uncover defective frequencies and structural 
frequencies at the same time.    

In conclusions, the time-frequency techniques are mainly aimed to study the transient effects 
of vibration while the objective of micro-vibration analysis is to localize the bearing 
imperfection in a steady state condition. All the time-frequency techniques aim to optimize the 
relationship between the time window and the frequency resolution. As a result, the time-
frequency techniques usually require a broad and high sampling frequency up to hundreds of 
kHz so that the high frequency of the impact can be distinguished from the bearing noise. 
However, such a high sampling frequency is not available in our micro-vibration testing. Hence, 
the time-frequency techniques are not further discussed in this thesis. 
 

4.2 Primary Micro-vibration Analysis 

The review of signal processing techniques pointed out that the frequency domain technique is 
the preferred technique to be used for the purpose of bearing health diagnosis. Moreover, the 
knowledge of ball bearing vibrations provided in Chapter 2 and the requirement specifications 
for reaction wheels are all in the frequency domain. Therefore, the frequency technique is 
chosen to be the primary approach for micro-vibration analysis presented in this section. 

4.2.1 Analysis Approach  

In this primary approach, a micro-vibration analysis consists of the following steps: 

a. Obtain micro-vibration data from a coast down test. The coast down test provides a full 
micro-vibration picture since it covers the full wheel speed range.   

b. Plot the coast down micro-vibration data in frequency domain and stack these spectra 
as a function of wheel speed. The result is the waterfall plot depicted in Figure 4.2. This 
type of plot provides an overview of vibration sources as presented in Chapter 2 and 
wheel resonances to be presented in Chapter 5. 
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Figure 4.2: A waterfall plot provides an excellent overview of micro-vibration 

c. Compare the maximum (or peak-hold) of the micro-vibration results with the 
requirement specification. Typically, the requirement specifies the micro-vibration in 
the frequency domain and within a partial or full speed range. Figure 4.3 shows an 
example of a typical requirement to cap the radial disturbance forces from 1 Hz to 1000 
Hz throughout the complete speed range 0 RPM to 4000 RPM. 

 

Figure 4.3: The peak-hold of measured micro-vibration compared with a requirement  

d. Localize and evaluate prominent vibration orders (see Figure 4.4). The amplitudes of 
the prominent orders can be compared with those in a previous measurement or a family 
database. At this stage, the comparison between orders is done at a specific speed. For 
example, the radial force at the order of 0.61 caused by a cage imperfection at 4000 
RPM is typically less than 0.05 N. An outlier significantly higher than 0.05 N would 
indicate an anomaly in the cage.  

e. Localize the source of highest disturbance peaks. The causes of highest peaks always 
have the attention because they potentially violate the requirement specifications. The 
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highest peaks of micro-vibration are always the result of vibration sources amplified by 
the wheel resonances. The two highest peaks throughout complete speed range can be 
easily spotted at the order of 8.78 (2HORI + 1) and 12.99 (3HBI + HCR).  

 

Figure 4.4: A waterfall plot shows the vibration source orders of the two highest peaks 

4.2.2 Discussions 

The primary approach of micro-vibration analysis uses a simple transformation of the measured 
data into the frequency domain or the order domain. This is a simple and effective approach to 
diagnose major micro-vibration sources of reaction wheels. 

The primary analysis approach in this thesis is based on the micro-vibration measurement with 
a wheel coasting down from its maximum speed, 4000 RPM. A coast down measurement has 
the advantage in covering the full speed range of the wheel and provides a sufficient accuracy 
for the analysis of vibration sources. Typically, micro-vibration data are windowed at 1 second. 
Hence, the frequency data has a frequency resolution of 1 Hz. Dividing the frequency data 
starting from 2400 RPM (40 Hz) gives the orders a resolution of 0.025. With this resolution, all 
orders from ball bearings as presented in Chapter 2 can be distinguished from each other and 
hence uniquely identified.  

However, a precise and quantitative comparison of the amplitude for each engine order is not 
yet feasible at this stage. Such a comparison can be implemented only once all the orders are 
fitted to an empirical model as presented in Chapter 5. Alternatively, a small difference of order 
amplitudes can be detected and diagnosed via the envelope analysis provided in the next 
section. 
 

12.99  
(3HBI + HCR) 

8.78  
(2HORI +1)   
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4.3 Advanced Micro-vibration Analysis: Envelope Analysis 

This section discusses a more advanced method to track changes of imperfections over the 
wheel life or environmental tests. This method is based on the adoption of a powerful signal 
processing technique: envelope analysis.  

This section begins with the motivation to adopt the envelope analysis to micro-vibration. Then, 
the fundamentals of how the bearing imperfection signal is generated and modulates the wheel 
structure resonance are explained. The impulse train model will be used for this. Next, a 
procedure for the envelope analysis based on Hilbert transform is presented. Finally, the 
procedure is verified with simulated data and validated with micro-vibration test results to show 
its effectiveness. 

4.3.1 Motivation  

When the reaction wheel is exposed to a high mechanical load like a vibration or shock load, 
the bearing vibration may increase due to the development of imperfections. For example, in 
Figure 4.5, the difference in micro-vibration performance on a reaction wheel before and after 
a high shock load is presented. In this figure, the vibration amplitude after the shock increases 
significantly. However, the increase is only distinguishable around the wheel resonance at 450 
Hz but barely recognizable outside the resonance. Therefore, there are more chances to detect 
the imperfection frequency around the resonance frequencies of the structure. The envelope 
analysis technique is the method to focus on analyzing data centered at wheel resonances.  

The envelope analysis has shown its powerful capability in identifying the defect frequencies 
in bearings over several decades [9][13][16]. Most of the applications of the envelope analysis 
focus on heavily loaded and long-term operated bearings. Hence, the defects in such application 
are major faults due to fatigue. In the reaction wheel application, the bearings are only lightly 
loaded during on-ground operation of the wheel with a rotor mass at maximum 60 N while the 
bearing load capacity is more than 2000 N. Therefore, failure due to fatigue is not applicable. 
There is also no major fault ever detected or expected. Only imperfections due to manufacturing 
or vibration/shock load show up. This chapter will explain the adaption of the envelope analysis 
to the lightly loaded bearings with only imperfections 
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(a) Waterfall plot before shock test 

 

(b) Waterfall plot after shock test 

Figure 4.5: Waterfall plot before (a) and after (b) shock test show a significant increase 
around the wheel resonance of 450 Hz, but the vibration source increase is not obvious     
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4.3.2 The Impulse Train Model of Imperfections  

In this section, vibrations caused by imperfections in bearings are explained by the widely 
accepted and validated concept: the impulse train model [9][14][15]. This model is revisited 
here and then validated to the reaction wheel application at the end of this chapter. Figure 4.6 
shows a simulated impulse model in time domain generated by an imperfection repeated at a 
frequency . 
 

 

 
Figure 4.6: A simulated impulse train generated by an imperfection at frequency       

In the impulse train model, each contact between an imperfection and a mating surface 
generates an impulsive force. The leading edge of the impulse is sharp, corresponding to the 
impact while the decay is approximately exponential because of internal damping. The leading 
edge of the impulse, which contains a broad range of frequencies, excites the rotor bearing 
structure as well as the surrounding structure. These structures start ringing at their resonance 
frequencies: the structural resonance is amplitude modulated at the frequency of the 
imperfection.  

A single impulse  ringing at resonance frequency  while it decays exponentially due to 
an internal damping ratio  can be formulated as in equation (4.1). 

 (4.1) 

Where  is a Heaviside step function to restrict the impulse for : 

 (4.2) 

The impulse caused by an imperfection on a bearing part is repeated at the corresponding 
bearing part’s period . Then, an impulse train  is generated: 

 (4.3) 
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The measured signal contains not only the impulse trains but also random noise as depicted in 
Figure 4.7.  

 
Figure 4.7: Impulse train is masked in the random noise 

The random noise comes from the fluctuation of the impulses through the structure. The 
roughness of the contacting area in both healthy and imperfect bearings also contribute to the 
broadband random noise [18]. The sum of the impulse train signal and the random noise signal 
are detected by the sensors. 

4.3.3 The Demodulation Procedure  

The idea behind the envelope technique is to reconstruct the imperfection signal from the 
amplitude modulated structural resonances. The key step of the technique is to take the envelope 
of the amplitude modulated signal as depicted in Figure 4.8.  

`  

Figure 4.8: Envelope of the amplitude modulated signal caused by imperfections 
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In general, there are two approaches to take the envelope: analogue and digital technique [16]: 

 The analogue technique is based on a filter and rectifier circuit. A high pass filter is used 
to remove the low frequency signal of the imperfection which has a low signal-to-noise 
ratio and contains only the high frequency amplitude modulated signal of the resonance. 
Then a rectifying circuit (an envelope detector) is used to obtain the envelope.  

 The digital technique follows the same principle as the analogue technique. The digital 
approach provides more advanced features such as the flexibility in selecting band pass 
filters, cut-off frequencies and noise cancellation. The envelope signal can be obtained 
by the Hilbert transform. In this thesis, the digital approach is adopted to use the 
advantages of digital signal processing. 

In either approach, the envelope technique essentially reconstructs the signal by taking the 
envelope of the signal at the resonance. As a result, the exact shape of the assumed impulse and 
hence its envelope presented in Figure 4.8 is not a concern. For instance, a major fault is likely 
to form an impulse with a very sharp edge and high amplitude while an imperfection causes an 
impulse with a less sharp edge. The envelope analysis technique is not dependent on whether 
the defects are major faults or imperfections as long as the impulses are separated and the 
corresponding frequency shows up in the envelope spectrum. 

Hilbert Transform  

The Hilbert transform of a signal  is : 

 (4.4) 

Assume an original signal  containing positive and negative frequencies:  and : 

 (4.5) 

The Hilbert transform then results in [19][20]: 

 (4.6) 

Equation (4.6) shows the physical meaning of the Hilbert transform: the transform does not 
change the amplitude of the spectral components of the original signal. The Hilbert transform 
shifts the signal phase by  for the positive frequencies  for the negative 
frequencies. 

One of the applications of the Hilbert transform is to obtain an envelope of a signal. The 
envelope of a signal  is obtained from the amplitude of its so-called analytic signal . 
The analytic signal is a complex signal formed by  as the real part and its Hilbert transform 

 as the imaginary part: 
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 (4.7) 

The operation to take the envelope by the Hilbert transform is depicted in the equation (4.8) 
and Figure 4.9. 

 (4.8) 

 

Figure 4.9: The envelope A(t) of a signal is obtained by taking the amplitude of its analytic 
signal [19] 

Note that replacing equation (4.5) and (4.6) into (4.7), the analytic signal has the form of: 

 (4.9) 

Equation (4.9) proposes one of the efficient ways to obtain the envelope of a signal by 
manipulating data in the frequency domain [2][20]:  

a. Transforming the original signal to the frequency domain;  

b. Doubling the positive frequency components; 

c. Padding zeros to the negative frequency components;  

d. Performing the inverse Fourier transform to get the analytic signal. The amplitude of 
this analytic signal is the envelope of the original signal.  

4.3.4 An Envelope Procedure Using Hilbert Transform  

The envelope technique in fault diagnosis of ball bearings is used already for a long time. The 
first model and theory were investigated by McFadden [13]. A mathematical background of the 
envelope technique is given in [15], and the algorithm based on Hilbert transform is given in 
[16][19]. Many investigators then optimized the envelope technique for a number of 
applications [9][16][21].  

In this thesis, although no further mathematical background is developed, a specific envelope 
procedure based on Hilbert transform is adopted for the reaction wheel application. The 
adaptation includes the following unique points: 
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 The squared envelope spectrum is used to improve the signal-to-noise ratio and the 
interference from other sources [16][17].  

 The selection of the band-pass filter is tailored for the reaction wheel application.  

 A correction factor is used to compare the relative amplitude of two peaks in an 
envelope spectrum. 

The adopted procedure of envelope technique based on Hilbert transform is presented in Table 
4.1.  

Table 4.1: An envelope procedure using Hilbert transform  

Step-by-step description Visualization  

(a) Disturbances in time domain 
consist of two imperfection 
signals (red), as an example, 
masked in random noise (blue). 
A magnification of the two 
imperfection signals is given in 
Figure 4.13. 

 
(b) Apply the forward Fourier 

transform to reveal the structural 
resonances, which amplifies the 
imperfection frequencies.  

(c) Select the band pass frequency B 
around the structural resonance. 
The selection criteria are 
presented in paragraph 4.3.5.  

(d) The band pass frequency is 
filtered. Then shift the lower 
limit frequency of the band pass 
to zero. 

 
(e) Double amplitude and pad zeros 

to double the frequency length 
of the samples to form an one-
sided spectrum in preparation 
for the next step. The benefit of 
using only a positive spectrum is 
explained in the paragraph after 
this table.  
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Step-by-step description Visualization  

(f) Apply the inverse Fourier 
transform to the one-sided 
spectrum to get the analytic 
signal (complex). 

(g) Square the signal by multiplying 
the analytic signal with its 
complex conjugate [16]  

 

(h) Apply the forward Fourier 
transform to obtain the envelope 
spectrum.  

(i) Identify if prominent peaks 
match with the imperfection 
frequencies 

 

(j) Apply a correction factor if one 
needs to compare the relative 
amplitude of two peaks in the 
envelope spectrum. The 
correction factor is presented 
paragraph 4.3.6.   

 

Step (e) is a part of the Hilbert transform as presented in paragraph 4.3.3 to form only the 
positive side of the spectrum instead of mirroring the frequency data into the negative frequency 
part. Padding zero is to double the length of samples. Doubling the amplitude is to compensate 
for the amplitude of the negative side. Moreover, working in the positive one-sided spectrum is 
beneficial in the squaring operation in step (g) because squaring a two-sided spectrum to its 
conjugate potentially leads to the interference as depicted in Figure 4.10. 

 

Figure 4.10: Squaring (a) one-sided spectrum and (b) two-sided spectrum. The interference in 
a two-sided spectrum causes unwanted signals in the envelope spectrum [17] 

Moreover, the squaring step (g) has proven its effectiveness in improving the signal-to-noise 
ratio as well as [16][17]. This step is very relevant to the adoption of the envelope technique to 
reaction wheels because the focus is on the imperfections rather than significant defects caused 

15.2 Hz 51.6 Hz 
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by high loads. Note that squaring by multiplying with the complex conjugate is equivalent to 
computing the amplitude of a signal which is the envelope as presented in equation (4.8).  

Step (d), analyzing the data within a limited band-pass, also leads to the limitation of the 
envelope technique in generating artificial peaks. This limitation occurs when more than one 
imperfection is present. The limitation is described as below. 

 Note that the impulses are repeated at the bearing imperfection frequency. An impulse 
is not a sine wave but a complex shape which consists of a wide range of frequency 
components. Therefore, the frequency representation of such an impulse train consists 
not only of a single imperfection frequency peak but a series of peaks. The spacing 
between the peaks is the bearing imperfection frequency. The highest peaks are centered 
at the resonance frequency as depicted in figure (b) of Table 4.1. 

 Determining the spacing between peaks in each series is the goal of the envelope 
technique. However, there is more than one series of peaks corresponding to 
imperfection frequencies of different bearing parts. These series interweave in the 
frequency spectrum. The interweaving creates the spacing between series which is an 
unintentional by-product of the envelope technique. For example, the two imperfection 
frequency series in the above example 15.2 Hz and 51.6 Hz are modulated at the 
structural resonance of 450 Hz. As depicted in Figure 4.11 (a), the highest peak at 464.4 
Hz (5 x 51.6 Hz), which is the closest one to the resonance, splits the 15.2 Hz spacing 
into two parts: 6.2 Hz and 9.0 Hz. This “unwanted” spacing is also found in the envelope 
spectrum as depicted in Figure 4.11 (b).  

 
Figure 4.11: The interference between the two original frequencies appears in the final 

envelope spectrum 
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 It is also observed in Figure 4.11 that the differences between series are only prominent 
in the vicinity of the resonance. Within the band pass, these differences are not 
repeatable. Thus, the amplitude of “unwanted” peaks in the envelope spectrum is low. 

4.3.5 Frequency Band-pass Selection 

In the envelope procedure described in Table 4.1, the step immediately after the forward Fourier 
transformation (step (b)) is to select a band pass frequency centred at the structural resonance. 
This step is one of the critical stages of the envelope technique because the most relevant 
information with the highest signal to noise ratio is selected in this step for further analysis.  

First, a correct resonance has to be selected. The bearing designed for reaction wheels is an 
angular bearing designed to carry a radial load. The most relevant imperfections on the mating 
surface of bearing parts will therefore cause disturbances with a radial component. As a result, 
the resonance corresponding to radial modes of the wheel rim is the relevant resonance to be 
selected for the envelope technique. The exact resonance peak is depending on the wheel 
models. More details of the resonance peak, wheel rim modes and mode shapes are provided in 
chapter 5. 

Additionally, the bandwidth of the band-pass also influences the signal to noise ratio of the 
imperfection signal. Therefore, the following recommendations are made for the selection of 
the bandwidth. Figure 4.12 visualizes the recommendations. 
 

 
Figure 4.12: Selection of band-pass frequency 

 The lower limit of the band-pass:  

o Firstly, the band-pass shall not include low frequencies which are already well known 
like the unbalance frequency. The exclusion of the unbalance frequencies helps avoid 
the interference with the imperfection frequencies.  

o Secondly, the spacing between the lower limit and the resonance frequency should be 
at least double the expected highest imperfection frequency (the inner race frequency- 

). The recommendation is at least double the highest frequency to ensure that the 
band-pass includes at least one pair of the highest frequency.  
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 The upper limit of the band-pass:   

o The upper limit of frequency band has to be considered from the viewpoint of 
attenuation of the imperfection signal. The farther off the signal from the resonance 
is, the greater the attenuation of the imperfection signal. As a consequence, random 
noise becomes significantly higher than the imperfection signal and then the envelope 
technique is not effective anymore. Therefore, the bandpass limit should be selected 
in such a way that the imperfection signal is at least 3dB (double) of the background 
noise.  

o Finally, the band-pass should be centred at the resonance frequency to obtain both 
sidebands around the resonance peak as depicted in Table 4.1 (b). 

4.3.6 Amplitude Correction in Envelope Spectrum 

Assume there are two imperfections at the same amplitude. They occur on different parts of the 
bearing. As a result, there are two impulse trains with period  and . Both signals are 
transferred through the same structure. Thus, they resonate at the same frequency  and have 
the same decay rate . The two impulse trains are depicted in Figure 4.13.  

 
Figure 4.13: Two impulse trains ringing at 450 Hz by two different imperfections 1500 RPM: 

cage at 15.2 Hz and ball at 51.6 Hz but both imperfections are at the same amplitude 1 N 

The two impulse trains can be formulated as: 

 
(4.10) 
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Since the measurement time  is finite, the impulse train  and  have different number of 
repetitions:  and  periods, respectively:  

 (4.11) 

The Parseval’s theorem states that the total energy in the time domain is equal to the total energy 
in the frequency domain. Therefore, the amplitude of the two impulse trains in the frequency 
domain should be different considering their same amplitude but different periods in the time 
domain. The difference was observed in step (b) of Table 4.1 and depicted in Figure 4.14. 

 
Figure 4.14: The amplitude difference of the two impulse trains in the frequency domain 

Figure 4.14 shows that a low frequency impulse train is represented by more spectral lines 
because its spacing is short. Similarly, a high frequency impulse train appears as fewer line 
spectra. Since both signals have the same carrier frequency at 450 Hz and the same input 
amplitude, the low frequency impulse shows a lower amplitude than the amplitude of the high 
frequency impulse following the energy conservation. 

The amplitude ratio between two specific imperfections H can be computed since the only 
difference of the two signals is the period: 

1

2

1

2

T
T

m
n

A
A

H
f

f  (4.12) 

The difference ratio also shows up in the envelope spectrum. Therefore, to evaluate and 
compare two signals in the envelope spectrum, one should take into account a correction factor 
provided in equation (4.12). For example, the correction factor is applied in step (j) of Table 
4.1 to level the 15.2 Hz and 51.6 Hz peaks.  
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4.4 Verification and Validation of the Envelope Technique   

This section presents the verification and validation of the envelope technique with simulated 
imperfections and with an actual micro-vibration test, respectively.  

4.4.1 Verification with Simulated Signals 

The simulated signals are synthesized following equation (4.3)  and at the same frequency as 
the real signals generated by imperfections and resonances in Bradford reaction wheels. Figure 
4.13 shows radial disturbances which are the result of the two impulse trains by imperfections 
ringing at the wheel rim radial resonance of 450Hz.  

After applying the envelope procedure provided in section 4.3.4, the envelope spectrum of 
simulated signals is obtained as in Figure 4.15. The two imperfection signals clearly emerge 
from the background at the simulated frequencies. Moreover, the imperfection frequencies 
repeat at higher harmonics.  

 
Figure 4.15: The final envelope spectrum with a correction factor of 15.2/51.6 from 15.2 Hz 

With simulated signals, the influence of the broadband noise and band pass frequency selection 
on the result of envelope analysis can be assessed. The ratio between envelope signal peaks to 
background noise is monitored in the assessment. The result is provided in Table 4.2. 
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Table 4.2: Influence of random noise and frequency band pass on the envelope analysis 

Ratio of imperfection signal 
peak amplitude to one  noise Bandwidth of 

Band-pass 

Ratio of imperfection signal 
peak amplitude to 3  noise in 

the  Envelope spectrum 
15.28 Hz 51.62 Hz 15.28 Hz  51.62 Hz 

1 1 200 2.5 4.5 
0.5 1 200 <1.0 6.6 
1 0.5 200 2.5 2.5 

0.5 0.5 200 1.2 2.5 
0.5 0.5 200 2.0 3.0 

0.25 0.5 200 <1.0 3.0 
0.5 0.25 200 2.0 ~1.0 

0.25 0.25 200 <1.0 ~1.0 
1 1 100 2.5 4.5 

0.5 1 100 <1.0 6.6 
1 0.5 100 2.5 2.0 

0.5 0.5 100 1.2 2.5 
1 1 400 2.5 7.5 

0.5 1 400 <1.0 7.5 
1 0.5 400 3.0 2.5 

0.5 0.5 400 2.0 3.5 
1 1 600 3.0 6.5 

0.5 1 600 <1.0 8.5 
1 0.5 600 3.5 2.5 

0.5 0.5 600 2.0 2.5 
1 1 800 3.5 8.0 

0.5 1 800 <1.0 8.5 
1 0.5 800 3.0 2.0 

0.5 0.5 800 <1.0 3.5 

Table 4.2 shows that the envelope technique is effective in case the amplitude of input signal is 
more than half of one sigma random noise. In other words, the presented envelope algorithm to 
the reaction wheel application can demodulate an imperfection signal superimposed in the noise 
with a peak-to-peak amplitude six times higher. The same level of effectiveness is also found 
in [9]. 

The bandwidth increase of the frequency band-pass only slightly enhances the signal-to-noise 
ratio of the envelope spectrum. On the one hand, a higher bandwidth covers more spectral lines 
of the imperfection signal, but, as stated in the discussion of band pass upper limit, the 
imperfection signal is attenuated at a higher frequency, while more noise signal is added. In 
Table 4.2, increasing the bandwidth to 800 Hz leads to a decrease of the signal to noise ratio in 
the envelope spectrum.  
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4.4.2 Validation with Micro-vibration Tests 

This section deals with validating the application of the envelope technique with real micro-
vibration test data. Firstly, the time data of the micro-vibration test are examined for the 
existence of any modulated signal which is the starting point for the envelope technique. Then, 
the envelope spectra of these time data sets are calculated using the presented procedure to 
obtain the imperfection frequencies. 

Time Data Evaluation  

The amplitude modulated signals can be observed at the micro-vibration test results at, for 
example, a low speed of 700 RPM and a high speed of 3100 RPM as depicted in Figure 4.16 
and Figure 4.17, respectively. The envelope of the time data indicates the signal contain traces 
of low frequencies, e.g. 10 Hz. A zoom-in at the span of 0.1s shows that the low frequency 
traces are amplitude modulated at a higher frequency, e.g. 457 Hz. The dominant high-
frequency at 457 Hz corresponds to the resonance frequency of the wheel rim translational 
mode.  

 

 
Figure 4.16: Time data of radial disturbances at700 RPM (top) and the close-up with the 

dominant amplitude modulation signals at 457 Hz (bottom)  
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Figure 4.17: Time data of radial disturbances at 3100 RPM (top) and the close-up with the 

dominant amplitude modulation signals at 457 Hz (bottom)  

Moreover, the time data examination shows that the amplitude modulation phenomenon does 
not occur at all speeds. This observation is also confirmed and correlated in the frequency 
domain plots. For instance, the waterfall plot in Figure 4.2 shows that the wheel resonance at 
450 Hz does not amplify the vibration source signals at all speeds. Therefore, a selection of an 
appropriate data set for the envelope technique is needed. The selection can be made by 
examining the waterfall plot and select the speed where the vibration source is amplified by the 
resonances. Alternatively, one just simply plots the envelope spectra at all speeds and then 
focuses on the envelope spectra which reveal the strongest vibration peaks. 

Envelope Spectrum 

Because the time data show there is an amplitude modulation effect, the envelope technique is 
applied. The envelope procedure is implemented to the two sets of time data presented in the 
previous section. For the Moog Bradford reaction wheels, the band-pass filter is centered at 475 
Hz since this is the radial resonance mode of the wheel rotor. The bandwidth is 400 Hz to 
maximize the number of data points including bearing part imperfection frequencies but to 
exclude the vibration due to unbalance at a maximum of 67 Hz (4000 RPM). The two envelope 
spectra are presented in Figure 4.18 and Figure 4.19. 
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Figure 4.18: Envelope spectrum of radial disturbances about 700 RPM reveals prominent 

peaks correlated to bearing parts 

 
Figure 4.19: Envelope spectrum of radial disturbances about 3100 RPM reveals prominent 

peaks correlated to bearing parts 

Firstly, it is confirmed that the envelope technique with the band-pass centered at 475 Hz did 
demodulate the time signal and revealed the bearing frequencies. These frequencies show as 
prominent peaks in the envelope spectra. Most of the prominent peaks can be correlated to 
bearing components.  

A few prominent peaks related to low orders cannot be correlated to any bearing part. A few of 
them are artificial peaks from the algorithm itself as presented in the limitation of the envelope 
technique.  

Note that the same band-pass was applied to both datasets, which results in the same frequency 
range (400 Hz) for both spectra. However, there is a significant difference in speed: 700 RPM 
versus 3100 RPM. As a result, the highest order (frequency divided by speed) in the 3100 RPM 
envelope spectrum is 400 Hz/(3100/60) Hz = 7.7 which is smaller than highest order of 400 
Hz/(700/60) Hz = 34.3 in the 700 RPM spectrum. The difference is observed in the scale of the 
order axis in Figure 4.18 and Figure 4.19.   
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The absolute amplitudes of the envelope spectra are not particularly meaningful. Firstly, the 
technique analyzes only a section of the original spectrum within the selected band-pass rather 
than the complete spectrum. Secondly, the spectrum is squared during the process (Table 4.1). 
Therefore, the amplitude should be used in a relative manner by comparing to background noise 
or to a previous measurement at the same speed to evaluate the performance trend. 

4.4.3 Envelope Analysis to Track and Diagnose Imperfections  

In this section, changes of imperfections are tracked when reaction wheels are subjected to 
shock and vibration tests. 

Evolution through Sine Vibration 

The first experiment tracks the imperfections of a Bradford reaction wheel after a sine vibration 
test. The sine vibration has its maximum level at 16g in the range of 40 Hz to 45Hz. The 
envelope technique is applied to two micro-vibration test results prior and post the sine vibration 
to make a comparison as depicted in Figure 4.20. The data at approx. 1500 RPM is selected to 
plot the envelope spectrum because it shows most of the peaks from the ball bearings. The 
theoretical orders of the bearing are also plotted in the same graph. 

 
Figure 4.20: Envelope spectrum before and after sine vibration 

In Figure 4.20, the vibration peak that increases slightly after vibration is the cage order (HCR). 
This increase can be linked to either a cage imperfection or an oversized ball as indicated in 
chapter 2. However, the amplitude of the ball main orders (HBI) reduces after the Sine vibration. 
Therefore, the increase at the cage order is moste likely linked to a cage imperfection.  

Moreover, the overall vibration level is comparable in the complete envelope spectrum. 
Therefore, by applying the envelope technique, it is concluded that there is no degradation in 
the bearing performance after the sine vibration. 

The interference due to the envelope algorithm (paragraph 4.3.4 and Figure 4.11) is also 
identified. The two interference peaks at order 0.46 and 0.76 are the results of the split from the 
prominent order 1.22 (2HCR).  
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Evolution through Shock 

The second data set monitors the imperfections after a reaction wheel W18 went through three 
shocks of 2000g. The amplitude of the envelope spectrum after shock significantly increases as 
depicted Figure 4.21.  

 

Figure 4.21: Envelope spectrum before and after 2000g shock 

The comparison of envelope spectra before and after a shock test shows a significant increase 
in the cage order. The increase is in the main and higher orders (x3, x4) of the cage. 
Additionally, considering the correction factor proposed in paragraph 4.3.6, the amplitude of 
the cage imperfection vibration shall be multiplied when comparing to other higher order 
imperfections. Therefore, the cage imperfection has the biggest change after the 2000g shock.  

By the examination in the frequency domain (paragraph 4.2), a significant unbalance shift after 
the shock test on the wheel was identified. On the one hand, the unbalance raises peaks caused 
by the inner race and the balls because these imperfection impacts are reinforced every time the 
unbalance force passes by the imperfection region. The increases of HBI and HIRI are actually 
observed as depicted Figure 4.21.  

On the other hand, the unbalance force has the same rotating frequency as the outer race since 
the rotor is fixed to the outer race. Therefore, the outer race imperfections are almost not 
affected by the unbalance forces [1]. In fact, no increase in outer race order HORI is observed in 
the envelope spectrum in Figure 4.21. Therefore, it is concluded that the amplitude increase in 
the inner race and the balls can be explained and correlated to the unbalance shift. 

The interference due to the envelope algorithm (paragraph 4.3.4 and Figure 4.11) is also 
identified in the two orders: 0.16 and 0.45. These orders are the result of the split from the 
prominent order 0.61 (HCR).  

This case study shows that the envelope spectrum was able to narrow down the suspected 
bearing components which cause the increase in micro-vibration.  
 

0 1 2 3 4 5 6 7 8 9 10
0

0.5

1

1.5

2

2.5

3

x 10-9

Order

En
ve

lo
pe

 A
m

pl
itu

de

 

 

After shock
Before shock

HCR 

3HCR 4HCR HBI HORI HIRI HBI-1 

Interference at order 0.16 and 0.45. 
The sum is 0.61 (HCR)  



Processed on: 30-1-2017Processed on: 30-1-2017Processed on: 30-1-2017Processed on: 30-1-2017

507700-L-sub01-bw-Le507700-L-sub01-bw-Le507700-L-sub01-bw-Le507700-L-sub01-bw-Le

67 
 

4.5 Concluding Remarks  

This chapter showed a variety of signal processing techniques used in the analysis of micro-
vibration test results to monitor, detect and diagnose the condition of reaction wheel health, 
especially the ball bearing health.  

Among the signal processing techniques, the frequency domain analysis is a simple but 
effective method to detect and diagnose anomalies in bearings. The frequency spectra of micro-
vibration test results have a sufficient order resolution (at least 0.025 from 2400 RPM) to 
uniquely identify imperfections or waviness frequencies of the bearing components.  

Additionally, this chapter tailored and verified the application of the powerful envelope analysis 
technique to analyze the micro-vibration data around the wheel resonance where the signal to 
noise ratio is the highest. The tailoring of the envelope analysis technique includes a guidance 
to select a suitable bandpass and a correction factor to compare the amplitude of two 
imperfections in an envelope spectrum. The adopted envelope technique can detect signals 
which are six times lower than the noise level as also claimed in [9]. The envelope analysis is 
proposed to be used as a complementary method to the basic frequency domain method to track 
the changes of bearing vibration amplitude under the impact of environmental tests such as 
vibration and shock tests. 
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Chapter 5 
 

Micro-vibration Models 
 
 

Several micro-vibration models for reaction wheels have been developed over time, using both 
theoretical and empirical approaches. These models can reproduce the main features of micro-
vibrations such as vibrations from ball bearings, rotor unbalances and resonances of rotor-
bearing structures. However, existing theoretical models [1][2][3] do not consider nonlinear 
effects such as the directional stiffness variation of ball bearings and the vibrations due to the 
flexibility of the supporting structure. Empirical model output was not effective because of the 
limited accuracy of available micro-vibration measurement data [2]. The resonances of the 
measurement equipment were within the frequency range of the micro-vibration and these 
resonances significantly interfered with the micro-vibration measurement results. Moreover, 
none of the wheel structural resonances was included in the empirical model [2]. In this chapter, 
a theoretical model and an empirical model are developed and combined to circumvent the 
above limitations.  

The theoretical model is based on the model of a rigid disk and shaft supported by two bearings. 
The model is then complemented with the formulation of varying compliance which is the 
directional stiffness variation of the bearings. Moreover, the flexibility of the reaction wheel 
housing is added. 

The empirical model uses experimental data with an excellent accuracy from a state-of-the-art 
micro-vibration test facility at the European Space Agency as presented in Chapter 3 and [4]. 
The empirical model also includes a new transmission model of the vibration sources to the 
wheel interface, which includes the effects of the wheel structural resonances. As a result, the 
accuracy of the empirical model is significantly improved. Moreover, a pure micro-vibration 
source model, which does not have the influence of the wheel structural resonances, can be 
obtained by simply removing the transmission model from the empirical model.  

In a final step, we build a complete and combined model. The micro-vibration source model is 
added to the theoretical model as an excitation to form a full micro-vibration model for reaction 
wheels. The results of the combined model are then validated by tests on different types of 
Bradford reaction wheels.   
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5.1 Theoretical Model  
 
The development flow of the theoretical model is show in Figure 5.1.  

Rotor-Bearing System Model 

Campbell 
Diagram and 
Validation

Varying 
Compliance 

Model

Supporting Structure 
Model

Theoretical Model

Balanced Wheel 
Model

Unbalanced 
Wheel Model

 
Figure 5.1: The development flow of the theoretical model 

5.1.1 Rotor-Bearing System Model 

Modelling Approach and Assumptions 

The establishment of the theoretical model is based on the reaction wheel structural design as 
depicted in Figure 5.2.   

    

Figure 5.2: Reaction wheel shaft, bearing and rotor arrangement  

The following assumptions are made to form the theoretical model: 

Lower Bearing 

Upper Bearing 

Wheel Rim 

Shaft  
Rotor center of mass  
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 The wheel rim is assumed to be a rigid body. The wheel Finite Element Model and its 
verification tests (vibration test and low-level resonance search) [5] confirms no resonant 
frequency associated with the flexibility of the wheel rim within the frequency range of 
interest (up to 1000Hz).  

 The shaft, which supports the two bearings and the rotor, is assumed to be a rigid body. 
Firstly, the shaft has a stiff design. The shaft is made from a high elastic modulus material: 
Titanium-Aluminum alloy which also improves the stiffness of the shaft. Secondly, the rotor 
centre of mass is very close to the fixed end of the shaft: just 30mm above the lower bearing. 
The 30mm distance is one-fourth of the shaft length of 120mm (Figure 5.2). This low rotor 
center of mass makes the first resonant frequency of the shaft and rotor well above the 
highest frequency of interest (1000 Hz). 

 Gravity is not included in the model because it is not present in the operational environment 
of the wheel (in orbit). Moreover, gravity does not affect the structural modes of the system.   

 The theoretical micro-vibration model does not necessarily represent all structural modes of 
the complete reaction wheel assembly. Modes related to the internal construction, e.g. modes 
related to printed circuit boards (electronics) which do not manifest in the micro-vibration 
performance, are not taken into account for the theoretical micro-vibration model. 

The modeling in general is based on the knowledge of rotordynamics [6] and in particularly the 
model for reaction wheels developed in [2][3]. The equation of motion is derived based on the 
energy approach, i.e. the Lagrange method. The simplest model, the model of a balanced wheel, 
is firstly developed. Then static and dynamic unbalances are added. Finally, the influence of 
bearing stiffness variation is also included. 

Balanced Wheel Model 

From the wheel design and the above assumptions, the first theoretical model is built as shown 
in Figure 5.3. The rotor is modelled as a rigid disk on a rigid shaft supported by two ball 
bearings. Each bearing is modelled as a spring and a dash-pot damper, to represent the bearing 
stiffness and the damping, respectively. One end of each bearing is connected to the rotor via 
the shaft, the other end is connected to the ground.     

The origin of the coordinates is at the center of the disk mass. To consider the rotational degrees 
of freedom, the Euler rotation is employed to rotate the disk following the convention Y-X-Z 
(Figure 5.3). The first rotation is about the Y-axis with a rotational speed  to an intermediate 
coordinate system . The second rotation is about the a-axis with a rotational speed  to a 
rocking coordinate system . Finally, the disk rotates about the shaft with a rotational 
speed  to the final coordinate system . 
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Figure 5.3: Model of balanced wheel  

The equations of motion are derived using the Lagrange equation. The kinetic energy in the 
rocking coordinate system due to the motion of the disk at a prescribed rotational speed Ω is 
given below [2]: 
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Where ,M ,zI rI  are respectively the mass, the moment of inertia about the axis of rotation Z  
and the moment of inertia about the axis X or Y of the disk (the wheel rotor). 

The potential energy of the system is equivalent to the energy stored in the springs [2]: 
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The Lagrangian (L) calculated for the system is: 

VTL  (5.3) 

External forces are generated by the viscous dampers which originate from the bearing 
mechanism including lubricant: 
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In each degree of freedom of the system, an equation of motion can be derived from the Euler-
Lagrange equation as follows: 
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Defining the relative position of the disk between the two bearings by a ratio  and 
replacing equation (5.1) to (5.4) into equation (5.5), the five equations of motion are: 
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Assuming the rocking motions (θ and ) have a small amplitude, the equation of motion for a 
balanced wheel is linearized into the following form: 
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Rearranging the equations in a matrix form: 
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Unbalanced Wheel Model 

In the previous section, a model for a balanced wheel has been developed. In reality, all types 
of reaction wheels inherently have a certain degree of unbalances. The unbalances are divided 
into two basic unbalance types: static unbalance  and dynamic unbalance  as introduced 
in Chapter 2. The static and dynamic unbalances are modeled by the masses  and  on the 
rotor, respectively. The wheel model with unbalances is depicted in Figure 5.4. 
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Figure 5.4: Model of unbalanced wheel  

The translational motion of the unbalanced wheel now has to take into account the total wheel 
mass  and the excitation of the static unbalance  as in the below 
equation: 
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The rocking motion has to take into account additional inertia and the excitation of the dynamic 
unbalance  is presented in (5.10) [2]: 
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Since wheels are always well balanced typically,  and 
), the term  is always less than . With  and  in the order of 

 to , the additional elements of the moment of inertia due to unbalances I~  
can be ignored. Thus, equation (5.11) can be simplified to: 
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Finally, the equation of motion for the unbalanced wheel is in the following form: 
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The above equation of motion is considered as the basic form of the theoretical micro-vibration 
model, which was also presented in [2][3]. The following sections further develop the 
theoretical model to capture additional features for a complete micro-vibration model.  

5.1.2 Varying Compliance Model 

Due to a finite number of rolling elements, the radial bearing stiffness in X and Y direction is 
not the same, as shown in Figure 5.5. Since the bearing rotates, the radial bearing stiffness also 
varies in a given direction. This phenomenon which is called “varying compliance” has been 
studied in [10] for various cases such as a non-preload versus a preload bearing and an even 
versus an odd number of rolling elements. This section presents the formulation of varying 
compliance within the frame of the micro-vibration model. The formulation is also extended 
from the previous work [10] to the case of rolling elements that are not equidistantly distributed.  
 

Inner race (fixed, infinite stiffness)Cage (retainer)

Outer race

Only shaded balls contribute to bearing radial stiffness 
in Y direction defined by loaded function  

c
c

c
c

c
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Figure 5.5: A simple ball bearing model to evaluate varying compliance 

Non-rotating Bearing Case 

The flexibility of the rolling contacts of a bearing can be represented by springs [11]. Assuming 
the mass of the ball is negligible, the contact stiffness to both inner race and outer race can be 
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represented by only one spring. This spring stiffness is called ball stiffness  as presented in 
Figure 5.5.  

First, we present the general formulation of projecting a spring stiffness  on one direction, 
which has an angle  to the spring axis. In Figure 5.6, a spring is elongated in the X direction 
with a force  which is projected from the force  along the spring direction. Due to the 
elongation, the spring tip is displaced at  and  respectively in the X direction and along the 
spring direction. Since the tip displacement is small compared to the spring length, the angle  
is assumed constant.   

 

Figure 5.6: Projecting a spring stiffness on one axis [12]  

The projected spring stiffness can be calculated as in equation (5.14). 
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Similarly, one can calculate the spring stiffness in Y direction. Apply this projection in the case 
of a static bearing, the ball stiffnesses in X and Y based on the angular position  of a ball are: 
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(5.16) 

And  is the initial angle of the cage,  is the angle between two adjacent balls and 
 is the total number of balls in one bearing. In many designs of bearing cage, a bias angle 

 is introduced to avoid the erratic motion of the cage.  

Not all the balls in the bearing contribute to the radial bearing stiffness. For example, Figure 
5.5 depicts a bearing with a fixed inner race and a rotating outer race. In this case, only the 
shaded balls contribute to the  bearing stiffness. Therefore, a function  is introduced to 
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F 
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dictate if the ith ball contributes to the bearing stiffness in X or  direction. The function is a 
Heaviside step function resulting in either 0 or 1 depending on the position of the ball [13]:  
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(5.17) 

 As a result, the bearing radial stiffness is calculated as follows: 
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(5.18) 

In case of a preloaded bearing with an even number (z), equidistantly distributed balls (
), there is no varying compliance:  as a result of equation (5.18), which is 

also proven in [7]. However, in many cases, like in the Bradford reaction wheel design, the 
balls are not distributed equidistantly ( ).  Such a design leads to differences between 
the static radial stiffness in the X and Y direction as calculated from equation (5.18). 

Rotating Bearing Case 

As the wheel rotates, all the balls roll around the bearing shaft with the cage angular speed. This 
cage angular speed has the order  as presented in in chapter 3 and in [6]. The position of 
each ball can be rewritten as follows: 

oddisiiftHitfit
evenisiiftHitfit

CRccccci

CRccci

22),(
22),(

00

00  (5.19) 

Where Ω is the wheel angular speed,  is the cage angular speed. 

The bearing radial stiffness that varies as a function of cage speed is calculated by inserting 
equation (5.19) into equation (5.18). 
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 (5.20) 

In practice, only one value for the bearing radial stiffness  is provided by the bearing supplier. 
This value is considered as the mean value of the stiffness. Equation (5.20) can be re-written to 
make a correlation with the mean radial bearing stiffness rk :  
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The formulation of radial stiffness presented in equation (5.21) is finally integrated into the 
theoretical micro-vibration model, equation (5.13), to be in the following form: 

),(),(),( tutvta dynamicubub UKCM  (5.22) 

Where the new stiffness matrix is: 
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A Case Study of Varying Compliance 

As shown above and proved in [7], the varying compliance occurs even in a bearing with an 
even number of balls when the balls are not spaced equally along the race. This is the case for 
Bradford reaction wheels. These wheels use bearings with ten balls  while the angle 
between balls are 33° and 39° (  and  ). For the sake of simplicity in 
visualizing and interpreting the result, a unit ball stiffness  and a cage frequency 

 are chosen. The summation of all projected ball bearing stiffness following equation 
(5.21) leads to the bearing radial variation as presented in Figure 5.7. 
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Figure 5.7: Bearing stiffness variation of ten balls  with unit ball stiffness  at 
cage frequency  

Once the wheel rotates, the frequency of the varying compliance is expected at Hz 
because the loaded function covers a half of the circumference of bearing as presented in 
equation (5.17). The amplitude of the varying compliance around the mean is about 0.8% of 
the mean value. This amplitude is independent of the cage frequency. The resonant frequency 
of a system is proportional to the squared root of stiffness by the general equation:  

 (5.23) 

Therefore, the variation in stiffness of 0.8% resonant leads to a variation of approximately 2 Hz 
at the rotor resonant frequency of 450 Hz.  

5.1.3  Campbell Diagram  

The rotor bearing system model has been developed in the previous sections. One of the outputs 
of the model is a Campbell diagram which is a presentation of resonant frequencies as functions 
of rotor speeds. In this section, a Campbell diagram is calculated based on the developed model 
with the parameters obtained from the design of the Bradford reaction wheels. Next, the 
Campbell diagram is validated by the result of a resonance search test.  

Note that the results of resonance search test are only performed on a stand still rotor, and 
therefore the Campbell diagram is only validated at one point: zero speed.  The validation on a 
rotating wheel will be done in the combined model by micro-vibration tests where the effect of 
a rotating wheel is taken into account.  

Calculated Campbell Diagram 

The Campbell diagram is obtained by neglecting the system damping ( ) and any 
external excitations. The resonant frequency out-of-plane (Z direction) is directly calculated 
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from equation (5.13). The resonant frequencies of the in-plane motion (x, y) and its rotations 
( ) are obtained by re-writing the equation of motion with the help of the complex coordinate 
method [4]: 
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(5.24) 

There are four real roots of equation (5.24), which are the four resonant frequencies of the 
undamped system. Solving equation (5.24) numerically at wheel speeds 0-4000RPM, a 
Campbell diagram is obtained as shown in Figure 5.8. The wheel speed ( ) is also included 
in the diagram. The parameters to obtain the Campbell diagram are given in Table 5.1. 

 
 

 Figure 5.8: Campbell diagram with two supported bearings in case of W18E 
 

Table 5.1: Parameters used for micro-vibration model 

Parameters W18E (22.0Nms) Remarks 

zI [ kgm2] 0.053 

Data obtained from CAD model. Actual 
values on built wheels may be different within 

their tolerance  

rI [ kgm2] 0.028 
M [ kg] 3.83 

1d [ mm] 5.16 
r [ -] 8.69 

rk [ N/m] 29.0 106 All Bradford wheel models use the same type 
of bearing assembly and thus bearing stiffness 

ak [ N/m] 8.7 106   

Forward whirl  and backward whirl  are considered 
translational mode since the couple with rotation is small 

Axial mode   

Rocking mode: 
forward whirl   

Rocking mode: 
backward whirl   

Rotational 
frequency   
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The bearing stiffness values provided by the bearing supplier are  and    
. However, these values are only calculated values by simulation software, 

which includes errors originating from all simulated parameters. In this research, the radial 
bearing stiffness  is adjusted to  to match with the actual micro-vibration 
measurement (see validation section of the combined micro-vibration model). Similarly, the 
axial stiffness value is adjusted to . 

Resonance Search Test 

In the resonance search test, the wheel structure is hard mounted to a shaker. The shaker excites 
the structure at a low vibration level (0.5 g) from 10 Hz to 2000-Hz at a rate of 2 octaves per 
minute. The excitation is performed in two directions: X direction (rotor radial axis) and Z 
direction (rotor axial axis). The wheel structural responses are picked up by five accelerometers 
attached on top of the rotor as depicted in Figure 5.9. The spectra, including phases, of these 
accelerometers provide the natural frequencies of the stand still rotor with respect to the 
excitations in X and Z direction. The resonance search test with the accelerometer was 
performed on a W18E model. 
 

 
Figure 5.9: Top view of a W18E rotor with five accelerometers during the resonance search 

test 
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Discussion of Validation Results 

The results of the resonance search test and the comparison with the Campbell diagram in 
Figure 5.8 are provided in Table 5.2. The measured frequency responses including phases of 
all sensors are presented in Annex A. 

 Table 5.2: Summary of resonance test results of W18E 
Simulated 

result 
Figure 5.8 
& equation 

(5.24)   
[Hz] 

Measured 
Resonance 

[Hz] 

Mode shape from a validated FEM [5]  
(Total displacement and rotation  with the arrow show 

deformation patterns) 

Remarks on 
Measurement 
(see Annex A) 

136 131 

Rocking mode (rotate about X and Y axes) 
 

 

Frequency 
response of 

accelerometer 
pairs 5 and 7; 6 
and 8 have 180º  
phase difference  

238 232 

Axial mode (translate along Z axis) 
 

 

Frequency 
response of 

accelerometer 
pairs 5 and 7; 6 
and 8 have the 

same phase  

454 

400 
(X 

excitation 
only)  

Radial mode (mainly translate along X and Y axes) 
 

 

Frequency 
response of 

accelerometer 
pairs 5 and 7; 6 
and 8 have the 

same phase  
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The rocking mode at 131 Hz is confirmed by the responses in Z direction of all accelerometers 
while the excitation is in X direction. The rocking mode is the response at zero speed of the two 
whirls  and  in the Campbell diagram.  

The resonant frequency of the axial mode, which is  in the Campbell diagram, is measured 
at 232 Hz. The frequency difference between simulation and measurement is less than 3%. 

The radial mode, corresponding to  and  in the Campbell diagram, is measured at 400 Hz. 
However, there is a difference of 54 Hz between the measurement and simulation. Several 
possible causes are investigated: 

 The tested bearing is provided by a different supplier from the bearing supplier for 
Bradford reaction wheels which are simulated. The tested bearing was also not assembled 
by a Bradford procedure and equipment. These differences may cause a variation in the 
stiffness of the completed bearing although the bearings have the exact same designs and 
materials. For example, it is known that a low preload of a bearing can lead to a low 
stiffness of the completed bearing assembly [8][9]. It is confirmed that the tested bearing 
has about 10% lower preload than that of Bradford bearings. Moreover, the mechanical 
tolerance of the tested bearing components (dated from the 1990s) are also not confirmed 
to be well fabricated and controlled as done by Bradford. Therefore, these differences 
are deemed to be the cause of the frequency difference between the measurement and 
simulation. Nevertheless, the simulated and measurement resonant frequencies from 
micro-vibration test results on multiple Bradford reaction wheels of the same model 
(W18E) do consistently show the resonance to be at 450 Hz (see Figure 5.15 and Figure 
5.27 for example) rather than 400 Hz.   

 The resonance search test was performed without the reaction wheel cover to mount 
several accelerometers on top of the rotor (Figure 5.9). The resonant frequencies of these 
two cases (with and without cover) were calculated using a FEM model. The results show 
that the absence of the reaction wheel cover hardly changes the rotor resonant frequencies 
of both radial and axial modes. The difference of resonant frequencies in the radial mode 
in two cases is within 2 Hz. Therefore, the difference in hardware configuration with and 
without cover is not the cause for the difference between simulation and measurement 
results.  

5.1.4 Supporting Structure Model 

So far only the rotor bearing system has been incorporated into the micro-vibration model. This 
section presents the inclusion of a relevant amplifying mechanism for the micro-vibration: the 
flexibility of the reaction wheel housing structure.  

There are also other flexibilities of the wheel beside the housing structure and the rotor bearing 
system. For instance, the flexibility of the printed circuit boards of the motor drive assembly 
and the wheel speed detector (see Figure 5.10) have their flexibilities within the relevant 
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frequency range (<1000 Hz). However, these flexibilities do not manifest as visible peaks in 
the micro-vibration spectra. Therefore, these flexibilities are not discussed and incorporated 
into the micro-vibration model. 

 

 Figure 5.10: Reaction wheel housing and the location of shaft to the wheel interface   
 

Housing Structure 

The housing consists of two parts: a baseplate and a cover (Figure 5.10). The shaft is fixed and 
mounted on the baseplate. The baseplate is connected to the satellite. Due to the strong design 
of the interconnection between the shaft and the interface to the satellite, it is reasonable to 
assume that the stiffness between the shaft and the satellite is infinite. In other words, there is 
no additional mode between the shaft and the satellite. However, the baseplate and cover have 
their own flexibility.  
 

Modelling Approach 

The approach to model the influence of the housing structure is to consider vibrations from the 
housing structure as an external micro-vibration to the rotor bearing system governed by 
equation (5.13).  

Firstly, the simulation results from the wheel finite element model in [5] show that the rocking 
mode of the base and the cover is in the range of the micro-vibration frequency. Moreover, it is 
observed that the rotor mode and housing mode are uncoupled. In other words, the bending 
modes of the baseplate are not associated with the motion pattern of the rotor and hence the 
shaft as depicted in Figure 5.11. Therefore, the reaction wheel housing is not an element of 
rotor bearing system dynamics.   

Baseplate interface 
to satellite 

   Cover 

   Rotor 

   Baseplate 

Shaft housed and 
bolted to baseplate 

Motor Drive 
Assembly PCB  

Wheel Speed 
Detector PCB  
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Figure 5.11: Bending mode of the baseplate is uncoupled to the shaft and two bearings (wheel 
rotor and cover are not shown)  

Secondly, the only interaction between the rotor bearing system and housing structure is limited 
at one common point: the wheel interface to satellite. Therefore, there is no reason to model the 
housing structure as a part of the rotor-bearing system. 

Formulation of Supporting Structure in Micro-vibration Model 

In the following paragraphs, the properties of the housing excitation such as excitation type, 
amplitude and frequency are provided.  

As seen from Figure 5.11, the major housing mode shape is the bending motion of the baseplate 
and the cover. The resonant frequency of the housing mode denoted as  is identified from 
the FEM model and confirmed by the resonance peak in the micro-vibration test (Figure 5.12). 
The difference of resonant frequency in both X and Y direction is negligible. 

 

Figure 5.12: The bending mode of the baseplate causes vibrations in  (left) and  
(right) at 400 Hz at all wheel speeds 
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The amplitude of reaction wheel housing resonance  is assumed to be constant 
throughout the entire wheel speed range.  is conservatively determined as the maximum 
values from the micro-vibration  at  over the entire wheel speeds.  

From all above parameters: observable micro-vibration type  the resonant frequency; and the 
amplitude, the influence of reaction wheel housing is formulated as below:   

 (5.25) 

The micro-vibrations caused by the reaction wheel housing resonance given in (5.25) is then 
added to the right side of equation (5.22) as an external excitation: 

)(),(),(),( ttutvta housedynamicubub SUKCM  (5.26) 

Where 

houseS  

5.1.5 Summary  

A theoretical micro-vibration model was built based on the structural design of the reaction 
wheels. The model is a five degree of freedom, rigid shaft and disk system supported by two 
ball bearings. The equations of motion are derived from an energy approach in two cases: 
balanced rotor and unbalanced rotor.  

In this thesis, the phenomenon of bearing varying compliance is discussed and formulated.  The 
formulation of bearing varying compliance shows that the non-equidistant distribution of the 
balls is the contributor for the occurrence of varying compliance in Bradford reaction wheel 
although the bearing is preloaded and has an even number of balls. The influence of varying 
compliance is not significant since the resulting variation of the wheel resonant frequency is 
about 2 Hz at 450 Hz. 

The main output of the theoretical model, which is the resonant frequency of the system, was 
validated on one reaction wheel model W18E. In this validation, the results of a resonance 
search test of a stand-still W18E wheel are compared to the calculated Campbell diagram. The 
full validation of the Campbell diagram is performed in the combined model (section 5.3) with 
the micro-vibration test data.  

The role of the reaction wheel supporting structure to the rotor bearing system has been 
presented. In particular, the housing (baseplate and cover) is described in details and 
formulated. In the design of Bradford reaction wheels, it is observed that there is no dynamic 
coupling between the rotor bearing system and the housing structure. Consequently, the 
vibration of the housing structure is modeled as an external excitation to the rotor bearing 
system. 
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5.2 Empirical Model   
 
The development flow of the empirical model is described below.  

Micro-vibration 
Source Model

Validation of 
Empirical Model

Data Extraction

Empirical Model

 
Figure 5.13: The development flow of the empirical model 

First, the data extraction is presented since the empirical model is built on measurement data of 
micro-vibration. Second, the modelling is performed based on the fact that the micro-vibration 
data consists of two fundamental elements: 

 Engine orders, which are introduced in chapter 2, are the vibration sources in any 
rotating machines such as unbalances and ball bearing related micro-vibrations. The 
magnitude of the engine orders is assumed and later verified to be proportional to the 
squared wheel speed. 

 The wheel resonances, which are due to the flexibility of the wheel structures, amplify 
the vibration sources when they are transmitted to the wheel interface with spacecraft. 

In our approach, by removing the amplification effect of the wheel resonance from the obtained 
empirical model, a micro-vibration source model is formed. Thus, the micro-vibration source 
contains the pure engine orders without the amplification effect of the wheel resonances. The 
micro-vibration source model is used to be integrated into the theoretical model to form a 
combined model presented in paragraph 5.3. 

5.2.1 Data extraction 

An overview of the process to extract data for the empirical model from a micro-vibration test 
is shown in Figure 5.14. The part of the process to identify and extract engine orders from the 
background noise is adopted from an existing algorithm presented in [2]. The major 
improvement of this thesis is the inclusion of the wheel resonances in the next step.   
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Figure 5.14: Data extraction flow for the empirical model 

Time Data Windowing 

The input of the modeling process is the time domain data from micro-vibration tests. For the 
empirical modelling, only vibrations emitted from the reaction wheel during the coast down 
from the maximum speed are used. During the coast down operation, the wheel does not receive 
any power; this results in a slowing down of the rotation due to the internal wheel friction. The 
average wheel speed change rate is small, typically in the range of 1~2 RPM per second. Under 
these conditions, the wheel speed can be considered stationary within the analyzed windows of 
one second. A stationary wheel speed within the selected time window means stationary micro-
vibration signals (engine orders). Consequently, the micro-vibration signal can be transformed 
into the frequency domain.  

Selecting the time window is a trade-off between the needed frequency resolution and the 
steadiness of the obtained signal. A time window smaller than one second would reduce the 
speed change rate, but the resulting frequency resolution in the next step would become worse 
(coarser). The reason is that the frequency resolution is inversely proportional to the window 
time. Vice versa, a larger time window would result in finer frequency resolution, but the 
vibration signal would not be stable and hence not clearly observable in the frequency domain. 

 Transform to Frequency Domain 

As a result of the first block, each data package contains micro-vibration data for  seconds. A 
Fast Fourier Transformation is applied to transform each package into the frequency domain. 
The transformation includes the application of a Hanning window to reduce signal leakages due 
to the split of time data. The output of the Fast Fourier Transformation is the amplitude 
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spectrum at a wheel speed Ω. Each amplitude spectrum consists of amplitude vector  and 
the frequency vector  with a frequency resolution of  . 

Limit to Interested Frequency Range 

As a next step, the data in the frequency domain are reduced to the relevant frequency range 
. For instance, most of micro-vibration data is limited below 1.0 kHz (micro-vibration tests 

are recorded at a sampling frequency as high as 6.4 kHz to avoid any aliasing). After the 
truncating of data outside the interesting frequency range, the output amplitude and frequency 
vectors are reduced to  and , respectively. 

Transform to Order Domain 

The frequencies are then transferred into the order domain  by dividing the frequency vector 
 to the wheel speed vector  as depicted in Figure 5.15.  

  

Figure 5.15: Micro-vibration in frequency domain (top) and order domain (bottom)     

Engine Orders 
Resonance 
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Find Disturbance Peaks 

At each wheel speed, the micro-vibration peaks of engine orders higher than a noise threshold 
are identified in the block “Find Disturbance Peaks”. A visual example is depicted in Figure 
5.16.  

 
Figure 5.16: Identification of all peaks above the noise threshold  

The noise threshold is obtained as follows [2]: 

  (5.27) 

Where  and  are the mean and standard deviation of the disturbance at each wheel 
speed, respectively. The  is a user-defined tolerance level but it also depends on the signal 
to noise of the application. We arrived  for this application after using it on several wheel 
types for the complete wheel speed range. The outputs of this step are a vector of disturbance 
peaks  above the noise threshold and a vector of corresponding normalized frequencies .    

Identify Engine Order 

In the block “Find Disturbance Peaks”, all peaks above the noise threshold are identified. 
However, not all the peaks are true peaks due to the noise in the signal and the limited frequency 
resolution. For example, Figure 5.16 shows that there is a possibility of multiple peaks on the 
shoulder of a main peak or two peaks next to each other. Therefore, a binning algorithm [2] is 
used to search the peaks which belong to one engine order via a user-defined tolerance . This 
algorithm tackles the issue of multiple peaks and identifies only a true peak. The output of this 
step is a vector of all detectable engine orders .     

Choose Engine Order 

The next step is to determine the consistency of peaks at one engine order over the entire wheel 
speed range. A true engine order should show peaks consistently at the entire wheel speed 
range.  If an engine order contains only a limited number of peaks over the wheel speed range 
it is potentially not genuine but only due to noise. The “Choose Engine Order” block is used to 
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eliminate false engine orders with a measure . This measure indicates the occurrence of peaks 
belonging to one engine order across all wheel speeds [2]:  

  (5.28) 

Where  is the maximum number of peaks of the i th engine order. The  is the number 
of wheel speeds crossing the ith engine order within the frequency range .  is the number 
of detected peaks over the investigated wheel speed range. An engine order with its  higher 
than a user-defined threshold is selected to the set of final engine orders.  

5.2.2 Empirical Model 

As a result of the previous step, both amplitude and location (the order) of engine orders are 
extracted from the background noise measurement and distinguished from each other. An 
empirical model is generated by finding the best mathematical form and parameters that fit the 
extracted engine orders.  

From the theoretical model, it is known that there are three major resonance modes of the 
reaction wheel. In the axial direction (Fz), there is only one mode. In the radial disturbances 
(Fx/Fy), there are two modes which can be excited by an arbitrary vibration source. Note that 
the rocking mode in the radial direction is additionaly divided into backward and forward 
modes. Therefore, the maximum number of modes that can be excited by a vibration source are 
three. The following sections present all the fitting models and how to fit such models in the 
scenarios with different numbers of resonance modes. 

A. Fit Engine Orders without Resonances 

Within an engine order , the force and torque micro-vibration amplitude are assumed to be 
proportional to the squared wheel rotational speed as expressed in (5.29) [2]: 

)cos(),( 2 thCtdist iii  (5.29) 

Where  is the measured disturbance (micro-vibration) in the form of force or torque at a 
specific engine order ,  is the wheel rotational speed and  is the micro-vibration amplitude 
coefficient of the  engine order.   

This model is used to fit the extracted data presented in the previous paragraph. This model is 
certainly valid in the case of micro-vibrations caused by unbalances because the micro-
vibrations are centrifugal forces. It is observed from experimental results that other micro-
vibrations, including ball bearing micro-vibrations, also fit very well with the above model. An 
example of micro-vibration by a bearing cage is presented in Figure 5.17. 
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Figure 5.17: Extracted engine order of a bearing cage ( ) fitted with the empirical 

model   

B. Fit Engine Orders with One Resonance 

At the high frequency range, the engine orders may cross a structural resonance of the wheel. 
In the empirical approach, the sources are transmitted to the wheel interface via a single degree 
of freedom (SODF) mass spring damper system as depicted in Figure 5.18.  

 

Figure 5.18: One engine order  transmitted via a SDOF system to the interface 

The micro-vibration sources, modeled in (5.29), are amplified by the transmissibility  of the 
system. The output force  at the system interface or ground can be calculated via the 
transmissibility. In a general form, the force transmissibility  and the phase lag  
between the input and output force are presented in (5.30) and (5.31), respectively. The details 
of force transmissibility derivation can be found in Annex B. 
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(5.31) 

Where 
nm

c
2

 is the damping ratio of the structure; 
m
kh nin  is the natural frequency 

of the system; n  is the wheel speed at the resonance peak n  within the domain of engine 

order ih . 

The measured micro-vibration is the product between the micro-vibration source, modeled in 
(5.29), and the amplification or the transmissibility is: 

)cos(

41

41
),()(),(

2
2

22

2
2

2
1_ ii

nn

n
iiini thCtdistTtdist  

(5.32) 

By fitting the curve in the frequency domain with the extracted data, the amplitude coefficient 

iC , the damping ratio  and the speed n  centered at resonance can be determined.  Figure 
5.19 shows an example of a fit with one resonance. 
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Figure 5.19:  Curve fitting of measured radial micro-vibrations with one resonance  

C. Fit Engine Orders with Two Resonances 

Micro-vibrations can excite two resonances on the transmission path to the interface. We model 
this as two independent mass-spring-damper systems which share the same interface as depicted 
in Figure 5.20.     

 
 

Figure 5.20: One engine order  transmitted via two SDOF systems to a common interface 

Following a similar principle of force transmissibility calculation in Annex B, the measured 
micro-vibration at the interface in case of crossing two resonances ),(2_ tdist ni  is presented 
in equation (5.33).  
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)cos()()cos()(),( 22
2

211
2

12_ iiiiiiiini thTCthTCtdist  (5.33) 

Note that the micro-vibration amplitude coefficients are modeled as iC1  and iC2  because the 
excitation source as in (5.29) is divided and transmitted via different paths to the interface.  

An example of curve fitting based on the model given in (5.33) in the frequency domain is 
presented in Figure 5.21. 

 

 
Figure 5.21:  Curve fitting of measured radial micro-vibrations with two resonances  

D. Fit Engine Orders with Three Resonances 

In case an engine order excites all three modes: backward, forward whirls (rocking mode) and 
the radial mode, an empirical model is formed with three mass spring damper systems as 
depicted in Figure 5.22.  

The measured micro-vibration at the interface in case of crossing three resonances ),(3_ tdist ni  

is presented in equation (5.34).  

)cos()(

)cos()()cos()(),(

33
2

3

22
2

211
2

13_

iiii

iiiiiiiini

thTC

thTCthTCtdist
 (5.34) 

 

 

1000 1500 2000 2500 3000 3500 4000
0

0.05

0.1

0.15

0.2

0.25

0.3

0.35

Wheel Speed [RPM]

D
is

tu
rb

an
ce

s 
Fx

 [N
]

y(x) = x 2̂ ((C1 sqrt((1 + 4 d1 2̂ x 2̂ / ...
C1 = 1.2776e-009
C2 = 1.5834e-009
d1 = 0.040571
d2 = -0.0067482
x01 = 2707.4
x02 = 1550.9
R = 0.93888  (lin)

1n 2n



Processed on: 30-1-2017Processed on: 30-1-2017Processed on: 30-1-2017Processed on: 30-1-2017

507700-L-sub01-bw-Le507700-L-sub01-bw-Le507700-L-sub01-bw-Le507700-L-sub01-bw-Le

97 
 

 
 

Figure 5.22: One engine order  transmitted via three SDOF systems to a common interface 

An example of curve fitting based on the model given in (5.34) in the frequency domain is 
presented in Figure 5.23. 

 
Figure 5.23:  Curve fitting of measured radial micro-vibrations with three resonances  

 

5.2.3 Empirical Model versus Micro-vibration Source Model 

The previous sections showed the possibility to fit the resonances to the measured vibration. 
This possibility also means the micro-vibration sources and the amplification of the wheel 
structural resonances can be clearly distinguished based on equation (5.32) to (5.34). This 
distinction allows to obtain a pure micro-vibration source model from the empirical model.  
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Empirical Model 

The combination of micro-vibration at all extracted engine orders either with or without 
resonances constitutes an empirical micro-vibration model )(E . 

Micro-vibration Source Model 

A pure micro-vibration source  at engine order ih  can be obtained by removing 
the amplification of wheel resonances )(iT  from the empirical model: 
 

 (5.35) 

The combination of all order constitutes a micro-vibration source model ),( tS . Note that the 

micro-vibration source model ),( tS  already includes the unbalances ),( tU  which are the 
specific case of engine order one ( 1ih ). 

5.2.4 Validation of Empirical Model 

The quality of the empirical model will be quantified via the Pearson’s correlation coefficient 
at every engine order. The Pearson’s correlation coefficient gives the quality of the least square 
fitting to the measured data. This is expressed on a scale ranging from 0 to 1.  

The results for each of the measured forces and torques of three Bradford reaction wheel models 
are presented in Table 5.3.  

Table 5.3: Average correlation coefficients of three wheel models  

Modelling 
direction 

Number of 
extracted 
Engine 
Order 

Engine order 
range 

Average correlation coefficients 
W45E 

(43.5Nms) 
W18E 

(22.0Nms) 
W18 

(18.0Nms) 

XF  135 0.61 – 92.37 0.82 0.76 0.90 
YF  126 0.61 – 92.37 0.80 0.81 0.89 
ZF  68 3.89 – 67.22 0.84 0.79 0.82 
XM  131 0.61 – 86.16 0.78 0.90 0.93 
YM  132 0.61 – 85.55 0.78 0.90  

 

Besides very good fitting with a correlation coefficient close to 1, the most common type of 
non-optimal fitting is an unprecise fitting of the damping ratio. Two examples of such a low 
correlation fitting are depicted in Figure 5.24 and Figure 5.25.  
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Figure 5.24:  A typical case where a fitted engine order misses one small resonance 

In the first example, Figure 5.24, the fitting algorithm misses one of the two resonances. 
Typically, one of the two adjacent resonances has a significantly lower amplitude than the other 
due to different damping factors. The small amplitude resonance originates from the base plate 
as discussed in 5.1.4.  

 
Figure 5.25:  A typical case where a fitted engine order misses the actual peak value pointed 

by the red arrow 

In the second example, Figure 5.25, the actual peak value is missed due to the actual damping 
ratio is much smaller than the initial guess of the fitting algorithm.  

In overall, the empirical model achieves good fitting with a correlation coefficient at 0.8 for all 
three wheel models. In other words, the empirical model including the transmission model 
through resonances, successfully represents the physical behavior of the actual micro-vibration 
of the investigated reaction wheels. A qualitative verification can be performed by comparing 
between the measured waterfall plot and a reconstructed waterfall plot from the empirical model 
as described in Figure 5.26. 
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Figure 5.26:  A qualitative verification of empirical model by comparing the measured 

waterfall plot (top) and the waterfall plot from the empirical model (bottom) 

5.2.5 Summary  

The implementation of reaction wheel micro-vibration modelling with an empirical approach 
was presented. The work in this thesis further improves the previous work by including the 
wheel structural modes in the modeling process. The improvement is made possible by two 
factors:  

 Firstly, the measurement data, which are the input of the empirical model, are obtained 
from a state-of-the-art facility. As a result, the measurement data contain less error, 
noise and distortion than what is typically found in commercial measurement equipment 
under 1000 Hz [4].  

 Secondly, the transmission of vibration via the wheel resonances to the wheel interface 
is formulated as mass spring damper systems. The formulation fits well with the 
measured data. The new empirical model is successfully validated on three wheel 
models. 
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Finally, the improvement leads to the possibility to obtain a pure micro-vibration source model. 
The micro-vibration source model does not contain the amplification of the wheel structural 
modes. The micro-vibration source model is added to the theoretical micro-vibration model to 
form a combined micro-vibration model as presented in the next section. 
 

5.3 Combined Model 

In the two previous section, a theoretical model and an empirical model have been developed. 
The theoretical model provides an insight into the dynamic behavior of the wheels but lacks the 
formulation of the main excitation sources from the ball bearings. On the other hand, the 
empirical model produces accurate results of the bearing vibrations. Hence, a combined model 
is formed by adding the empirical model to the theoretical model to complement each other. 
This approach was firstly performed in [2]. In this thesis, we specifically take advantage of 
integrating the micro-vibration source model into the theoretical model. This integrating step is 
presented in the next section. Also a validation of the combined model on three reaction wheel 
models is given. 

By combining the micro-vibration source model ),( tS  and the theoretical model in equation 
(5.13), including the varying compliance effect in equation (5.22) and the housing resonance 
peak in equation (5.26), a combined micro-vibration model is formed as presented in equation 

. 

)(),(),(),( ttutvta housedynamicubub SSKCM  

The equation of motion  now describes not only the key dynamic behaviors of the reaction 
wheel but also all micro-vibrations generated during the operation of the wheel.  

5.3.1 Solving the Combined Model  

Because the micro-vibration analysis results are in the frequency domain, especially together 
with the wheel speed information in the form of a waterfall plot, the output of combined micro-
vibration model will be presented in the same format. The key steps to obtain the colormap 
from a combined micro-vibration model are: 

a. The equations of motion  are solved numerically at a number of wheel speeds . 
The total number of wheel speeds and the gap between them (speed resolution) shall be 
equivalent to the one during the micro-vibration testing.  

b. At each wheel speed, the accelerations of the rotor in five degrees of freedom 
corresponding to the five equations of motion are computed. Consequently, equivalent 
forces and torques as a function of time are obtained by multiplying the accelerations 
with the rotor mass or moment of inertia. 
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c. The time data of forces and torques are then transformed into the frequency domain. All 
spectra are stacked following the wheel speed order to form a simulated colormap plot 
to compare with micro-vibration measurements.  

5.3.2 Validation of the combined model 

The validation of the combined micro-vibration model is performed on three wheel models: 
W18, W18E and W45E. The validation shows the effect of various rotor masses and moments 
of inertia on the wheel dynamic behaviors. The parameters used for simulation are given in 
Table 5.4 and Table 5.5. 

Table 5.4: Bearing parameters used for all reaction wheel models  

Parameters Value Remarks 
 Radial stiffness rk  29.0 106 N/m 

All three wheel models 
use the same type of 

bearing assembly 

Axial stiffness ak  8.7 106 N/m 
Total number of balls z  10 

Nominal angle between balls c   36  
Biased angle between balls c  3  

 

Table 5.5: Wheel parameters used for micro-vibration models 

Parameters W45E 
(43.5Nms) 

W18E 
(22.0Nms) 

W18 
(18.0Nms) Remarks 

zI [kgm2] 0.104 0.053  

Data obtained from 
CAD model. Actual 
values on the built 

wheels may be different 
within their tolerance  

rI [kgm2] 0.053 0.028  
M [kg] 4.89 3.83  

1d [mm] 4.28 5.16  
r [-] 10.68 8.69  

 [N/m] 0.5.10-3 0.5.10-3 0.5.10-3 
 [Hz] 400 400 400 

The simulated radial micro-vibration (Figure 5.27) is able to reproduce the following important 
features in comparison with measurements:  

 The radial mode of the wheel rotor is detected in the range of 450 Hz. Note that the 
model can predict the decrease of radial mode frequency with respect to the increase of 
the rotor mass from the W18, W18E models to the W45E model.   

 The rocking modes of the wheel rotor show a clear split of the backward whirl and the 
forward whirl. The starting point of both whirls is also dependent on rotor mass and 
inertia. 

 Micro-vibration from ball bearing and unbalance are visible in the model output.  
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 As presented in a study case of varying compliance (section 5.1.3), the varying 
compliance makes the radial mode frequency spread about 2 Hz wider around the 
resonance center. The resulting effect of varying compliance resembles the effect of 
higher damping at this frequency range.   

 The effect of baseplate flexibility at 400 Hz is also visible in both simulation and 
measurement due to the coupling effect between rotation ( , ) and translation ( yx, ). 
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Figure 5.27: Comparison of simulated and measured radial micro-vibration forces  
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Similar to the result of radial force simulation, the simulation of axial force in Figure 5.28 can 
show the axial mode and bearing excitations. The simulation results can capture the high peaks 
due to the crossover between bearing excitation and axial mode around 4000 RPM. However, 
the simulation results for axial force do not show a minor mode around 450 Hz as in the 
measurements. This mode is due to the cross talk from the radial mode. This cross talk is caused 
by the force sensor technology. The three sensing axis force sensor is based on a piezoelectric 
element and inherently possesses a cross talk at the maximum of 1.5% between axes [4].  
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Figure 5.28: Comparison of simulated and measured axial micro-vibration forces  
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The comparison between simulation and measurement in the transverse moment is presented in 
Figure 5.29. The simulation and measurement, in this case, show the dominant effect of the 
rotor rocking mode. The rocking mode appears as a V-shape resonance starting around 130 Hz 
at 0 RPM and diverging as wheel rotational speed increases. In the simulation, a strong bearing 
engine order at 330 Hz and 4000 RPM crosses both forward and backward whirls. However, 
the highest peak only occurs with respect to the backward whirl while the measurement shows 
the highest peak with the forward whirl. 
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Figure 5.29: Comparison of simulated and measured transverse micro-vibration torques  
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5.3.3 Limitations of Combined Model 

From the validation results of the combined micro-vibration models, a few limitations of the 
simulation are observed:   

 Micro-vibrations in the high frequency range (>700 Hz) and low rotational speed (<800 
RPM) are not modeled. The empirical model algorithm is not able to extract micro-
vibrations in this range. Micro-vibrations in this region are high engine orders embedded 
in the background noise and not distinguishable from each other as observed in the 
measurement results. However, these high engine orders are not critical and not used in 
the payload micro-vibration analysis. In fact, the most common method to study the 
propagation of micro-vibration from reaction wheel to payload is to use a FEM 
spacecraft model. In this method, the analyzed frequency range is limited at 500 Hz due 
to the structure complexity and the required precision [17].   

 Damping factors in simulations are still not representative to the actual system response. 
As a result, the micro-vibration peaks at the resonances from the combined model are 
not yet comparable to the measurement or the result of the empirical model. Hence, the 
micro-vibration analysis at payload currently uses only the results of the empirical 
model or the micro-vibration source model.  
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5.4 Conclusions  

Three micro-vibration models for reaction wheels have been developed in this thesis.  

Firstly, a theoretical micro-vibration model was derived from a model of a rigid disk and shaft 
supported by two ball bearings. Although simplified assumptions were used, the theoretical 
model has been successfully validated. It represents three key structural modes of the reaction 
wheel rotor: axial mode, radial mode and rocking mode. Moreover, the theoretical model is 
extended to include the effects of varying compliance in which the radial bearing stiffness varies 
with the position of balls in the bearing. The formulation of varying compliance is also extended 
to point out the contribution of a non-equidistant distribution of balls along the bearing cage, 
which is the case for Bradford reaction wheels. Lastly, the theoretical model is extended with a 
model of the reaction wheel housing structure. 

Secondly, an empirical model is obtained from micro-vibration measurements. This thesis 
further improves the previous work [2] by laying out the formulation to model the vibration 
transmission through the wheel structural modes to the wheel interface. The improvement is 
made possible by employing the accurate measurement equipment as presented in [4] and 
chapter 3. As a result of the improvement, the accuracy of the empirical model is significantly 
improved. The improvement also leads to another result: a micro-vibration source model, which 
is a model that does not contain the influence of the wheel structural modes. Both the empirical 
model and the micro-vibration source model are needed to analyze the satellite payload micro-
vibration.   

Finally, a combined micro-vibration model is formed by merging the micro-vibration source 
model to the theoretical model. The combined model is validated with micro-vibration tests on 
the three Bradford reaction wheels (W18, W18E and W45E). The comparison between the 
measurement and the combined micro-vibration model shows a few limitations. 
Recommendations to overcome the limitations and enhance the accuracy of the micro-vibration 
models are provided in the last chapter of this thesis.  
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Chapter 6 
 

A Micro-vibration Analysis Toolbox  
 
 
 

A micro-vibration analysis toolbox is developed in the frame of this thesis. This toolbox combines 
the micro-vibration analysis techniques developed in the previous chapters and presents them with a 
graphical user interface. Case studies are presented to show the application of the toolbox in the 
development and production of reaction wheels at Bradford Engineering.   
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6.1 Motivation 

Within the development and production activities of reaction wheels at Bradford Engineering, 
there is a need for a toolbox to facilitate the analysis of micro-vibration test results in the 
following situations: 

 Evaluate the micro-vibration performance of Bradford reaction wheels with respect to 
requirement specifications. For instance, the unbalance and the micro-vibration spectra 
are required to be verified with every produced reaction wheel.  

 Provide a micro-vibration model for satellite level simulation and satellite pointing 
stability analysis. 

 Trend and diagnose micro-vibration sources. Such analyses are necessary for reaction 
wheel development activities and anomaly investigation.  

In the above situations, there are large amounts of micro-vibration data to be promptly 
processed while there is no dedicated software for micro-vibration available in house. All the 
plotting and analysis is completely dependent on the software at the test facility. This software 
does not allow for a thorough analysis at level of defects. 

An investment in a generic noise and vibration software package such as LMS Virtual Lab® is 
costly given the size of the reaction wheel business. Such software also lacks specific analysis 
possibilities required for reaction wheels.  

Therefore, a Micro-vibration Analysis Toolbox (MAT) is developed in-house [1]; based on the 
knowledge of micro-vibration analysis presented in the previous chapters. 
 

6.2 Modules and Functionalities 

The MAT was created in Matlab®. The toolbox has four main modules and two sub-modules 
as depicted in Figure 6.1. Each module or sub-module is designed with a Graphical User 
Interface (GUI). All the functions and codes of the toolbox are provided in Annex C of this 
thesis. 
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Micro-vibration Analysis Toolbox (MAT)

Module 2: 
Basic Plotting

Unbalance 
Evaluation

Module 1:
Data Import

Module 3: 
Empirical Model

Module 4: 
Bearing Health 

Monitoring

Order Plotting & 
Analysis

 
Figure 6.1: Four main modules and two sub-modules of the Micro-vibration Analysis Toolbox 

6.2.1 Data Import 

The required inputs, key functionalities of Data Import module are described in Table 6.1. 

Table 6.1: Description of Data Import module 

Inputs 

 The micro-vibration measurement data as presented in chapter 3. The 
main measurement data are in a specific format but basically contain the 
three forces , , ; three moments , , ; and wheel speed. 
Supplementary data are the data of a background noise measurement and 
the frequency response function of the equipment (see Chapter 3). 

 Sampling frequency (Hz) and time window (second) to transform the 
data from the time domain to the frequency domain (see Figure 6.2). 
The selection of time window is discussed in Chapter 4. 

Key 
functionalities 

 Convert the measurement data into the Matlab® files. Each file 
contains  seconds of time data as defined by the time window.  

 Transform the time data to the frequency domain including amplitude 
and phase (see details in Chapter 4).  

Outputs 
 The frequency domain data are kept in the workspace of Matlab® for 

the next steps such as plotting, building the empirical model and 
evaluating bearing health. 
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Figure 6.2: The interface of data import module 
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6.2.2 Basic Plotting 

This basic plotting module provides the first impression of the micro-vibration performance. 
The module also enables checking whether micro-vibrations meet the requirement 
specifications. The description and the user interface are presented in Table 6.2 and Figure 6.3, 
respectively. 

Table 6.2: Description of Basic Plotting module 

Inputs 
 Frequency domain data from the Data Import module. 

 Requirement specifications of micro-vibration versus frequency or 
speed from reaction wheel customers. 

Key 
functionalities 

 Plot micro-vibration and requirement specifications versus frequency 
and speed.  

Outputs 

 Requirement and peak-hold micro-vibration versus a user-defined 
frequency range. 

  Requirement and peak-hold micro-vibration versus a user-defined 
speed range. 

 Waterfall plot: 

o In various forms: 3D waterfall (continuous lines), 3D stem plot 
(discrete lines), 2D colormap (amplitude is color coded) 

o In frequency or order (normalized frequency) domain   

 

Figure 6.3: The interface of plotting module  
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6.2.3 Empirical Model Module 

This module uses the measured micro-vibration and builds an empirical model of the micro-
vibrations. The theory and the benefits of the empirical model are presented in more details in 
Chapter 5. The description of the empirical model module is provided in Table 6.3. 

Table 6.3: Description of Empirical Model Module 

Inputs 
 Frequency domain data from the Data Import module 

 Parameters to build empirical model (details in Chapter 5): allowable 
peak variation  and threshold of peak occurrence  

Key 
functionalities 

 Newly build or read the already built micro-vibration empirical model 
as presented in Chapter 5 

Outputs 
 The Empirical Model  

 The Micro-vibration Source Model 

  
  Figure 6.4: The interface of empirical module and its sub-module of order plotting and 

analysis under the button of “Plot Key EO”  

Order Plotting and Analysis Sub-Module 

The order plotting and analysis sub-module have the same algorithm as the empirical module. 
This sub-module provides additional intermediate plots and results of an empirical model for a 
specified order. This submodule shares the same interface with the empirical model under the 
button of “Plot key EO” as depicted in Figure 6.4. The description of the empirical model 
module is provided in Table 6.4. 
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Table 6.4: Description of order plotting and analysis sub-module 

Inputs 
 Frequency domain data from the Data Import module 

 Parameters to build empirical model (see details in Chapter 5): allowable 
peak variation  and threshold of peak occurrence  

Key 
functionalities  Extract, fit and plot specified engine orders  

Outputs  The Empirical Model of specified engine orders 

A case study of applying the order analysis sub-module is provided in paragraph 6.3.1.  

Unbalance Evaluation Sub-Module 

Unbalance is a well-understood engine order as presented Chapter 2. The sub-module of 
unbalance evaluation directly provides the static and dynamic unbalance in the unit of   
and , respectively. The description and the user interface is presented in Table 6.5 and 
Figure 6.5, respectively. 

Table 6.5: Description of unbalance evaluation sub-module 

Inputs 
 Frequency domain data from the Data Import module 

 The Empirical Model in  and  or  and  

Key 
functionalities 

 Calculate the phase shift between static unbalance and dynamic 
unbalance from the frequency domain data 

 Calculate the static and dynamic unbalance taking into account the 
phase shift between static and dynamic unbalance    

Outputs  Levels of static unbalance (  and dynamic unbalance (  

  
  Figure 6.5: The interface of the unbalance evaluation sub-module  
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6.2.4 Bearing Health Monitoring Module 

The bearing heath monitoring module is based on the envelope analysis. The algorithm and the 
procedure of the envelope analysis are presented in Chapter 4.  

Table 6.6: Description of Bearing Health Monitor Module 

Inputs 
 Time domain data (.mat files after step 2 of Data Import Module). 

 Center of resonance (Hz) and bandwidth of the band-pass (Hz) for the 
envelope analysis  

Key 
functionalities  Generate envelope spectra (Chapter 4) 

Outputs 
 Envelope spectrum (at a specific speed) 

 Envelope spectrogram which is a stack of envelope spectra versus 
speed 

      

  Figure 6.6: The interface of envelope analysis with a single envelop spectrum (left) and 
envelope spectrogram (right)  

 

6.3 Case Studies using the Micro-vibration Analysis Toolbox (MAT) 

In this section, we present two case studies in which the MAT is applied. In the first case study, 
the MAT is used to support the production activities of the reaction wheels. In the second case, 
the MAT supports the investigation of an anomaly in a bearing. Envelope spectra, waterfall 
plots and the empirical model are all deployed to reach the conclusion of the investigation.  
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6.3.1 Evaluate Micro-vibrations for a Space Mission 

Bradford is the supplier of the reaction wheels for a European spacecraft. During the acceptance 
test campaign for these wheels, two micro-vibration tests are carried out for each wheel: one 
performed just before the test campaign to detect any anomaly in an early phase and another 
one performed at the end of the test campaign. A large difference between the two test results 
clearly showed that one wheel which was exposed to higher mechanical loads had a significant 
increase in micro-vibration.  

Since the reaction wheel with an increase in micro-vibration is still functional and acceptable 
to be mounted onboard the spacecraft, one cannot perform an intrusive inspection and 
investigation, i.e. opening up the wheel to the bearing level for inspection. Therefore, there is a 
need for a non-intrusive diagnosis to localize the physical causes of the micro-vibration 
increase. Such a non-intrusive diagnosis is performed by a micro-vibration analysis using the 
MAT.  

Peak-hold amplitude spectra 

One of the first comparisons that reveal the significant increase of micro-vibration is the 
comparison of the peak-hold amplitude spectra. In these spectra, the maximum micro-vibration 
throughout all wheel speeds at every frequency is plotted. By using this type of plot, the 
overview of the micro-vibrations covering the full wheel speed range can be presented and 
compared in a plot as depicted in Figure 6.7. 

 

Figure 6.7: The micro-vibration increases in   

In Figure 6.7, the increase of micro-vibrations, especially at the wheel resonance, can be clearly 
detected. To localize the physical causes of the increase, an analysis in specific engine orders 
is needed.  
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Analysis of key engine orders 

To diagnose the increase, the key engine orders which are correlated with cage, inner race, outer 
race and balls, are investigated. First, these orders are extracted and fitted with the empirical 
model to remove the resonances as presented in chapter 5. In this way, only the root micro-
vibration sources are compared without the amplification effect from the wheel resonances. The 
step-by-step process of such an investigation for each engine order is presented in Table 6.7. 

Table 6.7: Step-by-step for the analysis of one engine order facilitated by the MAT 
Step Step description  Example of inner race order 6.11 

1 
The engine orders are extracted 
according to Chapter 5, Section 5.2.1 
Data Extraction 

 

2 

The extracted engine orders are fitted 
with the empirical model according to 
Chapter 5, section 5.2.2 Empirical 
Model: 

 
where  

  is the wheel speed 
  is the extracted data of 

engine order i 
  is the amplitude coefficient of 

the engine order i 
  is the transmissivity of the 

vibration through wheel 
resonances 

 

3 

The pure micro-vibration sources are 
obtained by removing the 
amplification factors caused by the 
resonance (according to Chapter 5, 
section 5.2.3):  
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Step Step description  Example of inner race order 6.11 

4 

Perform step 1 to 3 to the test data 
before and after the test campaign and 
compare the coefficients to assess 
the change in micro-vibration source 
without the amplification effect of the 
wheel resonances. 

 

By performing the analysis presented in Table 6.7, the evolution of each engine order is clearly 
revealed and quantified by the coefficients . Such an analysis for the mentioned reaction 
wheel with a significant increase in micro-vibration after the test campaign is presented in 
Figure 6.8.  

 
Figure 6.8: A significant increase of the inner race order 6.11 (HIRI) post test  

The results in Figure 6.8 clearly show that the significant increase is caused by the inner race. 
The other bearing parts have their engine orders maintained at the same level. The increase of 
the order related to the inner race is also observed at its higher orders. For example, the order 
of 2HIRI =12.22 also has a significant increase of 13 times after the test campaign as depicted in 
Figure 6.9. This engine order (12.22) is also the cause for one of the highest peaks throughout 
the complete wheel speed after the test campaign (see Figure 6.9). 
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Figure 6.9: A significant increase of inner race higher order 2HIRI (12.22) (left figure) causes 
one of the highest peaks after the test campaign (right figure)    

6.3.2 Study Anomaly of Cage  

During a dedicated test campaign on a W45E reaction wheel, the micro-vibration results 
showed an exceptional high disturbance at the frequency of the cage. The anomaly in this 
particular cage was identified by the correlation between the cage inspection and the micro-
vibration analysis with the assistance of the MAT. In this case study, three features of the 
toolbox: spectral analysis, empirical model and envelope analysis techniques are used to find 
out the root cause of the anomaly. 

Data Analysis with the MAT 

A micro-vibration test was conducted on the wheel W45E. By using the plotting module of the 
toolbox, it showed that the engine order of cage motion has an abnormally high amplitude as 
shown in Figure 6.10. This disturbance peak at the cage engine order of 0.61 reaches 0.92 N at 
4000 RPM, while such a vibration in a normal case is below 0.05 N. 

 
Figure 6.10:  The cage vibration is exceptionally high compared to the unbalance  

Unbalance 

Cage Frequency 
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To further investigate the behavior within the engine order of the cage, an empirical model for 
the cage order is built using the toolbox. As a result, an exact distribution of the cage radial 
vibration with respect to wheel speed is obtained Figure 6.11.   
 

 
Figure 6.11: Vibrations peaks of cage motion (EO 0.61) following quadratic law 

As expected in the envelope spectrum, the vibration peaks of the cage (main and higher orders) 
are among the highest peaks.  

 
Figure 6.12:  Cage anomaly leading to cage engine orders are the highest in envelope 

spectrum  

All the above data processing techniques clearly point out the location of the irregularity at the 
bearing cage. The following paragraphs will explain the root-cause of the high vibration at the 
cage engine order. 
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Correlation between Data Analysis and Cage Anomaly 

According to the bearing imperfection frequencies presented in chapter 2, the high amplitude 
of the cage engine order at the beginning of bearing life can be linked to one of the two 
following possibilities. Both of them have the order of the cage. 

 Cage imperfections: cracks, chips (or delamination), distortion.  

 Ball oversize: diameters of balls are larger than nominal dimension. And vice versa, 
cage pocket undersize.   

To confirm this expectation, the affected W45E wheel was disassembled into the level of 
bearing components after the test campaign. A detailed visual inspection and measurement of 
the bearing parts were performed and show that: 

 One bearing cage showed an imperfection. There was a cage delamination which is a 
small break-off of cage material. The delamination caused unbalance during its rotation. 
However, the expected cage unbalance due to the delamination based on the 
delaminated material volume is at the order of 0.05 N at 4000 RPM. This unbalance 
force is much smaller than at the measured value of 0.92 N. Therefore, the delamination 
is excluded as the cause of high vibration at the cage engine order. 

 The suspicion on ball oversize was also excluded by measurement of the ball diameters. 
Twenty bearing balls in the same batch were measured. It is noted that the actual balls 
in the bearing were not allowed to be measured due to potential scratches during the 
measurement. The measurement results of the batch show that the standard deviation 
and the maximum deviation of the ball diameters are 0.0014 mm and 0.0030 mm 
respectively. This value is well below the design tolerance of ± 0.005 mm. Therefore, 
the variation of ball diameter is not significant, and the balls are not considered as 
oversized. 

 The pocket size of the cages was checked by a gauge of Ø 7.31 mm which was the 
designed dimension of the cage pocket. The measurement indicated that four pockets of 
the cage belonging to the lower bearing were not within the design tolerance. Thus, they 
were fully disassembled and sent for a detailed measurement. The results confirm that 
at least three ball pockets of one cage are much smaller than the nominal. Pocket number 
4 is clearly below the tolerance as shown in Figure 6.13.  
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Figure 6.13: Cage dimension measurement results show small pockets of the lower bearing 

cage compared to allowable tolerances (continuous red lines)  

Due to small pocket sizes, the cage tends to shift radially by toward a new equilibrium position 
as depicted in Figure 6.14.  

 
 

Figure 6.14: Visualization (left) and actual situation (right) of cage run-out where the cage 
pushes the balls in one direction and the cage rubs the outer race 

At the new equilibrium position, the cage has the least internal stress because the ball in the 
small pocket cage can easily deform the thin cage lip (see Figure 6.14) rather than sit in a small 
pocket with thick material at the outer edge of the cage. The phenomenon of radial cage shifting 
is called cage run-out. The radial shift  of the cage can be approximated from the deviation 

 of the cage pocket size as described in a simplified model in Figure 6.15.  

Cage lip 
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Figure 6.15: Calculation of the radial shift  of the cage  

The resulting eccentricity of both cage and balls with respect to centre of the shaft and the inner 
race generates a centrifugal force  at the cage frequency. The unbalance force is 
generated by both cage mass  and the affected ball mass  as depicted in Figure 6.14. 

 (6.2) 

Given the deviation of cage pocket size  in Figure 6.13 and the bearing dimensions, the 
cage run-out is calculated at  = 0.32 mm. Using this cage run-out value and bearing part masses 
in equation (6.2), centrifugal force due to cage run-out is at 0.4 N at 4000 RPM. Although this 
value is smaller than the measurement value of 0.92 N, it is still in the same order of magnitude. 
Moreover, the cage run-out approximation of Figure 6.15 has not yet taken into account the 
elastic deformation of cage which leads to an increase of , resulting in a larger centrifugal 
force. Therefore, the cage run-out due to small ball pockets is the most plausible cause of the 
high micro-vibration at the cage order.    

In conclusion, the MAT was particularly useful in localizing of an anomaly in a bearing cage 
in a non-intrusive manner. The detailed inspection and measurement of the cage do confirm 
that the cage run-out due to small ball pockets is the cause of high vibration at the cage engine 
order observed during the micro-vibration test.   
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Chapter 7 
 

Mitigation of  Micro-vibrations  
 
 
 
 

Micro-vibrations eventually are required to be maintained as low as possible due to their 
adverse effects. Mitigations of micro-vibrations can be done at three levels: at the sources, on 
the transmission path to payload and at system/payload level. This chapter presents mitigation 
approaches at the micro-vibration source (at reaction wheel level). Key approaches to the 
existing design are minimizing unbalance and managing mechanical impacts. Key approaches 
to a new design consist of several structural changes to reduce low frequency micro-vibrations, 
increase bearing load and isolating micro-vibration within the wheel. 
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7.1 Introduction  

The approach and scope to reduce micro-vibrations and their criticality at the reaction wheel 
level are presented in this section. 

7.1.1 Approach 

The main and broad approaches to reducing and attenuating micro-vibrations are at the 
following levels: 

 Micro-vibration source: reduce or eliminate the origin of the micro-vibrations. 

 Transmission path: break or attenuate the propagation of the micro-vibrations from 
source to payload. 

 Payload: attenuate the effects of micro-vibrations at the payload. 

The most efficient approach to controlling the adverse effects of the micro-vibrations is 
reducing them at the vibration source [1]. The effort and cost to attenuate the micro-vibrations 
either on the transmission path or at the payload are potentially huge and not always effective. 
The measures typically also lead to other adverse effects [1][2]. This chapter focuses on the 
approach to reducing and consistently controlling the occurrence of the micro-vibration at its 
source: the reaction wheel.  

7.1.2 Scope 

All the mitigating approaches in this chapter are kept within the following limits: 

 The approaches are specifically aimed for the Bradford reaction wheel design as well as 
its possible future designs. In case of a re-design, the priority is given to the approaches 
that can maintain the proven heritage. In addition, the optimized geometrical design of 
the bearing is maintained so that the functional performance parameters of the wheel 
such as friction torque can be maintained. 

 This chapter only discusses the approaches that are derived from the knowledge of the 
micro-vibrations developed in the previous chapters as well as lessons learned during 
the production of Bradford reaction wheels. For example, the micro-vibration model 
provides a tool to predict the structural and micro-vibration behavior against design 
changes. Hence, several mitigating approaches are derived from this model.  

 This chapter does not intend to explore and discuss approaches with dramatic design 
changes which are out of the applicability of the developed models or presented 
knowledge. For example, although using magnetic bearing is an approach to eliminating 
micro-vibration, this approach is not discussed since the background of the magnetic 
bearing is not in the scope of this thesis. 
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Moreover, an approach of design changes for lower micro-vibration could affect other operating 
constraints such as thermal, structural, functional performance, and life time of the wheel. Such 
constraints are mission dependent. Therefore, trade-offs have to be made for the targeted 
mission type.  

Given the above scope, mitigation approaches to reducing the micro-vibration and its criticality 
at the reaction wheel level are visualized in the following diagram.    

Mitigating 
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& Damping
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Figure 7.1: Approaches to mitigating micro-vibrations at the reaction wheel level 
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7.2 Approaches to the Existing Design 

This section proposes approaches to improving the micro-vibration performance without 
changing the existing design of Bradford reaction wheels.   

7.2.1 Minimizing Unbalances 

As discussed in the definition of unbalances in Chapter 2, static and dynamic unbalances in the 
reaction wheels are usually less than 0.5 gcm and 5.0 gcm2, respectively. These values are quite 
stringent when compared those of other rotating machines. In fact, the static unbalance level of 
0.5 gcm is approximately equivalent to a 1μm of distance difference between the axis of rotation 
and the axis of rotor inertia given the rotor mass in the range of 4 to 5 kg. Regarding the 
amplitude, the radial force and moment at 4000 RPM caused by the unbalances are 0.9 N and 
0.09 Nm for the static and dynamic unbalance at 0.5 gcm and 5.0 gcm2, respectively. 

Regarding the frequency, the unbalances are disturbances which range from 0 Hz (0 RPM) to 
66.7 Hz (4000 RPM). Micro-vibrations in this range of frequency are critical because they 
coincide with resonant frequencies of equipment as well as spacecraft structures, for example, 
a telescope mirror [4]. In fact, these unbalance levels are known for causing degradation in 
imaging quality of a number of observatory missions, for instance in the IRIS mission [3] and 
the James Webb Space Telescopes [4]. Attenuating the low frequency of unbalance is 
challenging in both passive and active manners: 

 The low frequency range of the unbalance cannot be effectively attenuated by a passive 
damper. A viscous-elastic damper usually has a cut-off frequency between 10 Hz and 
50 Hz [21]. Just below this frequency it has an amplification factor greater than one as 
depicted in Figure 7.2. It is clear that a passive damper, though it can attenuate high 
frequency vibrations, cannot remove the unbalances.  
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Figure 7.2: A viscous-elastic damper with its cut-off around 30 Hz while the unbalance 
frequency is in the range between 1 Hz and 67 Hz (4000 RPM) [21] 

 A low frequency in the range of unbalances is also difficult to be actively controlled. 
For example, a satellite control architecture [5] was proposed to dynamically control 
disturbances from reaction wheels, especially the unbalances, by a layered and high 
bandwidth control system. However, the error reduction is small while other 
disturbances remain [6].  

Thus, minimizing static and dynamic unbalances is the first measure to reduce the micro-
vibrations from reaction wheels. The following suggestions are provided: 

 The reaction wheel unbalance level of 0.5 gcm is equivalent to the balancing grade 
ISO G0.4. This grade is the highest grade of the international standard ISO 1940/1. 
However, a balancing machine today can balance at a better specification. For 
example, balancing a turbomolecular vacuum pump and turbochargers reportedly can 
reach the level of 0.0005 gcm [10] which is a few orders of magnitude better than the 
current grade of 0.5 gcm. 

 Next, the balancing task of a rotor should be done by removing materials rather than 
adding materials. Balancing by removing materials can be done by drilling or laser 
ablation [8][9]. Adding materials has the disadvantage in requiring a minimum mass 
of a correction weight so that there is a sufficient surface to adhere to the rotor or for 
a mounting hole to be fastened to the rotor. This minimum mass requirement limits the 
minimum achievable unbalance level. Moreover, the added correction weight has the 
potential to be shifted under mechanical and thermal loads.  

1-67 Hz range dominant by unbalance 
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 To keep the unbalances stable and resistant to all mechanical and thermal impacts 
during an acceptance test campaign and launch vibration, the wheel rotor should be 
one-piece. The reason is that movable parts on the wheel rotor increase the risk of 
unbalance shift because of the slippage between movable parts of the rotor under 
mechanical loads as observed in Bradford reaction wheels. Besides, a design with too 
many different parts and materials on a rotor also has a risk of unbalance shift under 
thermal loads. Since parts with different materials have different thermal expansion, a 
thermal load leads to internal stresses which can result in a relative motion between 
rotor parts. As a consequence, the (un)balance is changed [7]. 

7.2.2 Managing Environmental Impacts 

Ball bearings are designed to withstand static and dynamic loads. These loads are derived from 
a generic but conservative random vibration spectrum to which the reaction wheels and bearings 
are exposed during launch and lifetime. On top of this, a safety factor (greater than 1.5) 
according to the space industry practice is applied. Despite of these margins, micro-scale 
deformations on the mating surfaces of ball bearings still occur. These micro-scale 
deformations (imperfections) lead to a worse micro-vibration performance. A few examples 
below show that there is a correlation between the degradation of micro-vibrations and the 
mechanical impacts. 

 During an acceptance test campaign, four identical reaction wheels were exposed to the 
same acceptance tests. The only difference in the tests was that two reaction wheels 
(RWA #1 and RWA #2) were exposed to a sine vibration level of 20 g while the others 
two (RWA #3 and RWA#4) were exposed to only 12 g.  Micro-vibration tests were 
performed before and after the test campaign. Initial micro-vibration performance of all 
the four wheels is at the same order of magnitude. After the test campaign, the two 
wheels with the higher sine vibration level (RWA #1 and RWA #2) show significantly 
higher micro-vibrations compared to those of the other two wheels. The differences are 
not only at the peaks at the wheel resonances but also at the general level as presented 
in Figure 7.3. 
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Figure 7.3: Peak-hold radial disturbances versus frequency show clear differences between 

the two groups. RWA #1 and RWA #2 experienced nearly a doubled sine vibration level 
compared to RWA#3 and RWA#4  

 During a qualification test campaign, a qualification model was exposed to a 2000 g 
shock in all three directions. The micro-vibration measurement was performed before 
and after the shock test. There was a considerable degradation of micro-vibration 
performance, where the micro-vibration amplitudes at the wheel resonance increased 
nearly four times. This example was provided in Chapter 4, paragraph 4.3.1. 

From these examples, there is an indication that high mechanical impacts during the 
qualification and acceptance test campaign lead to a worse micro-vibration performance. 
Therefore, there is a need for a strategy to managing the environmental impacts and maintaining 
the low micro-vibration.  

The strategy is to define and respect a boundary level and a type of mechanical and thermal 
loads that a wheel can experience without micro-vibration degradation. Currently, such a 
boundary has not been defined yet at Bradford. However, a project was initiated by the 
European Space Agency [11] to obtain a clear relation among the micro-vibration performance 
and the type and amplitude of mechanical and thermal impacts. Hence, a recommended 
boundary can be derived. In this investigation, a number of reaction wheels are to be exposed 
to different types and levels of mechanical and thermal loads while micro-vibration 
measurements are performed in between. The Micro-vibration Toolbox presented in Chapter 6 
is used to accelerate the micro-vibration analysis in this investigation. 
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7.2.3 Adapting Wheel Speeds 

Adapting the wheel speed during operation aiming for a range with low vibration is a strategy 
for rotating machines. Appling this strategy to reaction wheels needs to consider the following 
aspects:  

 The amplitude of bearing vibration sources increases with squared wheel speeds. This 
relation is similar to the unbalance and confirmed by the empirical model in Chapter 5. 
Therefore, the operating wheel speed should be kept as low as possible. However, 
Chapter 5 already pointed out that an interference between the micro-vibration sources 
and wheel resonance generates the highest micro-vibrations. Thus, the recommendation 
of keeping low operating wheel has a limited value. In fact, for Bradford reaction 
wheels, the increasing trend of micro-vibration with speed holds up to 700 RPM as 
depicted in Figure 7.4. 

 
Figure 7.4: Micro-vibration increases with speed is valid up to 700 RPM. The highest peaks 

often remain within a narrow bandwidth of speed, typically ± 5RPM 

 The plot of micro-vibration versus speed in Figure 7.4 shows a more interesting feature: 
high peaks of micro-vibration often occur in a narrow bandwidth (± 5 RPM). Outside 
the band, the micro-vibrations are significantly lower than the peak values. This 
observation is obtained from the experience of micro-vibration analysis on multiple 
reaction wheels. Therefore, a strategy to mitigate the high micro-vibration is to avoid 
these speeds during an observation and scientific acquisition by the spacecraft. The 
spacecraft still can use the major part (>90 %) of the speed range which has micro-
vibration levels lower than half of the peak micro-vibrations.  

It is noted that the speed adaptation shall be decided based on the micro-vibration plot 
representative to the onboard condition, i.e. in the coupled condition. The reason is that the 
location of wheel resonance changes with the stiffness of the structure where the wheel is 
mounted on.  
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7.2.4 Early Detection of Anomalies 

As presented in the previous chapters, the imperfections or irregularities from ball bearing parts 
lead to high micro-vibration levels. Therefore, ball bearing parts for the reaction wheels are 
machined, controlled and inspected in an utmost strict manner at the bearing supplier and at 
Bradford to obtain an excellent performance regarding micro-vibrations. Nevertheless, actual 
micro-vibration performance needs to be verified in a bearing assembly. The obtained 
knowledge of micro-vibration analysis and its capability of localization of anomalous bearing 
parts (Chapter 4) introduces the possibility to detect irregularities at an early phase of the 
reaction wheel verification campaign. This approach has been adopted and implemented as 
follows: 

 For every reaction wheel, an additional micro-vibration test is performed at the 
beginning of the test campaign to localize any possible bearing parts that cause high 
micro-vibration. Early anomaly detection and replacement at this phase reduces costs 
significantly. This additional micro-vibration was firstly implemented in the 
BepiColombo program. 

 The obtained knowledge of micro-vibration and its post-processing technique are 
expected to be applicable not only to the micro-vibration test but also for a simple 
accelerometer attached to the wheel as depicted in Figure 7.5. The usage of 
accelerometers for anomaly detection and health monitoring is more cost effective in 
comparison to the micro-vibration test. The approach of using accelerometers instead 
of micro-vibration test is being studied at Bradford Engineering [11].  

 
Figure 7.5: Using accelerometers during functional performance tests for the purpose of 

early anomaly detection and health monitoring  
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7.3 Approaches to New Design 

In case a major design change can be made to Bradford reaction wheels, the following 
mitigation methods are recommended. 

7.3.1 Reducing low frequencies  

Motivation and Objectives 

Chapter 4 and 5 show that the highest micro-vibrations always occur at the wheel resonance 
frequencies. The criticality of these frequencies is mission-dependent because each spacecraft 
and its payload have their own vibration-sensitive frequency range. Although the relevant 
frequency range for most missions is from 1 Hz to 1000 Hz, the critical frequency range can be 
narrowed down based on the experiences with recent missions as presented in Table 7.1. 

Table 7.1: Micro-vibration frequency range and its criticality 

Frequency range Criticality Examples 

1 Hz –  67 Hz 

High 

This frequency range is dominated by unbalance, see 
paragraph 7.2.1 for its criticality 

67 Hz – 500 Hz 

Payloads are sensitive to micro-vibration between: 
 50 Hz – 250 Hz for the SSTL 300 S1 spacecraft [12] 
 1 Hz – 200 Hz for the MTG spacecraft [13] 
 < 500 Hz for the BepiColombo spacecraft [14] 

Moreover, attenuation by a damper is limited (see Figure 
7.2) 

500 Hz – 1000 Hz Low 
Not critical because the frequency is outside the relevant 
range for payloads and a high attenuation can be obtained 
by a damper (see Figure 7.2) 

For Bradford reaction wheels, the resonance due to the radial mode of around 450 Hz usually 
causes the highest peaks. The criticality of micro-vibration at this frequency can be reduced if 
it is shifted above 500 Hz.  

The low frequency resonances below 200 Hz corresponding to the rocking mode of the wheel 
are more critical. The rocking modes generate the two whirls referred to as the V-shape since 
their frequencies are dependent to speed (Chapter 5). The frequencies of the two whirls amplify 
either the unbalances or bearing vibrations as depicted in Figure 7.6.  
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Figure 7.6: An example of the two whirls amplifying vibration sources and generating high 

disturbance peaks below 200 Hz (red arrows) 

Since the resulting micro-vibrations of the two whirls are low (<200 Hz), they are not 
adequately attenuated with the application of a damper. They are also in the sensitive frequency 
range as provided in Table 7.1. Therefore, a re-design for a better micro-vibration needs to shift 
up the frequencies of the two whirls. Shifting up the backward whirl will also avoid its 
interaction with the wheel unbalance frequency. The speed where this interaction occurs is 
called the critical speed.  

To estimate the direction and the effectiveness of the wheel resonance frequencies change, a 
sensitivity analysis is performed. The sensitivity analysis shows how the resonances shift with 
respect to the design parameters presented in Figure 7.7.  
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Besides, the sensitivity analysis is based on the mathematical model presented in chapter 5. The 
Campbell diagram, which is the plot to provide an overview of the wheel resonance versus the 
wheel speed, is used throughout the sensitivity analysis.  

Influence of Rotor Mass and Inertia 

The mass and the moment of inertia of the rotor ( zI , rI , ) directly affect the wheel resonant 
frequencies since the wheel resonant frequencies are governed by equation (5.22). Although the 
equation (5.22) does not have a closed form solution, one can expect the relation of zI , rI ,
to the wheel resonance frequencies via the general equation (5.21):  

 The wheel axial and radial mode frequencies increase with the square root of the mass 
decrease. 

  The wheel rocking mode, which consists of the two whirls, increases if the inertias zI
and rI  decrease. 

The above influence of rotor mass and inertia to the wheel resonances can be seen from the 
existing models of Bradford reaction wheels. Bradford reaction wheels are grouped into two 
families: W18 and W45. The W45 models have a larger and heavier rotor than those of W18 
models as provided in Table 7.1. Their corresponding Campbell diagrams are presented in 
Figure 7.8. 

Table 7.1: Wheel properties of the four main models  

Rotor 
parameters 

W45ES 
(45.0Nms) 

W45 
(40.0Nms) 

W18ES 
(25.0Nms) 

W18 
(18.0Nms) 

zI [kgm2] 0.108 0.096  

rI [kgm2] 0.055 0.049  
 [kg] 5.06 4.50  

1d [mm] 4.43 3.95 
r [-] 10.29 11.66 

rk [ N/m] 29.0 106

ak [ N/m] 8.7 106  

 
 
 
 
 
 
 
 
 
 

M

M

M
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Figure 7.8: Campbell diagrams of the four main models of Bradford reaction wheels 

The small W18 wheels (continuous and dashed blue lines) have the advantages of a high 
frequency of the rocking mode due to the small rotor radius and hence small rI . For this reason, 
a W18 (18Nms) wheel has no critical speed since the interaction between the unbalance and the 
backward whirl is above the wheel operating speed of 4000RPM. In contrast, the large W45 
wheels (continuous and dashed red lines) have a lower frequency of the rocking mode and have 
an interaction between the unbalance and the backward whirl. For the W45 wheels, since the 
rotor is already heavy, adding more mass leads to little shift in in the rocking mode frequency. 
In other words, the frequency variation within the W45 models (W45 or W45ES) is small. 

The frequency of radial and axial modes in W18 wheels sharply decreases if more mass  and 
inertia zI  are added to the wheel rotor. For example, the wheel radial mode of the W18 wheel 
(  is reduced from 490 Hz to 407 Hz when more mass is added to the rotor to 
become the W18ES ( .  

The above simulations show that the smallest Bradford wheel W18 has the advantage of high 
resonant frequencies and hence less micro-vibration in the low and critical frequency range. 
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Increasing Bearing Stiffness  

Increasing the radial bearing stiffness leads to an increase in the rocking mode frequency, as 
can be derived from the theoretical model (Chapter 5). In fact, doubling the radial stiffness 
results in an increase in the rocking mode frequency with an approximate factor of 1.41 as 
depicted in Figure 7.9.  

 
Figure 7.9: Campbell diagram with difference radial and axial bearing stiffness 

The increase in the bearing stiffness helps achieve the goal of shifting up the two whirl 
frequencies. Moreover, the interaction between the backward whirl and the unbalance does not 
exist anymore. A higher bearing stiffness can be achieved by the following methods without 
changing the optimized bearing geometry: 

 Using advanced materials for balls and raceways. For instance, tool steel and ceramic 
can improve the overall bearing stiffness. Bearings from these materials were developed 
for space wheels [16].   

 Increasing the bearing preload is found to improve both axial and radial stiffness 
[12][15]. However, a higher preload means higher friction torque, and hence lifetime 
may be reduced. Therefore, it is not recommended as the first and only measure to 
improve the bearing stiffness.  
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Increasing Distance between Bearings 

The total length between the two bearings 21 ddd  with a given ratio 12 ddr  also affects 
the frequency of the rocking mode.  

If d  decreases, the rotor has shorter supporting “arms” from the two bearings. As a result, the 
frequency of the rocking mode tends to decrease while the split of the two whirls increases. 
Similarly, if d  increases, the rotor has longer supporting “arms” from the two bearings, 
resulting in a higher frequency of the rocking mode, and a smaller split. The simulation results 
with the distance between the bearings varying from 25 mm to 100 mm are shown in Figure 
7.10.  

 
Figure 7.10: Campbell diagram with difference length between the two bearings 

The results show that doubling the distance between the bearings raises the frequency of rocking 
mode about 80 Hz. The increase helps avoid the interaction between the backward whirl and 
the unbalance. Moreover, the wheel first mode, which is the rocking mode, is apparently higher 
than the critical frequency range of launcher, which is typically below 140 Hz. 

It is noted that the above prediction model is only valid with the assumption of a rigid shaft. 
Therefore, the solution to increase the distance bearings d has to come along with a shaft re-
design such as additional ribs and/or stiffer materials to maintain the stiffness of the shaft.  
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Not Changing Rotor Center of Mass  

As observed from the model (paragraph 5.1), the wheel resonances are also dependent on the 
relative position of the rotor center of mass to the two supporting bearings, r . The sensitivity 
analysis of the wheel resonances with respect to the ratio r  is performed in the two extreme 
cases: mid-span ( ) and close to one of the bearings in the existing design ( ). 
The results are presented in Figure 7.11.  

 
Figure 7.11: Campbell diagram of a W45E wheel with two extreme ratios r=1.0 (rotor at 

mid-span) and r=11.66 (rotor close to lower bearing) 

In the case of the rotor center of mass is in the middle of two supporting bearings ( 1r ), there 
is no coupling between rotational and translational vibrations of the rotor. In other words, the 
radial mode purely consists of a translational motion in the rotor plane. As a result, the two 
whirls at 450 Hz merge completely into one line. There is no other significant frequency shift 
for any other modes between the two extreme positions of the rotor center of mass. Therefore, 
changes in the relative position of the rotor center of mass with respect to the bearings do not 
help achieve the goal of shifting up both whirls.  

7.3.2 Increasing Bearing Load Capacity 

As discussed in paragraph 7.2.2, micro-damages in the bearings during the verification 
activities and launch events lead to a significant degradation in micro-vibration performance of 
the reaction wheels. For Bradford reaction wheels, the inner races have shown to be a 
susceptible part to the sine vibration as discussed in the case study in Chapter 6. Managing the 
mechanical impacts for the existing design is one of the preventive approaches. Another 
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approach is to introduce a design change to increase the bearing load capacity. The main 
approaches to increase the bearing load capacity are: adding bearing design margin, optimizing 
bearing geometry and using advanced materials [18]. The first two approaches would change 
the heritage proven design of the Bradford wheel bearings. Moreover, the theory and techniques 
in optimizing bearing design are out of the scope of this thesis, and hence these approaches are 
not further discussed. The last approach in using advanced bearing materials has the advantage 
in maintaining the heritage bearing design for Bradford reaction wheels. Within this approach, 
there are two main directions: 

 Using stiff materials for bearing raceways and balls to increase the load capacity. For 
example, using tool steel and ceramic materials increases both surface hardness and 
material stiffness. Hence, the load capacity and stiffness are improved. In addition, 
hybrid bearings, typically consisting of Silicon Nitride balls and High Nitrogen steel 
raceways, are more wear-resistant [16]. Using ceramic balls leads to micro-vibration 
reduction by one to two orders of magnitude in the sensitive frequency range of 200 Hz 
to 300 Hz [12]. Thus, the direction of using hybrid bearings is a promising approach for 
increasing wear and load capacity as well as reducing bearing noise. However, other 
performance parameters under the representative environment, i.e. vacuum, have to be 
verified [16].       

 Another approach is to use super-elastic materials [18]. The super-elastic materials, like 
60NiTi, enables very large strains (5 percent or more), and hence results in high 
resistance to contact stress and damages. For example, shifting ball and raceway 
materials from 440C stainless steel to super-elastic intermetallic material 60NiTi on a 5 
kg reaction wheel can improve the load capacity from 1.4 kN to 12.8 kN [18]. This 
improvement does not only reduce the chance of micro-vibration increases due to 
mechanical impacts but also increase the capacity of the reaction wheel (higher rotor 
mass and inertia are allowed) while using the same bearing dimension. However, the 
drawback of this method is the reduction of bearing stiffness since one of the key 
contributors to the bearing stiffness is the Yong modulus of 60NiTi which is about half 
of that of steel. Therefore, the wheel resonances decrease, making them more critical as 
pointed in paragraph 7.3.1. Moreover, the bearing performance and suitable lubricant 
for this bearing materials are not yet verified. 

In conclusion, increasing the bearing load capacity in either above directions is dependent on 
the confirmation of its performance in a representative environment. The approach of using the 
hybrid bearing has the advantage in its proven low micro-vibration, and therefore this approach 
is recommended as a next step of investigation. The approach of using super-elastic materials 
is deemed to be in early development phase, and hence it requires a greater effort to arrive at a 
workable solution. 
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7.3.3 Internal Isolation and Damping 

Since the micro-vibration sources are at the rotor bearing system, isolating or damping vibration 
from this system is a method to attenuate micro-vibration. Isolation and damping of vibration 
in a reaction wheel have been done in four strategies: passive, active, hybrid and semi-active 
[2]. Among the strategies, the passive isolation is the simplest, low cost and yet effective 
approach to attenuating high frequencies starting from 50 Hz [2]. Therefore, it is considered as 
the first measure to be investigated in the direction of isolation and damping.  

Within this direction, a viscoelastic damper can be applied between the rotor bearing system 
and the other structures of a reaction wheel. This approach was implemented in a reaction wheel 
design in [20]. For Bradford reaction wheels, an example of a damper implementation is using 
elastomeric layers between the shaft and the baseplate hub as depicted in Figure 7.12. 

 
Figure 7.12: A conceptual design of a damper inside the wheel: elastomeric layers between 

the shaft and the baseplate can reduce high frequency micro-vibrations   

However, a damper also comes along with its adverse effects:  

 A damper leads to a reduction of the wheel resonant frequencies due to its low stiffness. 
A low wheel resonant frequency might coincide with the launcher’s resonant frequency. 
This coincidence must not happen. Otherwise, the reaction wheels have to be locked 
during launch [12]. Such an additional locking mechanism significantly increases the 
system complexity.  

 The damper performance is sensitive to temperature [2][21]. Moreover, the operating 
temperature range of the damper is very limited, for example from 0 °C to 30 °C [21]. 
This range would significantly reduce the overall operating temperature range of 
Bradford reaction wheels which is between -15 °C to 50 °C.   

In conclusion, a passive isolation inside the wheel is a promising, simple and cost-effective 
solution to the problem of micro-vibrations. However, given the above constraints, this solution 
is limited to missions with a narrow operating temperature range. 
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7.4 Recommendations  

Several approaches to mitigate the occurrence and effects of the micro-vibration at the wheel 
level and within the scope of this thesis have been presented and discussed. From these 
approaches, the top three recommended forward steps would be: 

 Investigating an appropriate balancing equipment and the approach of removing 
materials during balancing to minimize the unbalance levels (paragraph 7.2.1).  

 Performing a study to define boundary levels of mechanical and thermal loads that a 
wheel can experience without leading to a degradation of micro-vibration (paragraph 
7.2.2). This study is being carried out at Bradford Engineering [11]. 

 Investigating the feasibility of using hybrid bearings which can achieve a high load 
capability, a reduction of micro-vibration (paragraph 7.3.2), and the avoidance of 
critical frequency range to micro-vibration (paragraph 7.3.1). 
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Chapter 8 
 

 

 

Conclusion  
 
 
 
 

A comprehensive investigation of micro-vibration in reaction wheels has been presented in this thesis. 
In this chapter, we summarize the implication of the work performed and remark on possible future 
works on the topic.  
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8.1 A Comprehensive Investigation 

In this thesis, micro-disturbances from reaction wheels have been studied. The reaction wheel 
micro-disturbances, which are the major disturbance onboard a satellite, reduce the satellite 
pointing stability and limit the optical and imaging capabilities of many space missions. 

This thesis was also carried out to provide analyzing tools and insights into the issue of the 
micro-disturbances in Bradford Engineering reaction wheels. By providing the analyzing tools 
and the new insights, the knowledge and the capability to analyze the micro-disturbances of 
Bradford reaction wheels has been raised to a new level compared to knowledge at the 
beginning of the project.         

First, all the micro-disturbance sources, from periodic and non-periodic sources, have been 
identified in Chapter 2. The focus is on the periodic ones, called micro-vibrations. Among the 
micro-vibrations, ball bearing vibration is a major and complex source. In this thesis, ball 
bearing vibrations have been measured and correlated with the existing research and theory in 
ball bearing vibrations. 

Second, the micro-vibration measurement of reaction wheels is not anymore a simple 
verification test but it has been transformed into a non-intrusive health monitoring and diagnosis 
tool for reaction wheels. The capability of health monitoring and the diagnosis was made 
possible based on the existing micro-vibration analysis techniques and the newly adopted, 
tailored envelope analysis technique used in Chapter 4.  

Third, the micro-vibration now can be modelled, and hence reproduced and delivered to a 
higher level (spacecraft design and analysis). Three micro-vibration models have been 
developed in this thesis: 

 A theoretical micro-vibration model was derived from a model of a rigid disk and shaft 
supported by two ball bearings. Although simplified assumptions were used, the 
theoretical model has been successfully validated. Moreover, the theoretical model is 
extended to include the effects of varying compliance in which the radial bearing 
stiffness varies with the position of the balls in the bearing. The varying compliance 
effect is particularly applicable to Bradford reaction wheel design. Lastly, the theoretical 
model is extended with a model of the reaction wheel housing structure. 

 An empirical model was extended from the previous work by laying out the formulation 
to model the vibration transmission through the wheel resonances to the wheel interface. 
As a result, the accuracy of the empirical model is improved. The improvement also 
leads to another result: a micro-vibration source model, which is a model that does not 
contain the influence of the wheel resonances.   
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 A combined micro-vibration model was formed by merging the micro-vibration source 
model to the theoretical model. The combined model is validated with micro-vibration 
tests on the three Bradford reaction wheels (W18, W18E and W45E).  

Fourth, a Micro-vibration Analysis Toolbox has been developed in the frame of this thesis, 
Chapter 6, based on the developed data processing techniques in Chapter 4 and the micro-
vibration models in Chapter 5. The toolbox is used to support the micro-vibration analysis and 
diagnosis of Bradford reaction wheels in production and in a follow-up ESA project [1]. 

Fifth, the knowledge, the models and the analyzing toolbox of micro-vibrations in reaction 
wheels obtained in this thesis have been used to propose methods to mitigate and reduce micro-
vibrations. The proposals to existing designs and potential future designs have been discussed 
in Chapter 7.   

 

8.2 Future Works 

As a continuation of the work performed in this thesis, the following topics may be considered 
for further investigation. 

Measurement and analysis of micro-vibration 

 The imperfections or waviness in reaction wheel ball bearings have been detected, 
localized and trended by the measurement and analysis of micro-vibration in this thesis. 
The correlation between the degree of imperfection or waviness such as its shape, size 
and the results of data processing is the next step. Such a successful correlation would 
help the wheel supplier define suitable requirements and tolerances for the ball bearing 
machining, finishing and handling. 

 The early detections and diagnosis of bearing imperfections have been presented. The 
next step is the prognosis of the imperfection evolutions throughout the lifecycle of 
reaction wheels. From that, the predictions of the micro-vibrations and eventually the 
lifetime of reaction wheel bearings against the micro-vibration performance would be 
made possible. 

 The knowledge of micro-vibration and data processing techniques for reaction wheel 
have been established. On the one hand, one can continue to explore the benefits and 
the diagnostic capability from the micro-vibration test and the toolbox. On the other 
hand, one can seek for a more affordable alternative to use other vibration pick-up 
methods such as accelerometers. These devices have the advantage not only of an 
affordable price but also of being able to continuously monitor the wheel health status. 
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Modelling of micro-vibration 

 The relation between the wheel housing and the rotor bearing system in paragraph 5.1.4 
of Chapter 5 can be improved. The modelling approach in this thesis is an empirical 
approach. A theoretical approach would profoundly create a more generic model which 
would give a better prediction of the interaction between the housing and the rotor 
bearing system.      

 The damping ratio and hence the peak amplitude of the combined model in paragraph 
5.3 are not yet comparable to the measurements. Clarifying the differences would 
remarkably improve the accuracy of the combined model.  

Improvements of Micro-vibration 

 As discussed in Chapter 7, there are many promising approaches to reduce the micro-
vibration and its criticality at the reaction wheel without changing the optimized and the 
proven heritage design of the bearings used in Bradford reaction wheels. Before entering 
the next level of trading off and narrowing down alternatives, more constraints are 
needed. For example, the constraints may come from the trend of spacecraft structure 
designs for future missions. Besides, the constraints can also come from a business 
strategy to which mission types and momentum ranges the new design would be aimed 
for.  
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Annex A: Resonance Search Results of a Wheel Rotor 
 
 
A.1. Resonance Search Test Descriptions 

The eigen-frequency of reaction wheels are predicted using the Finite Element Method. To 
validate the predicted eigen-frequency, a resonance search test was performed on a Structural 
Thermal Model – STM. The STM is a W18E (22 Nms) wheel. Note that this model, dated from 
1990s, is the best model available for testing but it is not the exactly representative model for 
validation as discussed in section 5.1.3. 

The main interest of the test is the frequency response of the rotor (wheel rim) since it is the 
heaviest part of the wheel structure and its mode amplifies micro-vibrations. Hence, the wheel is 
tested without a cover in order to mount at least five accelerometers on the rotor as depicted in 
Figure A.1. The rotor is kept stands still (non-rotating) during the resonance search test. Four 
additional accelerometers also attached to the wheel baseplate to monitor its responses. 

 
Figure A.1: Five accelerometers TP5 to TP9 are mounted on the rotor of STM W18E  

The wheel is hard mounted on a slip table for the in-plane excitation (X direction). The wheel is 
directly mounted onto a shaker head during the out-of-plane excitation (Z direction). The 
characteristics of the excitation are provided in Table A.1. The excitation in Y direction was not 
performed. 

Table A.1: Parameters of the resonance search test on STM W18E 

Frequency [Hz] Level [g] Remarks 

10 … 2000 0.5 
One Sine sweep up at 2 Oct/min,  

no notching 
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A.2. Resonance Search Test Results 

The resonance search test results of the wheel rotors are summarized in the Table A.2. 
 

Table A.2: Summary of resonance test results of W18E (22Nms) wheel rotor 

Measured 
Resonance [Hz] Mode Remarks 

131 Rocking mode Accelerometer pairs 5 and 7; 6 and 8 have 
180º  phase difference (Figure A.2 ) 

232 Axial mode 
(Z axis) 

Accelerometer pairs 5 and 7; 6 and 8 have 
the same phase (Figure A.3) 

400 Radial mode 
(X/Y axis) 

Accelerometer pairs 5 and 7; 6 and 8 have 
the same phase (Figure A.4) 

 

 

Figure A.2: X excitation and Z responses of TP5 and TP7 with 180° apart in phase confirm the 
rocking mode of the rotor  

Rocking mode 
at 131 Hz 
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Figure A.3: Z excitation and Z response peak of TP5 and TP7 with the same phases confirm the 

axial mode of the rotor 

 

 
Figure A.4: X excitation and X response peak of TP5 and TP7 with the same phases show the 

radial mode of rotor 

 

Axial mode at 
232 Hz 

Radial mode at 
400 Hz 
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Annex B: Force Transmissibility of a Mass-Spring-Damper System  
 

The force transmissibility of a mass spring damper system is derived in this Annex. 
 

 
Figure B.1: A mass spring damper system with an input and output force 

 The equation of motion for the forced vibrations system: 

)cos()()()()( tFtftkxtxctxm in  (B.1) 

 In the steady state condition, suppose the solution of the displacement has the following form: 

)sin()cos()( tbtatx  (B.2) 

Then  

))cos()sin(()( tbtatx  (B.3) 

And 

))sin()cos(()( 2 tbtatx  (B.4) 

Replace the trial solution into equation (B.1), one obtains 

)cos())sin()cos((
))cos()sin((

))sin()cos((2

tFtbtak
tbtac

tbtam

in

 (B.5) 

Equating the sine and cosine terms lead to a set of two equations: 

)cos( tFin

)cos( tFout  

k  c x  

m 
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The solution for the above equations is  

in

in

F
cmk

mkb

F
cmk

ca

222

2

222

)()(
)(

)()(
)(

 (B.7) 

The solution for the equation (B.1) is rewritten in the following form: 

)cos()()sin()()cos()()( ctXtbtatx  (B.8) 

Where 22 baX and c is the phase shift between the force )(tf and the response )(tx and  

2tan
mk

c
b
a

c  (B.9) 

Replace the solution form titi eXXetbtatx *)sin()()cos()()(  to the 
equation (B.1) and consider only the positive solution, resulting in 

ti
in

ti eFXekcim )( 2  (B.10) 

The ratio between the response and the exciting force 

)()(
1
2 cimkF

X

in
 (B.11) 

The ratio magnitude is 

222 )()(
1

cmkF
X

in
 (B.12) 

On the other hand, the base (ground) experiences a force from the entire system: 

 Frequency domain:  

)()(
)()( 2 cimk
FcikXcikF out

out  (B.13) 
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 Time domain: 

)()( txctkxFout  (B.14) 

Substitute (B.8) into (B.14), the output force is in the form  

)sin()()cos()( ccout tXctkXF  (B.15) 

Magnitude of the output force 

222 ckXFout  (B.16) 

The force transmissibility is  

222

222

)()( cmk
ck

F
F

in

out
 (B.17) 

Note that damping ratio is defined as follow 

nm
c

2
 (B.18) 

Where the natural frequency of the system m
k

n  

The force transmissibility can be rewritten in the following form: 

2
2

22

2
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41

41

nn

n

in

out

F
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 (B.19) 
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Annex C: Micro-vibration Analysis Toolbox 
 
All the Matlab® figure Graphical User Interfaces (GUI) and functions are given on the CD 
attached to this thesis.  
 

Matlab® figure or function Description 

RWU_Uvibration_Tool.fig/ 
RWU_Uvibration_Tool.m 

Main interface of the Micro-vibration Analysis Toolbox and the 
data import module 

ReadETSFile.m Extract forces, moments, speed from the Universal file format 
which is the output of test facility  

SaveUFF2Mat.m Convert and save time data within a defined time window in 
Matlab format 

LoadMatFileOverlap.m Load and transform time data into frequency domain 

MicrovibrationPlots.fig/ 
MicrovibrationPlots.m 

Interface of the of basic plotting module 

Peakfinder.m Noise tolerant fast peak finding algorithm (courtesy Matlab® 
Central) 

PlotColormap.m Plot the waterfall plot (disturbances versus frequency and speed) 
in the form of colormap 

PlotWaterfall.m Plot the waterfall plot in 3D form 

PlotEO.m Plot specific Engine Order 

PlotPeakHoldVSFreq.m Plot peak-hold disturbance versus frequency 

PlotPeakHoldVSSpeed.m Plot peak-hold disturbance versus speed 

sort_nat.m Sort file names in natural order (courtesy Matlab® Central) 

uiGetFiles.m Get multiple files (courtesy Matlab® Central) 

EmpiricalModel.fig/ 
EmpiricalModel.m 

Interface of the of empirical model module 

FindDisturbancePeak.m Find disturbance peaks and distinguish from noise floor 

HarmonicAmpExtraction.m 
Extract disturbances at the harmonic set of Choose Harmonic 

Number Block and calculate the Ci by least square approximation 

BinningDisturbance.m Combines (bin) disturbance orders at different wheel speeds 

ChooseHarmonics.m Select the orders based on the strength index of disturbance 

CoefficientCalculation.m 
Perform curve fitting (with or without resonances) from the 

 result of order selection 

PlotExtractedEO.m Plot extracted engine orders 

ReconstructWaterfall.m Plot waterfall plot from the empirical model 

Unbalance.fig/ 
Unbalance.m 

Interface of the sub-module unbalance evaluation 
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Matlab® figure or function Description 

Ezyfit toolbox Curve fitting toolbox (courtesy Matlab® Central) 

EnvelopeAnalysis.fig/ 
EnvelopeAnalysis.m 

Interface of the bearing health monitoring 

EnvelopeSpectrum.m Obtain and plot envelope spectrum 

EnvelopeSpectrogram.m Obtain and plot envelope spectrum versus speed 
(envelopespectrogram) 
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Summary 

Reaction wheels are employed as prime actuators to maneuver and stabilize the attitude 
(rotation) of a spacecraft. However, the reaction wheel, which is a rotating mechanism, induces 
disturbances to spacecrafts. The main disturbance sources from the reaction wheels are the 
unbalance of the rotating mass and the ball bearing mechanism. Although the disturbances are 
small and usually called micro-disturbances, they reduce the pointing stability of a spacecraft. 
As a result, micro-disturbances from reaction wheels limit the optical and imaging capability 
of earth observation, space astronomy and advanced scientific missions. Hence, a 
comprehensive understanding and analyzing capabilities of the micro-disturbances is crucial 
for space missions. 

The work presented in this thesis was initiated in cooperation with Bradford Engineering BV, 
which is one of the reaction wheel suppliers to European space missions. The goal of the 
cooperation is to provide analyzing tools and insights into the issue of the micro-disturbances 
in Bradford Engineering reaction wheels.  

This thesis provides a study of the micro-disturbances in reaction wheels in the following areas: 

The micro-disturbance sources, from periodic and non-periodic sources, are identified and 
quantified. The focus is on the periodic ones, called micro-vibrations. Among the micro-
vibrations, ball bearing vibration is a major and complex source. In this thesis, ball bearing 
vibrations have been measured and correlated with the existing research and theory in ball 
bearing vibrations. 

Micro-vibration measurement, is shortly discussed. The design and performing characteristics, 
especially the dynamic performance of the measurement equipment are presented.  

Micro-vibration analysis is developed based on modern digital signal processing techniques. 
Existing analysis techniques and the newly tailored envelope analysis technique are used to 
detect, monitor and localize micro-vibration sources. The analysis enables the micro-vibration 
test to be used as a health monitoring and diagnosis tool for reaction wheels. 

Micro-vibration models are formulated. The models are used to reproduce and predict micro-
vibration at the wheel level. Moreover, the models are delivered to a higher level for the purpose 
of spacecraft design and analysis. Three micro-vibration models are developed: 

 A theoretical micro-vibration model is derived from a model of a rigid disk and shaft 
supported by two ball bearings. This theoretical model is extended to include the effects 
of varying compliance in which the radial bearing stiffness varies with the position of 
the balls in the bearing. The theoretical model is also extended with a model of the 
reaction wheel housing structure. 
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 An empirical model is extended from previous work by laying out the formulation to 
model the vibration transmission through the wheel resonances to the wheel interface. 
As a result, the accuracy of the empirical model is improved. The improvement also 
leads to a micro-vibration source model, which contains the pure signals from the micro-
vibration sources, undisturbed by any resonances.   

 A combined micro-vibration model is formed by merging the micro-vibration source 
model into the theoretical model. The combined model is validated with micro-vibration 
tests on the three Bradford reaction wheel types.  

A Micro-vibration Analysis Toolbox is developed in the frame of this thesis based on the 
developed analysis techniques and the micro-vibration models. The toolbox is used to support 
the micro-vibration analysis and diagnosis of Bradford reaction wheels in production and study 
projects. 

Based on the understanding of micro-vibration through dedicated measurements, analyses and 
modeling, mitigation of the micro-vibrations are proposed. The proposals aim to both existing 
designs and potential future designs of Bradford reaction wheels. 
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