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Abstract

This thesis describes the findings of research into the feasibility and design issues related to
design an active suspension system with electromagnetic devices.

Relevant literature has been searched for commercial applications in the area of active
suspension, which has illustrated the importance of a concurrent engineering approach to
system design. Force envelope, duty cycle and thermal endurance for vehicle roll control is
obtained using extensive mechanical modelling. Further, experimental measurements, con-
ducted at the TNO Automotive test facility in Helmond, Netherlands, on passive commercial
suspension struts have provided requirements for space envelope, spring characteristics and
damping characteristics. The obtained data are assembled to provide general requirements
for an active automotive suspension.

A tubular actuator topology, for placement parallel to a mechanical spring, is obtained
with size optimisation, using a combination of both Lorentz and differential methods. It needs
noting that this optimisation uses full pitch magnets and a brushless DC topology, hence,
does not include the minimised cogging force or force ripple. Since a dearth in publications
on design methodology of tubular actuators exists, a novel 2D representation of the tubular
actuator is introduced, and, using the conventional axisymmetrical model, verified for back-
EMF, inductance and cogging force. This 2D model enables separation of cogging force
components, which is subsequently used to reduce this cogging by skewing. Feasible topologies
for skewing in the tubular actuator are obtained, after which the Multilayers 2D method is
used to simulate the effects of skewing on cogging force and back-EMF.

Further, a novel tubular ELectro MAgnetic SPring (ELMASP), based on reluctance force,
is proposed, replacing a conventional passive spring-damper system in wheel suspension sys-
tems. A Magnetic Equivalent Circuit (MEC) model is derived for a simplified ELMASP, and
compared to Finite Element Analysis (FEA). To verify the MEC and FEA results, a proto-
type is manufactured to verify the static forces calculated by MEC and FEA. Good agreement
has been found between the measurements and the various predicted forces, which provides
the fundamental predicted and measured verification for the innovative design of a full-size
ELMASP that incorporates an adjustable spring stiffness.





Contribution to knowledge and publications

This thesis will present the findings of a wide-ranging and multi-disciplinary research pro-
gramme into the feasibility and design issues related to design an active suspension system
with electromagnetic devices. The research has illustrated the critical importance of a con-
current engineering approach to system design, which encompasses mechanics and electro-
magnetics. Indeed, the key design parameters and constraints are dictated predominantly by
mechanical considerations. In this thesis considerable knowledge has been contributed to the
design of active suspension systems. In order to highlight the contributions to suspension
system and electromagnetic device design knowledge this section has been incorporated. In
addition, all the various publications that resulted from this work are included, which have
been reviewed by many international experts.

Contribution to knowledge

Chapter 1: Merely an overview of the various commercial systems with no specific contri-
bution

Chapter 2: The mechanical modelling and design aspects of the research in this Chapter
have been supported by extensive experimental measurements at component level, i.e. at
TNO Automotive in Helmond as described in Appendix A. The potential merits of this type
of device and the obligations placed upon automotive manufactures to ever improve safety as-
pects are discussed in this introduction. The specification of anti-roll, i.e. the maximum force,
continuous force and velocity ratings, the duty-cycle, the thermal endurance and the avail-
able space envelope, are derived from consideration of the specific features of an automotive
suspension strut and the environment in which they operate.

Chapter 3: The principal motivations for the design of an active electromagnetic suspen-
sion system with a tubular permanent magnet actuator are to facilitate an improvement in
vehicle stability, hence, passenger safety and comfort. The design of this actuator is different
from its rotational counterpart, where numerous design examples are well defined, hence,
three somewhat specific design methods have been researched, i.e. Lorentz force, differential
equations and an optimisation routine (Lorentz force and finite element analysis). The final
actuator geometry is obtained by size optimisation, albeit not mentioned in this thesis has
the author contributed by supplying and verifying the various models, which resulted in an
increased force density. It needs noting that this optimisation uses full pitch magnets and a
brushless DC topology, hence, does not include the minimised cogging force or force ripple.
However, the reduction of these forces, using full pitch magnets, has been further investigated,
using a novel FEA representation, which separates the cogging force components. In general,
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the controllability of a brushless DC winding topology is severely constrained by considera-
tions of position control, where the novel representation has been used to extensively research
skewing within the tubular PM actuator design.

Chapter 4: This Chapter aimed to design an electromagnetic device which replaces a con-
ventional passive spring-damper system in wheel suspension systems. This can be combined
into a single objective for this Chapter being to deviate from the conventional differential
equation of

mẍ = kx+ dẋ+ Fa , (1)

where m is the mass, k is the spring stiffness, d is the damping coefficient, Fa is the actuator
force and x, ẋ and ẍ, are the position, velocity and acceleration respectively. By replacing
the actuator with a single electromagnetic device with variable spring stiffness and damping
coefficient this equation is transformed into

mẍ = [kmagnet + k(ik)]x+ dẋ , (2)

where the kmagnet is the passive spring stiffness and k(ik) is the active spring stiffness. This
provides a fundamentally different electromagnetic device which integrates spring and Lorentz
actuator characteristics, therefore incorporating:

• (zero power) passive adjustable gravity compensation, Fz = mg, by permanent magnets,

• linear (passive and active) spring stiffness variation, kmagnet + k(ik), and

• high force densities compared to other electromagnetic devices.

This concept has been extensively research by different modelling methods within this Chapter
and verified by measurement on a prototype.

Publications

The conceptual study of Chapter 4 has led to a patent filing, i.e.:

• J.J.H. Paulides, E.A. Lomonova, A.J.A. Vandenput and B. van Leeuwen, ”Spring, as-
sembly of spring and a damper, as well as a vehicle”, Application No PCT/NL2006/000335,
2006.

The various other outcomes of this thesis have already been published or submitted in many
articles, i.e.:

• J.L.G. Janssen, J.J.H. Paulides, E.A. Lomonova and A.J.A. Vandenput, ”High-force,
short-stroke permanent magnet actuator design”, IEEE Young Researcher Symposium
in Electrical Power Engineering Gent Belgium, 2006.

• J.L.G. Janssen, J.J.H. Paulides, E.A. Lomonova and A.J.A. Vandenput, ”Design of a
tubular permanent magnet actuator for automotive applications”, ICEM 2006 (Inter-
national Conference on Electrical Machines), paper no. 632, 2006.
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• J.L.G. Janssen, J.J.H. Paulides, E.A. Lomonova and A.J.A. Vandenput, ”Tubular per-
manent magnet actuator considering skewing effects”, to be submitted to IEEE Trans-
actions on Magnetics.

• J.L.G. Janssen, J.J.H. Paulides, E.A. Lomonova and A.J.A. Vandenput, ”Design of a
tubular permanent magnet actuator for automotive applications”, Submitted to IEEE
Transactions on Industry applications.

The author of this thesis has contributed to the following publications, i.e.:

• J.J.H. Paulides, L. Encica, E.A. Lomonova and A.J.A. Vandenput, ”Design consid-
erations for a semi-active electromagnetic suspension system”, IEEE Transactions on
Magnetics, Vol. 42, No. 10, pp. 3446-3448, 2006.

• L. Encica, J.J.H. Paulides, E.A. Lomonova and A.J.A. Vandenput, ”Geometrical opti-
mization of a permanent magnet actuator for automotive applications”, IEEE Young
Researcher Symposium in Electrical Power Engineering Gent Belgium, 2006.

• J.J.H. Paulides, L. Encica, E.A. Lomonova and A.J.A. Vandenput, ”Active roll com-
pensation for automotive applications using a brushless direct-drive linear permanent
magnet actuator”, PESC 2006 (Power Electronics Specialists Conference), paper no.
10653, 2006

• J.J.H. Paulides, L. Encica, E.A. Lomonova and A.J.A. Vandenput, ”Active roll com-
pensation for automotive applications using a brushless direct-drive linear permanent
magnet actuator”, submitted to IEEE Transactions on Vehicular Technology.

Future PhD work

The proposed device, of Chapter 4, has attracted a lot of industrial attention and is submitted
for an IOP-EMVT II proposal ”Gaussmount: a strut based on magnetism and control”, which
is an extension of this novel electromagnetic device principle. This integrated device combines
all aspects of suspension systems, since only an active adjustable control can overcome the
fundamental conflict that arises when both forces acting on the platform and environmental
disturbances have to be counteracted. A trade-off is inevitable in conventional combinations
of passive- and active-type vibration isolation systems, represented by (1). A way of breaking
through this trade-off is offered by using the Gaussmount electromagnetic adjustability, rep-
resented (2). By inclusion of feedback control, this Gaussmount provides robust stabilisation,
intended spring and damping properties as well as zero power consumption at the equilibrium
level.
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1

Introduction

A major consideration for the automotive industry is to provide optimal road holding and
passenger comfort for a large variety of road conditions and vehicle manoeuvres. This would
be obtained by firmly pressing all wheels on the road, providing optimal contact between road
and tires, hence maximum handling, whilst simultaneously minimising accelerations and roll
in the vehicle body, ensuring passenger comfort. This is to be accomplished by the suspension,
a complex system incorporating various arms, springs and dampers that separates the vehicle
body (sprung mass) from the tires and axles (unsprung mass). The performance of the
suspension regarding the handling and comfort is determined by the performance index of the
incorporated elements (spring stiffness, damper coefficient) and the geometry. For example,
soft springs would offer good vibration isolation and improve passenger comfort, although
this soft suspension would allow a large degree of body attitude variation in manoeuvring. In
contrast, a very stiff spring would improve manoeuvrability at the cost of passenger comfort.
Fully passive suspension systems incorporating unadjustable springs, dampers and anti-roll
bars merely obtain a compromise between those conflicting requirements, although that due
to their low costs and simple geometry these systems have been and still are used in many
vehicles.

1.1 Vehicle roll stability

A demanding aspect of the body attitude variation involves body roll during cornering, which,
apart from the reduced comfort, impairs the stability of the vehicle. Implementation of a
passive torsion spring or anti-roll bar between the left and right wheels reduces this roll,
although the independence of both sides of the vehicle is compromised by such a solution,
which reduces the performance. Moreover, many recent car models combine a high centre
of gravity with a reduced footprint (Smart, Mercedes A-class) or incorporate both a high
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centre of gravity and a large load capacity (e.g. a SUV’s roll stability changes unladen versus
7 persons with full package), and therefore exhibit the need for stability control systems.
Due to the large moment that a high centre of gravity, particularly when combined with
a large mass, can exert during cornering, these vehicles tend to be less stable compared to
conventional cars, resulting in accidents, such as tipping over. These risks can be reduced
by utilising actuators or adjustable suspension elements in a (semi-)active suspension design,
actively controlled for improved stability and comfort. Although the ability of the driver to
be in touch with the response of the vehicle by sensing the vibration and attitude variation
in order to determine stability is reduced, response, comfort and handling are significantly
improved, hence overall performance rises.

1.2 Stability improvement by (semi-) active systems

Important aspects of a (semi-)active system are for example:

- Energy consumption
Energy consumption or fuel economy become ever more important for the consumer, for
example because of ever increasing oil prices, and therefore it is a challenge to minimise
the energy consumption of the system.

- Passenger safety
Good precautions that ensure passenger safety in case of a failure must be taken. In
particular the behaviour in case of a failure is important since the car must still be
driveable albeit at a reduced performance.

- Costs
The costs should be minimised, therefore the ratio between the extra costs and the rate
of performance improvement should be carefully analysed for any (semi-) active system.

A semi-active suspension, which incorporates rapidly adjustable passive suspension ele-
ments, already provides a significant improvement with respect to the purely passive system.
In most commercial applications these relatively low-cost systems adjust the damping prop-
erties of the system, although that some systems do adjust the spring characteristic i.e. using
air springs. Generally these systems are hydraulically actuated, and therefore suffer from the
same disadvantages as the active suspension, discussed below.

Instead of merely changing the parameters of the incorporated elements and herewith the
forces produced due to displacement or velocity, active systems can generate control forces
which suppress acceleration and rolling of the vehicle body, whilst still maintaining a firm
road contact. Most commercial active suspension systems utilise hydraulics, which however
are considered:

- inefficient (due to the required continuously pressurised system),

- slow (due to pressure losses and flexible hoses),

- having a large mass (due to the large number of parts),

- not to be preferred from an environmental point of view (toxic flammable hydraulic
fluids, additional energy use).
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1.2.1 Commercial anti-roll systems

A number of commercial systems solely use the hydraulic actuators to suppress the body
roll during cornering, which occurs less frequently than road irregularities, instead of using
the hydraulics for the actual suspension, which requires continuous pressurisation and thus
high energy consumption, hence energy consumption is reduced. In most of these systems
an actuator is placed in series with a passive bar (e.g. Delphi [1], TRW [2], and Dynamic
Drive by BMW [3]), although the ABC suspension module by Sachs [4] utilises hydraulics in
the suspension strut in order to reduce body roll. The series hydraulic topology uses either a
rotary actuator placed in the centre of the anti-roll bar or a linear actuator between the end
of the anti-roll bar and the wheel axle, where the ABC system changes the pre-compression
of the suspension spring in order to reduce the roll. These are all very appropriate solutions
for the hydraulic topology, since they limit the actuator power and bandwidth requirements
compared to the active suspension design. However, as discussed above, these hydraulic
systems suffer from significant disadvantages, such as continuous energy consumption and
low response frequency.

1.3 The more electric car

The ever increasing electric power requirement to drive automotive subsystems has been
driven by a combination of mechanical, electrical and hydraulic systems and is the concept
of “More Electric Car” (MEC) [5]. There is a trend in the MEC towards the replacement
of more engine driven loads with electrical loads. The future anticipated current demand
is ever increasing, as well as the anticipated power demand [6], as shown in Fig. 1.1. The
low voltage (12V) currently available in vehicles requires a high current in the electrical
supply circuit in order to produce this power, hence the current will rise (e.g. 3.5kW would
require approximately 290A from a 12V system) causing cable harnesses and connectors to
become large and heavy. Therefore, an additional supply system using a 42V bus is proposed
by numerous authors, enabling higher power at a lower current, hence reduced weight and
volume of wiring harness, although the costs of and an adaptation system for conversion to
42V is clearly a challenge for the automotive industry.

Figure 1.1: Anticipated power and current requirements in the conventional car of the future [6].
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1.3.1 X-by-wire

An important development in the More Electric Car are fault tolerant electronic systems
without mechanical backup in vehicles, called “x-by-wire” systems, as developed by SKF
and TNO Automotive [7], [8]. The “x” in “x-by-wire” represents the basis of any safety-
related application, such as steering, braking, power train or suspension control systems, to be
consolidated into a flexible, hand-controlled unit called the x-drive. The use of full electronic
links and controls creates a flexible control system, which allows different body styles and
configurable driving and passenger positions. An active, fast-responding suspension would
increase the performance of such an “x-by-wire” system, since this enables a new approach
to vehicle stability.

A further development on the “x-by-wire” system is “SMart sensors for Active Real Time
control of CAR Safety” (SMART CARS), which is a project to generate new insights on
vehicle dynamics and stability, based on information of new, ‘smart’, sensors, enabling electro-
magnetic stability control, rather than hydraulics.

1.3.2 Electrical machines in vehicles

In the More Electric Car, electrical machines are increasingly being adopted, as e.g. shown
for the x-by-wire system mentioned above, ranging from low-cost brake actuators to high-
performance machines for hybrid vehicles [9], [10]. The focus of this thesis is to implement
electrical machines directly into the active suspension, initially to improve roll control, which
is a relatively new application for this kind of machines [11]. The combination of the presently
available low on-board voltage (typically 12V) and high force levels, inevitably gives rise to
very demanding actuator designs, since the volumetric space envelope is limited. In general,
the available force density for electrical machines is lower compared to hydraulic systems,
although the bandwidth is higher. Therefore, direct electromagnetic actuation is not very
suitable in active roll control installed near the centre axis of the vehicle, hence, this report
focuses on a direct-drive electromagnetic solution within a McPherson suspension strut. This
component carries the weight of the vehicle, whilst simultaneously providing vibration reduc-
tion, and is described in Section 2.5.1. In this way the proposed solution can more easily be
integrated into future vehicle platforms, thus enabling a new vehicle stability approach. Cur-
rently, vehicle stability applications focus on separate stand-alone car components. Optimal
vehicle dynamics control by an electromechanical actuating concept requires a novel system-
integrated approach individually controlling each car corner module. This system acts as a
suspension as well as a roll-control, hence eliminates the need for an anti-roll bar and herewith
the coupling between the left and right side of the vehicle. This increases roll stability during
cornering and asymmetric road conditions. It benefits from the inherently high bandwidth
of electromagnetic systems and low power consumption, since no continuously pressurised
system is required. Additionally, the number of components is low compared to hydraulic
systems, reducing the risk on failure.

1.4 Structure of the thesis

This report is organised in the following way: in Chapter 2 the car suspension is modelled
and discussed by using a quarter car model. Subsequently, methods used to control heave
and roll of the vehicle are extensively discussed, followed by a short overview of commer-
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cial available systems, and the feasibility of electromagnetic systems in active suspension.
By means of race-track data and anti-roll-force calculations, force envelope, duty cycle and
thermal endurance for vehicle roll control are obtained. Furthermore, passive suspension
struts are characterised by experiment, providing a force envelope and spring characteristic
of the system. The gathered data is finally summarised, hence providing requirements for the
electromagnetic suspension design.

An electromagnetic actuator incorporated in an active suspension system, parallel to a
mechanical spring, is discussed in Chapter 3. After initial sizing, using both Lorentz and
differential methods, a tubular actuator topology is obtained with size optimisation, using
a combination of both methods. Since a dearth in publications on design methodology of
tubular actuators exists, a novel 2D representation of the tubular actuator is introduced, and,
using the conventional axisymmetrical model, verified for back-EMF, inductance and cogging
force. This 2D model enables separation of cogging force components, which is subsequently
to reduce this cogging by skewing. Feasible topologies for skewing in the tubular actuator are
obtained, after which the Multilayers 2D method is used to simulate the effects of skewing on
cogging force and back-EMF.

Chapter 4 discusses the principles of the novel Electro Magnetic Spring (ELMASP), in
which the active suspension system is implemented as a single continuously variable spring.
A Magnetic Equivalent Circuit (MEC) model is derived for a simplified ELMASP, and com-
pared to Finite Element Analysis (FEA). To verify the MEC and FEA results, a prototype
is manufactured to verify the static forces calculated by MEC and FEA. Good agreement
has been found between the measurements and the various predicted forces, which provides
the fundamental predicted and measured verification for the innovative design of a full-size
ELMASP that incorporates an adjustable spring stiffness.

Finally, conclusions and recommendations are presented in Chapter 5.
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Mechanical specifications of an active

vehicle suspension system

To enable a suitable system performance evaluation it is very important to obtain the re-
quirements for a suspension system in an early stage of the design process. In this chapter
these requirements are deducted by firstly discussing the quarter-car model which describes
the vehicle in Section 2.1. Currently available techniques and a number of commonly used
systems, used for active control of the suspension, are illustrated in Section 2.2, with a dis-
cussion on the implementation of electromagnetic actuators in the suspension, followed by a
discussion on passenger comfort in Section 2.3. It needs to be mentioned that Section 2.2
to 2.3 are partly based on a report [12] submitted for WP5100 in the SmartCars project.

The specification of anti-roll, i.e. the maximum force, continuous force, the duty-cycle
and the thermal endurance, are derived from a set of equations combined with race-track
data in Section 2.4. Specifications for elastic and damping force envelopes are obtained from
measurements of passive suspension struts in Section 2.5, followed by a summary of the re-
sults in Section 2.6 with a conclusion for the requirements of the active suspension using
electromagnetic devices.

2.1 Mechanical model of the vehicle

2.1.1 Quarter-car model

A well known method to evaluate the performance of a suspension system is the use of
a quarter-car model, since it provides a proper representation of the wheel load variations
whilst still maintaining simplicity, as it utilises only a few design parameters, and has a
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single input. However, the quarter-car model does not include any geometrical effects or
longitudinal connections, and can not describe problems related to handling. Nevertheless, it
does contain the most basic features of the real problem, i.e. the problem of controlling wheel
load variation, suspension working space and vertical vibrations. The quarter-car model has
only two vertical degrees of freedom (DoF), viz. vertical displacements of the unsprung mass
muq (quarter of the wheels and axles) and the sprung mass msq (quarter of the vehicle body),
defined by zu and zs, respectively. Passive spring stiffness is defined by ku and ks, damper
coefficient by ds, and road irregularity by w. All passive components are assumed to be linear,
even though in practice their behaviour will be neither linear nor symmetrical. The system
parameters for a typical vehicle having passive suspension are defined in Fig. 2.1(a) and in
Table 2.1. A schematic active suspension, which is able to generate a force, Fact, between
the sprung mass and the unsprung mass, also incorporating passive elements, is shown in
Fig .2.1(b).

B O D Y

W H E E L

k s d s

k u

(a)

k s d s

k u
w

z u

z sm s q

m u q

F a c t

(b)

Figure 2.1: Quarter-car representation of a passive suspension (a), and a diagram of an active
suspension (b).

Table 2.1: Typical system parameters for automotive applications

Quarter body mass msq 400kg

Quarter unsprung mass muq 40kg

Spring stiffness ks 2.5 · 104N/m

Damper coefficient ds 1.2 · 103Ns/m

Tire stiffness ku 1.6 · 105N/m

The name ’quarter-car’ suggests that this model is valid for all four corners of the vehicle,
which is not completely true. The front part of the vehicle can only be described partially
with the shown two-mass model, since the power train mounted on elastic mounts actually
would be better described by a three-mass model. Therefore, the two-mass model is most
suitable for the rear of the vehicle. However, in this report the two-mass quarter-car model
is used for the entire vehicle for simplification reasons.
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Two differential equations are derived from the representation in Fig 2.1(b), and formed
into a state-space representation

z̈s = − ks

msq
(zs − zu) − ds

msq
(żs − żu) +

Fact

msq
(2.1)

z̈u =
ks

muq
(zs − zu) +

ds

muq
(żs − żu) − Fact

muq
− ku

muq
(zu − w) , (2.2)

where Fact is the actuator force, żs and z̈s are respectively the vertical velocity and acceleration
of the sprung mass, where żu and z̈u are velocity and acceleration of the unsprung mass. This
results in the state-space representation

Ẋ = AX +BV (2.3)

Y = CX +DV , (2.4)

where

X =
[

zs żs zu żu

]T

(2.5)

V =
[

w Fact

]T

, (2.6)

and
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A Bode representation for the magnitude response of the passive suspension containing
the parameters from Table 2.1 is shown in Fig. 2.2, and exhibits two significant peaks. These
peaks respectively are the resonant frequencies of the unsprung mass and sprung mass with the
springs, and are equal to 9.2Hz (unsprung mass) and 1.2Hz (sprung mass) in this specific case,
as shown in Fig. 2.2. Both resonance frequencies can also be checked in a simple analytical
expression:

fs =
1

2π

√

1

msq

ksku

ks + ku
(2.9)

fu =
1

2π

√

1

muq
(ku − ks) . (2.10)

In order to get an impression of the influence of the spring stiffness and damping rate
of the system on the performance, Fig. 2.3 shows the influence of the variation of (a) the
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Figure 2.2: Bode representation of the frequency response for w to zs − zu of the passive suspension
(Fact = 0) using the parameters from Table 2.1.

damping rate ds and (b) the spring stiffness ks on the frequency response. As demonstrated
in Fig. 2.3(a) the damping rate does not have any effect on the resonance frequencies, as the
damping is not present in (2.9) and (2.10). A larger damping represses the amplitude of these
resonance frequencies, which is beneficial in terms of oscillation repression, however a large
damping rate dramatically decreases passenger comfort and safety on uneven road conditions,
hence a very large damping rate is not preferable. A small damping rate does not repress the
oscillations sufficiently, resulting in large vehicle body articulations.

The influence of the spring stiffness on the frequency response is shown in Fig. 2.3(b),
demonstrating that especially the frequency of the first resonance fs is affected by the spring
stiffness. Furthermore the amplitude varies, where lower stiffness implies a smaller peak. The
resonance frequency of the unsprung mass fu is virtually unaffected by the variation in spring
stiffness.

An ideal suspension system has a frequency response without any peaks, hence no reso-
nance frequencies. Using a passive suspension it is not possible to repress both peaks, and
thus compromises have to be made regarding comfort and road holding. By implementing
semi-active or active suspension at least one of these peaks can be reduced, improving the
performance of the suspension regarding frequency response.

2.2 Principles of car suspension

Typical vehicle behaviour is pitching during braking and acceleration, and rolling in corners.
Additionally, road irregularities cause vertical vibrations in the vehicle, called heave, and
may cause twisting forces, called warp. Regarding road behaviour, an ideal vehicle suspension
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Figure 2.3: Effects of variation of system parameters on the frequency response of the passive sus-
pension system. In (a) the damping ds is varied between 6.00 · 102Ns/m (asterix), nominal value of
1.20 · 103Ns/m (unmarked line) and 2.40 · 103Ns/m (dotted line). The influence of variation of the
spring stiffness ks is demonstrated in (b), where the value is varied between 1.25 · 104N/m (asterix),
nominal value of 2.50 · 104N/m (unmarked line) and 5.00 · 104N/m (dotted line).

would absorb all occurring road irregularities and dynamic forces completely independently on
all corners, whilst still maintaining a firm contact between the tires and the road for maximum
grip. Further, vehicle body roll should be kept at a minimum to increase safety, vehicle
handling and comfort. However, fully active suspension is energy-consuming and technically
complex. Therefore, a range of passive and active suspension and anti-roll methods have been
developed, all with their own characteristic properties such as energy consumption, passenger
comfort and costs. These commercial systems will be discussed, and subsequently examined
for an electromagnetic approach.

2.2.1 Heave control

Most modern cars are equipped with independent suspensions, where the left and right wheels
are connected to the chassis by flexible-joint shafts, instead of being directly connected by a
fixed shaft. The wheels, or unsprung mass, are connected to the body, or sprung mass, by
the suspension, which can be classified based on the level of external control [13], [14].

Passive suspension

This conventional low-cost suspension principle, shown in Fig. 2.4(a) incorporates spring and
damper elements with non-variable rates, thus providing a compromise between ride comfort
and road holding over a wide range of road/speed conditions. A possible addition to this
system is the use of a self-levelling system designed to compensate for variations in static
load only, involving time delays of many seconds.
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Adaptive suspension

Adaptive systems are characterised by a slow change of the control parameters (e.g. damping,
stiffness) according to changing circumstances, like road condition, loading or vehicle speed.
Most of these systems incorporate open loop control, e.g. some cars connect variable-rate
shock absorbers to a switch that allows the driver to select ride firmness, or to a computer
which controls the damping. Both damping and elastic elements can be adjusted, of which
the damping (Fig. 2.4(b)) is the easiest method, since it does not require a new suspension
design: conventional springs can be used. The modification of elastic elements, such as the
use of an air spring, is generally more complex, since pitching or rolling safety becomes more
critical. Adjusting the spring to a high stiffness would resolve this, however at the cost of
comfort.

Adaptive damping has extensively been used by Ferrari (Mondial T, F355, 456GT, 550M,
360M) and Maserati (Shamal, Quattroporte and 3200GT) [15]. Disadvantages of these sys-
tems are that only the damping rate can be varied, not the anti-roll bar function. Moreover,
individual wheel or axle damping can not be set according to need. All four suspension struts
always run on the same damping setting. Furthermore, it seems that until now all the de-
signs still react slowly, therefore they are employed to deal with the changing driving style
(which is more consistent) rather than the change of road condition (which is fast-changing
and unpredictable).

Semi-active suspension

Semi-active, or adjustable, suspensions fill the region between fully passive suspensions, and
fully active suspensions. Although hardware requirements for semi-active systems are consid-
erably less compared to the conventional hydraulic fully active systems in terms of pumps,
reservoirs and coolers, they still may offer good performances. They are most often char-
acterised by a mechanical spring supporting the static load parallel to a rapidly adjustable
damper, which is independently adjustable at each wheel and often uses a closed-loop con-
trol, as shown in Fig 2.4(b). The semi-active damping system must be contrasted with the
previously mentioned adaptive (damper) systems. The semi-active system offers a high band-
width control for rapidly varying damping properties, hence places an increased demand on
the damper hardware. Meantime, the adaptive system exhibits a slow reaction time and less
switching cycles, and is only capable of adapting the system parameters to general conditions
(not real-time).

Strictly speaking, the semi-active suspension is a passive device, since it contains a spring
and an adjustable damper which is solely capable of dissipating power rather than supplying
it. These systems are designed to actively maintain the body as flat as possible in order
to minimise bouncing, body roll and pitch. More sophisticated adjustable systems monitor
wheel motion and match the suspension’s firmness to the road surface, hence improving the
system performance.

Commercially, the damping adjustment is achieved by controlling the oil flow path area
in a conventional shock absorber by valves. Since valve action is the only energy requirement,
these systems offer relatively high bandwidth control over passively generated damping forces
with relatively low power consumption compared to fully active hydraulic systems. However,
hydraulics suffer from significant disadvantages such as large mass, pollution, high energy
consumption, a large degree of acoustic noise and slow response.
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Figure 2.4: Quarter-car representation of examples of (a) passive suspension, (b) adaptive and semi-
active suspension, (c) active suspension and (d) slow-active suspension.

Active suspension

In contrast to semi-active suspensions, which vary the parameters of the passive elements to
control ride quality and body movement, active suspensions utilise powerful, fast-acting actu-
ators in addition to or in place of conventional steel springs and shock absorbers. Therefore,
they are able to inject energy into the system, as well as storing and dissipating it. Because
present commercial hydraulic systems are able to actively raise and lower the vehicle’s chas-
sis independently at all four corners rather than simply firming and softening the shocks or
struts, these systems are more effective in controlling body roll than semi-active systems, but
are considerably more expensive.

Conventional fully active suspension systems involve the replacement of the passive sus-
pension elements by a (hydraulic) actuator that is controlled by a high-frequency servo valve.
Since the natural wheel-hop frequency of a car generally varies between 10Hz and 15Hz, as
was shown in Section 2.1, the bandwidth of the controller should be high, which has an ad-
verse effect on the energy consumption of the system. Beyond this bandwidth the hydraulic
system becomes rigid to vibrations, and transmission of high-frequency vibrations is a serious
issue unless some component is added to filter these vibrations. In addition energy consump-
tion is very high, in the region of 5kW-10kW [14], albeit that force levels can be reduced by
incorporating a mechanical supporting spring parallel to the actuator, shown in Fig. 2.4(c).

A slow-active suspension system involves an (hydraulic) actuator in series with a passive
spring, and generally parallel to a damper, shown in Fig. 2.4(d). An important property
of this system is that the actuator only requires a low frequency response capability, up to
3Hz, which is sufficient for the sprung mass resonant frequencies in bounce, pitch and roll.
For higher frequencies, e.g. the unsprung mass resonance frequency of 10Hz to 15Hz, the
hydraulic actuator becomes virtually rigid, and the passive elements control the suspension.
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A large disadvantage of this system is the required force level and thus energy consumption,
since the actuator must support the full static weight of the vehicle. This could be overcome
by implementing the mechanical support spring parallel to the system, which carries the static
weight.

To summarise, hydraulic systems have certain advantages, such as

- High force density,

- Ease of control and design,

- Commercial availability of the various parts,

- Reliability,

- Commercial maturity,

although disadvantages such as

- High energy consumption (due to the required continuously pressurised system, even
on a straight road),

- Slow response (due to pressure losses and flexible hoses),

- Large mass (due to the large number of parts),

- High degree of acoustic noise,

- Environmental pollution (toxic flammable hydraulic fluids, additional energy use),

are still subject to improvement. Furthermore, these hydraulic systems need to be designed
for their maximum load, which, if this maximum load does not occur often, causes the system
to be more powerful than required for most of the time, thus increasing the weight.

2.2.2 Roll control

An important vehicle safety aspect is that taking a turn at a sufficient high velocity causes
the vehicle’s centre of gravity to move with respect to the wheels, hence a potential rollover of
the vehicle. An additional influence of roll motions is that traction and steering are reduced
(go-cart effect). Hence, reducing roll improves the vehicle steering, since the vehicle sensitivity
to fast steering inputs increases due to the fact that the roll is strongly reduced. However,
an additional important characteristic of a good suspension is to filter road vibrations. The
ideal anti-roll solution would therefore reduce body roll and still maintain independence of
the tires on both sides, where compared to passive systems an improved behaviour can be
achieved by hydraulic systems.

Commercially, the most used topology to counteract the roll is the anti-roll bar. This bar
can be implemented as well in a passive topology as in an active one, where some of the most
important parameters are again performance, energy consumption and costs.
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Passive anti-roll bar

The passive anti-roll bar, also known as stabiliser bar, sway bar or anti-sway bar is usually
a roughly U-shaped rod which is oriented parallel to the ground, with the centre of the U
attached to the chassis serving as a hinge and the ends of the U attached to the lower control
arms of opposite wheels. In fact, it is a torsion spring, a component that springs back when
twisted. Most often this bar is employed on independent front suspensions. When the vehicle
drives over a bump and the control arms rise simultaneously on both sides, both ends of the
stabiliser bar pivot upward with them, and the bar does not influence the behaviour. In a
turn, however, the control arm on the outer side lifts its end of the bar, and the opposite
control arm pulls its end down. By resisting this torsion, or twisting, the anti-roll bar reduces
the control arms’ movement and minimises body leaning, called harshness.

A disadvantage of this passive anti-roll bar is the coupling between the left and right side
of the vehicle. For example, when a vehicle driving in a straight line hits a bump with only
one side of the vehicle (warp), the passive anti-roll bar is twisted by the control arms, and its
resistance to this movement results in the other wheel being lifted, reducing road contact and
thus wheel grip on that side and transferring the bump to the vehicle body, impairing comfort.
This effect is worse when e.g. during cornering the inner wheel hits a bump, reducing the
degree of twisting of the anti-roll bar and thus the vertical force on the outer wheel, possibly
resulting in loss of control. Therefore, active systems have been implemented in the anti-roll
bar to prevent such situations.

Active anti-roll bar

In active anti-roll bars, linear or rotary hydraulic actuators act in series with a conventional
passive anti-roll bar to provide forces that resist vehicle roll. These systems reduce anti-roll
forces under normal driving conditions and road impacts by lowering the hydraulic pressure
in the actuators and thus decoupling the left and right side. During cornering the actuators
are pressurised, applying the required anti-roll bar forces to maintain near to zero body roll
angle. This is achieved by real-time response to actual or anticipated driving conditions using
the centre of gravity lateral accelerometers and vertical lateral accelerometers. The active
system, shown in Fig. 2.5(a) and (b), not only consists of hydraulic actuator cylinders, but of
a power source, a control manifold (with integral valves and a pressure sensor), a controller
and on-board vehicle sensors which monitor steering angle, lateral acceleration and vehicle
speed. All these dynamic body control systems use hydraulic cylinders to provide the active
suspension system which improves vehicle roll behaviour and ride control. The advantages
and disadvantages for these hydraulic systems are mentioned in Section 2.2.1.

Active roll control, incorporating an actuator placed in series with the anti-roll bar, re-
quires a high force with small stroke and low bandwidth, hence, is more suitable to hydraulic
systems than electro-magnetic systems. Good results can be achieved with hydraulic actuators
having a 1Hz bandwidth and incorporating a very high force density, although a continuously
pressurised, energy consuming system is necessary to achieve this and the response to bumps
during cornering is still impaired due to the low bandwidth. Active anti-roll bars are already
commercially available and implemented into vehicles. The solution with the linear hydraulic
actuator is used in e.g. the Dynamic Handling System (DHS) by Delphi [1] and Active Roll
Control (ARC) by TRW [2], where the rotary equivalent is e.g. used in Dynamic Drive by
BMW [3].
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(a) (b)

Figure 2.5: Commercial active anti-roll bar control systems. A rotary equivalent with the actuator
situated in the middle [3] is shown in (a), where (b) shows the linear variant [1] with the actuator
situated on the right in the picture.

2.2.3 Present commercial solutions

In this Section some of the most common commercial available systems for heave and roll
control are presented.

Hydropneumatic suspension Hydropneumatic suspension has been used extensively by
Citroën in its Hydractive suspension systems [16], [17]. It basically incorporates an accumula-
tor placed on top of each suspension strut containing an inert gas separated from a hydraulic
fluid by a membrane, as shown in Fig. 2.6, which all are connected to a main accumulator
and pump. In the middle of the car additional spheres are connected to the system, used for
varying some of the system parameters.

By changing the pressure on the hydraulic system, the compression of the gas is modified,
changing overall spring stiffness and ride height. Damping is adapted by adding or removing
additional spheres from the hydraulic system, which varies the net inlet opening for the fluids
and thus the damping. The system is semi-active due to its ability to control the pressure
distribution in the hydraulic system using valves, although bandwidth is not very high. By
using cross-connections and valves, the Citroën Hydractive Suspension has a good response
to bumps in the road occurring at one side of the car, where the oil is distributed over both
sides, therefore reducing the warp.

A disadvantage of the system is that resistance to slow cornering roll is low, therefore either
very high pressure should be applied to the hydraulic system during cornering, dramatically
reducing the comfort, or an anti-roll bar is required, coupling both sides of the car and thus
reducing the damping of uneven bumps. Other disadvantages of this system are the high
number of parts and the subsequent high complexity, together with the absence of proper
body roll reduction.

Magneto- and electro-rheological fluid dampers The electromagnetic damper is al-
ready commercially viable in the form of a controllable fluid damper utilising either elec-
trorheological (ER) fluid or magnetorheological (MR) fluid. MR fluids are most suitable
for automotive applications, since they are not affected by most impurities and have low
sensitivity to temperature variations.

Magneto-rheological (MR) fluid dampers provide semi-active suspension technology with
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Figure 2.6: Schematic representation of the sphere on the hydropneumatic suspension struts [17].

no electro-mechanical valves or small moving parts [18], [19], [20], utilising a MR fluid which is
a solution of magnetically soft particles in a synthetic hydrocarbon base fluid. When the coil,
which is placed in the damper piston at the place where conventional semi-active suspensions
have a valve, is not energised, the MR fluid is not magnetised. All particles exhibit a random
pattern and the fluid behaves like a conventional damper fluid. Once the coil is activated,
the particles are aligned into fibrous structures, of which the bond is proportional to the
magnetic field. This results in the capability of varying the damper coefficient in all four
dampers separately, at low power and with fast response.

Lotus’ hydraulic active suspension Examples of the fully active suspension system are
the Lotus F1 cars in the early 1980’s, which were fully actively suspended by hydraulics.
Although the vehicle could adapt parameters like ride height, pitch and roll, the car was
merely moderately successful during the 1983 season due to the large energy consumption of
the system.

Active Body Control Active body control (ABC) developed for DaimlerChrysler by
Sachs [4] is a very simple construction offering good performance for rolling. It consists
of a strut, where the damper is enclosed in the spring, and a hydraulic chamber is present on
top of the spring as shown in Fig. 2.7. By filling this chamber with hydraulic fluid, the spring
is compressed, and thus the force exerted by the spring increases, although the spring stiff-
ness is not compromised. By compressing the spring, high anti-roll forces can be generated
without coupling left and right (no anti-roll bar) or stiffening the suspension (no change in
spring/damping rate). However, the system is too slow to react to the resonances occurring
at 10Hz-15Hz, and therefore merely suitable for decreasing body roll. Furthermore, when
the spring is compressed during the corner, the available stroke decreases which results in a
decreased performance with respect to bumps in the road.

Bose’s linear electromagnetic suspension An electromagnetic suspension system has
been researched by Bose Corp. from the 1980’s. To date, prototypes are installed in standard
production vehicles, where a combination of superior comfort and control in the same vehicle
is achieved [11]. This system, shown in Fig. 2.8, uses a linear electromagnetic actuator and
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Figure 2.7: Artist’s impression of the Sachs ABC suspension strut [4].

power amplifier on each corner of the car. It employs an air spring supporting the static
weight [21] in order to reduce the consumed DC power, although this spring is not mentioned
in other patent publications. For control reasons, each front and rear wheel unit includes a
substantive reactive mass damper assembly packaged within the hub of the wheel, damping
vertical wheel vibrations [22]. According to the manufacturer [23] this system enables a high
bandwidth operation, stiffening of the suspension in corners to counter body roll, raise and
lower ride height dynamically, four quadrant operations and the use of less than a third of
the power of a typical vehicle’s air conditioner system. However, to date no design details
or commercial tests are available which would enable an accurate comparison with other
suspension systems.

This however clearly shows the benefit of an electromagnetic solution, where a closed loop
structural vibration control system can be implemented that utilises the actuators bandwidth
so that they apply the commanded force without significant phase or amplitude distortion.

(a) (b)

Figure 2.8: Electromagnetic suspension system by Bose Corp [23]. A front suspension unit is shown
in a, where b shows the body roll of the test vehicle in a aggressive turn, where the left picture is
without and the right picture is with the Bose suspension system.

2.2.4 Novel electromagnetic active suspension

Due to its intrinsic high bandwidth (no pressurising of the system required) compared to
hydraulic actuators, an electromechanical actuator could very well be implemented in an ac-
tive suspension, as shown in the Bose system [23]. Adaptive or semi-active suspension would
not be feasible, since these topologies do not benefit from the high bandwidth and possible



Mechanical specifications of an active vehicle suspension system 19

energy recuperative properties of electromagnetic machines. Since the electromagnetic force
density is typically lower compared to a hydraulic actuator, the active topologies in which
the actuator produces both the static and dynamic forces are not preferable. More suitable
for electromagnetic actuation would be a passive support spring producing static forces, sup-
plemented by a parallel actuator which counteracts the dynamic forces resulting from body
roll and from vertical motions and resonances. This however would require a high-frequency
controller in order to withstand the 10Hz-15Hz wheel-hop.

Although the mass of the struts will be larger than that of hydraulic systems due to the
lower force density, the overall weight added to the vehicle body could be lower, due to the
absence of hydraulic piping, accumulators, fluids and pumps. Pollution is even so decreased
due to the absence of the hydraulic fluids for the suspension, and since no pressurising pumps
are required, acoustic noise due to these pumps and the fluid will be diminished. By using
the intrinsic energy recuperation properties of the electromagnetic suspension system, energy
consumption on straight road conditions could be minimised.

For active roll control a strut-based system is preferred above an anti-roll bar-based system
when implementing an electromagnetic suspension system, where all dynamic forces resulting
from the lateral acceleration in a corner are counteracted by the electromagnetic actuators
which are located at the four corners, while the static weight of the vehicle remains supported
by the passive spring. By counteracting these dynamic forces in the struts, no anti-roll bar
is required, hereby eliminating the disadvantages the anti-roll bar exhibits, viz. the reaction
to uneven road surface of the passive bar (harshness) and the use of a hydraulic system on
the active anti-roll bar. This strut-based principle is quite similar to the ABC system [4]
although the ABC system generates its force by hydraulically compressing the spring and
thus reducing the remaining stroke and reaction time. In the electromagnetic system where
the spring compression does not change due to the cornering, an unevenness in the road can
be handled by the system as if the vehicle were driving in a straight line, as long as the
actuator has not reached its maximum force or bandwidth.

Compared to hydraulic systems, design constraints for an electromagnetic suspension are
lower. Due to the relation between pressure and force in the system, hydraulic actuator sys-
tems need to be designed for the maximum force level it should produce, in order not to impair
on life duration of the used parts. For electromagnetic systems however the constraining fac-
tor is the temperature, especially when using permanent magnets. Since the electromagnetic
suspension is constructed of solid magnetic flux conducting volumes which all have a certain
heat capacitance, a sudden injection of power, and therefore heat, in the system does not
immediately lead to a high temperature, as it rises by a logarithmic function. Therefore, the
system can be designed to produce the regularly required force levels for long periods of time
within the temperature constraints, whereas for short periods of time the occasional force
peaks, in which high power levels are dissipated, can be generated without transcending the
temperature constraints.

Temperature is not only determined by copper loss, since frequency-dependent losses can
be of significant influence at higher frequencies. In 2D Finite Element Analysis, the loss den-
sity, PFE , in Watt/kg, in any given element due to any arbitrary flux density variation, can
be determined by summing of the hysteresis, excess and classical eddy current loss compo-
nents [24]
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where f is the fundamental frequency, σ is the electrical conductivity, δFE is the density, d is
lamination thickness and B is the instantaneous flux density. The coefficients Kh, Kexc, a and
b can be determined from either Epstein ring or single sheet tests, as explained in [24], however
are not discussed further in this thesis. It is shown in (2.11) that the loss incorporates three
components, i.e. hysteresis loss, linearly dependent on the frequency, excess or anomalous
loss, related to the frequency by a power of 1.5, and eddy current loss, linear to the squared
frequency. For low-frequency variations in the magnetic flux density B, the total loss is mostly
dominated by hysteresis loss. However, eddy current current loss increases exponentially
with frequency, hence, is dominating for high frequency variations in B, therefore, a velocity-
dependent loss, defining the bandwidth of the system.

Based on the above discussion, an active system, which combines both active suspension
and active roll control in a strut based suspension, thus decoupling left and right, is the optimal
solution for an electromagnetic suspension system. It optimally utilises the electromagnetic
system characteristics, and since the static weight is supported by a passive spring, energy
consumption is minimised. Furthermore, on straight roads the anti-roll control of the vehicle,
for as far as the straight driving and cornering behaviour of the vehicle are segregable in this
integrated system, does not consume any energy.

2.3 Passenger comfort

Passenger comfort (combined with handling and safety) is an ever increasing demand in the
automotive industry, where everybody expects an improved comfort and handling from a
car. The first impediment to passenger comfort is motion sickness, which is a common by-
product of exposure to optical depictions of inertial motion, especially when reading [25].
This phenomenon, called visually induced motion sickness (VIMS), has also been reported
in a variety of virtual environments, such as fixed-base flight and automobile simulation [26].
The essential characteristics of stimuli that induce motion sickness is that they generate
discordant information from the sensory systems that provide the brain with information
about the spatial orientation and motion of the body. The principal feature of this discord is
a mismatch between the signals provided, principally, by the eyes and inner ear, and those that
the central nervous system “expects” to receive and to be correlated. Vertical translational
oscillatory motion (appropriately called heave) at a frequency of about 0.2Hz is the most
provocative [26], [27]. For a given intensity (peak acceleration) of oscillation, the incidence of
sickness falls quite rapidly with an increase in frequency above 0.2Hz. Motion at 1Hz is less
than one-tenth as provocative as that at 0.2Hz. Therefore, the actively controlled suspension
system should significantly reduce any vibrations at this frequency.

2.4 Anti-roll requirements

2.4.1 Wheel behaviour

High-speed cornering is one of the most demanding manoeuvres for the active suspension,
since the vertical force on the outer suspension reaches very high values due to the rolling
tendency of the vehicle. The suspension of a vehicle solely supports the sprung mass, whereas
the tires also bear the weight of the unsprung mass. For road holding, if regarding fully com-
prehensive tire characteristics, an active, uneven distribution of the anti-roll torque between
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the front and rear axle is desirable.

The friction, or adhesion coefficient µ is, for quasi-static operation points, defined as the
ratio of the frictional force acting in the wheel plane Ffric and the vertical wheel-ground
contact force Fz:

µ =
Ffric

Fz
. (2.12)

By Kiencke and Nielsen [28], the so-called Burckhardt approach is used and extended by a
pair of factors, resulting in

µres(sres) = (c1(1 − e−c2·sres) − c3 · sres)e
−c4·sres·vCoG(1 − c5F

2
z ) , (2.13)

where the parameters c1, c2 and c3 are given for various road surfaces, c4 describes the
influence of a higher velocity and c5 a higher wheel load, all defined in [28]. The velocity of
the centre of gravity is given by vCoG, and sres is the resultant wheel slip, defined as [28]

sres =
√

s2x + s2y , (2.14)

where sx is the resultant longitudinal slip and sy is the resultant lateral slip. These quantities
are the ratios between the rotational equivalent wheel velocity and the wheel ground contact
point velocity, defined in [28]. A typical µres(sres) characteristic is shown in Fig. 2.9(a).

µx

µy

µresmax

(a) (b)

Figure 2.9: Typical characteristics for the behaviour of a tire, where in (a) a typical friction, or
adhesion coefficient characteristic is shown, and in (b) a Kamm circle is shown [28].

The direction of the resultant slip sres is the same as that of the resultant friction coefficient
µres. This gives for the friction coefficients in the longitudinal (x) and lateral (y) directions:

µx = µres
sx

sres
and µy = µres

sy

sres
. (2.15)
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In [28] it is shown that a dynamic wheel force of 8kN reduces the friction coefficient by 9.6%,
thus the friction behaviour of the tire impairs.

Assuming that the friction behaviour of the tire is independent of the slip direction, (2.15)
can be described using a circle, shown in Fig. 2.9(b), referred to as the Kamm circle. The
contact between the tire and the road, together with the vehicle velocity and the wheel load
determine the level of maximum resultant friction coefficient µresmax , which can be split into
longitudinal and lateral friction coefficients µx and µy respectively.

Normally tires have a tread profile, which reduces the Kamm circle to a ellipse, as the fric-
tion coefficient becomes dependant on direction. However, the ratio between the lateral and
longitudinal friction coefficient varies between 0.9 and 0.95 for common low profile tires [28],
and therefore is negligible here.

2.4.2 Calculation of the cornering force

Due to the suspension geometry, the vehicle body has a longitudinal roll axis around which
it rotates during cornering and a lateral pitch axis around which it rotates during braking
and accelerating, which both are assumed to be horizontal and to have the same height above
road level. Although the Kamm’s circle states that the maximum force on the tires is equal
in longitudinal and lateral direction, the vertical force on the suspension is larger during
cornering than it is during braking, since in both cases the suspension has to counteract a
similar rolling torque, albeit at reduced arm in the case of lateral acceleration, since the left-
right distance (track width) is smaller than the front-rear distance (wheel base). Therefore,
the cornering force is taken as a bench mark.

The vehicle is modelled by two rigid bodies, one is to represent the sprung massms (vehicle
body), and another one is for the unsprung mass mu (axles and wheels), as shown in Fig. 2.10.
As mentioned, the vehicle body tends to rotate towards the outer side of the corner around
the roll axis, marked by

L
in Fig. 2.10, producing a rolling torque that is to be counteracted

by the suspension. The vertical road input is omitted, therefore damping ds is of no influence,
and the specific focus is on a continuous cornering maneuver. To maintain no body roll (ϕ is
zero), the active suspension is applied to fully counteract the force Fs due to the body roll,
discussed hereafter, where the static weight of the body is supported by the springs, ks. The
tires, ku, having infinite stiffness, support as well the static mass of the vehicle Fstat as the
dynamic vertical anti-roll force Fdyn, or load transfer. This dynamic vertical anti-roll force is
separated into three components: the force due to the unsprung mass, Fu, the force due to
the roll-axis of the sprung mass, which is the axis defined by the geometry of the suspension
around which the vehicle body rotates, Fra, and the force due to the rolling tendency of the
sprung mass, Fs. For stable cornering the vertical net force and the net rolling torque on
the vehicle should be zero. When considering the total vehicle without roll, this gives for the
vertical dynamic force Fdyn on the tires

Fdyn = mtota
HCoG

T
, (2.16)

where mtot is the mass of the entire vehicle, a is the acceleration towards the centre of the
circle, HCoG is the height of the centre of gravity of the total vehicle and T is the track width
which is assumed to be equal for both axles, shown in Fig. 2.10. This anti-roll force should
be produced for the full vehicle by the front and rear axle together, hence, the designer has
freedom in the ratio of force compensation between the front and the rear axle. By increasing
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this ratio to one of the axles, the net force along the Z-axis, Fz, applied at the outer wheel
on this axle increases, and thus the maximum lateral guiding force along the Y -axis, Fy,
increases up to a certain maximum, above which the total required friction coefficient µreq

is larger than the maximum available friction coefficient µresmax , and the wheel looses road
grip. In the case of the front axle, this behaviour is called understeer (the car tends to drive
in a straight line instead of cornering), and for the rear axle it is called oversteer (the rear
of the car overtakes the front). Understeering, where the driver could e.g. brake, is a safer
solution than oversteering, where the vehicle could uncontrollably spin. Therefore, consumer
cars generally are tuned with understeering properties. A fully active suspension could rapidly
determine the optimal force distribution ensuring no under- or oversteering at each moment,
hence improving the road holding.

Ideally, the suspension is able to produce more than 100% of the total anti-roll force. In
certain situations it could be beneficial to let e.g. the one axle produce a force increasing the
rolling, whilst the other axle encounters both this extra force and the total cornering force due
to the vehicle body. This increases the vertical dynamic forces on that axle, and could help
the vehicle in cornering. The roll force distribution ratio, γ, is defined as the ratio between
the anti-roll force produced by the axle and the total anti-roll force of the vehicle. In this
report it is assumed that a maximum of 70% of the required dynamic anti-roll force should be
produced by the front suspension (where the rear axle would produce 30%, giving γf = 0.7,
γr = 0.3), and a maximum of 50% by the rear axle (where the front axle would produce 50%
of the required anti-roll force, giving γf = 0.5, γr = 0.5). The reason to predominantly use
the front axle is the slight tendency for (safer) understeer, compared to the (more dangerous)
oversteering behaviour from the rear axle.

Figure 2.10: Vehicle axle free-body schematic; rear view in left-hand cornering maneuver.
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As a worst-case situation, it is assumed that the anti-roll force distribution γf on the tires
is continuously equal to 0.7 to the front axle. In order to obtain the required forces on the
suspension struts, the force due to the wheel axles (unsprung mass) and due to the roll axis
(sprung mass) are calculated and subtracted from the tire forces [29]. Assuming that the
height of the centre of gravity of the unsprung mass, Hu, is equal for the front and rear axle,
the vertical dynamic force Fuf

and Fur exerted on the tires by the unsprung mass for the
front and the rear axle are respectively given by

Front : Fuf
= muf

a
Hu

T
, (2.17)

Rear : Fur = mura
Hu

T
, (2.18)

where muf
and mur are the weight of the front and rear axle, respectively. Assuming the

height of the roll axis, Hra, is equal for both axles, the vertical dynamic tire forces Fra due
to the sprung mass acting on the roll axis are respectively given by

Front : Fraf
= ψmmsa

Hra

T
, (2.19)

Rear : Frar = (1 − ψm)msa
Hra

T
, (2.20)

where ψm is the ratio of the body mass acting on the front axle, and ms is the weight of the
sprung mass (vehicle body). The third and last component in Fdyn is the force due to the
rolling tendency of the sprung mass, given by

Fs = msa
Hs −Hra

T
, (2.21)

where Hs is the height of the centre of gravity of the sprung mass, obtained from HCoG, Hu,
mtot and mu in Table 2.2. Summing (2.17) to (2.21) gives the same force value as (2.16).

The anti-roll force ratio γf is applied to the total vertical dynamic force Fdyn, and Fu

and Fra are subtracted for each axle, resulting in the force required at the wheel mount to
maintain zero body roll in the corner. Since the struts are not exactly vertically mounted at
the wheels, a force ratio, C, between wheel mount and actuator is taken into account, and
the required actuator force at both axles is calculated by

Front : Factf =
1

Cf
(γfFdyn − Fuf

− Fraf
) , (2.22)

Rear : Factr =
1

Cr
((1 − γf )Fdyn − Fur − Frar) . (2.23)

A BMW 545i is taken as a reference for the cornering behaviour, for which the reason is
explained in Section 2.5. However, not all required parameters are known for this vehicle,
and therefore some data obtained from a BMW530, which is from the same series, is used. The
relevant parameters are shown in Table 2.2, where the BMW 545i data is obtained from [30],
the BMW530 data from [31]. Hs is calculated from the data in the table. By applying the
parameters in the equations (2.16) to (2.23) the resulting actuator force is obtained, as is
shown in Fig. 2.11.
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Table 2.2: Geometrical parameters used in the calculation of the actuator force during cornering.

Description Quantity Value origin

Total mass mtot 1800kg BMW 545i

Front unsprung mass muf
96.6kg BMW 530

Rear unsprung mass mur 89.8kg BMW 530

Centre of gravity height HCoG 5.44 · 10−1m BMW 530

Roll axis height Hra 8.89 · 10−2m BMW 530

Wheel axle height Hu 3.10 · 10−1m BMW 530

Track width T 1.57m BMW 545i

Front/total mass ratio ψm 50.9% BMW 545i

Front suspension force ratio Cf 0.925 BMW 530

Rear suspension force ratio Cr 0.980 BMW 530

Lateral acceleration a (m/s2)
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e
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N
)
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Fdyn
Factf
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Figure 2.11: Vertical anti-roll forces working at the total vehicle (Fdyn) and on the front and rear
actuators (Fact) versus the lateral acceleration, when the body roll ϕ is maintained at zero.
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2.4.3 Determination of anti-roll force envelope

As Fig. 2.11 shows, the dynamic force, and thus the actuator forces increase linearly with the
lateral acceleration for zero body roll. In order to obtain an envelope for the forces required
to counteract the roll of the vehicle during cornering, test data have been obtained [31] which
describe one lap over the race track of the Nürburgring in Germany. Fig. 2.12(a) shows that
the lateral acceleration measured in the test vehicle at some points exceeds 10m/s2, which
most probably is a sensor error, since only sports cars like the Ferrari F40 can exceed a
lateral acceleration of 1g, or 9.81m/s2 [15]. In this report the maximum lateral acceleration
the vehicle should be able to withstand without rolling is set at 8.83m/s2, or 0.9g. As shown
in Fig. 2.12(b) the absolute value of the acceleration of Fig. 2.12 is taken and clipped at the
maximum of 0.9g in order to calculate the required actuator force. At the points where this
acceleration is clipped, the produced actuator force remains constant although the acceleration
is larger than 0.9g, and the vehicle gradually begins to roll. It is assumed that this roll does
not influence the road behaviour of the vehicle.

Considering the worst case where the front axle continuously compensates 70% of the
total load transfer, as shown in Fig. 2.11, and the fact that this graph is a straight line,
the derivative of this line is extracted, and is equal to 401Ns2/m or 401kg. Using this with
the data in Fig. 2.12(b), the momentary required force is obtained, which therefore has a
maximum value of 3.54kN as Fig. 2.12(c) shows.

The mean force, Fmean, produced by the front suspension under assumed conditions is
given by

Fmean =
1

n

n
∑

i=1

Fi , (2.24)

where n is the number of samples and Fi is the force measured at the ith sample. Applying
this equation to the test data in Fig. 2.12(c) gives a mean force of 1.59kN. However, one of
the limiting factors for electromechanical devices is the maximum actuator temperature as
was discussed in Section 2.2.4. The temperature rise is a direct consequence of the dissipated
power, and therefore this power is a more suitable indicator than the produced force. As-
suming purely ohmic losses and no saturation, the power, P , the current, I, and the force, F ,
have the relation

P ∼ I2 ∼ F 2 . (2.25)

Since the power is linearly related to the squared force, the mean power is related to the
mean squared force. Reducing this mean power to the produced force again gives the root
mean squared (RMS) force

FRMS =

√

√

√

√

1

n

n
∑

i=1

F 2
i . (2.26)

The RMS force produced by the actuator in this example is equal to 2.04kN. Another method
to describe the dissipation of the device is the power duty cycle, indicating the ratio between
the net dissipated power and the power that would be dissipated at a continuous operation
with maximum force. By applying

DP =
1

F 2
max

[
1

n

n
∑

i=1

F 2
i ] , (2.27)
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Figure 2.12: Lateral acceleration for a vehicle driving one lap at the old track of the Nürburgring.
The measured data is shown in a, where b shows the absolute value of these data, clipped at 0.9g, or
8.83m/s2. Subsequently, c shows the force required to counteract body roll caused by the acceleration
in b.
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where Fmax is the maximum produced force, the power duty cycle DP is obtained and is
found to be equal to 33%. Obviously, reducing this power duty cycle to the force (square
root) and multiplying it with the maximum force Fmax gives the RMS force.

It is assumed that the thermal capacitance of the actuator is sufficiently large with respect
to the frequency of the force variation and thus heat production. The power duty cycle can
therefore be regarded either as the actuator dissipating the full power for 33% of the time,
and being at rest for the rest of the time, or as the actuator producing 33% of the full power
continuously. Since the power duty cycle can be reduced to the force as shown above, the
power duty cycle can also be regarded as a continuous production of the RMS force, or 2.04kN.
More specifically, instead of having a power duty cycle of 33% due to the force required to
complete a lap at the Nürburgring as shown in Fig. 2.12(c), the actuator should be able
to produce a continuous force of 2.04kN. Furthermore, as derived the maximum force the
actuator should produce is 3.54kN. Above results are worst-case, with a constant 70%/30%
distribution of the anti-roll force. As a bench mark, it is assumed that this maximum force
of 3.54kN is to be continuously produced for a maximum time of 1 min.

2.5 Reference measurements on BMW 545i suspension struts

In order to obtain a reference for the envelope in which the the active electromagnetically
actuated suspension should operate in terms of spring stiffness, stroke and damping force,
a conventional front and rear suspension strut have been obtained and characterised. The
reference vehicle is a BMW 545i, of which some data obtained from [30] and [32] are shown
in Table 2.3. The leading sizes of the struts are summarised in Table 2.4.

Table 2.3: Technical data and assumptions for the BMW 545i

Type E60

Year Sept. 2003

Serial Number B067069

Empty weight 1700kg

Weight distribution front / rear 50.9% / 49.1%

Maximum axle load front / rear 1070kg / 1235kg

Assumed nominal vehicle weight 1800kg

Assumed nominal suspension force 4.41 · 103N

The assumption for the nominal load contains the empty vehicle weight of 1700kg plus a
driver and a half-filled fuel tank, evenly distributed over all wheels, hence 1800kg. This results
in the assumption that the nominal weight on each suspension strut is 450kg, corresponding
to a static force of 4.41kN. The struts, that have been measured, come from the sporting
version of the 545i, which inhibits stiffer shock absorbers than the regular road version.
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Table 2.4: Leading geometrical parameters for the passive BMW545i suspension struts.

Unit Value rear Value front

Total length (excluding thread) 0.60m 0.53m

Damper housing length 0.38m 0.40m

Damper diameter 5.5 · 10−2m 6.5 · 10−2m

Spring diameter (relaxed) 0.11m 0.16m

2.5.1 Strut geometry

In order to understand the geometry and exact functions of the struts, their properties are
briefly discussed below.

The front suspension strut of the BMW 545i is a so-called McPherson strut. This type
of suspension is a commonly used suspension due to its compactness and low cost. The
system consists of a single strut comprising a spring and shock absorber, which pivots on a
ball joint on the single, lower arm, without an upper control arm, as schematically shown in
Fig 2.13(a). Especially for vehicles where engine and transmission are all located inside the
front compartment a small-sized suspension like the McPherson strut is the most suitable.
Nevertheless, the angle between the axis around which the wheel revolves and the horizontal,
called camber, is influenced by body roll and vertical wheel movement. For steering the strut
and shock absorber housing are physically twisted to turn the wheel. Therefore, the strut is
seated in a special free rotating plate at the top of the assembly which allows this twisting.

(a) (b)

Figure 2.13: Schematic representation of (a) the front suspension in the McPherson topology and
(b) an unequal A-length suspension [17].

The rear suspension strut is an unequal-length A-arm design, deducted from the double
wishbone suspension. This suspension type, schematically shown in Fig 2.13(b), comprises
of two A-shaped arms forming a parallellogram which allows the wheel spindles to travel
vertically up and down. Although camber control is very good for this suspension type,
it causes slight side-to-side motion due to the arc that the wishbones describe around their
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pivot points when compressed. This side-to-side motion is known as scrub, which is inevitable
unless the links are infinitely long.

Both the front and rear suspension are shown in Fig 2.14. All measurements have been
obtained at the test facility of TNO Automotive, Helmond, the Netherlands. Pictures and a
description of the measurement equipment are discussed in Appendix A.

A suspension strut is generally characterised by five parameters: the support spring,
the rebound spring, the bump stop, the damper and the Coulomb friction. The first three
parameters are elastic, hence, the force depends on the stroke z. The damping force is solely
related to the velocity v, whilst the Coulomb friction, discussed below, is a virtually constant
force which solely depends on the travelling direction. The direction of suspension travel is
described by the bump and the rebound, where automotive conventions are that bump is the
direction in which the strut is more compressed (z decreases), and rebound is the direction
in which the strut is less compressed (z increases).

Schematic views of both struts are shown in Fig. 2.15. Both geometries will be discussed
by their elastic and damping properties, followed by measurement results.

Figure 2.14: Picture of the front (lower) and rear (upper) suspension struts of a BMW545i (no bump
stops mounted).

Mechanical springs The top and lower mount of the suspension struts, schematically
shown in Fig. 2.15(a) and (b), are the connection points to the sprung and unsprung mass,
which is supported by the support spring. Furthermore, the front strut incorporates a rebound
spring located inside the damper cylinder. This rebound spring is on one side attached to the
frame, where its length is smaller than the stroke of the device, as shown in Fig. 2.15(a). When
the strut is fully compressed, the total external force is counteracted by the support spring,
since the rebound spring is fully relaxed and at one side floating in air, where this rebound
spring is excited at some point when decompressing the strut. Since the rebound spring’s
geometric position is reversed to the support spring, both components counteract each other,
therefore the rebound spring cancels a part of the force produced by the support spring. By
doing so, the external force on the strut decreases more rapidly for a small compression, hence
the total spring stiffness is larger at low compression compared to the spring stiffness at high
compression.

The rebound spring is especially useful in driving across relatively large road irregularities,
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and during cornering since the rebound spring provides a larger spring stiffness at low com-
pression. In the first situation the rebound spring is not excited when driving onto the bump
(e.g. a kerb) as the compression increases, however when driving off the bump the suspension
stroke should increase rapidly for the wheel to closely follow the road surface. In this case,
where z is positive, the rebound spring increases the total spring stiffness, and herewith the
force (Fdyn + Fstat) that pushes the wheel onto the road, improving the vehicle behaviour.
During cornering the discussed vehicle tendency to lean outwards causes the inside suspension
to rise and the outside to drop. The rebound spring maintains a low rising rebound stroke
at the inner wheel, since the large stiffness for rebound compression ensures that the stroke
is smaller for a given dynamic force Fdyn, hence reducing roll. By acting so, it prevents the
strut from hitting the suspension support. However, since the BMW 545i incorporates an
anti-roll bar, the influence of the rebound spring on cornering behaviour is reduced.

Coulomb friction In an ideal suspension the springs are purely elastic, hence the force
magnitude does not depend on the direction, speed or acceleration of the suspension. However
in practice, some friction is apparent in the suspension strut, which in spring characterisation
measurements is most evident as a fixed force deviation between the inward and outward
stroke. This deviation is caused by the Coulomb friction force, which is the commonly known
minimal external force required to move any object over a surface. The energy dissipated in
this process can be compared to hysteresis loss, dependent on the direction of movement.
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Figure 2.15: Schematic drawing of geometries deducted from the measurements for (a) the BMW
545i front suspension strut measurements and (b) the BMW 545i rear suspension strut.

Rubber parts In a suspension strut the damper generally is not directly connected to the
top mount of the strut and thus to the body of the vehicle. A rubber joint separates these
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parts, and provides some comfort in case a significant bump is hit (high velocity). In such an
occasion the damper is very rigid, and the high frequencies occurring in the unsprung mass
are filtered by this rubber joint which prevents transfer to the vehicle body, hence providing
some extra comfort. This construction is seen in the rear strut as Fig. 2.15(b) shows. In
the front strut shown in Fig. 2.15(a) however, both damper and spring are connected to the
top mount by this rubber joint, as shown in Fig. A.4. The reason for this is unknown to the
author, since the rubber joint’s filtering effect in large bumps will be small compared to the
rear strut, due to the large static force on the joint caused by the spring and the strongly
nonlinear elastic behaviour of rubber. The influence of this rubber joint on the measured
spring characteristics is therefore zero for the rear strut, however the influence on the front
strut characteristic is unknown.

In order to prevent the strut from reaching the end of its stroke when highly compressed,
specially shaped rubber modules called bump stops are inserted over the damper shaft, as
shown in Fig. 2.15. These bump stops gradually increase the elastic force for high compression,
mainly for comfort and material lifetime reasons.

Damper Vehicle damping is an important parameter with respect to both driveability and
comfort. A very stiff damper transfers too much road irregularities to the body of the vehicle,
which impairs comfort although road holding is improved, whilst a very soft damper will not
damp the resonances in the system sufficiently which compromises safety in manoeuvres.

In order to ensure optimal ride comfort and road grip for the passive suspension, the bump
damping and the rebound damping have different values. When a bump is hit by the vehicle,
the unsprung mass will follow the contours of this bump, since its movement is restricted by
the bump on one side (neglecting the compression of the tire), and the suspension connecting
it to the inertia of the vehicle body on the other side. The acceleration of the wheel in such
steep bumps can amount up to 20g (196m/s2), rapidly compressing the suspension. In order
to prevent exorbitant forces and thus transmission of the vertical movent to the vehicle body
in such occasions, bump damping has a relatively low value.

When driving off a bump, the retraction acceleration of the suspension is lower, since
velocity and acceleration are limited by gravity and the rebound force of the spring, and
therefore the rebound damping is higher than the bump damping. In a well-designed passive
damper the rebound damping is below a maximum value which ensures that the unsprung
mass is able to follow the road contours without transmitting large forces to the sprung mass
up to a certain degree, thus reducing comfort, and above a minimum value which ensures
sufficient energy dissipation, in order to prevent undesired oscillations.

2.5.2 Elastic properties and Coulomb friction characterisation

Measurements

Spring constants have been obtained by using a low-frequency triangularly-shaped waveform
for the input z, and simultaneously measuring the output force F . The amplitude and equi-
librium point of the waveform are chosen within the maximum stroke of the device, whilst its
frequency is is of such a low value that damping is negligible (velocities are around 1mm/s).
Measurement data are fed twice through a second order Butterworth filter (cutoff frequency
of 5Hz) by the Matlab function filtfilt, which gives zero phase distortion and magnitude
modified by the square of the filter’s magnitude response.



Mechanical specifications of an active vehicle suspension system 33

Results

Spring characteristics for the front and rear strut are shown in Fig. 2.16 in two representations.
Firstly, the representation of the mechatronic designer, showing important parameters as the
maximum stroke and force capability. Secondly, the control designer’s representation shows
the behaviour of the device around the working point of 4.41kN, displayed in automotive
conventions, where the rebound stroke and force are positive.

The derivative of each line is its stiffness k as summarised by Table 2.5. Each mea-
surement includes two full triangular cycles, drawn on top of each other after the low-pass
filtering. Furthermore, these measurements have been conducted both with and without the
rubber bump stops, which causes the nonlinear high-force lines (bump stop) emerging from
the straight spring characteristic (no bump stop) for increasing stroke and force, illustrated
in Fig. 2.16(a) and (b). Further, the displacement-derivative of the front strut spring charac-
teristic changes at z = 66mm, shown in in Fig. 2.16(a) and (c), due to the implementation of
the rebound spring.

Fig. 2.16(c) and (d) demonstrate that little bump movement is allowed before the bump
stops are compressed, influencing the force characteristic. For both struts the bump stops
change the linear characteristic at a dynamic stroke of approximately 21mm or a dynamic
force of 650N above the nominal 4.41kN. Comparing the controller characteristics for the
front and the rear strut, it turns out that both spring characteristics are very similar, where
the bump stops are employed at approximately the same dynamic displacement with similar
characteristics, and support springs which have comparable spring coefficients.

Table 2.5: Spring coefficients for the front- and rear strut of a BMW545i

Parameter Range Value

ksupportrear 0 − 6.6 · 103N 31.5 · 103N/m

ksupportfront
0 − 6.9 · 103N 29.1 · 103N/m

kreboundfront
0 − 3.7 · 103N 21.0 · 103N/m
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Figure 2.16: Low-pass filtered spring characteristics of the BMW545i suspension struts. (a) and (c)
show the front strut, visualised from a designer perspective and a controller perspective, respectively,
where (b) and (d) show the these views for the rear strut. Furthermore, each subfigure shows two
separate measurements, one including bump stops, the other excluding bump stops.
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2.5.3 Damper characterisation

The damping has been measured using a standard VDA (Verband Der Automobilindustrie)
test, supplemented with additional points, as the maximum velocity in the standard VDA test
is limited to 1.05m/s. This velocity is sufficient for normal road behaviour, although for very
steep bumps (e.g. a kerb) taken with a high speed, the velocity increases beyond this point.
For passive industrial hydraulic dampers this test suffices, since the damping force of those
dampers can be extrapolated from these measurements. For electromagnetic actuators this
increase of the force for high velocities is not trivial, since the force in these actuators is the
result of a controlled current, hence, the produced force which will have a certain maximum.
The need for high damping forces at high velocities is a point of discussion, as high stiffness
leads to transmission into the vehicle body. A limited force (degressive damper) would lead
to less transmission, although at the cost of less energy extraction from the system, possibly
resulting in instability. Further investigation of the behaviour of this effect is required to give
an insight in the possibilities of degressive damping.

Measurements

The displacement z is sinusoidally varied in time, where the equilibrium point of this sine is
chosen around the nominal load. The standard VDA test describes an amplitude of 50mm,
whilst the frequency of the test varies between 0.17Hz and 3.33Hz. The maximum frequency
of these measurements is limited either by the test rig or the damper. Firstly, the bandwidth
of the test rig is limited, hence, harmonics are introduced for certain values of frequency and
amplitude. Therefore, the velocity in the equilibrium point is not precisely known, reducing
the validity of the measurement. Furthermore, the damper temperature limits the maximum
frequency, since high temperatures could damage the device.

All measurement data is low-pass filtered in order to smoothen the lines, hence simpli-
fying the damping calculations. The displacement vs. force characteristic for a rear strut
measurement at 2.50Hz is shown in Fig. 2.17(a). Firstly the displacement, z, and force, F ,
are reduced from an absolute value to the amplitude, as shown in Fig. 2.17(b) and (d), re-
spectively. These figures show the increasing and decreasing amplitude during measurements
which prevents large accelerations at startup or stop. The force, which in Fig. 2.17(a) includes
as well damping as elastic components, is reduced to the damping force by subtracting the
elastic force which has been obtained in Section 2.5.2 and is shown as a straight green line
in Fig. 2.17(a). The direction of travel is taken into account, which leads to the graph in
Fig. 2.17(c), where bump force is positive and rebound force is negative.

To obtain the damping characteristic, the velocity, v, and force, F , are sampled during
the zero-crossings of the sinusoidal displacement. These sampling points are shown in the
respective graphs in Fig. 2.17 as red circles (bump) and black squares (rebound), respectively.
As shown in Fig. 2.17(b) and (d), multiple samples are taken for each measurement, which
have a very low sampling error, as shown in Fig. 2.17(a) and (c), where these sampling points
are on top of each other, since in these plots z and F are plotted against each other.

An ideal strut would solely exhibit elastic elements and the damper, and therefore the
sampled force in Fig. 2.17(c) should always be equal to the amplitude of the dynamic force.
However, since the strut is not ideal, the measured force could contain a friction component
due to bearings etc, as well as dynamic forces that might occur in the rubber joint connecting
the damper to the top mount. Speed-dependent friction is not measurable with the current
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Figure 2.17: Measurement results for the damping of the rear strut of a BMW 545i, excited with a
sine wave having an amplitude of 50mm and a frequency of 2.50Hz. Figure (a) shows the measured
force and the previously measured elastic force (straight line) versus the stroke, (b) shows the stroke
z versus time, (c) shows the force from (a) after compensation for springs and Coulomb friction and
(d) shows the variation of the force in time. The bump force is sampled at the circles, the rebound
force at the squares.

setup, since it basically is a damping force, however its effect is negligible since it is assumed
to be significantly smaller than the damper force. The rubber joint between damper and
top mount could cause a phase difference between z and F , hereby influencing the damping
measurements. A movement of the damper mounts with respect to the top mounts was clearly
seen during the damper tests. Therefore, the percentile difference between the sampled values
and the amplitude of the dynamic force is extracted, as shown in Table A.2 in Appendix A.
As these tables show, the difference is around 1%, which is negligible, especially in the current
case where focus is on force envelope rather than exact force.

Temperature has a significant effect on the damping, since when heated the viscosity of
the damping fluids decreases, hereby reducing the damping. Especially the rear strut shows
a high surface temperature for high frequencies (approximately 60◦C) during measurements.
For some data points the damping force has been measured at these temperatures, resulting
in deviation of the damping force. As shown in Table A.2 the measurements for the rear
strut have been conducted for 1.25m/s and 2.50m/s at 24◦C and 29◦C, as well as at 56◦C and
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52◦C, respectively. These measurements show that the bump force decreases by approximately
5%, where the rebound force decreases by approximately 3%. As rebound force is the most
demanding, the 3% deviation is negligible, and therefore not worth further investigation.

Having obtained the velocity and the damping force, the damping coefficient, d, is found
using the partial derivative of the damping force, Fdamper, which also depends on the tem-
perature, as shown above, resulting in

d =
∂Fdamper

∂v
, (2.28)

where v is the velocity. However, for the electromechanical active suspension it is more
appropriate to know the required force, and therefore the force is shown in Fig. 2.18. As
this figure shows, the bump damping (negative force) increases approximately linearly, where
rebound damping is slightly progressive (increasing derivative).

For velocities under 1m/s a force envelope of 2kN suffices to achieve the performance of a
passive damper, and with a force of 4kN it is possible to achieve a similar performance up to
1.75m/s.
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Figure 2.18: Damping force characteristics for the front and rear damper of a BMW 545i, where
positive represents rebound, and negative represents bump.

For the electromagnetic actuator it is of importance to know the magnitude of the power
dissipated by the passive damper, since an electromagnetic actuator is capable of energy re-
cuperation. The energy dissipated per cycle is calculated for all measurements by integrating
the force F over one full cycle of z, thus calculating the surface of the cycle. By multiplying
this energy with the frequency, the dissipated power for a constant sinusoidal excitation is
obtained, which is shown in Fig. 2.19, and demonstrates that the dissipated power exponen-
tially increases with the frequency, up to 3kW. Under normal road conditions, the imposed
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frequencies are low (<1Hz) and thus there is little dissipation. These low frequencies are most
common, and the degree of occurrence decreases for higher frequencies and thus velocities.
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Figure 2.19: Average dissipated power in the BMW 545i front damper (triangles) and rear damper
(circles), when excited with a sine having an amplitude 50mm.
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2.6 Conclusions

2.6.1 Requirements obtained for the Electromagnetic Vehicle Suspension

By simulating the required suspension force required for a full lap on the Nürburgring track
without any body roll, and by characterising a commercial BMW 545i suspension, the force
and stroke envelope in which the electromagnetically actuated suspension should be able to
operate is obtained.

The required data for the anti-roll behaviour of the system obtained in Section 2.4 are
shown in Table 2.6. The most critical requirement for this system is the high RMS force, since
dissipated power increases with the squared force. The suspension strut measurements from
Section 2.5 have led to the requirements shown in Table 2.7, where the maximum negative
and positive stroke are obtained from the front strut, as shown in Fig. 2.16(c).

Table 2.6: Requirements for the anti-roll behaviour of the electromagnetic suspension.

Quantity Description Value Duration

DP Power duty cycle 33% Continuously

FRMS RMS force 2.04kN Continuously

Fanti−rollmax
Maximum actuator force 3.54kN <1 min

Table 2.7: Requirements for the vertical suspension behaviour of the electromagnetic suspension.

Quantity Description Value

ks Spring stiffness 30N/mm

Fsnom Nominal static force 4.41kN

ẑn Maximum negative stroke 82mm

ẑp Maximum positive stroke 90mm

Freboundmax
Maximum rebound damping force 4kN

Fbumpmax
Maximum bump damping force 1.8kN

Freboundnom
Nominal rebound damping force 2kN

Fbumpnom
Nominal bump damping force 1.3kN

Total length (excluding thread) 0.53m

Damper housing length 0.40m

Damper diameter 6.5 · 10−2m

Spring diameter (relaxed) 0.16m

Although the values in Table 2.6 are relatively clear, the data from Table 2.7 must be
seen in the right perspective. The 4kN rebound damping force occurs at a rebound speed
of 1.75m/s, which is a very uncommon speed during normal road conditions, and in case it
would occur, the duration will be very short since the stroke is limited. The same is valid
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for the maximum bump damping force of 1.8kN which occurs at a bump velocity as high as
1.8m/s. Therefore, the nominal bump and damping force are introduced, which represent
the respective damping forces occurring at a velocity of 1m/s, assuming that for normal
road conditions (no kerbs taken at high speeds, etc) these nominal forces provide a sufficient
force envelope. Data on the statistical distribution of these velocities would provide a more
comprehensive view on the requirements regarding damping.

For compatibility reasons, it is desirable for the electromagnetic suspension to be sized
similarly to the passive suspension struts, hence no re-design would be required for imple-
menting this system in vehicles. These geometrical limits, which were shown in Table 2.4,
together with the the anti-roll and vertical suspension specification forces are very demanding
for the electromagnetic suspension.

2.6.2 Topologies proposed for the Electromagnetic Vehicle Suspension

As shown in Section 2.2.4, an active suspension which combines both vertical suspension and
active roll control in a strut based topology, thus decoupling left and right, is the optimal
solution for an electromagnetic suspension system. It optimally utilises the properties of
electromagnetic systems and since static weight is supported by a passive device, energy
consumption is maintained at a low level. Furthermore, on straight roads the anti-roll control
of the vehicle, for as far as the straight driving and cornering behaviour of the vehicle can be
separated in this integrated system, does not consume any energy.

Since a novel active suspension ideally does not require a new vehicle design, it is important
to let the active struts have the same volume properties as the passive suspension struts,
hence, force density must be high. Therefore, a tubular or telescopic structure is chosen
for the active suspension. This structure furthermore provides an optimal symmetry in all
directions resulting in purely longitudinal forces. Two configurations are researched for this
application: The first solution incorporates an electromagnetic actuator implemented parallel
to a mechanical spring, as shown in Fig. 2.20(a). The second solution makes use of a novel
concept where all conventional mechanical suspension parts have been removed. The passive
spring is implemented electromagnetically, where magnets and iron support the weight purely
by the reluctance of the device, mimicking the behaviour of a mechanical spring. This device
will be referred to in the rest of this report as the ELectro MAgnetic SPring (ELMASP).
No actuation is required in this design to support the static load of the vehicle, where the
dynamical forces on the suspension, due to road noise, bumps or rolling tendency of the vehicle
in corners, are compensated by applying a current to a coil, incorporated in the ELMASP,
hence it is an adjustable spring, as shown in Fig. 2.20(b). This changes the magnetic flux
from the permanent magnets through the device, hence increasing or decreasing the produced
force.

In Chapter 3 the tubular actuator topology is discussed, and a new modelling approach
for tubular permanent magnet machines is presented. This approach enables separation of
cogging force components, and provides a fast method to predict effects of skewing on cogging
force, and EMF.

The ELectro MAgnetic SPring is discussed in Chapter 4, using a Magnetic Equivalent
Circuit model and FEA analysis on an simplified model. Furthermore, a prototype is used to
experimentally verify the theoretical results.
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Figure 2.20: Quarter-car representation of a (a) a mechanical spring parallel to a tubular actuator
and (b) an ELectro MAgnetic SPring.





3

Permanent magnet tubular actuator for

an active suspension system

A high bandwidth active suspension is a very attractive solution to produce the controlled
forces to suppress acceleration and rolling of the vehicle body, whilst still maintaining a firm
road contact, as discussed in Chapter 2. This active suspension may be implemented using
an electromagnetic actuator parallel to a mechanical spring to provide these controlled forces.

Comparison of various linear actuator configurations showed that the tubular permanent
magnet actuators (TPMA) have the highest efficiency, offer a high power/force density and
excellent servo characteristics [33]. Tubular actuators have a telescopic structure, where,
opposed to rotating machines where the rotor and stator revolve in each other, the rotor,
which is called translator in a translating machine, and stator translate with respect to each
other. Such a tubular actuator, as shown in Fig. 3.1, can be considered by a linear machine
rolled up around its longitudinal axis. In this thesis, the 3-phase slotted tubular brushless
linear permanent magnet (PM) configuration is chosen, since it is an attractive candidate for
applications where volume and reliability are crucial.

3.1 Design considerations

There are two main control strategies for brushless actuators, which are commonly referred
to as brushless DC and brushless AC operation. The essential difference is that brushless
AC actuators are excited by sinusoidal time-varying phase current waveforms, with all phases
conducting simultaneously, where brushless DC actuators have rectangular phase current
waveforms with only 2 phases conducting at any instant in time. The brushless AC strat-
egy requires greater resolution of translator position sensing, which consequently implies a
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Figure 3.1: Semi-active suspension strut, comprising a PM actuator with a passive spring.

higher cost position sensor, when compared to the brushless DC strategy, for which rela-
tively inexpensive translator position sensors, e.g. Hall-effect or optical devices, may be used.
The machine stator windings also differ, since typically, a concentrated winding configuration
is used in brushless DC operation, whereas a distributed winding is used in brushless AC
operation. In general, whilst the winding configuration, especially in rotary machines, will
not affect the cost of high volume motor manufacture, in general, a concentrated winding is
cheaper for low volume manufacture and, in general, can accommodate an improved packing
factor.

The design of brushless PM machines include the selection of a large number of dimen-
sional and performance parameters, such as slot number, pole-pitch, slot opening, coil-pitch,
and other principal dimensions, whereas the magnetic flux density is, also, an important
consideration. The necessity for high solution accuracy, considering all these parameters,
requires complex numerical models, and a classical approach for the direct optimisation of
such a model is, in general, a time consuming process. In most proposed analytical design
optimisation methods the electrical loading is essentially limited to the maximum allowable
temperature of the winding. This electrical loading is determined by the amount of copper
and current density used in a machine, viz. the number of turns, and current. A principle
advantage of the tubular actuator, and indeed most brushless machines, is that the static
stator winding is placed near the actuator surface. However, the electrical loading remains
limited by thermal considerations, although, in PM machines, irreversible demagnetisation of
the magnets could also be a significant consideration.

Since a permanent-magnet (PM) machine topology offers a high efficiency, power/force
density and excellent servo characteristics, it is particularly attractive for the tubular actuator.
The permanent magnets are in the form of cylindrical shells, whereas the winding is formed
from simple circular coils, resulting in an inherent symmetry, as shown in Fig. 3.1, which
makes it particularly useful for the active suspension system. In order to design this tubular
PM actuator three methods have been implemented by:

- Lorentz force: Section 3.1.1,

- Differential equations from Wang [34]: Section 3.1.2,

- An optimisation routine (Lorentz force and finite element analysis): Section 3.1.3.
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3.1.1 Lorentz force

A simplified equivalent magnetic representation of a brushless PM machine, discussed in
Section 4.1, is shown in Fig. 3.2. The various circuit components have to be determined,
where using Ampère’s law:

∮

C
H · dl =

∫

S
J · ds , (3.1)

where H is the magnetic field strength, it can be found that

Hglg = −Hmlm , (3.2)

assuming the core is infinitely permeable. Here, Hg and Hm are the magnetic field strength
in the air gap and magnet, respectively, and lg and lm are the respective lengths of the air
gap and the magnet. Using Bg = µ0Hg, it follows that

Bglg
µ0

= −Hmlm . (3.3)

+
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Figure 3.2: A simplified magnetic circuit model for a PM machine.

Further, utilising the magnetic linearity in the second quadrant of the BH characteristic, as
shown in Section 4.1, the demagnetisation curve of a permanent magnet is given by

Bm = Br + µ0µmHm , (3.4)

where Bm is the flux density in the magnet, Br is the remanent flux density and µm is the
relative permeability of the magnet. By implementing the simplifying assumption that no
flux leakage, i.e. flux fringing, saturation, etc, is present, the flux in the magnet, Φm, is equal
to the air gap flux, Φg, resulting in:

BmAm = BgAg , (3.5)

where Am and Ag are the area of the magnet and air gap, respectively. Assuming Am = Ag,
(3.3), (3.4) and (3.5) are combined to obtain the flux density in the air gap

Bg =
Br

1 + µr
lg
lm

. (3.6)
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Since Am = Ag, the flux density in the air gap and the magnet are equal, referred to as B.
This flux density is used in the initial calculation of the produced force.

When a current density J is exposed to an external field B it experiences a Lorentz force,
which per unit volume is given by

f = J ×B , (3.7)

where f is the force density, B is the flux density. For thin current filaments or wires carrying
the Root Mean Square (RMS) current I, this can be written as

F = I

∫

wire
dl ×B . (3.8)

In the case of the tubular actuator, there are W conductors circular around the Z-axis con-
ducting a RMS current I, where and B is directed radially, hence, the magnitude of the force
is given by

F = WIBπD , (3.9)

where D is the diameter of the structure. The electric loading is now defined as the surface
current of the total number of conductors per meter, or

Q =
WI

L
, (3.10)

where L is the axial length of the machine. The electric loading Q can also be expressed in
terms of the current density in the copper wire, J , by [35]

Q = Jh6

l1
l3
κpf , (3.11)

where h6 is the slot depth, l1 is the slot width, l3 is the slot pitch, shown in Fig. 3.3, and κpf

is the packing factor. The force is now given by

F = QLBπD . (3.12)

The force density, f , for the tubular structure is obtained by

f =
4QB

D
. (3.13)

These equations are used to verify the initial design, discussed hereafter.

3.1.2 Initial sizing

Utilising the differential equation for the actuator design, [34] proposed optimised ratio’s
with respect to the tubular actuator design to achieve the highest force density, which are
used to obtain an initial design. To reduce the actuator volume, the required force is set at
1.50kN, which is 75% of the worst-case 2.04kN derived in the previous chapter. In this active
suspension the outside radius of the actuator is limited to 75mm by the inner radius of the
mechanical spring, which, using the optimised dimensions of [34], results in an air gap radius
of 40mm. This assumes a ratio of 0.6 between outer and air gap radius and a 7.5mm stator
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Figure 3.3: Initial sizes of the tubular actuator.

Table 3.1: Initial actuator sizes obtained by Wang [34].

h1 (mm) 15 h7 (mm) 10.0

h2 (mm) 19 l1 (mm) 3.0

h3 (mm) 5.0 l2 (mm) 14.0

h4 (mm) 1.0 l3 (mm) 20.0

h5 (mm) 2.0 l4 (mm) 60.0

h6 (mm) 23.0 ltotal (mm) 300

core depth. Taking a total of 5 pole-pairs the force per pole-pair is 1500/5 is 300N. Assuming
a force density of 225kN/m3 as proposed by [34], calculated as the ratio between the force
output level and the rectangular domain circumscribed to the tubular actuator, the axial
length becomes approximately 60mm. A magnet over pole pitch of 0.8 provides a minimised
force ripple [34], therefore a magnet pitch of 24mm is chosen. The magnet is a sintered NdFeB
magnet with a remanent flux density,Br, of 1.23T and a recoil permeability, µr of 1.1, which,
with a magnet length, h3, of 5mm, results in an air gap flux density of approximately 1.0T.
The translator back-iron thickness, h2, is respectively 19mm by assuming an iron flux density
of 1.3T. The tooth thickness, l2, is 14mm assuming a maximum flux density of 1.7T, where a
tooth tip thickness, h5, of 2.0mm is taken to provide the necessary mechanical strength. The
resulting slot area is approximately 69mm2 per coil, where a concentrated coil topology with
a copper filling factor, κpf , of 0.5 and an air gap length, h4, of 0.5mm is used.

Fig. 3.3 shows the geometrical sizes of the designed PM tubular actuator, which are
summarised in Table 3.1. The sizes obtained in this Section are verified using the equations
derived in Section 3.1.1. A current density of 7.5A/mm2 is assumed in the copper, with a
packing factor of 0.5. As the magnet over pole pitch is 0.8, the magnetic loading B in (3.12)
is multiplied by 0.8, resulting in a force of 310N, or a force density of 230kN/m3, calculated
as the ratio between the force output level and the rectangular domain circumscribed to the
tubular actuator.
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3.1.3 Sizing of actuator using an optimisation method

By utilising both the aforementioned methodologies of Lorentz and differential equations, a
surrogate model space-mapping (SM) based optimisation algorithm [36], [37] is considered
for solving the optimal design problem. Therefore, a coarse analytical determination of the
machine performance is used to perform design optimisation and dynamic modelling of the
various dimensions of the tubular PM actuator. This ensured a very effective and fast design
optimisation, however model inaccuracy form a problem. The analytical equations for this
coarse analytical model are taken from Mizuno et al [38], and the fine model is a static,
nonlinear FE model. The actuator geometry is obtained by size optimisation, having as
objective the force density maximisation for the required force output of the 1500N. This
optimisation routine [39] results in a model achieving increased force density of 268kN/m3
245(II), although in this thesis the 245(I) is further discussed. It needs noting that this
optimisation uses full pitch magnets, hence, does not include the minimised cogging force or
force ripple. However, the reduction of these forces, using full pitch magnets, will be further
investigated, using a novel FEA representation in Section 3.2, which separates the cogging
force components in Section 3.3, and utilises skewing, as will be discussed in Section 3.4.

3.2 Novel 2D representation for tubular machines

A three phase brushless radially magnetised tubular permanent magnet actuator has been
designed for the specifications as determined in this thesis. The geometry of the 245(I)
machine is used, which is shown in Fig. 1.4(a), where the specific sizes were summarised
in Table 3.2. This design is obtained by an optimisation method applied for a single pole-
pair, and extended to five pole-pairs representing the complete tubular actuator, as shown
in Fig. 3.4(b). As shown in Fig. 3.4(a) this model uses the zero boundary conditions on the
model edges.

3.2.1 Axisymmetric Finite Element Modelling

A significant disadvantage of all linear and tubular machines are the end effects, caused by
the interaction between the ends of the moving base and the fixed magnet array. These
effects play a significant role in the total cogging force of the device and can be minimised
by proper design. However, when initially designing the tubular actuator, the focus is on
minimising the cogging due to interaction between stator teeth and translator magnets, and
on producing maximum force within the set volume boundaries. Furthermore, skewing may
reduce cogging force and reduce harmonics in the EMF waveform, as discussed in Section 3.4.
However, in tubular structures skew simulation would require time consuming 3D Finite
Element Analysis (FEA), and therefore a new 2D representation of the tubular machine is
proposed in this chapter.

Axisymmetrical partial model A

The single pole-pair model, hereafter referred to as model A, assumes zero flux on all outer
boundaries, a current density of 15A/mm2, a coil packing factor of 0.5, mildsteel (AI1010
steel) and a NdFeB PM with a remanent flux density of 1.23T and a recoil permeability of
1.1. Fig. 3.5 shows the used mesh, where the mesh size is summarised in Table 3.7. The
calculated static actuator force for model A, by finite element analysis, is equal to 242N.
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(a) (b)

Figure 3.4: Axisymmetrical view of the three phase brushless radially magnetized tubular permanent
magnet actuator, where (a) shows topology and design variables (model A) and (b) shows the full
geometry (model B).

Table 3.2: Actuator sizes in the axisymmetrical models A and B

h1 (mm) 5.0 h7 (mm) 7.8

h2 (mm) 23.3 l1 (mm) 3.0

h3 (mm) 5.0 l2 (mm) 15.5

h4 (mm) 1.0 l3 (mm) 19.1

h5 (mm) 2.0 l4 (mm) 64.6

h6 (mm) 22.5 ltotal (mm) 323
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Figure 3.5: Plot of the mesh density as used in the axisymmetrical models A and B.

Table 3.3: Self- and mutual inductances for model B.

LA 10.38µH/turn MAB = MBA 5.23µH/turn

LB 11.02µH/turn MAC = MCA 4.52µH/turn

LC 10.38µH/turn MBC = MCB 5.23µH/turn

Axisymmetrical full model B

Static force The static force is determined for the full-scaled axisymmetrical model of
Fig. 3.4(b), hereafter referred to as model B. The static force calculated for this model in the
shown position is equal to 1446N, exceeding five times the force value of 242N, calculated for
model A, due to the absence of zero flux boundaries between the pole-pairs.

Back-EMF Back-EMF is an important design criterium for an electrical machine, and
represents the voltage induced in the coils due to the variation of flux encapsulated by those
coils in time. The general equation for this effect is given by Faraday’s law in integral form

∮

C
E dl = −

∫

S

∂B

∂t
ds . (3.14)

The linear velocity of the device, at which in this Chapter the EMF is simulated using
FEA, is 0.54m/s for all models, which is assumed to be an average velocity in the suspension,
as was shown in Chapter 2, hence, is hereafter referred to as nominal speed. The EMF
waveform per winding for the axisymmetric model B, shown in Fig. 3.6(a), demonstrates that
a significant amount of harmonics is present, due to the DC winding topology.

Inductance In order to determine the inductance, the flux linkage is obtained for each phase
with a current density of 7.5A/mm2 in one phase. With this, the inductance is calculated
as if each phase incorporates one turn per slot, where for each phase five slots are in series.
However, the inductance increases with the squared of the number of turns, N , hence, the
inductances, summarised in Table 3.3, is related to the squared number of turns, N2 if no
saturation occurs.
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Thrust force As verification of the calculated static force, the full model B is simulated
with sinusoidal currents in the slots, having an amplitude of 7.5A/mm2, which is referred to
as nominal current hereafter. The resulting force characteristic is shown in Fig. 3.6(b), and
shows a significant amount of force variation around the mean force, which is 1.59·103N.
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Figure 3.6: Back-EMF per winding (a) calculated for the axisymmetrical model B of the brushless
tubular actuator, and the output FEA force (b) at nominal speed and current.

Cogging force As shown above, the force produced by the actuator significantly varies
around the mean value due to a magnetostatic component and an electrically induced com-
ponent. Further, the calculated magnetostatic force amplitude of 1446N is valid for fixed
position calculations, hence neither magnetostatic nor transient position dependant force are
taken into account. Such a magnetostatic force without considering a current, commonly
referred to as a cogging or detent force, is calculated for model B (shown by Fig. 3.7, where
the force, normalised to a movement equivalent to two pole pitches or 360◦ electrical degrees
over the z-axis, is presented. It needs to be noted that the end caps of the stator, of which
the dimensions are one half slot pitch, are un-optimised.

Fig. 3.7 shows clearly that for this axisymmetrical model the cogging force is high (ap-
proximately 10% of the mean force). Further, compared to Fig. 3.6(b), the amplitude and
shape are in the same order as the variation in the produced force. This cogging force is a
consequence of using permanent magnets and can be separated into two parts: the first part
is due to end effects on both sides of the stator of the tubular machine, and the second part
is due to the slot openings in between the stator teeth. The separation of these parts is not
applicable in conventional rotary machines, since no end-effects are apparent when modelling
in the 2D, and therefore all the cogging force is due to the slot openings. Conversely, for the
linear actuator, as shown by Fig. 3.4(b), the two parts can be split and investigated by apply-
ing periodic boundary conditions. Meanwhile, in axisymmetrical modelling these boundaries
are not applicable, thus is the separation of the cogging force components not achievable for
axisymmetrical models. Therefore, a distinctive 2D model representation, as opposed to a
full 3D model, is introduced in the next section, in which the linear actuator is represented
as a rotary machine in order to distinguish the two cogging force components.
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Figure 3.7: Cogging force calculated for the axisymmetrical model B of the brushless tubular actu-
ator.

3.2.2 Axial 2D Finite Element Modelling

Axial 2D partial model C

In order to avoid the use of time-consuming 3D FE analysis, a new approach to model
tubular structures in FEM is proposed, in which the tubular machine is axially unfolded.
Subsequently, this flat, single sided, linear machine is transformed into a rotary machine by
rotating it around a central axis having a very large radius, which minimises the curvature
of the rotational 2D representation. The axial length of this 2D model is equal to the airgap
circumference of the tubular actuator. The airgap radius is chosen such that for one pole-pair
the non-linearity, the radial deviation, between air gap radius and its tangential, is less than
0.5mm (measured between the end and middle of the stator inner bore). This corresponds to
a pole-pair angle of 3.6◦ with an airgap radius of approximately 1m. In case of the full-scale
actuator this non-linearity is increased to 12.7mm, model B of Fig. 3.4(b). Further, the axial
geometric parameters from the axisymmetrical model (model A) are linearly transformed into
the angles in the 2D rotating model (model C), shown in Fig. 3.4(a), which, due to the small
non-linearity discussed above, is a reasonable assumption.

To compensate for the difference in the distance of the circumference as opposed to using
a common axial length, introduced by representing the axisymmetrical model as a rotary
machine, the radial sizes of the airgap, tooth tips, magnet and stator and translator back iron
are chosen in such a way that their respective volumes are equal to the volumes of these regions
in the tubular model as shown in Table 3.4. This ensures that the change in reluctance is
kept at a minimum. However, in order not to impair on the tooth and winding geometry, the
radial length of the stator teeth is not adjusted, which has the advantage that current density
in the slots does not have to be altered in order to produce the same MMF and changes in
slot leakage are minimised. A zero flux boundary condition is imposed on the inner bore of
the translator shaft, since this represents the symmetry axis in the axisymmetrical model, as
shown in Fig. 3.4(a) and Fig. 3.8(a).

Static force The comparison, in terms of static force, between the axisymmetrical, model
A, and the flat 2D representation, model C, is performed by the periodical model of Fig. 6a,
albeit with zero flux boundaries. As Table 3.7 shows, the difference in produced force between



Permanent magnet tubular actuator for an active suspension system 53

A and this model, from now on referred to as C, is approximately 8%, due to the assumptions
and concessions that have been made in the transformation from the axisymmetrical model
to the 2D rotating model.

Axial 2D full model D

Having verified the magnetostatic equality between the model A and model C for the PM
tubular actuator, a comparison on magnetostatic and cogging force, back-EMF and produced
force is performed for the full actuator geometry. A new model, referred to as model D and
shown in Fig. 3.8(b), is related to the rotating periodical model similar to the manner in
which B is related to A in the translating geometry. It exhibits periodic boundary conditions
on both translator sides, thus no end effects due to the magnet array, which is a reasonable
assumption since the stator ends remain at a certain distance from the translator ends in the
simulations. Furthermore, zero flux boundaries are applied at the sides of the stator area
which includes large volume of air on both sides of the stator. The full virtual axial rotating
machine in which model D is seated, is shown in Fig. 3.8(c).

Static force The calculated magnetostatic force is summarised in Table 3.7, which shows
that the deviation between the two simulations is less than 6%, respectively 1446N (model B)
and 1528N (model D). The mesh density and mesh size are shown in Fig. 3.9 and Table 3.7,
respectively.

Back-EMF For the full axisymmetric model B and for the full axial rotating model D the
back-EMF calculated for a single winding is shown in Fig. 3.10(a). The correlation between
both graphs is very high, although there is a slight deviation between the lines at the top due
to the transition from axisymmetric to axial rotating geometry, however this difference is less
than 3.5%.

Inductance The self and mutual inductances assuming one turn per slot and 5 slots in
series per phase for model D are summarised in Table 3.5, which, compared to Table 3.3,
shows that the inductances for model B and model D differ only by a very small amount. As
mentioned, the inductance increases with the square of the number of turns if no saturation
occurs.

Cogging force Fig. 3.10(b) shows the resulting cogging force for models B and D, which
demonstrates the similarity in force amplitude and shape for both topologies. This validates
the use of the 2D rotating model (model D) as shown in Fig. 3.8(b), to investigate the two
separate parts of the cogging force for the three phase brushless radially magnetised tubular
permanent magnet actuator.
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(a) (b) (c)

Figure 3.8: 2D rotational view of the three phase brushless radially magnetised tubular permanent
magnet actuator, where (a) shows topology and design variables (referred to as model C with zero
boundary conditions and model E with periodic boundary conditions), (b) shows the full geometry
(model D) and (c) shows the full axial rotating FEA structure which incorporates D.

Table 3.4: Actuator sizes in the 2D rotating model.

d1 (mm) 5.0 d7 (mm) 14.2

d2 (mm) 11.8 β1 (deg) 0.17

d3 (mm) 4.6 β2 (deg) 0.86

d4 (mm) 1.0 β3 (deg) 1.06

d5 (mm) 2.1 β4 (deg) 3.6

d6 (mm) 22.5 Rairgap (mm) 1028

Table 3.5: Self- and mutual inductances for model D.

LA 10.65µH/turn MAB = MBA 4.89µH/turn

LB 10.52µH/turn MAC = MCA 4.19µH/turn

LC 10.65µH/turn MBC = MCB 4.89µH/turn
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Figure 3.9: Plot of the mesh density as used in the rotational 2D models C and D.
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Figure 3.10: Back-EMF per winding at nominal speed (a) calculated for the axisymmetrical model
B (asterix) and the axial rotating model D (circles) of the brushless tubular actuator, where (b) shows
cogging force calculated for the axisymmetrical model B (red dots) and for the 2D rotating model D
(blue crosses) of the brushless tubular actuator.
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3.3 Separation of cogging force components using the axial 2D
model

3.3.1 Cogging behaviour due to the stator teeth

Axial 2D periodical model E

The partial representations, models A and C, as well as the full-model representations, models
B and D, have demonstrated their respective similarities, as illustrated by Table 3.7 and
Fig. 3.10(a) and (b). Therefore, the periodical model shown in Fig. 3.8(a), model E, is used
to obtain the cogging force due to the presence of the stator teeth part only, excluding the
end effects. This representation assumes that the axial length of the actuator is infinitely
long.

Static force The magnetostatic force amplitude simulation gives a static force of 300N for
this model, which closely approaches one-fifth of the force calculated for the full actuator, as
summarised in Table 3.7.

Back-EMF Since this axial rotating periodical model E represents one pole-pair of the
machine, instead of the five pole-pairs the full actuator comprises, the back-EMF of this
model is multiplied by five. In Fig. 3.11(a) this back-EMF is compared to the EMF obtained
for model D above. As Fig. 3.11(a) shows, the correlation is very high, since the flux through
the stator teeth due to the magnet MMF is very similar for both models.
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Figure 3.11: FEA Back-EMF voltage versus the electrical angle (a) showing the phases A (blue),
B (red) and C (green) of the axial rotating full model D (circles) and the axial rotating periodical
model E multiplied by five periods (cross) at a velocity of 0.5383m/s, where (b) shows cogging force
calculated for the rotational 2D model E, which excludes end effects, multiplied by five.

Inductance The self and mutual inductances assuming one turn per slot for model E are
multiplied by five, since this model represents only one-fifth of the full machine, where it is
assumed that all of these parts are electrically in series. These values are shown in Table 3.6
for one turn per slot, and are very similar to the inductances calculated for model B and D.
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Table 3.6: Self- and mutual inductances for model E.

LA 10.32µH/turn MAB = MBA 5.10µH/turn

LB 10.32µH/turn MAC = MCA 5.10µH/turn

LC 10.32µH/turn MBC = MCB 5.10µH/turn

Cogging force The resulting cogging force comparison for this model E is shown in Fig. 3.11(b),
showing a periodicity of 60◦ electrical.

To obtain the cogging force due to stator teeth for the full actuator instead of one pole
pair, the calculated force is multiplied by five, since the length of the actuator consists of five
pole pairs. Both cogging characteristics are shown in Fig. 3.12, which demonstrates that the
cogging force due to the stator teeth geometry has a strong influence on the total cogging
behaviour of the actuator.
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Figure 3.12: Cogging force characteristics for model D (total cogging, blue crosses), the periodical
model E (stator teeth cogging, green dots) and the difference of these two graphs (end effect part of
the cogging force, black asterices).

3.3.2 Cogging behaviour due to the stator end effects

As demonstrated in the previous section, cogging force due to the stator teeth geometry is of
significant influence on the total cogging behaviour of the actuator, as shown in Fig. 3.12. This
figure provides both the cogging characteristic for the full tubular actuator, including stator
end effects and teeth geometry effects, and for the periodical model, including teeth geometry
effects and excluding stator end-effects. Taking the difference between those characteristics
gives the cogging behaviour of the tubular actuator due to the end effects. Fig. 3.12 shows
this end effect cogging, herewith demonstrating that the end effects are of significant influence
on the total cogging behaviour of the PM for this specific geometry.
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Table 3.7: Calculated static force for the models A to E

Model Force Representation Model Boundary Elements

(A) 242N Fig. 3.4a Zero 5140

(B) 1446N Fig. 3.4b Zero 30353

(C) 262N Fig. 3.8a Zero 4079

(D) 1528N Fig. 3.8b Zero 19261

(E) 300N Fig. 3.8a Periodic 4079

Axisymmetric full model having closed slots F

In order to verify this resulting cogging behaviour, the axisymmetrical model B is modified
into a new one referred to as F-model to represent a tubular actuator without stator teeth
geometry effects. In this model the stator tooth tips are extended in such a way that the
inner side of the stator, at the airgap, is represented by a large surface of mild steel without
slot openings, as shown in Fig. 3.13.

Figure 3.13: Axisymmetrical view of the three phase brushless radially magnetised tubular permanent
magnet actuator (model F) showing the full model and a magnification.

Using model F, the cogging force characteristic of the tubular permanent magnet actuator
which does not produce any cogging force due to the stator teeth geometry, is established.
This is due to the smooth inner stator surface, which exhibits the change in permeability
seen by the magnets and thus no preferable positions, causing cogging force, exist. The
cogging due to the end effects, however, still is present and can thus be compared to the
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end effect induced cogging shown in Fig. 3.12. Both the cogging force calculated with the
axisymmetrical representation, models D and E, and that with the axial 2D, model F, are
shown in Fig. 3.14. This clearly shows the similarity between the two models.
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Figure 3.14: End-effect induced cogging force for the axisymmetrical model obtained by actuator
model F and for the 2D axial rotating model obtained by the models D and E.

3.4 Skewing topologies

As shown in the previous Sections, the three phase brushless radially magnetised tubular
permanent magnet actuator having full pole pitches is subject to large cogging force, due to
end effects and stator teeth geometry. Furthermore the EMF waveform is trapezoidal, due to
the DC winding, hence exhibits many harmonics. A method to reduce the cogging force levels
occurring due to these geometrical model properties, is the use of skewing. Fig. 3.15 shows an
artist impression of (a) an unskewed tubular PM actuator and (b) the same actuator having
skewed translator magnets. The effects of skewing are discussed by an example using a linear
electrical machine, which represents the axially unfolded tubular actuator and is shown in
Fig. 3.16, where the polarity of the magnets is indicated by S(outh) and N(orth), and the
phases are A, B and C.

3.4.1 Skewing in a flat linear machine

In an unskewed linear electrical machine the magnets and the slots are located on a line
perpendicular to the direction of movement X, as shown in Fig. 3.16(a). When separating
the force on the stator into n parts, of which two parts, FR and FL, are shown in Fig. 3.16(a),
all n force parts are equal in amplitude, time and direction when the stator or translator
moves.

Translator magnet skewing

By skewing the translator magnets, as shown in Fig. 3.16(b), the n force parts mentioned
above are shifted in time, and as a result cogging and back-EMF are distributed, hence, their
respective behaviour can be modified. However, skewing also results in a lower maximum
overlap area between the magnet and coil, hence, lower flux linkage, which reduces RMS
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(a) (b)

Figure 3.15: Semi-active suspension strut, comprising a tubular PM actuator with a passive spring.
An unskewed model is shown in (a), whilst (b) shows a skewed translator.
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Figure 3.16: Schematic representation of the coils and magnets of a flat linear electrical machine
having (a) no skew, (b) skewed magnets and (c) skewed slots, where X is the thrust force direction,
FL is the force on the left side and FR is the force on the right side.

value of the EMF and the mean output force. Further, unequal forces FL and FR can cause
additional torques in the machine, therefore symmetry should be applied. An optimal skewed
structure combines a minimisation of the cogging force amplitude and harmonic distortion
with a high EMF amplitude and output force.
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Stator slot skewing

It is also possible to skew the stator slots, as shown in Fig. 3.16(c), which demands the same
considerations as discussed above. However when skewing the stator slots, the coils are not
perpendicular to the movement of direction, and therefore the Lorentz force caused by the
interaction between the flux density B and the current I , related as

F ∝ I ×B (3.15)

has a component in the lateral direction, as shown by FL and FR in Fig. 3.16(c), hence
thrust force is reduced. The lateral force depends on the skew angle and shape, and can be
cancelled by the use of a symmetric geometry. However, if the lateral force component is
relatively large, skewing the stator slots could significantly influence the maximum available
thrust force than translator magnet skewing.

3.4.2 Skewing in a tubular actuator

As the actuator under focus is a tubular actuator, forces in the Y -direction of the linear
machine result in a torque in the θ-direction of the tubular machine, which is undesirable.
Likewise, vibrations due to asymmetric skewing would cause extra oscillating forces on the
machine and its bearings. In order to reduce these vibrations and the net forces in directions
other than the translating direction, it is imperative for the tubular permanent magnet actu-
ator to have a symmetric distribution of the skewed structure, hence, the skewing topology
should be repetitive having a mechanical period of 180◦.

Skewing topologies

Triangularly shaped Some triangular skewing topologies are shown in Fig. 3.17(a) to (c),
representing the radial surface of a tubular actuator. Fig. 3.17(a) shows an asymmetrical skew-
ing topology, causing a net circumferential force, hence, is not preferable, where Fig. 3.17(b)
shows a periodic topology in which the skewing is 720◦ electrical periodic. Nevertheless, since
the actuator is tubular, the mechanical period of the skewing topology should be 180◦ me-
chanical to eliminate unbalanced axial forces. A topology as shown in Fig. 3.17(c) indeed has
mechanical period of 180◦, and consequently symmetry is ensured, as well as minimisation of
net force in the circumferential direction.

Sinusoidally shaped Although the triangularly shaped skewing topologies are practical for
use in flat linear machines, implementation of such a structure is difficult in tubular machines.
Let a tubular surface and a planar surface be given by

x2 + y2 = 1 (3.16)

y = z , (3.17)

which in polar coordinates is

r = 1 (3.18)

r sin θ = z , (3.19)
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Figure 3.17: Possible skewing topologies for the tubular permanent magnet actuator. The skewing
amplitude is indicated by ∆s.

then the intersection line between both surfaces is given by

z = sin θ , (3.20)

demonstrating that sinusoidally shaped skewing topologies are attractive for a tubular ma-
chine. Further, regarding slot skewing, curved skew topologies are easier to wind, since the
windings are not forced around sharp corners.

Some sinusoidal topologies are shown in Fig. 3.17(d) to (f), where Fig. 3.17(d) is the
topology described by (3.20), and illustrates that this topology is not periodical over 180◦

mechanical, hence, suffers from asymmetry of the axial forces. This necessary periodicity can
achieved by using two surfaces, which cross in a line through the Z-axis in the R-direction,
of which the resulting skewing topology in the radial plane is shown in Fig. 3.17(e). Adding
an extra sinusoidal period to the skewing of Fig. 3.17(d) results in the topology shown in
Fig. 3.17(e), in which 180◦ periodicity is ensured and no sharp corners exist, although the
number of repetitions is a restrictive factor, for constructional reasons.

Design considerations for the skewing topology

As mentioned above, both the magnets and the slots can be skewed to improve the perfor-
mance of the actuator. Neglecting the force impairment caused by non-perpendicularity of
the slots with respect to the direction of movement, both solutions are equal. Practical con-
siderations, such as construction of the magnets, ease of winding and assembly of the total
machine, determine which machine part is skewed. Skewing the magnets is more complex in
construction, since the shape of the magnets is not perfectly circular anymore. However, in
such a topology, the stator slots are all circular, without variation in the Z-direction, hence,
easy to construct and to wind.

Skewing of the slots simplifies magnet construction, since the magnet rings can be built
of equally sized blocks, whilst coils can be wound in a circular shape and pressed into pre-
shaped slots, which are stacked to form the three phase brushless radially magnetised tubular
permanent magnet actuator. However when the skew distance ∆s is relatively large compared
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to the circumference, axial thrust force reduces due to the inclined angle of the coils and the
direction of the Lorentz force. These construction related considerations will not be discussed
further in this thesis.

3.5 Multilayer skew simulation

The software package used to calculate the FEA models in this report is the Flux package
developed by Cedrat [40]. This software package includes a module designed for 2D skew sim-
ulations of rotating machines, named FluxSkewed. Since it has been verified in section 3.2.2
that the 2D axial rotating model is a feasible representation of the axisymmetric translating
actuator, this skew module is used to simulate skewing of the permanent magnet tubular
actuator.

FluxSkewed is based on the Multilayers 2D method [41], [42], which separates the stator
or the rotor of the rotating machine into n axial layers, where each layer is rotated around the
Z-axis by an angle depending on the number of layers and the total skew angle, which is shown
in Fig. 3.18 for a 180 electrical degrees skewed stator. However, this FEA skewing module
assumes a constant mechanical angle between all adjacent parts in the machine. As discussed
in Section 3.4.2, sinusoidal skewing topologies are more appropriate for tubular actuators,
hence, these skew topologies are more interesting. Since this is not possible with FluxSkewed,
a numerical script is introduced to simulate the skewing, based on the Multilayers 2D model,
and using the force and EMF waveforms calculated for the axial rotating periodic model E
introduced in section 3.2.2. Since linear interpolation is used to obtain the skewed EMF
and cogging force waveforms, rounding errors could occur, therefore the script is verified by
FluxSkewed model for cogging torque and EMF at skewing angles of 0◦, 45◦, 90◦, 135◦ and
180◦ electrical.

Translator

Stator

Air

Figure 3.18: FluxSkewed model with 10 layers, having an unskewed translator and a 180◦ electrically
skewed stator.
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The result of the comparison between the interpolated 2D model and the FluxSkewed
calculations for a 10-layer model, which are shown in Appendix B.1, demonstrate that the
interpolated 2D numerical script very closely correlates with the FEA results. Further, these
figures show that EMF and cogging force waveforms can be drastically reduced by skew-
ing, although at the cost of a lower EMF amplitude. Therefore, it is concluded that this
interpolation method sufficiently describes the effects of skewing.

3.5.1 Results for the obtained skew topologies

The Multilayers 2D methodology is used to simulate the effects of the skew topologies, shown
in Fig. 3.17, on cogging force amplitude and RMS back-EMF, of which the results, normalised
to the unskewed values, are shown in Fig. 3.19(a) and (b), respectively. These figures show,
that the cogging force amplitude rapidly decreases with the amplitude ∆s of the skew topology,
similar for both topologies. Due to the definition of ∆s, the back-EMF waveform of the
sinusoidal topology, shown in Fig. 3.17(f), decreases more than that of the half-sine topology,
shown in Fig. 3.17(e). Therefore this behaviour should be investigated for a variety of feasible
skewing topologies, from which an optimal skew topology is chosen. Further, effects of skewing
on thrust force, Total Harmonic Distortion, inductance, and losses should be investigated to
obtain an optimal design, combining high force density with low harmonics and low cogging
force.
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Figure 3.19: The effect of the skew amplitude ∆s on (a) the amplitude of the cogging force normalised
to the unskewed cogging force amplitude, and (b) the RMS value of the back-EMF normalised to the
unskewed RMS value. The half-sine topology, shown in Fig. 3.17 (e), is shown as red circles, where
the blue crosses show the sinusoidal topology of Fig. 3.17(f).

3.6 Conclusions

After initial sizing, using both Lorentz and differential methods, a tubular actuator topology
is obtained with size optimisation, using a combination of both methods. Since a dearth in
publications on design methodology of tubular actuators exists, a novel 2D representation of
the tubular actuator is introduced, and, using the conventional axisymmetrical model, verified
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for back-EMF, inductance and cogging force. This 2D model, which highly correlates with
the conventional axisymmetric model, enables separation of cogging force components, which
is subsequently used to reduce this cogging by skewing. Feasible topologies for skewing in
the tubular actuator are obtained, after which the Multilayers 2D method is used to simulate
the effects of skewing on cogging force and back-EMF, hence, providing an initial design step
in the process of skew optimisation. Further research in the stator and rotor topology of the
tubular actuator, skew topology and transients, such as losses and power factor, is necessary to
obtain an optimal design for the three phase brushless radially magnetised tubular permanent
magnet actuator.





4

Electromagnetic Spring Design for an

active suspension system

Tubular PM actuators, besides having a thrust force, suffer from a cogging force component,
as was discussed in Chapter 3. This magnetic reluctance force is caused by the interaction
between the stator slots and the translator permanent magnets, since the stator and translator
attempt to align in such a way that minimal magnetic reluctance is achieved, hence, minimal
stored magnetic energy. Therefore, when moving the translator through a slotted stator,
without considering windings and therefore electromagnetic forces, the cogging force is acting
either forward or backward, relative to the direction of motion. As this force is purely caused
by the passive magnets interacting with the stator iron, the cogging force is a zero-power
force. In general, cogging force is not beneficial since most machines are used to drive a load
or to be driven by some other machine, where the output waveform, being for example force
or electrical power, should be as smoothly shaped as possible.

However, as opposed to an undesired force component, the zero-power cogging force can
also be used as an advantageous property. For example, when moving in either direction the
cogging force increases to a maximum after which it drops, and commences with the next
cycle, as was illustrated for the tubular PM actuator in Section 3.3.1. The magnitude of this
cogging force is zero where the translator and stator are aligned in certain positions, shown
for example in Fig. 3.11(b). Thus, this cogging effect could be utilised as an electromagnetic
spring, since the derivative of F to the displacement represents a spring stiffness.

In general, the cogging force in electrical machines is minimised by designing the number
of stator teeth and the number of poles in such a way, that the lowest common multiple
of those parameters is maximised. However, by minimising their lowest common multiple,
the cogging force is increased, hence for an ELectro MAgnetic SPring (ELMASP) one pole
per stator tooth results in the maximum cogging force. In fact, since only one cycle of the
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cogging force characteristic is required, the ELMASP consists of one pole-pair, or 180 electrical
degrees. By adjusting the geometrical dimensions of the ELMASP, stroke, force amplitude
and force derivative are increased, hence, the structure could be suitable for application in an
automotive active suspension. A coil could be used to obtain variable spring stiffness, which,
e.g. parallel to a passive damper, could be implemented in an active suspension system, as
was shown in Section 2.2.1. As opposed to a conventional differential equation

mẍ = kx+ dẋ+ Fa , (4.1)

where m is the mass, k is the spring stiffness, d is the damping coefficient, Fa is the actuator
force and x, ẋ and ẍ, are the position, velocity and acceleration respectively, the differential
equation for the ELMASP is given by

mẍ = [kmagnet + k(ik)]x+ dẋ , (4.2)

where the kmagnet is the passive spring stiffness and k(ik) is the active spring stiffness.
This ELMASP technology has not yet been used or proven in the available literature,

therefore a prototype, hereafter referred to as Alpha, has been constructed in order to ver-
ify simulated data by means of measurements. This tubular electromagnetic spring with a
simplified construction is built for verification purposes using commercially available compo-
nents, hence, an un-optimised model. It incorporates a coil in the stator slot, which allows for
variation of the spring stiffness by forcing a current through this coil. The Alpha ELMASP
having zero current in the coil is hereafter referred to as ’passive’, where the model having a
non-zero current is referred to as ’active’. The tubular Alpha prototype is schematically shown
in Fig. 4.1, where the axial direction is Z, the radial direction is R and the circumferential
direction is θ.

In order to investigate the various flux paths within this structure, a MEC model is
obtained for a further simplified model of the Alpha prototype in Sections 4.1 and 4.2, which
subsequently is compared to an FEA model in Sections 4.3 and 4.4. Finally, in Section 4.5
a MEC model and a FEA model for the implemented Alpha model are verified by static
measurements on a test setup, as shown in Appendix C.3.

4.1 Magnetic Equivalent Circuit modelling

A MEC (Magnetic Equivalent Circuit) model is an electric equivalent representation of a
magnetic circuit. Compared to e.g. FEA, the MEC model is relatively simple and fast-
solving, although flux paths must be very well-defined and therefore a good understanding
of the magnetic structure is necessary. In general, MEC modelling is used in non-saturated
models, where iron has a relative permeability, µr, which is many times higher than the
surrounding air, hence flux paths and consequent permeances are easily obtained. However,
in saturated models the relative permeability approaches 1, therefore leakage is increased,
causing a larger degree of uncertainty in the flux paths, since air becomes an attractive flux
path. In addition, models that incorporate large air volumes suffer from similar problems,
since flux leakage becomes a dominating factor.

A significant difference between a MEC model and an electric circuit is, that magnetic
isolators do not exist, hence the full geometry should be included in the MEC model in order
to obtain valid results from simulations. As the Alpha ELMASP inherently incorporates large
volumes of air, it is imperative to accurately estimate the permeance of these air volumes.
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Figure 4.1: Schematic drawing of the Alpha ELMASP.

4.1.1 Definition of the Magnetic Equivalent Circuit components

The magnetic equivalent circuit (MEC) is constructed of field sources such as magnets and
coils, as wel as soft magnetic materials that guide and direct the flux. The MEC model is
derived from the magnetostatic field equations, Ampère’s law in integral form

∮

C
H · dl =

∫

S
J · ds (4.3)

= Ienc ,

and
∮

S
B · ds = 0 , (4.4)

where Ienc is the total current passing through the area S, which is bounded by the contour C,
and H and B are the magnetic field strength and flux density, respectively. It is assumed that
the frequencies and sizes involved are such that the displacement-current term in Maxwell’s
equations can be neglected.

For this application, the direction of dl is based on the circuit geometry, and it is assumed
that H is parallel to dl, which reduces H · dl to the scalar product H dl, which is a common
assumption in magnetic circuit analysis.

The Magneto Motive Force (MMF) drop, or F , over any segment of the magnetic circuit
is defined as

∫

H dl over that part of the circuit. We apply (4.3) to a circuit with m discrete
segments and obtain

∮

C
H · dl =

m
∑

n=1

∫

L
Hn dln . (4.5)

In general, coils are a MMF source in the magnetic equivalent circuit. Assuming the field, H,
in coil n to be constant, the MMF, Fn, is given by

∫

L
Hn dln = Iencn = Nnin = Fn , (4.6)
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where Iencn is the enclosed current, Nn is the number of turns, and in is the current through
the coil. Therefore, for coil n, the MMF is equal to Nnin.

The magnetic flux passing through a surface S is given by

Φ =

∫

S
B · ds . (4.7)

According to (4.4) and (4.7), the net magnetic flux leaving or entering a closed surface (equal
to the surface integral of B over that surface) is zero. Since magnetic flux lines form closed
loops, this is equivalent to: all flux entering the surface enclosing a volume must leave this
volume over some other portion of the surface. By choosing volumes which have obvious
entering and exiting surfaces for the flux with negligible leakage, the assumption that the
magnetic flux density is uniform across the cross section of a magnetic circuit element, such
as a core, is justified, leading to the simple scalar equation

Φ = BA . (4.8)

The relation between the field H and the flux density B is given by B = µ0µrH and leads,
combined with (4.5) and (4.7) to a general equation for the MMF over circuit element n

∫

L

Φcn

µrnµ0An
dl = Fn , (4.9)

where µ0 is the permeability of vacuum, equal to 4 · 10−7 · πVs/(Am) and µrn is the relative
permeability of the material.

The magnetic reluctance R of circuit component n is defined as

Rn =

∫

dl

µrnµ0An
, (4.10)

which results in the relation between MMF, reluctance and flux in the MEC model

Fn = RnΦcn . (4.11)

The analysis of a circuit with a magnet source is similar to a circuit with a coil, although
magnets differ from coil in two aspects. Firstly, the MMF of a coil n is given by Nnin
and therefore known, where this is not the case for a magnet. Instead, the magnet’s MMF
depends on the operating point (Bm, Hm), which is a function of the circuit geometry and
magnet type. Secondly, the magnet is a physical part of the circuit and therefore represents
a circuit reluctance.

Assuming that the magnet exhibits a linear second quadrant demagnetisation curve

Bm = Br + µmµ0Hm , (4.12)

where µm is the relative permeability of the magnet, it can be represented by an equivalent
circuit element consisting of a source and a reluctance term [43], by

Fm = Hclm (4.13)

Rm =

∫

dl

µmµ0Am
, (4.14)

where Hc is the magnetic coercivity of the magnet, lm is the length in magnetisation direction,
µm is the relative permeability of the magnet and Am is the cross-sectional area.
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4.1.2 Force calculation in MEC using virtual work

To obtain the magnetic force using the virtual work method, the magnetic energy and co-
energy are calculated. For simplicity, magnetic nonlinearity and core losses are assumed to
be negligible in the analysis of the magnetic (co-)energy. Consequently, it is assumed that
the flux and MMF are proportional, hence flux linkage, λ, and current, i, are considered to
be linearly related to an inductance, L, which depends on the stator position, z.

λ = L(z)i . (4.15)

A lossless magnetic-energy-storage system can be described by [44]

dWelec = dWmech + dWfld , (4.16)

where dWelec = idλ = differential electric energy input, dWmech = F dz = differential
mechanical energy output, dWfld = differential change in magnetic stored energy and F is
the mechanical force.
Since the system is considered lossless and therefore conservative, this can be rewritten as

dWfld(λ, z) = idλ− F dz , (4.17)

from which the force is obtained

F = −∂Wfld(λ, z)

∂z

∣

∣

∣

∣

λ

. (4.18)

As maintaining a constant flux linkage, required in (4.18), is more complex than main-
taining a constant current, (4.17) is rewritten into co-energy. The co-energy, W ′

fld, is defined
as a function of i and z such that

W ′
fld(i, z) = iλ−Wfld(λ, z) , (4.19)

from which, using (4.17), the force is obtained

F =
∂W ′

fld(i, z)

∂z

∣

∣

∣

∣

∣

i

. (4.20)

The co-energy for a system comprising a single MMF source is found using

W ′
fld(i, z) =

∫ i

0

λ(i′, z) di′ , (4.21)

which for linear magnetic systems, using (4.15), can be simplified to

W ′
fld(i, z) =

1

2
L(z)i2 . (4.22)

Permanent magnets do not physically incorporate a coil and therefore (4.22) is not directly
applicable, however using the equations above, a value for the magnetic co-energy in the
magnets is obtained. Firstly the flux linkage, λ, in magnet n is defined as

λn = NnΦn , (4.23)
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where Nn is an arbitrary number of turns. Using (4.15), (4.22) and (4.23) the co-energy is
obtained

W ′
fldn

=
1

2

NnΦn

in
i2n . (4.24)

Combining Nnin = Fn from (4.6) with (4.13) gives

W ′
fldn

=
1

2
ΦnHclm . (4.25)

4.2 Simplified MEC model

To reduce the complexity of the magnetic circuit, the MEC model initially is developed for a
simplified model, shown in Fig. 4.2. This model incorporates linear steel, hence, eliminating
complex saturation effects. The remanent flux density of the magnets, Br, is 1.1T, where the
recoil permeability, µr, is 1.025.

Z
Rl     =  3 9 m ms b i

l     =  2 0 m mr b i

h    =  1 0 0 m m m

h  s t o h  s s l

h      =  2 0 0 m m m s l

l     =  l   =  5 m ms s l

h    =  1 0 0 m m m

h  s t o

r g o
ut

r g i
n

g  =  1 m mm

Figure 4.2: Physical dimensions of the simplified Alpha ELMASP.

From the literature, Liu and Zhu [45] proposed a MEC model for a planar Linear Variable
Reluctance Permanent Magnet (LVRPM) Motor, which has been reduced to a single C-core
and a yoke with attached permanent magnets, as is shown in Fig. 4.3(a). They calculated two
permeance paths in the model, where the first permeance, Pm1, is directly across the air gap,
and the second, Pm2, is a flux path curving into the side of the tooth, shown in Fig. 4.3(b).
Further, the model calculates a new permeance Pm3 in the non-overlapping position. These
permeances are given by

Pm1 = µ0leff
hsto − |z|

g
(4.26)

Pm2 = µ0leff
2

π
ln

(

1 +
π|z|
2g

)

(4.27)

Pm3 = µ0leff
2

π
ln

(

g + π|z|/2
g + π(|z| − hsto)/2

)

, (4.28)

where leff is the depth of the LVRPM model and z is the displacement, where it needs
noting that all permeance equations incorporate an absolute displacement, therefore calculate
the force for a movement in positive z-direction, where the force in negative z-direction
is obtained by symmetry around z = 0. However, equations (4.26) to (4.28) can not be
directly implemented in the Alpha ELMASP MEC model. Firstly, since the LVRPM is a flat
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(a) (b) (c)

Figure 4.3: MEC model proposed by Liu for the LVPRM. The geometry is shown in (a), where the
flux patterns for permeance calculation are shown at (b) overlapping and (c) non-overlapping positions
[45].

linear motor, therefore, compared to the ELMASP having a tubular structure, this results
in permeance calculation errors if leff is not adjusted. Secondly, the displacement-derivatives
of (4.26) to (4.28) are not continuous, leading to significant peaks in the calculated force,
since the force is the displacement derivative of the co-energy, as was shown in Section 4.1.2.

In order to accurately calculate these permeances, Roters [46] proposed equations to esti-
mate the permeance of flux paths between two surfaces of high-permeability material, where
the field is divided into flux paths of simple shape. The mean length, lm, of these flux paths
is estimated, where using this mean length and the total flux path volume, V , the mean area
S of the flux paths is calculated. The resulting permeance P is given by:

P =
1

R =
µS

lm
=

µV

l2m
, (4.29)

where the mean area S is calculated by V/lm, hence it is important to correctly calculate the
mean length and volume.

4.2.1 Flux path permeances in the passive Alpha ELMASP

The discussed approach provided by Roters is very suitable for a large variety in shapes of
the flux paths. However, for the ELMASP the exact geometrical position and shape of each
flux path through the air is uncertain, i.e. due to the axial surfaces, large air volume and the
tubular structure of the ELMASP.

The simplified MEC model for the passive Alpha ELMASP is shown in Fig. 4.4. The
subscript mag indicates magnet permeance, where in air the subscript gap is used for flux
crossing radially from the magnet to a tooth surface, and leak is used for other permeance
paths through air. The axial flux through surfaces c1 and c2 in the iron is used to compare
the MEC and FEA models, as will be discussed in Section 4.4.
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Figure 4.4: Permeance paths as defined in the passive MEC model with linear iron. The cross-sections
c1 and c2 are used for flux calculations.

Fig. 4.4 shows the MEC permeances, which have various shapes, hence, are defined by
different equations, given by

- Pmaggap and Pmagleak
: radial magnet permeances,

- Pgap: radial air gap permeance,

- Pleakpar
and Pleakmid

: radial leakage permeances inside the structure,

- Pleakser
: radial leakage permeance including fringing,

- Pout: torus-shaped leakage permeance from the magnet to the axial stator plane.

Radial permeances

In general, the overall equation for the radial permeance paths, occurring in the magnets and
in the air gaps between translator and stator, is obtained using (4.10):

1

P = R =

∫

dl

µA
=

∫ rout

rin

dr

2πµlr
=

1

2πµl
ln

(

rout

rin

)

, (4.30)

where l is the axial length of the volume, rout and rin are the outer and inner radius of the
volume, respectively, and µ is the permeability, in air equal to µ0.

Magnet and air gap permeances (Pmaggap, Pmagleak
and Pgap)

In the MEC model the magnets are separated into two parallel parts, firstly a part in series
with the air gap, and secondly a part in series with a larger volume of air. Although this
separation does not influences the linear model, since the both parallel MMF sources are equal,
this representation is particularly useful when taking for example saturation into account. The
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values of these radial magnet permeances are, for a displacement |z| smaller than hsto, given
by

Pmaggap =
2πµ0(hsto − |z|)

ln

(

rgout + lm
rgout

) , (4.31)

Pmagleak
=

2πµ0|z|

ln

(

rgout + lm
rgout

) , (4.32)

where rgout is the outer radius of the air. The radial flux paths through the air gap are
obtained by

Pgap =
2πµ0(hsto − |z|)

ln

(

rgout

rgin

) , (4.33)

where rgin
is the inner radius of the air gap.

Radial leakage permeances (Pleakpar
, Pleakmid

and Pleakser
)

It assumed for the parallel leakage paths Pleakpar
and Pleakmid

that the flux paths are radial,
hence these permeances are obtained by

Pleakpar
=

2πµ0|z|

ln

(

rgout + lm
rgin

) (4.34)

Pleakmid
=

2πµ0(hssl − |z|)

ln

(

rgout + lm
lsbi

) . (4.35)

In the leakage path Pleakser
which is in series with the magnet, flux fringes towards the

sides of the axial metal surfaces instead of propagating purely radially through the air between
stator and translator. For large displacements this fringing will be of minor influence on the
total circuit permeance, i.e. force amplitude. However, for small displacements the influence
on the permeance is significant, i.e. force displacement characteristic, therefore it is imperative
to incorporate this fringing into the MEC model. This fringing is caused by flux passing
through the inner radial magnet surface towards the axial surface on the side of the stator
tooth, as shown in Fig. 4.5. This effect is modelled in the MEC by a correction factor dmean,
explained by 4.38.

As shown in Section 4.1.2, the values of the permeances in the magnetic equivalent circuit
should be continuously derivable to the displacement z. Therefore, the virtual radial distance
d(z′m) between the stator back iron and translator magnet is calculated using an introduced
variable z′m, which is given by

z′m =

{

m− 1
19 |z| , m = 1, 2, . . . , 20 , |z| ≤ g + lsl

m− 1
19 (lsl + g) , m = 1, 2, . . . , 20 , |z| > g + lsl

. (4.36)
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Figure 4.5: Magnified equiflux plot of the FEA model. Shown is the flux line distribution in the
model, which demonstrates the fringing occurring near the inner axial tooth surface under the magnet.

In order to achieve a sufficient accuracy, twenty divisions along the Z-axis in the stator slot
area are implemented, therefore m = 1, 2, . . . , 20.

The virtual distance d(z′m), schematically shown in Fig. 4.6, is now obtained by

d(z′m) = g + lsl

(

1

2
− 1

2
cos

(

z′m
lsl + g

π

))

, m = 1, 2, . . . , 20 . (4.37)

The mean value of the virtual air gap distance dmean is obtained by

dmean =







1
|z|

∫ |z|
0
d(z′) dz′ , |z| ≤ g + lsl

1
|z|

(

∫ lsl+g
0

d(z′) dz′ + (|z| − lsl − g)(lsl + g)
)

, |z| > g + lsl
, (4.38)

where the integration is trapezoidal. Subsequently, dmean is used to calculate the flux path
permeance between the magnet and the slot bottom:

Pleakser
=

2πµ0|z|

ln

(

rgout

rgout − dmean

) . (4.39)

Non-radial leakage permeance (Pout)

The donut-, or torus-, shaped permeance Pout significantly influences the MEC model around
z = 0. More specifically, immediately at translator and stator misalignment radial flux
paths, passing through the outer part of the inner radial surface of the the right magnet in
Fig. 4.4, are forced across a significant volume of air towards the axial plane of the stator.
The permeance of the resulting flux path is obtained using (4.29), for which the volume of
the permeance and the mean length of the flux paths are estimated.
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R Z

Figure 4.6: Visualisation of the adjusted distance d(z′) between translator and stator. The displace-
ment is given by z, where z′ is the location on the stator.

This permeance is torus-shaped, which is the equivalent of rotating an ellipse around
the Z-axis. The volume of this torus is obtained using general literature, given by Guldin’s
theorem as: “If a plane figure is rotated about an axis in its plane then the volume of the
solid body formed is equal to the product of the area with the distance travelled by the centre
of gravity”. The volume of the quarter torus is therefore obtained by

V =
1

4
(2πRe)(πab) , (4.40)

where a, b are respectively the major and minor radius of the ellipse, and Re is the radius
between the centre of the ellipse and the Z-axis, as shown in Fig. 4.7. The major and minor
radii of the ellipse are given in Table 4.1.

a

b
R e

RZ

M a g n e tS t a t o r

E v e n l y  d i s t r i b u t e d  f l u x  l i n e s

Figure 4.7: Quantities used to calculate the volume of a torus. Re is the radius of the centre of
gravity of the ellipse around the Z-axis, from which a is the major radius of the ellipse in the rz-plane
defining the torus and b is the minor radius.

It is assumed that the flux paths are evenly distributed in the rz-plane, as shown in
Fig. 4.7, therefore the quarter circumference of an ellipse is obtained by [47]:

l = aE(ε) . (4.41)
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Table 4.1: Values of the major radius a, the minor radius b, and the radius Re of ellipse used to
obtain Pout.

Displacement a b Re

0≤ |z| ≤ g (g + |z|)/2 |z| rgout

g≤ |z| ≤ rgout |z| |z| rgout

rgout ≤ |z| ≤hsto |z| rgout rgout

Here is

ε =

√

a2 − b2

a

E(ε) =

∫ π/2

0

√

1 − ε2 sin2 t dt , (4.42)

where E(ε) is the complete elliptic integral of the second kind. The mean flux path length
lmean is subsequently obtained by assuming a linear distribution of flux lines in the rz-plane.

Having obtained, respectively, the volume of the torus, V , and the mean length of the flux
lines, lmean, the permeance Pout is obtained using (4.29).

4.2.2 Force calculation in the passive Alpha ELMASP

Using the calculated circuit components and Kirchhoff’s current law the permeance matrix is
derived for the circuit in Fig. 4.4. This is repeated for m stepped values of z, each displaced by
a distance ∆z. As the passive circuit only incorporates two nodes, due to the linearity of the
soft magnetic material, the resulting matrix is one-dimensional, hence, the MMF difference
between the stator and translator iron is given by a single equation:

Fpass = Hclm
−P1g − P1l + P3g + P3l

P1g + P1l + Pleakmid
+ Pleakpar

+ P3g + P3l
, (4.43)

where

P1g =
PmaggapPgap

Pmaggap + Pgap
, (4.44)

P1l =
Pleakser

Pmagleak

Pleakser
+ Pmagleak

, (4.45)

P3g =
PmaggapPgap

Pmaggap + Pgap
, (4.46)

P3l =
PoutPmagleak

Pout + Pmagleak

. (4.47)

Subsequently the circuit fluxes through permeance is obtained by

Φn = PnFn , (4.48)

where Fn is the MMF drop over permeance n. Using (4.25) and (4.20), the mechanical force
is obtained.
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Figure 4.8: Schematic drawing of the active Alpha ELMASP, showing the coil and the overlap with
one of the magnets due to the displacement.

4.2.3 Flux path permeances in the active Alpha ELMASP

To be able to control the force of the ELMASP, a current-carrying coil is used to increase or
decrease the circuit MMF, and herewith the flux through the device. To obtain this, some
adjustments need to be made to the passive model described above. The coil is wound in the
stator slot, as shown in Fig. 4.8, which consists of copper and electrically insulating materials,
thus is not magnetically conducting, hence, the magnetic circuit is not affected by the material
properties. Conversely, since the coil and one of the permanent magnets (left) partly overlap,
as shown in Fig. 4.8, the geometric dimensions of the coil do affect the magnetic circuit.

The coil comprises a number of turns, N , each conducting a current i, and therefore
the MMF, Fcoil, over the coil is equal to Ni. However, the coil-induced MMF between the
right side of the coil, in Fig. 4.8, and any other point of the coil is a function of z. This
position-dependent MMF therefore influences the magnetic circuit.

To achieve this position dependency, the MMF over the coil is separated into two parts.
Firstly, the MMF over the coil part overlapping the magnet is called FCM , secondly the
remaining part is called FCS . Both MMF sources are separated into k sections, each of the
size FCM/k and FCS/k, respectively. Subsequently, the permeance paths which overlap the
coil, P1l and Pleakmid

, are separated into k parallel permeances, as shown in Fig. 4.9, where
the respective values of the resulting permeances are P1l/k and Pleakmid

/k.

As discussed, the steel in the ELMASP in this model is assumed to be linear. Therefore,
the MMF in the translator steel is constant, and this node is connected to a virtual ground, as
shown in Fig. 4.9. If the MMF between one circuit node in the stator steel, Fact in Fig. 4.9,
and the grounded translator node is known, all other stator node MMF’s can be directly
obtained, since the MMF over all virtual sources in the stator is predetermined. As a result,
the circuit can still be expressed by a single equation, as was already shown for the passive
model in Section 4.2.2. By applying Kirchhoff’s current law to the node Fact, it turns out
that the repetitive structure can be expressed as a single equation for this specific node. A
variable q is introduced for the description of the repetition, given by

q =
k

∑

a=1

a . (4.49)
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Figure 4.9: The magnetic circuit obtained for the active Alpha ELMASP. The circuit components
are shown in (a), where the section to which each component belongs, is shown in (b).

This equation is easily obtained by writing down Kirchhoff’s current law for the stator node
Fact in Fig. 4.9. The MMF of this node with respect to the translator iron is given by

Fact =
Numerator

P1g + P1l + Pleakmid
+ Pleakpar

+ P3g + P3l
, (4.50)

where

Numerator = +Hclm(−P1g − P1l + P3g + P3l) +

+ q · FCM

k
· P1l

k
+ q · FCS

k
· Pleakmid

k
+

+FCM · Pleakmid
+ Fcoil

(

Pleakpar
+ P3g + P3l

)

. (4.51)

The co-energy in each source n in the network is determined using Φn and Fn, after which
the force is obtained using (4.20).

4.3 Finite Element Analysis model

A Finite Element Analysis (FEA) software package, Flux2D, is used to calculate flux, co-
energy, and force, which are compared to values obtained from the MEC model. A picture of
the model, mesh and the probe surfaces is shown in Fig. 4.10(a) and (b), where the number
of elements is 22512. In FEA, force and co-energy can be directly extracted by the software,
whilst flux through probe surfaces c1 and c2 needs additional calculation. The method used to
calculate the flux through these probe surfaces from FEA results is discussed in Appendix C.1,
where in MEC the fluxes through the probe surfaces are easily obtained from the network
equations. The surfaces are chosen as close as possible to the magnets in the FEA model,
hence leakage from stator to translator between magnet and surface is minimised. In this way
the difference in flux through both surfaces is equal to the leakage from stator to translator.
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(a)

(b)

Figure 4.10: Picture of FEA model Alpha. The full model with probe surfaces c1 and c2 is shown in
(a), where (b) shows the mesh and the used materials.

4.4 Comparison of MEC and FEA

4.4.1 Passive simplified Alpha ELMASP

As discussed, two probe surfaces c1 and c2, shown in Fig. 4.10, are used to compare the
MEC flux through these surfaces calculated in MEC to FEA results. The flux through these
surfaces, calculated in FEA and MEC, is shown in Fig. 4.11, which clearly demonstrates that
the flux in the MEC model approximates the FEA flux. In the position where |z| = 0, the
flux is maximum and equal for both probe surfaces. As discussed in Section 4.1.2 the MEC
co-energy is obtained using the flux through the magnet. Finally, the total force calculated in
MEC, FMEC , is the displacement-derivative of the co-energy, which is compared to the FEA
force, FFEA in Fig. 4.12.

The MEC approach to calculate the aligning force is very accurate for the current struc-
ture, as demonstrated by the force characteristic in Fig. 4.12. Especially for large values of
z, the difference between MEC and FEA results is minimal. However, for |z| < 20mm, this
difference is more significant, due to inaccuracies in permeance estimations, caused by the
assumptions in the MEC model. The total MEC force is the displacement-derivative of the
co-energy.

The relatively small discrepancy in the force characteristic around z = 0, as shown in
Fig. 4.12, is caused by a small change in MEC co-energy around z = 0. Both the MEC
co-energy and the MEC force around z = 0 are shown in Fig. 4.13(a) and (b), respectively.
The co-energy should have a non-negative derivative for z < 0 and a non-positive derivative
for z > 0, however, z = 0 is not the maximum co-energy, as shown in Fig. 4.13(a), hence, it
causes the small discrepancy in the force characteristic at z = 0.
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Figure 4.13: Magnification of the behaviour of the co-energy W ′

fld in (a) and the force F in (b)
around zero.

4.4.2 Active simplified Alpha ELMASP

The two probe surfaces c1 and c2, previously shown in Fig. 4.10, are used for the comparison
between the flux in MEC, ΦMEC , and that in FEA, ΦFEA. In FEA it is assumed that
the copper filling factor in the slot is 0.33, which is a reasonable assumption since the slot
depth is very low, albeit that this geometry is un-optimised, hence most probably will not
be used in a physical application. Both flux simulations are compared for a copper current
density in the wire, Jc, of -4.5A/mm2 (decreasing force) and +4.5A/mm2 (increasing force)
in Fig. 4.14(a) and (b), respectively, where only the part of the characteristic for positive
z is shown. Especially for the positively actuated model, shown in (b), ΦMEC and ΦFEA

are very similar, where the difference for the negative current, shown in (a) is larger. These
figures however show, that the implementation of the coil in the MEC model results in flux
characteristics which approximate the FEA results, as shown in Fig. 4.14.

The copper current density is varied between -4.5A/mm2 and +4.5A/m2 with steps of
1.5A/mm2, as shown in Fig. 4.15. As demonstrated in Fig. 4.15, the deviation between the
MEC force, FMEC , and the FEA force, FFEA, is a function of the magnitude and orientation
of the current. The figure shows that FMEC is approaching FFEA for z > 20mm, albeit that
the derivative of the FEA characteristic changes as a function of the input current, where
this effect is significantly smaller in MEC. Further, FMEC is significantly larger than FFEA

for small displacement. Nevertheless, simulations on MEC of an input current on the force is
reasonably accurate, hence can be used as a quick-solving optimisation tool, where the force
is verified with FEA.

4.5 Verification measurements on the Alpha prototype

As discussed, a verification prototype ELMASP, Alpha, is constructed in order to verify
simulated data by means of measurements. The geometry and used materials are summarised
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Figure 4.14: Flux through the translator iron in c1 (FEA: red circles, MEC: red line) and c2 (FEA:
blue squares, MEC: blue lines) in the simplified Alpha ELMASP, where in (a) the copper current
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in Section 4.5.1. The FEA results are compared with measurements in Section 4.5.2, together
with a comparison between FEA using non-linear steel and FEA using linear steel. MEC
results are finally compared to measurement results in Section 4.5.3.
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4.5.1 Geometry of the structure

The ELMASP, of which the geometric dimensions are shown in Fig. 4.16, is built for verifica-
tion purposes by using direct commercially available components. Aluminium is used for non-
magnetic parts of the prototype, as shown in Appendix C.2. Standard 1010 steel, mildsteel,
is used as the soft-magnetic material, where the hard magnetic material is bonded NdFeB,
supplied by Bakker Magnetics [48]. The magnet material used is BM7Np, of which the mag-
netic properties and demagnetisation curve are summarised in Table 4.2 and Appendix C.2,
respectively. The coil incorporates 105 turns, each having a diameter of 2.65mm2, resulting
in a copper filling factor of 0.56. As shown Appendix C.2, the axial length of the translator
iron is larger than in Fig. 4.16, for construction reasons. The measurement method and used
equipment are discussed in Appendix C.3.
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Figure 4.16: Physical dimensions of the Alpha ELMASP.

Table 4.2: Relevant magnetic properties for BM7Np [48].

Br (T) −HcB (kA/m) µr

minimal typical minimal typical

0.540 0.620 342 406 1.20

4.5.2 Comparison of FEA and measurements

As shown in Table 4.2 there is a significant difference between Brtyp and Brmin
. In order to

find an exact value for Br, this parameter has been varied in FEA over a number of values
between 0.540 and 0.620, of which the result has been compared to the measured passive
force. As a result of this, the remanence of the magnet in the Alpha ELMASP prototype is
estimated to be 0.555T, which is used in further calculations. The FEA model, comprising
of 6804 elements, is shown in Fig. 4.17(a) and (b).
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(a)

(b)

Figure 4.17: FEA model of the Alpha ELMASP prototype. The full model with the used magnetic
materials and probe surfaces c1 and c2 is shown in (a), where (b) shows the mesh.

As shown in Fig. 4.18(a), FFEA and the measured force, Fmeas, for the Alpha prototype
without current-carrying coils, hence a passive model, have a high correlation. To verify the
the active FEA model, a current is applied, varying from -15.0A to 15.0A, or a copper current
density in the wire between -5.67A/mm2 and +5.67A/mm2. The orientation of the current is
such, that a positive current increases the force. FEA simulations and measurements for the
minimum and maximum applied current are shown in Fig. 4.18(b) and (c), and demonstrate
that FEA with non-linear steel is accurate for the characterisation of the static force of
the Alpha ELMASP prototype. More results are shown in Appendix C.4. All measured
characteristics show two lines, due to the hysteresis effect occurring in the iron, when the
magnitude of the field is varied as a function of the displacement. This cannot be simulated
in FEA, therefore FFEA does not depend on the travelling direction.
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Figure 4.18: Calculated FEM force using non-linear steel (circles) and the measured force (blue lines)
versus the stroke z when a current is applied. The applied current is shown in each characteristic,
where negative current counteracts the force and positive current enhances it.
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Comparison of non-linear-steel FEA and linear-steel FEA

The use of linear steel for the back-iron provides a simplified MEC model compared to the
use of non-linear steel. More specifically, when using non-linear steel in MEC, the metal
needs to be separated into sections, each with a certain permeance, depending on the relative
permeability µr, which is a function of the flux density |B|. This results in a more complex
circuit, and requires an iterative loop to obtain the specific relative permeability of each
segment.

In the previous section it was shown that the non-linear-steel FEA prediction of the
force in the Alpha ELMASP prototype is accurate. Comparing this to a linear-steel FEA
model would validate the use of linear steel in the MEC model. This comparison is shown in
Fig. 4.19, where the current density in the winding copper is varied between -16.0A/mm2 and
+16.0A/mm2 in 9 steps. These maximum current densities are very high in order to show
for which current the linear-steel FEA model is valid.

A comparison of non-linear-steel FEA and linear-steel is shown in Fig. 4.19, and demon-
strates that for a negative current, since such a current reduces flux density, both force
characteristics correlate. However, for a large negative current, the force becomes positive, as
shown in Fig. 4.19, which indicates that the permanent magnets are demagnetised, hence, is
not to be preferred. A positive current density increases flux density, hence, the linear FEA
model deviates from the non-linear FEA model as iron saturates. Especially, if the current
density in the wire is 8.9A/mm2, the deviation becomes significant. However, Fig. 4.19 shows
that for a current density in the wire of 5.34A/mm2, equal to a supply current of 14.15A,
both force characteristics highly correlate. Therefore it is assumed that a linear-steel FEA
model with a copper wire current density of 5.67A/mm2, equal to a supply current of 15A,
results in the same force characteristic as a non-linear-steel FEA model.
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Figure 4.19: Force characteristic obtained from non-linear steel FEA (red asterix) and from linear-
steel FEA (blue triangles), where the copper current density varies from -16.0A/mm2 (top) to
+16.0A/m2 (bottom) with steps of 1.78A/mm2.
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4.5.3 Comparison of MEC and measurements

Passive prototype

As shown above, a linear-steel FEA model sufficiently describes the Alpha prototype force
characteristic. Therefore, a MEC model using linear steel is compared with the measure-
ments. The passive MEC model as described in Section 4.2 is applied to the Alpha ELMASP
prototype, however Pout is adjusted due to the non-magnetic shaft. The fluxes through the
translator iron in the passive model at the probe surfaces c1 and c2, as illustrated in Fig. 4.17,
are shown in Fig. 4.20(a), where the force is shown in Fig. 4.20(b). The fluxes calculated using
the MEC model vary from those obtained from the FEA simulation, as shown in Fig. 4.20(a).
Nevertheless, the force predicted by MEC has the same order of magnitude as the FEA
force, although the shape of both characteristics is different, as demonstrated by Fig. 4.20(b).
This characteristic deviation is likely caused by the large amount of fringing occurring in the
Alpha ELMASP prototype due to the different shape compared to the simplified model of
Section 4.2.
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Figure 4.20: Comparison of MEC results for prototype Alpha with FEA using linear steel. The flux
through the translator iron at the probe surfaces is shown in (a), being the flux through c1 in FEA
(red circles), c2 in FEA (blue squares), c1 in MEC (red solid) and c2 in MEC (blue dashed). The force
simulations are shown in (b), where MEC force is black solid, and FEA force is blue dashed.

The equipotential contours in the linear FEA model of the prototype at a displacement of
26mm are shown in Fig. 4.21. This figure demonstrates that a significant amount of fringing
occurs in the stator and translator slot. Some leakage flux is apparent at the right side of
both magnets in the figure, however its influence is likely to be small, as the lines do not cross
the air gap, hence do not directly contribute to the force.

However, the apparent fringing under the left magnet, as shown in Fig. 4.21, is significantly
larger than predicted in the MEC model, where incorporating fringing tends to smoothen the
force characteristic. However, fringing often comes at the cost of force amplitude, where
Fig. 4.21 shows that the FEA force amplitude is larger than the predicted in MEC. This
could be caused by flux paths directly crossing from the left magnet to the diagonal stator
tooth, as this distance equates to the stator slot depth for displacements of about 25mm.

By further investigating the flux paths, and developing equivalent permeances, the force
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Figure 4.21: Equiflux lines in the FEA model of the Alpha ELMASP prototype with linear soft
magnetic material.

and flux, calculated by MEC, can be adjusted to match the FEA model more closely. However,
the extent to which this needs to be done is a point of discussion, since in a design or
optimisation process the geometrical sizes continuously change, herewith adjustments in the
MEC model are required if parameters change by a significant degree. These adjustments are
implemented in MEC as fringing permeances, which are very unpredictable, hence difficult
to characterise. Further, the sensitivity to small changes in permeances near a displacement
of z = 0 is high.

Active prototype

As shown in Section 4.4.2, the MEC model gives a reasonable estimation of the force char-
acteristic of the simplified Alpha ELMASP. Further, it is shown in Section 4.5.2 that the
linear-steel FEA model is valid for a supply current of 15A, or a copper wire current density
of 5.67A/mm2. Therefore it is validated to use linear steel in the MEC model to predict the
force for such current densities.

In this Section, the force characteristic obtained from the MEC model, which uses linear
steel, is compared to the measurements, for a copper current density between -5.67A/mm2

and 5.67A/mm2, shown in Fig. 4.22. It demonstrates, that the MEC force characteristic for
the Alpha prototype geometry, compared to the measurements, performs not as well as it does
for the simplified model Alpha. Especially for large currents, either positive or negative, MEC
significantly deviates from measurements. Most likely, the MEC model does not sufficiently
include the effect of the fringing flux and the excited coil around the stator, hence, force
characteristics deviate from measurement results. By including the extra fringing paths in
the prototype, as was discussed above, this deviation may be reduced, although at the cost
of reduced simplicity. As discussed in the previous paragraph, a study of the equipotential
contours and flux magnitude in the FEA model could give more insight in the estimation
errors of the MEC model.

4.6 Conclusions

A novel tubular ELectro MAgnetic SPring (ELMASP), based on reluctance force, is proposed,
replacing a conventional passive spring-damper system in wheel suspension systems, which
incorporates:
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Figure 4.22: Measured force (blue dashed) and force obtained from MEC (black solid) versus stroke,
where the copper current density varies from -5.67A/mm2 (top) to +5.67A/m2 (bottom) with steps
of 1.89A/mm2.

• (zero power) passive adjustable gravity compensation by permanent magnets,

• linear (passive and active) spring stiffness variation, and

• high force densities compared to other electromagnetic devices.

A Magnetic Equivalent Circuit (MEC) model is derived for a simplified ELMASP, passive
and active, and compared to Finite Element Analysis (FEA), where it has been found that
these results highly correlate. To verify the MEC and FEA results, a prototype is manu-
factured to verify the static forces calculated by MEC and FEA. Good agreement has been
found between the measurements and the various predicted forces, although it has been found
that the developed MEC model is sensitive to variations in translator and stator slot depth,
since a large slot depth gives rise to an increased amount of fringing flux, which is not fully
modelled in the MEC model. Further, the implementation of the coil in the MEC model
is sub-optimal, hence requires reconsidering. However, this work provides the fundamental
predicted and measured verification for the innovative design of a full-size ELMASP that
incorporates an adjustable spring stiffness.





5

Conclusions and recommendations

5.1 Conclusions

In this thesis the findings of a wide-ranging and multi-disciplinary research programme into
the feasibility and design issues related to design an active suspension system with electro-
magnetic devices are presented.

The quarter car model is discussed, after which relevant literature, searched for commercial
applications in the area of active suspension, has illustrated the importance of a concurrent
engineering approach to system design. By means of mechanical modelling using race-track
data and anti-roll-force calculations, force envelope, duty cycle and thermal endurance for
vehicle roll control have been obtained. Further, extensive experimental measurements on
passive commercial suspension struts, i.e. at TNO Automotive in Helmond as described in
Appendix A, have provided mechanical requirements for space envelope, spring characteristics
and damping characteristics. Considering the specific features of an automotive suspension
strut and the environment in which they operate, the obtained data is assembled to provide
the general requirements for an active automotive suspension.

The principal motivations for the design of an active electromagnetic high-bandwidth sus-
pension system with a tubular permanent magnet actuator are to facilitate an improvement in
vehicle stability, hence, passenger safety and comfort. After initial sizing, using both Lorentz
and differential methods, a tubular actuator topology is obtained with size optimisation, using
a combination of both methods. It needs noting that this optimisation uses full pitch magnets
and a brushless DC topology, hence, does not include the minimised cogging force or force
ripple. Since a dearth in publications on design methodology of tubular actuators exists, a
novel 2D representation of the tubular actuator is introduced, and, using the conventional
axisymmetrical model, verified for back-EMF, inductance and cogging force. This 2D model
enables separation of cogging force components, which is subsequently used to reduce this
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cogging by skewing. Feasible topologies for skewing in the tubular actuator are obtained,
after which the Multilayers 2D method is used to simulate the effects of skewing on cogging
force and back-EMF.

Further, a novel high-bandwidth tubular ELectro MAgnetic SPring (ELMASP), based on
reluctance force, is proposed, replacing a conventional passive spring-damper system in wheel
suspension systems, which incorporates:

• (zero power) passive adjustable gravity compensation by permanent magnets,

• linear (passive and active) spring stiffness variation, and

• high force densities compared to other electromagnetic devices.

A Magnetic Equivalent Circuit (MEC) model is derived for a simplified ELMASP, and
compared to Finite Element Analysis (FEA). To verify the MEC and FEA results, a prototype
is manufactured to verify the static forces calculated by MEC and FEA. Good agreement
has been found between the measurements and the various predicted forces, which provides
the fundamental predicted and measured verification for the innovative design of a full-size
ELMASP that incorporates an adjustable spring stiffness.

5.2 Recommendations

• Extensive full vehicle measurement data should be obtained; firstly more data is required
on the anti-roll force, i.e. the force distribution between the front and rear axle, to more
accurately estimate the required force envelope and duty cycles. Secondly, additional
measurement data has to be measured for the axial movement, i.e. the statistical
distribution of vertical suspension velocities was unknown, hence, a prediction of the
damping force envelope and duty cycle could not be obtained. Obtaining these forces
and duty cycles for the active suspension would result in an overall force and duty cycle
envelope, useable for the design of an active suspension capable of gravity compensation
and dynamic force compensation.

• By investigating alternative tubular actuator designs, e.g. axial magnetisation or Hall-
bach magnetisation, a higher force density, lower cogging force and a better back-EMF
waveform could be obtained.

• The power electronics, converting the DC vehicle voltage to a suitable AC supply voltage
for the electromagnetic actuator, should be designed in correlation with the RMS value
of the back-EMF, i.e. determining the dynamic system behaviour.

• All simulations on the tubular actuator and ELMASP in this thesis are semi-static and
do not incorporate resistance and inductance, hence, no iron loss, magnet loss, copper
loss or power factor is included. These system properties, depending on e.g. axial
strut velocity or power supply harmonics, should be investigated by means of transient
analyses, and the effect of the losses on the tubular actuator bandwidth should be
investigated. Further, the influence of the power factor on the system behaviour should
be researched, since the tubular actuator is more suitable to have a non-laminated iron.
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• Extensive thermal modelling should be used to verify the temperature of the tubular
actuator during the required static and dynamic conditions, considering the environment
in which they operate, as well as the dynamic temperature behaviour during peak
performance, hence, actuator size might be adjusted.

• The feasibility of the proposed skewing topologies for the tubular actuator should be
more closely investigated in terms of construction, impairment in thrust force and costs.

• The MEC model, proposed for the ELMASP, is relatively sensitive to variations in slot
geometry. Therefore, permeances that incorporate the fringing occurring for large slot
depths should be incorporated, although at the cost of increased circuit complexity.

• Simulations have shown that the MEC model incorporating a coil does not fully describe
the force characteristic of the ELMASP prototype. Hence, by including the fringing
permeances mentioned above, and by re-modelling the coil, a more precise model could
be obtained.

• The proposed MEC model assumes steel having a linear BH-characteristic. Although
simulations in FEA have shown that for the Alpha prototype linear steel and non-linear
steel result in very similar force characteristics, this may not be valid for all similar
structures, hence, the non-linear BH-curve should be incorporated in the MEC model.
This is especially difficult due to large area of overlap between the stator coil and the
translator magnets, when stator and translator are displaced.

• Since the suspension is one of the most critical components for the safety of the passen-
gers, fault tolerance should be studied for as well the tubular actuator as the ELMASP
structure.
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A

BMW545i suspension measurements

A.1 Test rig used for passive strut measurements

The passive BMW 545i struts have been characterised at the test facility of TNO Automotive
in Helmond, the Netherlands. The test rig, which is shown in Fig. A.1, is built around a large,
enforced metal frame, which is bolted onto a metal platform. A high-force hydraulic actuator,
equipped with a displacement sensor, summarised in Table A.1, is mounted onto the bottom
plate of the frame. The upper part of the hydraulic actuator is connected to the lower end
of the device under measurement. Finally, the upper part of the device under measurement
is mounted to a force sensor, discussed in Table A.1, which is fixed to the top of the metal
frame, and therefore not moveable. By now closed-loop controlling the displacement of the
actuator, the compression of the device under measurement is known, and the force exerted
on the force sensor can be measured. These variables, the compression and the force, are used
in the analysis.

The system is controlled by Simulink, which is not part of this project and therefore will
not be discussed.

A.1.1 Sensors

Two sensors are implemented in the test rig. The displacement sensor is mounted to the
lower, moving part of the system, and is used in the position control loop. The force sensor
is mounted to the top of the reference frame, and is purely an output. Sensor data for both
sensors are shown in Table A.1.
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F o r c e  s e n s o r

H y d r a u l i c  a c t u a t o r

A d a p t e r

F o r c e  s e n s o r

M e a s u r e d
o b j e c t

H y d r a u l i c
a c t u a t o r

R i g i d  f r a m e

P o s i t i o n  
s e n s o r

Figure A.1: The test rig used to perform the measurements on the passive suspension struts presented
Chapter 2, where (a) shows a a picture where the front strut is mounted, and (b) shows a schematic
representation of the test rig.

Table A.1: Sensor data

Force sensor

Manufacturer Schenk

Transducer type PM 10 K

Nominal force 10kN

Dynamic force 8kN

Sensitivity 1.6224mV/V

Ucal (10m cable) 0.937V

Displacement sensor

Type WLC 250

Nominal value ±125mm

Sensitivity 80.3mV/V
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A.2 Pictures

In order to be able to test the passive suspension struts, adapters have been constructed which
are mounted between the struts and the test rig, shown in Fig. A.2(a) and (b) respectively.
The top adapter is used for both struts, and fixes the strut to the force sensor by a bolt-
connection. The rear strut exhibits a tubular opening, through which a rod is mounted, which
is bolted to the actuator as shown in Fig. A.2(a). The front strut does not have this opening,
as it is also to rotate around it’s length axis in the vehicle, for example during steering, and
therefore is clamped in by its adapter, as Fig. A.2(b) shows. During measurements a line has
been drawn on the front strut to indicate the height of the adapter on the strut. The location
of this line relative to the adapter has been regularly checked, and its relative location has
not changed during measurements, therefore this friction mount has proven to be of sufficient
quality.

T o p  m o u n t  a d a p t e r

R e a r
l o w e r  m o u n t

a d a p t e r
F r o n t

l o w e r  m o u n t
a d a p t e r

(a) (b)

Figure A.2: Photos of the struts mounted in the test rig. The rear strut is shown in (a) where (b)
shows the front strut.

As mentioned in Chapter 2, both struts have been measured with and without bump stop.
A photo of both struts without the bump stops has been shown in Fig. 2.14. Fig. A.3 shows
a photo of both struts with the bump stops mounted. Furthermore, the rod through the rear
strut, discussed above, is mounted in this photo.

As shown in Fig. 2.15, the rubber joint in the front suspension strut of the BMW 545i is
located between the spring and the top mount. A zoomed photo of the top mount plate of the
front strut is shown in Fig. A.4, where the nut in the middle of the rubber joint is connected
to the spring plate and the damper shaft.
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Figure A.3: Photo of the rear (upper) and front (lower) suspension strut of the BMW 545i. .

Figure A.4: Zoomed photograph of the top mount belonging to the front strut of the BMW 545i
suspension.
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A.3 Damping measurement results

Table A.2: Damping measurement data for respectively the front and rear strut of the BMW 545i.
U/cycle is the calculated dissipated energy per cycle and top deviation is the percentile difference
between bump/rebound force and the peak force.

f v T Fbump Frebound U/cycle topdeviation topdeviation

(Hz) ms−1 ◦C (N) (N) (J) bump (%) rebound (%)

Front damper

0.17 0.05 21 −92 148 33 5.4 0.0

0.42 0.13 21 −161 597 69 3.1 1.0

0.83 0.26 21 −259 956 116 1.9 0.0

1.25 0.39 21 −346 1104 138 2.3 0.0

1.67 0.52 21 −435 1276 156 3.4 0.0

2.50 0.79 22 −637 1654 205 2.4 0.3

3.33 1.05 24 −872 2123 256 1.2 1.9

3.50 1.10 25 −922 2247 271 0.5 1.1

4.00 1.26 26 −1054 2625 307 1.0 2.7

4.50 1.41 27 −1219 3034 355 0.8 2.6

5.00 1.57 30 −1350 3509 390 0.2 2.3

5.50 1.73 33 −1448 3932 431 1.4 1.0

Rear damper

0.17 0.05 22 −53 53 33 −1.9 7.5

0.42 0.13 −340 802 92 −0.6 0.6

0.83 0.26 −765 1006 152 −0.8 0.5

1.25 0.39 24 −957 1149 185 0.0 0.9

1.67 0.52 −1051 1330 209 0.0 0.5

2.50 0.79 29 −1211 1687 251 −0.4 0.3

3.33 1.05 36 −1347 2117 295 −1.5 1.4

3.50 1.10 36 −1367 2200 307 −1.1 0.7

4.00 1.26 42 −1461 2458 333 −1.4 2.2

4.50 1.41 −1541 2845 362 −3.2 0.0

5.00 1.57 48 −1676 3144 396 −0.2 0.8

5.50 1.73 53 −1749 3530 421 −0.9 0.0

5.80 1.82 57 −1782 3779 446 −0.2 0.3

1.25 0.39 56 −904 1118 175

2.50 0.79 52 −1153 1649 242
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B.1 Verification of the interpolated Multilayers 2D model to
FluxSkewed

180 electrical degrees skewing

Electrical angle in degrees

E
M

F
v
o
lt

a
g
e

0 60 120 180 240 300 360

-0.2

-0.1

0

0.1

0.2

135 electrical degrees skewing

Electrical angle in degrees
E

M
F

v
o
lt

a
g
e

0 60 120 180 240 300 360

-0.2

-0.1

0

0.1

0.2

90 electrical degrees skewing

Electrical angle in degrees

E
M

F
v
ol

ta
ge

0 60 120 180 240 300 360

-0.2

-0.1

0

0.1

0.2

45 electrical degrees skewing

Electrical angle in degrees

E
M

F
v
ol

ta
ge

0 60 120 180 240 300 360

-0.2

-0.1

0

0.1

0.2

0 electrical degrees skewing

Electrical angle in degrees

E
M

F
v
ol

ta
ge

0 60 120 180 240 300 360

-0.2

-0.1

0

0.1

0.2

Figure B.1: Comparison of the EMF waveform between FEA (+) and Matlab script (×) for skewing.
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Figure B.2: Comparison of the cogging force waveform between FEA (�) and Matlab script (×) for
skewing.
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Calculations and measurements on the

Alpha ELMASP

C.1 Flux extraction from the FEA software

As shown in chapter 4, the flux through two probe surfaces, c1 and c2, is used to compare
the FEA and MEC model. In MEC this flux is easily obtained, as shown in Section 4.2.2.
However, in FEA this flux is obtained by either using the flux density B, or by using the vector
potential A, both calculated by the FEA software package Flux2D. Both methods extract the
result from the same data in a similar manner, however both methods are discussed, since it
was initially unclear what Flux2D calculates when it is claiming it is calculating A.

C.1.1 Calculation of the flux through an axial surface in FEA

The flux in the FEA model is calculated through the surfaces described by the horizontal lines
c1 and c2 in Fig. 4.4. These surfaces have been chosen, since virtually all flux lines emerging
from the magnets, cross these surfaces through the metal. By obtaining the flux through the
given axial surfaces, the total flux through the magnets, and the leakage flux from stator slot
bottom to translator back iron is therefore known. There however is a small amount of leak
at the outer sides of the stator and translator, where the flux lines counter-rotate with respect
to the flux lines through the rest of the model, hence do not cross the air gap, therefore do
not contribute to the produced force. However, as this effect is of minimal influence, the
MEC model does not contribute for it, and therefore the chosen surfaces are valid for flux
comparison between FEA and MEC.
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Figure C.1: Mesh of the FEA model Alpha. Indicated are the different materials, and the line c2
marking the surface S, which is used for the flux calculations in FEA.

Flux calculation in FEA using flux density

The relation between the flux Φ through a surface S and the vector field B is defined by the

Φ =

∫∫

S
B · n ds , (C.1)

where n is the vector orthogonal to the surface S. The axial component of the flux density B
is therefore obtained over the surfaces c1 and c2 in Fig. C.1. Subsequently, this flux density is
numerically integrated over the surface of the cross-section, which results in the flux through
the surface.

Flux calculation using vector potential

Maxwell’s equations can be solved directly for the fields, but often it is more convenient to
use potential functions to obtain the fields. Specifically, the four coupled first-order field
equations of Maxwell can be rewritten in terms of a pair of uncoupled second-order with
only one field quantity. For the magnetostatic field, this is achieved by defining the magnetic
vector potential A, which is derived from Gauss’s magnetic law [43] and the proposition that
a solenoidal vector field can be written as the curl of a vector field

∇ ·B = 0 ⇒ B = ∇×A. (C.2)

Substituting this into (C.1), gives

Φ =

∫∫

S
(∇×A) · n ds , (C.3)
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and applying Stoke’s theorem results in

Φ =

∮

C
A · dl . (C.4)

Since the model under focus is axisymmetric around the z-axis, and the surfaces for which
the flux is obtained are in the axial rθ-plane, A solely depends on the radius r. Thus equa-
tion (C.4) is, for the flux through a surface enclosed by a circle with radius r, rewritten in
rθz cylindrical coordinates as

Φ = 2πAθr . (C.5)

It has appeared that the vector potential that Flux2D calculates, does not merely contain
A, as the manual states, however the software calculates 2πAθr for axisymmetrical problems,
which, according to (C.5), is equal to the flux through the surface. Since A is zero outside
the model (net flux encapsulated is zero), 2πrAθ(r) is at the outer air gap radius equal to the
negative flux −Φ in the translator iron. The vector potential 2πrAθ(r) and the vector field
B for the ELMASP are shown in Fig. C.2(a) and (b), respectively.
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Figure C.2: Flux2D calculation of 2πAφr (a) and the radial flux density (b), versus radius R and
stroke X, on the surface c1).
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C.2 Structure of and materials used in Alpha

Figure C.3: Demagnetisation curve of the permanent magnet used in Alpha [48].
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Figure C.4: CAD drawing of the measured structure Alpha. The solid red areas are the coils, the
chequered area is the magnetic 1010-steel, and the striped area is aluminium.
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C.3 Measurement equipment and techniques for the measure-
ments on Alpha

C.3.1 Equipment

The measurement scheme for the measurements regarding the static analysis of model alpha
are shown in Fig. C.5. Fig. C.5(a) shows a picture of the test setup with the (A) ELMASP
and force sensor, (B) current meter and (C) current source. A schematic for the test setup is
shown in Fig. C.5(b).

(C)

(B)

(A)

(a)

F

I

I

(b)

Figure C.5: The test setup which is used to perform the measurements on the electromagnetic spring
alpha. The total setup is shown in (a), where (A) is the ELMASP in the frame, (B) is the current
meter, and (C) is the current source. A schematic representation of the test setup is shown in (b).

A close-up of the ELMASP in the metal frame which is fixing it in place is shown in
Fig. C.6. The frame is constructed of a U-shaped part, triangularly supported by a rod which
gives the frame its mechanical strength, hence it is not subject to any movement due to large
force caused by the ELMASP. The rotor part of the ELMASP Alpha, containing the magnets,
is mounted to the metal platform, even so is the frame. The moving stator, attached to the
frame, is mounted to the force sensor, where the other end of the force sensor is mounted
to the screw spindle. By turning the screw spindle, the stator is moved with respect to the
frame, and therefore with respect to the rotor.

The wires for the current supply to the coil in the model are also shown in Fig. C.6. A
more detailed picture of these wires entering the model is shown in Fig. C.7, which also shows
the force sensor.
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ELMASP Alpha

Metal frame

Force sensor

Screw spindle

Current supply

Figure C.6: The ELMASP Alpha mounted in the metal frame.

C.3.2 Measurements

As the pitch of the screw spindle is the same for each turn, the displacement can easily
be obtained by counting the number of revolutions made. Before the beginning of each
measurement the distance between the stator and the top of the ELMASP is measured with
a slide rule. Subsequently the spindle is rotated by one revolution, and the force is obtained.
This is repeated until the end of the stroke, where the distance between stator and the top of
the ELMASP is measured again. The displacement of each measuring point is now calculated
by using the number of revolutions made, and the distance between stator and top before and
after the measurement.

The measured force is corrected to obtain purely the ELMASP force by subtracting the
force due to the mass of the stator, and the measured distance between the top and the
stator is reduced to the displacement of the device. This gives the characteristics presented
in chapter 4.
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Figure C.7: Detailed view of the opening for the current supply wires. Also shown on this picture
are the shaft and the force sensor attached to it.
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C.3.3 Sensors and sources

Table C.1: Sensor data on the measurements on Alpha.

Current Source

Manufacturer Electronic measurements Inc.

Type TCR 500T20 power supply

Output voltage 0-500 V

Output current 0-20 A

Current shunt

Manufacturer Agilent

Type 34330A

Output 1mV/A

Accuracy ± 3% for DC-1kHz

Shunt voltage meter

Manufacturer Fluke

Type 179

Resolution 0.1mV

Accuracy ± (0.09%+2)

Force sensor

Manufacturer Bongshin

Type DPPB-100

Output (R.O) 3mV/V

Non-linearity ≤ 0.03% R.O.

Hysteresis ≤ 0.03% R.O.

Force signal amplifier

Manufacturer Althen

Type SG KS 24-010

Accuracy ± 0.05%
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C.4 Comparison of FEA and measurements
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versus the stroke z when a current is applied. The applied current is shown in each characteristic,
where negative current counteracts the force and positive current enhances it.
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Abstract— There is an ever increasing commercial interest in 

employing permanent magnet actuators in automotive 

applications, in order to improve vehicle handling and passenger 

safety and comfort. One of the focus points is a (semi-) active 

suspension system for which various commercial technologies are 

existing, e.g. pneumatic and hydraulic actuation. This paper 

concerns with the design of semi-active suspension using a tubular 

electromagnetic actuator. In this application, the combination of 

low voltage (typically 12V), low volume and high force levels 

inevitably gives rise to a very demanding actuator system design. 

 
Index Terms—Permanent magnets, actuators, automotive 

I. INTRODUCTION 

ypical vehicle behavior is pitching during braking and 

acceleration, and rolling in corners. Additionally, vertical 

vibrations (bouncing) can occur due to road irregularities. This 

can cause a potential safety risk, since the tires might lose road 

grip, and has an adverse effect on passenger comfort. The 

vehicle suspension has to ensure both ride comfort and road 

holding for a variety of road conditions and vehicle 

maneuvers. Passive suspension systems such as fixed springs 

and dampers, will only obtain a compromise between those 

two conflicting requirements. However, a semi-active 

suspension, incorporating a linear tubular actuator, can 

generate control forces which suppress pitching, rolling and 

bouncing of the vehicle body, whilst still maintaining road 

contact [1]. 

 

 
Fig. 1 Schematic view of a commercial active roll control system 

 
This work was sponsored by SenterNovem (Dutch agency of ministry of 

economical affairs), SKF Automotive and TNO Research Automotive, the 

Netherlands. 

J.L.G. Janssen, J.J.H. Paulides, A.E. Lomonova and A.J.A. Vandenput are 

with the Electromechanics & Power Electronics group of the Technical 

university Eindhoven, the Netherlands 

 

Recently increasing focus of the automotive industry is on 

body roll reduction with a hydraulic actuator in series with the 

anti-roll bar or pneumatic actuators in the suspension strut. 

Passively, only a design compromise can be achieved, since a 

soft spring is needed for speeds up to 50km/h and a firm spring 

at higher speeds, therefore active roll control is an attractive 

solution for the automotive manufacturers. The series 

hydraulic topology uses either a rotary actuator placed in the 

centre of the anti-roll bar (Fig. 1) or a linear actuator between 

the end of the anti-roll bar and the wheel axle. This is a very 

appropriate solution for the hydraulic topology, since it limits 

the actuator power and bandwidth requirements compared to 

semi-active suspension design. 

Electromagnetic actuation in active roll control is not very 

suitable, hence, this paper focuses on a direct-drive 

electromagnetic solution within the suspension strut, since it 

benefits from the inherently high bandwidth, and by using the 

actuator in parallel with a mechanical spring the forces are 

considerably reduced. 

 

     
(a)       (b)        (c) 

Fig. 2. Quarter car representation of a passive (a) and (semi-)active 

(b) suspension system and (c) schematic of model 

II. QUARTER CAR MODEL 

A well known method to evaluate the performance of a 

suspension system is the use of a quarter car model, since it 

provides a proper representation of the wheel load variations, 

whilst still maintaining its simplicity, since it has only two 

vertical degrees of freedom, viz. displacements of the 

unsprung mass Mw and the sprung mass Mb, defined by yw1 and 

Jeroen L.G. Janssen, Johannes J.H. Paulides, Elena Lomonova, Andre J.A. Vandenput 

Electromechanics and Power Electronics Group 

Department of Electrical Engineering 

Eindhoven University of Technology 
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yb1, respectively. Passive spring stiffness is defined by kw1 and 

kb1, damper coefficients by db1 and road irregularity by u1(t). 

All passive components are assumed to be linear, even though 

in practice their behavior will be neither linear nor 

symmetrical. The system parameters are defined in Table I. 

 

 

III. SLALOM MANEUVER 

The specific focus of this paper is to minimize the 

articulation for a slalom maneuver with the cones placed 48m 

apart, driving at a velocity, v, of 54km/h. The amplitude is 

taken from a semi circle between the cones, and the vertical 

forces on the outer and inner suspension are, respectively 

D

H

R

vMgM
F bb

outer

22

2

2
+=          (1) 

D

H

R

vMgM
F bb

inner

22

2

2
−=  ,        (2) 

where g is the gravitational constant, R is the radius of the 

circle, and Mb, H and D are given in Table I. The maximum 

force on the outer suspension struts is now 3924N of 

gravitational force plus 1250N of dynamic force resulting from 

the cornering of the car. This disregards any anti-roll bar in the 

system, and assumes that the actuator placement, roll centre 

and centre of gravity are the same. 

IV. ACTUATOR DESIGN 

The actuator is a 3-phase direct-drive slotted tubular 

brushless linear permanent magnet (PM) machine, since this 

topology incorporates a high force density and is non-contact, 

therefore an attractive candidate for applications where volume 

and reliability are crucial. 

 

 

 
Fig. 3. BMW 545i passive (top) front (bottom) rear suspension unit 

 

The space envelope of the passive strut has a maximum of 

160 mm diameter and 600 mm length (Fig. 3), with a stroke of 

110 mm for the rear suspension strut. Fig. 3 shows the 

complete assembly with mechanical spring and damper unit. 

The tubular actuator will replace the damper unit and have an 

outer diameter of 150 mm to fit inside the spring. The damper 

unit has an integrated bump stop, which would also be used for 

the tubular actuator equivalent. 

 

 
Fig. 4. Tubular actuator geometrical dimensions in mm 

 

The outside radius of the actuator is limited to 75mm, 

which, using the optimized dimensions of Wang et al [2], 

results in an air gap radius of 40mm. This assumes a ratio of 

0.6 between outer and air gap radius and a 7.5mm stator core 

depth. Taking a total of 5 pole-pairs the force per pole-pair is 

1250/5 is 250N. Assuming a force density of 225kN/m
3
 as 

proposed by [2], calculated as the ratio between the force 

output level and the rectangular domain circumscribed to the 

tubular actuator, the axial length becomes approximately 

50mm. A magnet over pole pitch of 0.75 provides a minimized 

force ripple [2], therefore a magnet pitch of 19mm is chosen. 

The magnet is a sintered NdFeB magnet with a remanent flux 

density of 1.2T and a recoil permeability of 1.1, which, with a 

magnet length of 5mm, results in an air gap flux density of 

approximately 1.0T. The rotor back-iron thickness is 

respectively 15mm by assuming an iron flux density of 1.3T. 

The tooth thickness is 11mm assuming a maximum flux 

density of 1.7T, where a tooth tip thickness of 1.5mm is taken 

to provide the necessary mechanical strength. The resulting 

slot area is approximately 73mm
2
 per coil, where a 

concentrated coil topology with a copper filling factor of 0.5 

and an air gap length of 0.5mm is used. Fig. 4 shows the 

corresponding geometrical sizes of the designed PM tubular 

actuator. 

The total static actuator force is calculated as the sum of the 

generated forces for each phase and checked with 

magnetostatic finite element analysis, respectively 257N for a 

current density of 10A/mm
2
 and a packing factor of 0.5, 

compared to the 245N calculated with the aforementioned 

geometry, which provides the static force for the translator in a 

locked position. In order to check whether this current density 

is sustainable for continuous operation a thermal model is 

implemented. 

TABLE I 

TYPICAL SYSTEM PROPERTIES FOR AUTOMOTIVE APPLICATIONS 

Quarter body mass Mb 400 kg 

Wheel mass Mw 40 kg 

Spring stiffness kb 25 kN/m 

Damper coefficient db 1.2 kN/m/s 

Tire stiffness kw 160 kN/m 

Height of centre of gravity H 0.5 m 

Track width D 1.5 m 
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V. LUMPED THERMAL MODEL DESIGN 

Lumped parameter thermal modeling is a well established 

means for predicting temperature distributions in electrical 

machines. These models employ an equivalent thermal 

network consisting of power sources, thermal resistances and 

thermal capacitances. For example, Mellor et al [3] employed 

the lumped thermal model for predictive on-line temperature 

monitoring of industrial induction machines. Although lumped 

parameter thermal models are capable of providing accurate 

predictions of thermal performance, they are based on 

simplifying assumptions as: homogeneous temperature 

distribution, negligible radiation, perfectly smooth surfaces, 

independent heat flow in radial and axial direction, uniformly 

distributed thermal capacity and internally generated losses 

throughout that region and no circumferential heat flow. The 

role of contact thermal resistances within this machine is 

neglected, since it is assumed that pressed fittings are used 

within the actuator. Due to the composite nature of the stator 

winding is it difficult to establish a thermal conductivity, 

therefore is assumed that the winding is composed of some 

encapsulation material, which will provide a worst case 

condition. 

The transient thermal behavior is investigated by 

incorporating equivalent thermal capacitances in parallel with 

thermal conduction resistances. The thermal network is solved 

using nodal analysis. The transient equation for a thermal 

network with n nodes, each linked to the others through 

thermal resistances, Rij is: 

∑
=

−
−=

n

j ij

ji
i

i
i

R
P

dt

d
C

1

θθθ
,           (3) 

where i = 1..n, Rij is the thermal resistance between adjoining 

nodes i, j and Pi is the heat generation at node i.  In matrix 

form this can be expressed as: 

[ ]
[ ] [ ] [ ] [ ][ ]θ

θ
GCPC

dt

d 11 −−
−= ,        (4) 

where C is the thermal capacity, P is the power input, G is 

conductivity matrix and θ is the nodal temperature rise. Using 

this method all the various thermal nodes within the tubular 

machine are calculated, where Table II summarizes these 

temperatures for the assigned locations from Fig. 5. 

 

 
Fig. 5. Thermal FE results for the partial PM tubular actuator for 

locked translator operation with corresponding boundary conditions 

 
In order to verify the nodal analysis a thermal FE analysis 

(Fig. 5) is performed to determine the values of the 

geometrical locations from Fig. 5. This method assumes 

adiabatic conditions on the model’s top and bottom end sides, 

a convection boundary on the outer surface of 10Wm
-2

K
-1

 and 

an ambient temperature of 25°C. The FE results for the chosen 

design at maximum rated current result in a maximum 

temperature of 119°C. 

It needs mentioning that the temperature is calculated for 

continuous operation, whereas the actuator in practice does not 

have an infinite length (no adiabatic conditions) and is placed 

in the driving wind of the vehicle (increases the convection 

boundary), hence, this model predicts worst case operating 

temperatures. 

 

 
Fig. 6. Body movement using active (dashed) and passive (solid) 

suspension during a slalom maneuver. 

VI. CONCLUSION 

The actuator design is implemented into the mechanical 

model and good results are achieved as can be seen in Fig. 6, 

where the body movement is significantly reduced. This paper 

calculated the corresponding required actuator force and 

presented a suitable design for the 3-phase tubular permanent 

magnet actuator that can be placed in parallel to a conventional 

mechanical spring. It needs noting that in this paper the design 

of the actuator is limited to a locked position, thus dynamic 

effects are not included. 
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TABLE II 

THERMAL ANALYSIS RESULTS 

 Location (Fig. 5) Analytical temp. 

(°C) 

FE temp. 

(°C) 

A Rotor back iron 139 118 

B Winding  139 119 

C Air 110 93 
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Abstract—Recently, the number of electrical applications in 

automotive systems has increased rapidly. The demand on these 

new electrical auxiliary systems suggests that this development 

will continue in the foreseeable future. At the moment, a major 

concern of the automotive technology is active safety and accident 

avoidance systems. This, however, demands ever increasing 

requirements of the electrical supply systems. This paper focuses 

on electrical stability control, where an actuator design is 

investigated by means of finite element (FE) software. A novel 

approach within the 2D FE analysis is utilized to model the linear 

tubular permanent magnet actuator compared to conventional 

axisymmetrical models, which provides a method to separately 

analyze the contribution of the stator teeth and end-effect to the 

total cogging force. 

 
Index Terms—Permanent magnet actuators, road vehicle 

power systems, design optimization. 

 

I. INTRODUCTION 

LECTRICAL machines are increasingly being adopted in 

automotive applications, ranging from low-cost brake 

actuators to high-performance machines for hybrid vehicles 

[1], [2]. With many such applications automotive 

manufacturers strive to improve vehicle drivability and 

passenger safety. One way to facilitate this is to use stability 

control systems, which reduce the compromise between ride 

and handling. Several commercial systems exist that can 

perform active stability control, where mainly passive, 

hydraulic and/or pneumatic systems are historically used in 

these applications. However, their limited bandwidth imposes 

strenuous control requirements, therefore is an equivalent 

electromagnetic semi-active suspension system proposed. The 

focus in this paper is on a system that combines the 

electromagnetic tubular permanent magnet actuator parallel to 

a spring, as shown in Fig. 1 [3]. This system exhibits the 

required improved bandwidth and can be used in a similar 

spatial envelope as a passive system. 

This paper is organized in the following way. The electrical 

stability control systems and electromagnetic system are 

introduced in Section II. A mechanical model to investigate 
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the relative force requirement is given in Section III, where a 

design for a tubular permanent magnet (PM) actuator, used in 

electromagnetic semi-active suspension systems, is obtained 

and evaluated using axisymmetrical finite element analysis in 

Section IV. This, however, does include the end-effects, which 

can be eliminated from the analysis by the true 2D 

representation, which will be discussed in Section V. Section 

VI discusses a periodical true 2D model which solely includes 

cogging due to the stator teeth. Section VII introduces a 

separate axisymmetrical model, where the stator teeth are fully 

connected, that solely provides the end-effect component of 

the cogging force, which agrees well with the segregation 

method from section V. Finally, Section VIII presents the 

conclusions. 

 

 
Fig. 1. Semi-active suspension strut, comprising a tubular PM 

actuator (with a skewed slot structure) with a passive spring. 

II. ELECTROMAGNETIC STABILITY CONTROL 

One of the likely future electrical auxiliary systems in 

vehicles is the electromechanical stability control. Today a lot 

of activities are present to improve vehicle performance in this 

area. Some of the drivers of these developments are the 

(varying) instability of the sports utility vehicles (e.g. a SUV’s 

rolling behavior changes unladen versus 7 persons with full 

package), and urban cars combining high centre of gravity 

with a small footprint (i.e. Smart, Mercedes A-Class). Due to 

the higher centre of gravity in these vehicles, they tend to be 

less stable compared to conventional cars, resulting in 

accidents, such as tipping over.  

This paper investigates an electro-magnetic active 

suspension system to improve the vehicle stability, since 

passively only a compromise between comfort and 

Design of a Tubular Permanent Magnet 

Actuator for Automotive Applications 
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performance can be reached, where, theoretically, this 

suspension can absorb all the shocks while maintaining the car 

body stable, hence providing the ideal stability control [4]. 

This electromagnetic active suspension can react to a road 

bump, due to a vertical acceleration sensor and speed sensor, 

by extracting or retracting the actuator. Such an electro-

magnetic solution, as shown in Fig. 1, is the focus of this 

paper, which naturally fits the spring design and minimizes the 

required space envelope. The force requirement of the actuator 

design is verified with the force needed to counteract a 

continuous 0.33g (1400N) cornering maneuver which is used 

as a bench mark for this paper. 

III. MECHANICAL MODEL AND FORCE REQUIREMENT 

To verify the cornering maneuver a mechanical model is 

investigated by means of set of equations based on the 

cornering forces of the car. The suspension generates forces 

between the sprung and unsprung masses in response to lateral 

and vertical accelerations. The vertical road input is omitted in 

this paper, therefore no damper forces are applicable, and the 

specific focus is on a continuous cornering maneuver. For 

comfort and vehicle control reasons it is beneficial to have no 

body roll at all, especially when experiencing a lateral 

acceleration. This can be achieved by counteracting the 

dynamic forces exerted on the suspension using the active 

suspension elements, whilst the static weight is supported by 

the passive elements. In this the tire stiffness is assumed to be 

infinitely high. 

The vehicle is modeled by two rigid bodies, one to represent 

the sprung mass (vehicle body), and another for the unsprung 

mass (axles and wheels), as shown in Fig. 2. The dynamic 

vertical anti-roll force Fdyn on the tires is separated into three 

components; the force due to the unsprung mass, the force due 

to the roll-axis of the sprung mass and the force due to the 

rolling tendency of the sprung mass. The roll-axis, of which 

the location is determined by the suspension geometry, is an 

axis around which the sprung mass tends to roll in the corner, 

as shown by ⊕  in Fig. 2. Assuming no body roll (φ is zero) 

when experiencing a lateral acceleration, a, the required forces 

are obtained by [5] 

s ra

roll axis

m aH
F

T
−

= , (1) 

u u

unsprung

m aH
F

T
= , (2) 

( )
s s ra

sprung

m a H H
F

T

−
=  and (3) 

dyn unsprung sprung roll axis
F F F F

−
= + + , (4) 

where Hu and mu are the height of the centre of gravity and 

mass of the unsprung body, Hs and ms are the equivalent for 

the sprung body and T is the distance between the wheels, or 

track width. Equations (1) to (4) assume all the various 

components to be linear, this being a reasonable assumption 

for motions having a moderate amplitude. For example, the 

effects of the aligning moment, camber thrust, roll steer, non-

linear spring, damper coefficients, rolling resistance generated 

by the tires, etc., are of secondary influence at these small 

amplitudes, and hence, are not included in the equations. 

 

 

 
Fig. 2. Vehicle axle free-body schematic; rear view in left-hand 

cornering maneuver. 

 

This active suspension, Fa, solely supports the sprung mass, 

whereas the tires, kw, also bear the weight of the unsprung 

mass. For road holding, if regarding fully comprehensive tire 

characteristics [6], an active, uneven distribution of the anti-

roll torque between the front and rear axle is desirable. In this 

paper it is assumed that the maximum anti-roll torque per axle 

is 70% of the total anti-roll torque. From this, the total 

required dynamic vertical force on the tires of the cornering 

vehicle is calculated by equations (1) to (4), and subsequently 

reduced to the suspension by the suspension versus track width 

ratio, D. For example, given the parameters in Table I, the 

total dynamic force is 2150N and the maximum required 

actuator force is 1400N for a cornering maneuver with a lateral 

acceleration of 3.25m/s
2
 (0.33g) at a 70%/30% (max 70% of 

total anti-roll torque per axle) distribution of the anti-roll 

torque. This force is sufficient to maintain a horizontal body, 

which is a good bench mark for the required continuous force 

amplitude of the actuator [7]. 

 

 
 

IV. AXISYMMETRICAL FINITE ELEMENT MODELING 

Taking into account the size and force requirements, the 

tubular permanent magnet (PM) actuator topology is proposed, 

as shown in Fig. 1, which has been designed for similar 

specifications by [3]. The geometry of the 245(I) machine in 

this paper is used, as shown in Fig. 3a, with the specific sizes 

TABLE I 

VEHICLE DATA 

Sprung mass ms 1760kg 

Unsprung mass mu 2 x 80kg 

Centre of gravity height Hcog 0.544m 

Roll axis height Hra 8.89cm 

Wheel axle height Hu 0.31m 

Track width T 1.58m 

Suspension width / track width D 0.92 
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summarized in Table II. This design is obtained by an 

optimization method applied for a single pole-pair, and 

extended to five pole-pairs representing the complete tubular 

actuator, as shown in Fig. 3b. As shown in Fig. 3a this model 

uses the zero boundary conditions on the model edges. 

 

 
(a)            (b) 

Fig. 3. Axisymmetrical view of the three phase brushless radially 

magnetized tubular permanent magnet actuator, where (a) shows 

topology and design variables (model A) and (b) shows the full 

geometry (model B). 

 

The single pole-pair model, hereafter referred to as 

model A, assumes zero flux on all outer boundaries, a current 

density of 15A/mm
2
, a coil packing factor of 0.5, mildsteel 

(AI1010 steel) and a NdFeB PM with a remanent flux density 

of 1.23T and a recoil permeability of 1.1. Fig. 4 shows the 

used mesh, where the mesh size is summarized in Table IV. 

The calculated static actuator force for model A, by finite 

element analysis, is respectively equal to 242N. 

 

 
Fig. 4. Plot of the mesh density as used in the axisymmetrical  

models A and B. 

 

Subsequently, the force is determined for the full-scaled 

axisymmetrical model of Fig. 3b, hereafter referred to as 

model B. The static force calculated for this model in the 

shown position is equal to 1446N, exceeding five times the 

force value of 242N, calculated for model A, due to the 

absence of zero flux boundaries between the pole-pairs. 

 
TABLE II 

ACTUATOR SIZES IN THE AXISYMMETRICAL MODEL 

h1 (mm) 5.0 h7 (mm) 7.8 

h2 (mm) 23.3 l1 (mm) 3.0 

h3 (mm) 5.0 l2 (mm) 15.5 

h4 (mm) 1.0 l3 (mm)  19.1 

h5 (mm)  2.0 l4 (mm) 64.6 

h6 (mm) 22.5 ltotal  (mm) 323 

 

These force amplitudes are valid for fixed position 

calculations, and hence neither magnetostatic nor transient 

position dependant force are taken into account. Such a 

magnetostatic force without considering a current, commonly 

referred to as a cogging or detent force, is calculated for 

model B (shown by Fig. 5), where the force, normalized to a 

movement equivalent to two pole pitches or 360º electrical 

degrees over the z-axis, is presented. 

 

 
Fig. 5. Cogging force calculated for the axisymmetrical model B of 

the brushless  tubular actuator.  

 

Fig. 5 shows clearly that for this axisymmetrical model the 

cogging force is rather high (approximately 10% of the rated 

force). This cogging force is a consequence of using PM’s and 

can be separated into two parts: the first part is due to end 

effects on both sides of the stator of the tubular machine, and 

the second part is due to the slot openings in between the stator 

teeth. The separation of these parts is not applicable in 

conventional rotary machines, since no end-effects are 

apparent when modeling in the 2D, and therefore all the 

cogging force is due to the slot openings. Conversely, for the 

linear actuator, as shown by Fig. 3b, the two parts can be split 

and investigated by applying periodic boundary conditions. 

Meanwhile, in axisymmetrical modeling these boundaries are 

not applicable, thus is the separation of the cogging force 

components not achievable for axisymmetrical models. 

Therefore, a distinctive 2D model representation, as opposed 

to a full 3D model, is introduced in the next section, in which 

the linear actuator is represented as a rotary machine in order 

to distinguish the two cogging force components. 
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V. AXIAL 2D FINITE ELEMENT MODELING 

In order to avoid the use of time-consuming 3D FE analysis, 

a new approach to model tubular structures in FEM is 

proposed, in which the tubular machine is axially unfolded. 

Subsequently, this flat, single sided, linear machine is 

transformed into a rotary machine by rotating it around a 

central axis having a very large radius, which minimizes the 

curvature of the rotational 2D representation. The axial length 

of this 2D model is equal to the airgap circumference of the 

tubular actuator. The airgap radius is chosen such that for one 

pole-pair the non-linearity, the radial deviation, between air 

gap radius and its tangential, is less than 0.5mm (measured 

between the end and middle of the stator inner bore). This 

corresponds to a pole-pair angle of 3.6° with an airgap radius 

of approximately 1m. In case of the full-scale actuator this 

non-linearity is increased to 12.7mm, model B of Fig. 3b. 

Further, the axial geometric parameters from the 

axisymmetrical model (model A) are linearly transformed into 

the angles in the 2D rotating model (model C), which, due to 

the small non-linearity discussed above, is a reasonable 

assumption. 

To compensate for the difference in the distance of the 

circumference as opposed to using a common axial length, 

introduced by representing the axisymmetrical model as a 

rotary machine, the radial sizes of the airgap, tooth tips, 

magnet and stator and rotor back iron are chosen in such a way 

that their respective volumes are equal to the volumes of these 

regions in the tubular model as shown in Table III. This 

ensures that the change in reluctance is kept at a minimum. 

However, in order not to impair on the tooth and winding 

geometry, the radial length of the stator teeth is not adjusted, 

which has the advantage that current density in the slots does 

not have to be altered in order to produce the same MMF and 

changes in slot leakage are minimized. A zero flux boundary 

condition is imposed on the inner bore of the rotor shaft, since 

this represents the symmetry axis in the axisymmetrical model, 

as shown in Fig. 3a and 6a. 

 
TABLE III 

ACTUATOR SIZES IN THE 2D ROTATING MODEL 

d1 (mm) 5.0 d7 (mm) 14.2 

d2 (mm) 11.8 β1 (deg) 0.17 

d3 (mm) 4.6 β2 (deg) 0.86 

d4 (mm) 1.0 β3 (deg)  1.06 

d5 (mm)  2.1 β4 (deg) 3.6 

d6 (mm) 22.5 Rairgap (mm) 1028 

 

The comparison, in terms of static force, between the 

axisymmetrical, model A, and the flat 2D representation, 

model C, is performed by the periodical model of Fig. 6a, 

albeit with zero flux boundaries. As Table IV shows, the 

difference in produced force between A and this model, from 

now on referred to as C, is approximately 8%, due to the 

assumptions and concessions that have been made in the 

transformation from the axisymmetrical model to the 2D 

rotating model. 

 

 

 

 
TABLE IV 

CALCULATED FORCE  FOR THE MODELS A TO E 

Model Force Representation Model Boundary Elements 

(A) 242N Fig. 3a Zero 5140 

(B) 1446N Fig. 3b Zero 30353 

(C) 262N Fig. 5a Zero 4079 

(D) 1528N Fig. 5b Zero 19261 

(E) 300N Fig. 5a Periodic 4079 

 

Having verified the magnetostatic equality between the 

model A and model C for the PM tubular actuator, a 

comparison on both magnetostatic and cogging force is made 

for the full actuator geometry. A new model, referred to as 

model D and shown in Fig. 6b, is related to the rotating 

periodical model similar to the manner in which B is related to 

A in the translating geometry. It exhibits periodic boundary 

conditions on both rotor sides, thus no end effects due to the 

magnet array, which is a reasonable assumption since the 

stator ends remain at a certain distance from the rotor ends in 

the simulations. Furthermore, zero flux boundaries are applied 

at the sides of the stator area which includes large volume of 

air on both sides of the stator.  

    
(a)            (b) 

Fig. 6. 2D rotational view (R-θ) of the three phase brushless radially 

magnetized tubular permanent magnet actuator, where (a) shows 

topology and design variables (referred to as model A with zero 

boundary conditions and model E with periodic boundary conditions) 

and (b) shows the full geometry (model B). 

 

The calculated magnetostatic force is summarized in Table 

IV, which shows that the deviation between the two 

simulations is less than 6%, respectively 1446N (model B) and 

1528N (model D). The mesh density and mesh size are shown 

in Fig. 7 and Table IV, respectively.  
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Fig. 7. Plot of the mesh density as used in the rotational 2D  

models C and D. 

 

Fig. 8 shows the resulting cogging force for models B and 

D, which demonstrates the similarity in force amplitude and 

shape for both topologies. This validates the use of the 2D 

rotating model (model D) as shown in Fig. 6b, to investigate 

the two separate parts of the cogging force for the three phase 

brushless radially magnetized tubular permanent magnet 

actuator. 

 

 
Fig. 8. Cogging force calculated for the axisymmetrical model B and 

for the 2D rotating model D of the brushless tubular actuator.  

VI. COGGING BEHAVIOR DUE TO THE STATOR TEETH 

The partial representations, models A and C, as well as the 

full-model representations, models B and D, have 

demonstrated their respective similarities, as illustrated by 

Table IV and Fig. 8. Therefore, the periodical model shown in 

Fig. 6a, model E, is used to obtain the cogging force due to the 

presence of the stator teeth part only, excluding the end 

effects. This representation assumes that the axial length of the 

actuator is infinitely long. The magnetostatic force amplitude 

simulation gives a static force of 300N for this model, which 

closely approaches one-fifth of the force calculated for the full 

actuator, as summarized in Table IV. The resulting cogging 

force comparison for this model E is shown in Fig. 9. 

 

 
Fig. 9. Cogging force calculated for the rotational 2D model E which 

excludes end effects.  

 

To obtain the cogging force due to stator teeth for the full 

actuator instead of one pole pair, the calculated force is 

multiplied by five, since the length of the actuator consists of 

five pole pairs. Both cogging characteristics are shown in 

Fig. 10, which demonstrates that the cogging force due to the 

stator teeth geometry has a strong influence on the total 

cogging behavior of the actuator. 

 

 
Fig. 10. Cogging force characteristics for model D (total cogging), 

the periodical model E (stator teeth cogging) and the difference of 

these two graphs (end effect part of the cogging force).  

VII. COGGING BEHAVIOR DUE TO THE STATOR END EFFECTS 

As demonstrated in the previous section, cogging force due 

to the stator teeth geometry is of significant influence on the 

total cogging behavior of the actuator, as shown in Fig. 10. 

This figure provides both the cogging characteristic for the full 

tubular actuator, including stator end effects and teeth 

geometry effects, and for the periodical model, including teeth 

geometry effects and excluding stator end-effects. Taking the 

difference between those characteristics gives the cogging 

behavior of the tubular actuator due to the end effects. Fig. 10 

shows this end effect cogging, herewith demonstrating that the 

end effects are of significant influence on the total cogging 

behavior of the PM.  

In order to verify this resulting cogging behavior, the 

axisymmetrical model B is modified into a new one referred to 

as F-model to represent a tubular actuator without stator teeth 

geometry effects. In this model the stator tooth tips are 

extended in such a way that the inner side of the stator, at the 
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airgap, is represented by a large surface of mild steel without 

slot openings, as shown in Fig. 11. 

 

 
Fig. 11. Axisymmetrical view of the three phase brushless radially 

magnetized tubular permanent magnet actuator (model F) showing 

the full model and a magnification. 

 

Using model F, the cogging force characteristic of the 

tubular permanent magnet actuator which does not produce 

any cogging force due to the stator teeth geometry, is 

established. This is due to the smooth inner stator surface, 

which exhibits the change in permeability seen by the magnets 

and thus no preferable positions, causing cogging force, exist. 

The cogging due to the end effects, however, still is present 

and can thus be compared to the end effect induced cogging 

shown in Fig. 10. Both the cogging force calculated with the 

axisymmetrical representation, models D and E, and that with 

the axial 2D, model F, are shown in Fig. 12. This clearly 

shows the similarity between the two models. 

 

 
Fig. 12. End-effect induced cogging force for the axisymmetrical 

model obtained by actuator model F and for the 2D axial rotating 

model obtained by the models D and E.  

VIII. CONCLUSION 

The force requirement for a tubular PM actuator used in 

active suspension systems is described. A design has been 

investigated for the relative force capability. Further, feasible 

cogging forces both for contributions due to the stator slotting 

and axial end-effects for the three-phase tubular PM actuator 

have been established. This has been achieved by comparing 

axisymmetrical models to single-sided flat rotary models to 

establish whether the 2D rotary representation is a suitable 

manner to model the tubular PM actuator geometry in FE 

analysis. From these models various ways to determine these 

two parts to the cogging force have been evaluated. Finally, an 

axisymmetrical model without the influence of the stator teeth 

has been investigated, which verified the result of the 2D 

rotary FE analysis method. It has been shown that the cogging 

due to the end-effects is similar to the stator teeth cogging, for 

this specific design, by respectively 140N and 120N. 

However, it should be mentioned that reducing the magnet 

pole pitch, generally to 0.7, will significantly reduce the 

cogging due to the stator teeth, albeit at some reduction in 

force density. Smoothing the axial end corners also 

significantly reduces the cogging due to the axial end-effects. 
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