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Summary 

Development and validation of a phenomenological 
diesel engine combustion model 

 
Reduction of engine development time and cost is of primary interest for 
combustion engine manufacturers. This reduction is complicated by the fact that 
it has to be realized simultaneously with the fulfilling of ever more stringent 
legislative demands regarding emissions of NOx and Particulate Matter (PM) and 
demand from the (transportation) market to reduce fuel consumption. Meeting 
these demands has resulted in the addition of new technologies with their own 
degrees of freedom. Furthermore new advanced combustion concepts, such as 
low-temperature high-EGR combustion are being developed. These new 
concepts put great demands on in-cylinder charge condition (composition, 
temperature, pressure) and combustion control. This has led to complex and 
non-transparent engine control systems which increase development time and 
costs.  
The main contribution of this work is the development of a physically-based 
control oriented in-cylinder CI engine combustion model which predicts the 
interaction between a) the fuel injection rate and rate of heat release and b) the 
fuel injection process and the emission of NO (main component of NOx) and 
soot (main component of PM) emission for both conventional and advanced, 
high-EGR, CI combustion. Although the model is developed to be generally 
applicable, the validation process has been limited to only include Heavy Duty 
DI diesel engines. 
The NO, soot and heat release rate model combine (existing) zero and one-
dimensional phenomenological models. These models describe the essential 
combustion physics and kinetics following the latest insights on the primarily 
mixing-controlled diesel spray-combustion process. This physical basis 
distinguishes the combustion model from the majority of combustion models 
for control applications found in literature that have a more empirical nature. It 
increases the predictive capabilities of the model and makes it more generic. As 
a result the amount of measurement data required for model identification will 
be lower and will reduce development time and costs.  
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                                                                                     Summary 

The soot and heat release rate model are based on existing state-of-the art models 
from literature. They are adapted to obtain a more accurate physical basis and to 
allow the prediction of advanced, high-EGR, combustion.  
For complete model identification and validation, this thesis presents a complete 
chain of measurements, comprising dedicated measurement set-ups. This chain 
starts with the characterization of the fuel injection equipment performing mass 
flow rate and momentum flow rate measurements, which allows reconstructing 
accurately the fuel injection rate corresponding to a performed engine test. 
Thereafter, the fuel spray behaviour is characterized, mainly by tuning existing 
spray-correlations on the basis of dedicated measurement data from an optically 
accessible high pressure chamber (The Eindhoven High Pressure Cell). Main 
emission model identification and validation is performed on the basis of 
measured heat release rates (i.e. as derived from measured in-cylinder pressure 
curves) from a research-type single-cylinder Heavy Duty diesel engine. The 
resulting identified and validated model is directly applied to a multi-cylinder 
Heavy Duty diesel engine.  
Results show that the heat release rate and emission formation models of NO 
and soot show satisfactory qualitative agreement with measurements for 
changes in fuelling (injection timing, pressure and quantity), EGR rate and 
engine speed, for both conventional and high-EGR combustion with 
conventional timing. These results validate the use of the model as predictive 
tool in the control development process. For NO, quantitative accuracy is in-line 
with or better than comparable state-of-the-art models with a more profound 
empirical nature. However, the obtained accuracy is currently not sufficient to 
use the model as virtual NO sensor in control applications.  
For accurate NO prediction a high accuracy is required on the prediction of the 
NO formation temperature evolution. The most important phenomena that 
influence this evolution have been examined and implemented by physically-
based models that are supported by detailed computations on laminar flamelets 
and homogeneous reactor models. Simulation results show that the primary NO 
reducing phenomena are dissociation and flame straining by turbulence. Fuel 
evaporative cooling and hot soot particle radiative cooling are of secondary 
importance. The reduction in NO formation caused by hot gas radiative cooling 
only has a marginal influence.  
Entrainment of fresh, cold, oxidizer into the hot combustion products, in which 
the NO formation occurs, has to be accounted for to allow accurate NO 
formation. Equivalent reductions cannot be obtained by aforementioned NO 
reducing phenomena.  
The prediction of NO and soot emissions from a multi-cylinder engine is 
significantly more accurate when the emission formation of each individual 
cylinders are evaluated instead of using data from only one cylinder. This 
requires additional sensors, which is not desirable for cost reduction.  
Finally, the emission formation prediction accuracy when using predicted heat 
release rate profiles instead of ‘measured’ curves is examined. This shows that 
especially a very high accuracy on the instantaneous heat release rate is required 
while this is of much lesser importance for accurate NO formation prediction.  
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1 Introduction 

1.1 Introduction 
This thesis describes the development and experimental validation of a control 
oriented phenomenological combustion model for both conventional and 
advanced diesel engine combustion. The model is control oriented in the sense 
that it is developed to aid the engine control and exhaust gas aftertreatment 
control design and development process. Furthermore, the prerequisites are 
created such that the model can be used in model based control applications. 
The model describes both conventional and advanced combustion. Combustion 
with high amounts (>> 25 mass-%) of recirculated exhaust gas is considered as 
the advanced combustion concept.  
As a background to the need for aforementioned combustion model, first an 
overview will be presented in section 1.2 on the increasing complexity of the 
diesel engine and associated engine control system following the increasingly 
stringent demands placed on the engine. Thereafter, in section 1.3, focus is on 
the different type of combustion models and their applicability to engine control. 
The state-of-the art in combustion models for control will be addressed together 
with present shortcomings. The elimination of some of the most important 
shortcomings sets the objectives and requirements for the combustion model 
presented in this study. These objectives and requirements are presented in 
section 1.4 together with an overview of the used modelling approach. 
Thereafter, in section 1.5, an overview of the complete combustion model will be 
given. Finally, the outline of the thesis is presented in section 1.6.  

1.2 Background  
The demands placed on the heavy-duty diesel engine are ever increasing. As 
illustrated in Figure 1.1, on the one hand, the driver desires an engine with a 
good driveability, low fuel consumption, and which is reliable. On the other 
hand, legislation puts increasingly stringent limitations on the combustion 
engine emissions and noise which are dangerous to the ecosystem and human 
health.  
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Figure 1.1 Overview of demands placed on the Compression Ignition (CI) engine and 
added new technologies to comply with these demands together with their associated 
degrees of freedom to influence the engine operating condition. SCR = Selective 
Catalytic Reduction, DPF = Diesel Particulate Filter, VNT = Variable Nozzle 
Turbine.  
 
Although the diesel engine, due to its better fuel economy, emits less 
greenhouse gas carbon dioxide (CO2) per unit of power than gasoline engines, it 
is characterised by higher emitted levels of nitrogen oxides* (NOx,, consisting of 
nitric oxide (NO) and nitrogen dioxide (NO2)) and particulate matter (PM). 
Emitted NO oxidizes to NO2 in the atmosphere and may react to nitric acid 
(HNO3), which is a major contributor to acid rain. Furthermore, high 
concentrations of NO2 in urban areas are the main source of smog formation. 
Diesel engine particulates, for the main part consisting of carbonaceous soot, are 
dangerous to human health. They are believed to be carcinogenic and especially 
the smaller particles are hazardous for human health as they may penetrate deep 
into the lungs. In 1991 the European Union introduced legislative restrictions to 
reduce the emission of both fine particles (PM) and NOx of diesel engines by 
means of the EURO I limits. Since 1991, the EURO limits have become 
increasingly more stringent. Figure 1.2 gives an overview of evolution of the 
EURO limits for heavy-duty diesel engines over the last decades. At present, 
these engines have to apply to the EURO V norm. For engine development, the 
target is the proposed EURO VI norm, which will be introduced in 2013.  
 
Currently, no legislation is present that restricts the emission of the greenhouse 
gas CO2 by road vehicles. The emission of CO2 by road vehicles is an important 
environmental issue. To help reduce greenhouse gas emissions and meet the 
Kyoto Protocol targets, the European Union has agreed that average CO2 
emissions from new passenger cars should not exceed 120g CO2 per km by 

                                                           
* In contrast to the gasoline engine a three-way catalyst cannot be applied to 
reduce the in-cylinder formed NOx  
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2012. Because the CO2 emission is proportional to the fuel consumption, 
increasing the combustion efficiency is not only of utmost importance for the 
environment, but also affects engine operating costs. The latter is of course also 
of great importance for the transport sector and (heavy-duty) engine 
manufacturers.   
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Figure 1.2 Evolution of legislative demands for Particulate Matter (PM) and Nitrogen 
oxides (NOx) emissions for heavy-duty diesel engines set by the European Commission 
in the EURO limits. The main strategies applied to meet these legislative demands are 
indicated in the figure. DPF = Diesel Particulate Filter, SCR = Selective Catalytic 
Reduction, EGR = Exhaust Gas Recirculation.  

1.2.1 Addition of new technologies  
To fulfil the ever-increasing demands, new technologies have been continuously 
added to the diesel engine. In Figure 1.1, some of the most important new 
technologies that have been added over the last decades are indicated. As 
presented by Figure 1.2, the step from EURO III to current EURO IV/V 
emission norm is commonly obtained by applying an exhaust gas aftertreatment 
system in the form of a Diesel Particulate Filter (DPF) to reduce particulate 
matter. For NOx reduction, two different strategies have commonly been applied. 
The first strategy reduces NOx emission by use of an exhaust gas aftertreatment 
system. Here, a Selective Catalytic Reduction (SCR) catalyst is applied to 
transform the engine-out NO and NO2 into nitrogen and water. With this 
technology, NOx reduction over 90% is obtained. The second strategy focuses on 
reducing in-cylinder NO formation. This is achieved by redirecting cooled 
exhaust gases into the combustion chamber (conventionally up to 20%). This 
technology is referred to as Exhaust Gas Recirculation (EGR) and reduces NO 
formation mainly by lowering combustion temperatures. For the more stringent 
EURO VI norm, both of these strategies will be combined. Here, the EGR levels 
are expected to be increased to 30 – 50%.  This type of combustion, with high 
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amounts of recirculated exhaust gas, is an advanced combustion concept 
referred to as high-EGR combustion. To achieve the required amounts of 
recirculated exhaust gas, the gas induction process into the engine is adapted, 
e.g. by using Variable Valve Actuation (VVA) systems that control the gas 
exchange process. Turbocharging is introduced to increase the power output for 
a given engine displacement volume. This “down-sizing” is an effective method 
to increase the engine efficiency, i.e. reduce the specific fuel consumption.  
Unfortunately, the reduction in emissions, most frequently, comes at the cost of 
a reduction in engine efficiency and subsequent increased fuel consumption. 
Simultaneous emission reduction and improved fuel economy is to a great part 
obtained through the development of electronically controlled, high pressure, 
fuel injection equipment. State-of-the-art fuel injection systems are able to give 
multiple injections per combustion cycle at fuel injection pressures up to 2000 
bar. In order to meet the EURO VI emission requirements, a further increase in 
injection pressure beyond 2500 bar is expected.   

1.2.2 Engine combustion and engine controller complexity – 
need for combustion models 

The diesel combustion process is a very complex process; it is a heterogeneous 
process in which the initial liquid fuel, already consisting of hundreds of 
hydrocarbon species, interacts with the gaseous in-cylinder charge (“air”), 
leading to even more chemical reactions. These reactions, and therefore the heat 
release and emission formation, are strongly influenced by the degree of fuel-air 
mixing (i.e. liquid spray break-up and entrainment) and the turbulent 
environment during combustion. The application of advanced combustion 
concepts, like the high-EGR concept used in this study, further increases this 
complexity. This because the variation in the in-cylinder charges composition 
(“air” and residuals) now greatly affects the combustion process. Combustion 
models are valuable tools to increase the understanding of the combustion 
process. Better understanding will lead to new insights on the control of the 
combustion process and the development of new combustion concepts to reduce 
emission formation and optimize fuel consumption. Here, new technologies, as 
addressed in the previous section, are enablers for this combustion optimization 
and the application of new combustion concepts. However, all added new 
technologies introduce new degrees of freedom that influence the setting of the 
optimal engine operating point. Figure 1.1 also shows the main degrees of 
freedom for several added technologies. As a result, the complexity of the engine 
controller and development process has increased dramatically over the last 
decades. Therefore, apart from the increase in understanding of the combustion 
process, combustion models predicting heat release rate and emission formation 
would also be a very valuable tool for fast and efficient engine controller 
development: 
 Reduce controller development time: With use of a combustion model, engine 

and exhaust gas aftertreatment control algorithms can already be developed, 
tested and optimized in an early stage of the engine development process. 

 Limit required engine measurement data: The use of costly (both in time and 
money) engine data can be greatly limited through the use of a “virtual 
engine”.  
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 More accurate control and controller calibration: Real-time combustion models 
can also be used as part of the engine controller, in so-called model based 
control strategies [1]. This greatly reduces the complexity and time required 
for the controller calibration process. Furthermore, it allows for better 
optimization of engine and emission formation control during transient 
engine operation. As a result, emission formation reduction and fuel 
consumption can both be optimized with lower effort (i.e. time and costs). 

 Virtual Sensing: The number of sensors for system monitoring and engine 
control has increased significantly over the past decade. These sensors 
increase costs and are sensitive to failure. Here, combustion models can also 
reduce cost by functioning as “virtual sensors” to decrease the number of 
sensors.  

1.3 Combustion model types 
Figure 1.3 gives an overview of the different model types and their main 
characteristics.  

 
Figure 1.3 Overview of combustion model types and main characteristics.  
 
Combustion models can be categorized into four groups, arranged according to 
increased complexity and computational effort:      
1) Empirical combustion models: In these models the combustion process is 

considered as a “black box” and is not explicitly described. A direct relation 
between the inputs and outputs is obtained on the basis of measurement 
data. Neural networks, correlations and look-up tables are examples of 
empirical models. These models cannot be used outside of the operating 
range described by the used measurement data. Extrapolation outside of this 
range is prone to errors. 

2) Semi-empirical combustion models: These combustion models consist of 
correlations that are based on the experience of the model developer and 
very rough theoretical relationships. For example, the shape of the heat 
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release rate is known and postulated a priori. Through the use of tuning 
parameters the correlations are matched to the measurement data. Like the 
empirical models, these models are not generic. Emission formation and 
heat release rate prediction outside of the operating range, described by the 
measurement data to which the correlations are fitted, is very dangerous. 
Like the empirical models they are not predictive regarding heat release and 
emissions. 

3) Phenomenological combustion models: Combustion variables are predicted by 
the use of simple, yet physically based models, describing the physical and 
chemical phenomena occurring during the combustion process. However, 
the level of detail of these models is limited: they are said to be physical on 
macroscopic level. Phenomenological models can be categorized into zero-
dimensional and quasi-dimensional models. In the latter, the fuel spray is 
subdivided into “packages” [2],[3] or “zones” [4],[5],[6]. These packages or 
zones have no actual spatial coordinates, hence the name “quasi-
dimensional”. Heat release and emission formation is predicted for each 
individual package or zone. The number of packages or zones considered 
depends on the chosen model approach and can range between as few as 
two and as many as several hundreds. The computational effort, of course, 
increases with the applied number of zones. The zero dimensional models 
are generally only able to predict the heat release rate [7],[8]. For emission 
formation prediction, at least two zones are required. In contrast to the 
(semi-)empirical models, the phenomenological models allow (to a certain 
extend) extrapolation outside of the operating range for which they are 
originally developed. They have clear predictive capabilities regarding the 
heat release rate and emission formation. 

4) Physical combustion models: The physical models describe the physical and 
chemical processes that occur during combustion with the highest level of 
detail: they are physical on the smallest time and length scales. The 
combustion chamber is divided into numerous small cells, which have a 
spatial location. For every cell, full conservation equations for mass, energy 
and momentum are solved. As a result, these models have the greatest 
predictive qualities: emission formation and heat release rate prediction is 
possible and models are generic. The computational effort is evidently high. 
These models are therefore not applicable to the engine controller 
development process but are for example used for engine combustion 
chamber geometry optimization.  

1.3.1 State-of-the-art combustion models for controller 
development 

Current state-of-the-art control oriented combustion models are empirical or 
semi-empirical at most. This research is performed in cooperation with TNO 
Automotive. Currently, at TNO, a mean value [9] engine model (DYNAMO) is 
used for engine and aftertreatment controller development (design and testing). 
This engine model also comprises an empirical combustion model and is 
therefore not able to predict in-cylinder variables (emissions and heat release 
rate). Main advantage is that due to the low complexity, these models can run in 
real-time and can be used for on-line engine controller testing or model-based 
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control applications. The (semi-)empirical combustion models are, for example, 
implemented in so-called mean value engine models that are used as a state-
estimator for various important variables for engine control such as e.g. 
manifold conditions. Here, the well-known combustion models of Wiebe [10] 
and Watson et al. [11] are frequently applied. Both models present semi-empirical 
correlations for the heat-release rate profile. The use of such profiles makes it 
possible to compute the in-cylinder pressure and simulate the (instantaneous) 
engine speed and torque. These models are applied for complete drive-line 
controller algorithm design and testing. However, the (semi-)empirical 
combustion models have some specific drawbacks: 
 No interaction between fuel injection and combustion: The combustion process 

in a DI CI engine is greatly dependent on the fuel injection process. 
Especially the introduction of the electronically controlled fuel injection 
equipment allows better optimization of the combustion process in terms of 
efficiency and emission formation. The inability to describe this interaction 
greatly limits their applicability for advanced controller algorithm design.   

 High amounts of engine data required: Engine measurements are costly, both 
in time and money (people and hardware). Furthermore, the need for 
engine data hampers the controller development process during the early 
stages of the engine development process. Also, the number of iterations 
required for controller optimization is increased by this.  

 Not generic: The reliance on engine data also causes these models to be only 
valid for the engine operating range covered by the engine data. Outside of 
the validated range of operating conditions models have to be re-tuned.  

 Inaccurate transient emission prediction: The models are based on steady-state 
engine-out emission data. As a result, accurate transient emission 
simulation is difficult. This limits the applicability of the models for exhaust 
gas aftertreatment control algorithm design. 

To overcome these shortcomings, current focus is on implementing more 
physics into the combustion models, i.e. phenomenological models are 
introduced to the controller development process. Such phenomenological 
models are able to describe the interaction between the applied fuel injection 
strategy and the heat release rate and emission formation process. In literature, 
many models can be found that describe the interaction between the fuel 
injection process and heat release (e.g. [12],[7]), respectively between the injection 
rate and emissions (e.g. [2],[13]). These models, however, have one or more of the 
following shortcomings: 
 Used phenomenology is dated and does not account for new insights on the 

diesel combustion process obtained from (recent) experimental and 
numerical analysis;  

 These models are not applicable or validated for new combustion concepts, 
like high-EGR combustion; 

 Generic application is limited or high computational effort is required. 
In the next section, the objectives of current study are presented. In section 1.4.2 
the used modelling approach is addressed. These objectives and the used 
approach aim at eliminating aforementioned shortcomings. 
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1.4 Objectives and requirements 
Many of the shortcomings of current control oriented combustion models, as 
addressed in the previous section, originate from the lack of a physical basis. 
Therefore, current study focuses on implementing more physics, i.e. 
phenomenology, into the combustion model. The physical basis aims at 
achieving a generic model which requires fewer amounts of measurement data. 
The objective of this study is to develop a physically based, in-cylinder 
combustion model that is applicable to the engine controller development 
process.  More specifically, the goal is the development of a generic combustion 
model that describes: 
 The interaction between the fuel injection process and the heat release rate; 
 The interaction between the fuel injection process and the emissions of NO 

and soot; 
 This has to be achieved for both conventional and high-EGR (EGR rates > 

20%) compression ignition engine combustion.  
The interaction with the heat release rate is required to determine the influence 
of the fuel injection on the combustion efficiency, i.e. fuel consumption, which 
is a derivative of the heat release rate. Furthermore, the heat release rate is used 
for combustion diagnostics. For example, combustion phasing control is 
performed on the basis of the heat release rate. High-EGR combustion is 
selected because it is considered as a main route to achieve the EURO VI 
emission norm, as indicated in Figure 1.2. The present study focuses on heavy-
duty diesel combustion. Figure 1.4 gives a graphical representation of these 
objectives.  

 
Figure 1.4 Graphical representation of the objectives of current study.  
 
One of the shortcomings mentioned in the previous section is the high 
computational effort that is required for many in-cylinder combustion models. 
This limits their use as combustion state estimators for model based control 
applications. Originally, one of the objectives set for current model was to 
optimize the computational effort to allow real-time computing. However, due to 
lack of time no optimization of computational efficiency is performed. Current 
study therefore focuses on developing and validating a modelling concept. 
Nevertheless, during model development the prerequisites are created to allow 
the required reduction in computational effort in the near future.  
The developed combustion model will eventually be implemented into TNO’s 
current engine model DYNAMO. In order to do so, the model is developed in 
the Matlab® technical computing environment [14].   
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1.4.1 Regulated versus modelled emissions 
As described in paragraph 1.1, the regulated emissions consider the sum of all 
diesel particulates (PM) and NOx. In this study, however, the formation of soot 
and NO is modelled. The diesel particulate matter consists of two main parts: a 
so-called Soluble Organic Fraction (SOF) and an InSoluble Fraction (ISF). The 
soluble fraction is composed of hydrocarbons coming from unburned fuel and 
oil. This fraction is absorbed on the soot particle surface. The insoluble or dry 
soot fraction mainly consists of carbonaceous matter and represents the majority 
of the mass of the total particulate matter (typically > 70%, [15]. In this study, the 
mass of soot is predicted. Although the carbonaceous matter, i.e. soot, 
represents the main part of the emitted PM, it has to be noted that the predicted 
soot mass is not completely representative for the total mass of PM. The 
development of a model describing the soluble fraction of the particulate matter 
is out of the scope of current research.  
NOx accounts for both NO and NO2. However, in this study only the formation 
of NO is modelled. This is not considered as an essential shortcoming since 
typically, over 80% of the exhaust NOx consists of NO [15]. Furthermore, NO2 is 
formed through the oxidation of already formed NO. Therefore, prediction of 
NO2 is only possible when NO formation is accurate. Model extension to include 
the NO2 part of the total NOx is left as future work. 

1.4.2 Used modeling approach 
The (modelling) approach used in this study, aims at eliminating 
aforementioned shortcomings of current control oriented combustion models. 
This is done by: 
 Identifying the essential phenomena for heat release and emission 

formation;  
 Using simple, zero and one-dimensional models to quantify the influence of 

the turbulent mixing process in a diesel fuel spray on heat release and 
emission formation as simplification of current multi-zone approaches; 

 Underpinning the developed models by means of detailed computations on 
laminar flamelet and homogeneous reactor models; 

 Combining (existing) phenomenological models describing the essential 
combustion physics and kinetics. 

 
Used approach and developed combustion model are new in the sense that:  
 A control oriented combustion model is developed that has a clear physical 

basis instead of an empirical nature; 
 Existing models are adapted to agree with the latest insights on diesel 

combustion; 
 Existing models are extended to allow the prediction of advanced 

combustion concepts, i.e. high-EGR combustion. 

1.5 Overview of combustion model 
Figure 1.5 presents an overview of the complete developed combustion model 
with its main inputs, outputs and components.    
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1.5.1 Combustion model inputs  
The inputs are formed by the manifold conditions and the parameters defining 
the applied fuel injection strategy. The manifold conditions of pressure, 
temperature and gas composition are predefined and can for example be 
obtained from an existing engine model like TNO’s DYNAMO. Through the 
manifold conditions, the influence of the ambient conditions (pressure, 
temperature and humidity) is implicitly taken into account. The amount of 
applied recirculated exhaust gasses is predefined by the used composition vector. 
The manifold conditions are used to determine the required initial in-cylinder 
conditions, which are used in all sub components.   
The fuel injection strategy is defined by the applied fuel injection pressure, the 
injection duration and the injection timing represented by the start of injection. 
In general, the fuel injection strategy also comprises the number of injections 
during a combustion cycle. At present however, only single-shot injections are 
considered. The description of multiple injections during one combustion cycle 
is out of scope of this study. 

1.5.2 Combustion model outputs 
In agreement with the objectives of the combustion model, the main outputs are 
formed by the predicted NO and soot emissions as a function of crank angle. 
The combustion efficiency, i.e. the indicated specific fuel consumption follows 
from the predicted heat release rate (from the heat release rate the in-cylinder 
pressure curve can be reconstructed from which the indicated work on the 
piston can be computed). As main combustion diagnostic parameter, the crank 
angle at which 50% of the fuel is burnt (Ca50) is predicted. This crank angle is 
commonly used as a reference for combustion phasing control.   

1.5.3 Combustion model components 
The combustion model comprises four main components, as indicated in Figure 
1.5.  First, in the model of the fuel injection system, the fuel mass injection rate 

fm  and associated fuel velocity fU  are derived from the applied fuel injection 

strategy. These variables are the main inputs for the heat release rate model and 
for the model quantifying the fuel-oxidizer mixing process. In a diesel engine, 
the combustion process is primarily controlled by the mixing process of fuel and 
oxidizer. Because the evolution of the mixing process is mainly dependent on 
the turbulent kinetic energy produced by the fuel injection process, i.e. by the 
fuel spray, this mixing model is in fact a model of the fuel spray. The heat 
release rate model and the mixing model subsequently deliver the inputs for the 
emission formation model.  
The NO formation model describes the formation of NO in subsequently formed 
packages of combustion products. The model especially focuses on quantifying 
the phenomena that influence the evolution of the combustion products 
temperature, i.e. the NO formation temperature.  
The soot formation model is based on an existing state-of-the-art soot zero-
dimensional model, which is adapted on several key aspects for a more accurate 
soot formation prediction over the engine operating range. The model describes 
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the soot particle formation and oxidation process in characteristic regions of the 
burning fuel spray. 

1.5.4 Measured versus predicted heat release rate 
The heat release rate used as input to the emission formation model can be a 
predicted heat release rate derived from the applied fuel injection strategy or a 
“measured” heat release rate computed from a measured in-cylinder pressure 
curve. A measured heat release rate is the most direct and accurate 
representation of the combustion process. It implicitly contains all information 
on how the engine operating variables influence the combustion process. 
Therefore, main emission model validation is first performed using measured 
heat release rate profiles. Thereafter, predicted heat release rate profiles are used 
as main input to the resulting validated emission formation model.   

1.6 Outline of thesis 
In Chapter 2, first an introduction to diesel engine combustion is given. In this 
chapter the currently accepted conceptual view of the diesel engine combustion 
process is presented together with the associated main phenomenology of the 
emission formation process. In Chapter 3, the developed model of the fuel 
injection process is presented.  
In Chapter 4, the NO emission formation model is presented followed by a 
description of the soot formation model in Chapter 5. The validation process of 
both emission formation models is described in Chapter 6. In this chapter, NO 
and soot emissions are predicted on the basis of measured heat release rate 
profiles. Data from both a single-cylinder and multi-cylinder heavy duty diesel 
engine is used. In Chapter 7, the model of the heat release rate, which now uses 
the fuel injection rate as main input, is presented. This model is also validated 
on the basis of data from aforementioned engines. The heat release rate model is 
finally used as input to the emission formation model to predict NO and soot 
emissions. Finally, in Chapter 8, an overview is given of the main conclusions 
resulting from this study.   
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2 Diesel engine combustion  

2.1 Introduction 
This study focuses both on conventional diesel combustion and on combustion 
with high levels of Exhaust Gas Recirculation (EGR). As a background to these 
combustion types, an introduction into diesel engine combustion will be given 
in this chapter. First a global overview of the diesel engine combustion process 
will be presented in section 2.2. The phenomenology of important processes 
occurring during the combustion process will be subsequently addressed. The 
diesel combustion process is mainly controlled by the mixing process of fuel and 
oxidizer. The phenomenology of this mixing process of oxidizer into the 
evaporating fuel spray is described in paragraph 2.3. The current view of diesel 
spray combustion is presented in paragraph 2.4. In this view, the characteristic 
regions of heat release and emission formation in the burning fuel spray are 
addressed. An overview of the important NO emission formation mechanisms 
found in diesel engine combustion is presented in section 2.5 followed by a 
description of the soot formation process in section 2.6. Emission formation 
depends on local conditions of temperature and fuel-oxidizer mixture and how 
these conditions are influenced by engine operating variables. In section 2.7, a 
global overview of the influence of engine operating variables on NO and soot 
emission will be presented. Finally, a summary of this chapter is given in section 
2.8. 

2.2 The Diesel engine combustion process 
The diesel engine combustion process is named after Rudolf Diesel. In 1893, he 
constructed a four-stroke internal combustion engine in which the liquid fuel is 
injected into the combustion chamber near the end of the compression stroke 
into a high temperature, high pressure gaseous medium (air). A schematic 
representation of an idealized four-stroke diesel engine cycle is presented in 
Figure 2.1. The air enters the combustion chamber through the intake valve 
during the intake stroke when the piston moves from Top Dead Center (TDC) to 
Bottom Dead Center (BDC). The air is compressed to high temperature and 
pressure during the compression stroke by the upward piston movement. This 
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high temperature and pressure causes the injected liquid fuel to evaporate and 
auto-ignite. The diesel engine is therefore also known as Compression-Ignition 
(CI) engine. The heat released by combustion during the subsequent 
combustion stroke results in a rapid pressure rise in the combustion chamber 
performing mechanical work on the piston. By use of a crank-slider mechanism, 
this work is transformed in a rotational movement. The combustion products 
are pushed out of the combustion chamber through the exhaust valve during 
the exhaust stroke. A complete combustion cycle has duration of 720 crank 
angle degrees. In this study, timing is indicated in crank angle degrees relative 
to the piston position at TDC prior to the combustion stroke. Crank angles are 
thus expressed in oca aTDC (after TDC).   

 
Figure 2.1 Schematic representation of a four stroke Diesel engine. (a) intake stroke; 
(b) compression stroke; (c) combustion stroke; (d) exhaust stroke. Adapted from [1]. 

The oxidation of the hydrocarbon diesel fuel into combustion products is a very 
complex process; the fuel already consisting of hundreds of hydrocarbon species, 
it leads to even higher numbers of chemical reactions. The diesel fuel oxidation 
process can be described by the following global reaction:  
 
 f oxFuel Oxidizer Productsν ν+ →  (2.1) 

 The reaction is characterized by the equivalence ratio φ  given by: 

 f ox

st

m m

L
φ =  (2.2) 

in which  is the stoichiometric fuel-to-oxidizer ratio defined as: stL
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ox ox oxst

m M
L

m M

ν
ν

⎛ ⎞
= =⎜ ⎟
⎝ ⎠

 (2.3) 

where fM is the molar mass of fuel and  the molar mass of the oxidizer and oxM

fν and oxν  the corresponding stoichiometric coefficients. For diesel fuel and 

pure air as oxidizer, the stoichiometric fuel-oxidizer ratio is equal to 0.069. In 
engine literature, the air excess ratio λ  is used which is equal to φ1/ . For 
conventional diesel combustion, global equivalence ratios generally range from 
0.6 to 0.28 for respectively high-load and low-load conditions.  
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Figure 2.2 shows an in-cylinder pressure and corresponding heat release rate 
curve that are typical for direct injection diesel engine combustion. The 
corresponding fuel injection rate is also indicated in the figure. The heat release 
rate curve gives the rate at which the chemical energy of the fuel is released by 
the combustion process.  
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Figure 2.2 Typical 2-stage DI diesel engine combustion in-cylinder pressure and heat 
release rate together with corresponding actuation signal to the fuel injector and 
resulting fuel mass injection rate. Indicated are the Start Of fuel Injection (SOI), End 
Of fuel Injection (EOI), Start Of Actuation (SOA), End Of Actuation (EOA), Start 
Of Combustion (SOC), End Of Combustion (EOC), the characteristic combustion 
phases, the ignition delay period and burn-out phase. 
 
As nicely illustrated by the heat release rate profile of Figure 2.2, the diesel 
combustion process (both conventional as high-EGR) is characterized by the 
occurrence of two types of combustion. First, a fraction of the fuel is very rapidly 
burned resulting in a fast increase in the heat release rate. The associated 
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amount of fuel is equal to the mass of fuel that is injected and becomes available 
for combustion between the Start Of Injection (SOI) and the Start Of 
Combustion (SOC). This period of time is referred to as the ignition delay 
period, see also Figure 2.2. At the start of combustion, the mass of fuel forms a 
premixed mixture with the oxidizer (e.g. air) and is said to burn as premixed.  
The remaining injected fuel burns at a much slower rate. This rate is determined 
by the mixing rate of fuel and oxidizer. This type of combustion is referred to as 
mixing-controlled (also known as diffusion-controlled). The mixing controlled 
combustion already starts during the premixed combustion phase. However, 
determining an exact value for its commencement is not trivial and leaves room 
for discussion and further analysis.  
The liquid fuel that is injected into the combustion chamber first has to 
evaporate and mix with the oxidizer to form a combustible mixture. Fuel 
evaporation extracts heat from the surrounding gasses. When this evaporative 
cooling is not explicitly accounted for in the determination of the heat release 
rate, as is the case in Figure 2.2, it manifests itself as a negative heat release 
following the start of injection. It has to be noted that, as a result of this 
evaporative cooling, the actual start of combustion can be taken as the minimum 
of the heat release rate following the start of injection.  In practice, this point is 
however difficult to determine accurately from measured in-cylinder pressure 
curves. This also hampers accurate determination of important combustion 
chamber control parameters, such as the crank angle of 50% burn (Ca50)*. 
The phasing of the combustion process is controlled by the fuel mass injection 
rate. The timing of the fuel mass flow rate follows the actuation signal to the fuel 
injector, which is also indicated in Figure 2.2. This actuation signal is the main 
predefined input controlling the combustion timing and duration. Note 
however, that significant delays (~0.3 ms, i.e. 2.7 ca at 1500 rpm) are present 
between the actuation signal (current profile) and the actual fuel injection rate. 
For accurate determination of the phasing of the injection rate, these delays have 
to be quantified. This is addressed in Chapter 3.    

2.3 The fuel spray – phenomenology of oxidizer 
entrainment 

Figure 2.3 shows a picture of a developing vaporizing non-reacting fuel spray. 
Fuel is injected from the left. The injector is indicated as a white dot. The fuel 
spray is a complex three-dimensional structure of fuel-oxidizer mixture which 
phenomenologically consists of three regions: the liquid core, the shear layer and 
the tip region.  
 
Liquid core region – In this region, just downstream of the injector the liquid 
fuel has not yet been entrained with hot oxidizer and is not fully evaporated. This 
liquid core stretches out up to the so-called liquid length, see Figure 2.3.  
                                                           
* In this study, Ca50 is defined as the crank angle at which 50% of the total 
energy input is released. The total energy input is equal to the total mass of fuel 
injected times the Lower Heating Value, assuming complete combustion. The 
energy released is equal to the cumulative chemical heat released, also assuming 
complete combustion.   
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Shear layer – The fuel is injected with high pressure resulting in high fuel mass 
velocity, i.e. momentum. The injected momentum generates a high shear with 
the ambient gaseous medium producing a wide range of turbulent structures at 
the interface between the fuel spray and the ambient gas. The main mechanism 
of oxidizer entrainment is by engulfment of ambient gas along the edges of the 
jet characterized by the large-scale turbulent structures as can be observed in 
Figure 2.3. After engulfment of the ambient gas by these large-scale structures, 
further mixing of the entrained fluid and the fuel jet takes place at smaller and 
smaller length scales until, at the smallest scale (also called the Kolmogorov 
scale), the two streams are fully mixed. For a more detailed elaboration of this 
mixing process, see e.g. Schefer et al. [2]. Oxidizer entrainment into the fuel 
spray results in a spreading of the jet through conservation of momentum. This 
spreading is quantified by the spray cone angle as indicated in Figure 2.3.  
 
Tip region – The oxidizer entrainment mainly takes place in the quasi-steady 
part of the jet, upstream of the transient jet tip region, as shown in Figure 2.3. In 
the tip region, mixing rates are much lower in comparison to the upstream part 
of the jet because small scale vortices are missing. This is, for example, shown 
by Bruneaux [3].   

 
Figure 2.3 Developing, non-reacting, evaporating fuel spray. The figure is constructed 
by combining Schlieren measurements to visualise the vapour fuel and Mie-scattering 
to visualise the liquid fuel. The liquid length (dotted contour indicates region of present 
liquid fuel droplets) is determined from the scattered light from the liquid fuel droplets 
as can be seen upstream of the indicated liquid length. Adapted from [4]. 

2.4 Conceptual model of diesel combustion 
The combustion model developed in this study is based on the latest insights 
regarding the diesel engine combustion process. The basis of this current 
conceptual view is developed by Dec and co-workers who conducted many 
optical and laser-based diagnostics in a heavy duty diesel engine. For a detailed 
description see [5]-[11]. Here, only a brief overview will be presented. This 
conceptual model is described on the basis of three phases in the developing 
fuel spray and fuel spray combustion process: the initial transient phase, the 
quasi-steady burn phase and the fuel burn-out phase.   
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Initial transient phase – The initial transient phase describes the spray 
development and start of combustion up to the point where a quasi-steady 
combusting spray is obtained. 
From the start of injection onwards, liquid fuel enters the combustion chamber 
through the injector nozzle hole with high velocity and penetrates into the 
combustion chamber. As a result of the high velocity difference with the 
surrounding oxidizer (or “air”), the fuel stream breaks up into smaller fuel 
droplets and is entrained with surrounding hot oxidizer (approximately 800 -
1000 K). Conservation of momentum causes spreading of the fuel spray 
resulting in the typical conical geometry. As a result of the hot oxidizer 
entrainment, the fuel temperature rises and part of the fuel evaporates. At a 
certain position downstream of the injector nozzle hole, fuel evaporation is 
complete. The maximum penetration depth of the liquid fuel is referred to as 
the Liquid Length ( ). Downstream of the liquid length, mixing of gaseous 
fuel and oxidizer continues and a fuel-rich premixed mixture at elevated 
temperature (~700 – 800 K) is present. Auto-ignition occurs throughout the 
spray downstream of the liquid length. This results in a rapid heat release which 
is referred to as the “premixed peak”. This premixed peak is typical for DI diesel 
combustion, see also Figure 2.2. As long as fuel is injected, the rich fuel-oxidizer 
mixture continues to form around the liquid core resulting in a premixed 
standing flame. Because the fuel-rich premixed flame does not contain 
sufficient oxygen, a diffusion flame forms around the cloud of partially burned 
combustion products. The diffusion flame is a thin reaction layer, where the 
remaining (partially oxidized) fuel is further converted into CO

LL

2 and H2O. Due 
to heat from this flame, the liquid length reduces slightly. Now, a steady-
burning fuel spray is present. 
 
Quasi-steady burning fuel spray – Figure 2.4 shows a schematic representation 
of the steady-burning free combusting fuel spray following the conceptual diesel 
combustion view of Dec. The actual start of the quasi-steady burn phase is 
difficult to pin-point and leaves room for discussion. As an indication of timing, 
Dec mentions this steady spray to be present at 5 crank angle degrees (at 1200 
rpm) after Start Of Injection (aSOI). In the figure, the fuel injector nozzle hole 
is indicated by the circle. The liquid core and corresponding liquid length are 
also indicated. During the quasi-steady burning phase, combustion of injected 
fuel elements occurs as a two-step process. Vaporized and mixed gaseous fuel 
elements first partially burn at the aforementioned fuel-rich standing premixed 
flame. It has to be noted here, that the premixed combustion phase as indicated 
in Figure 2.2 has already ended. The fuel burned at this initial premixed 
reaction zone must not be confused with the premixed burned fuel during the 
premixed combustion phase. Only in the early stages of combustion, the heat 
release rate from the rich standing premixed flame contributes to the heat 
release during the premixed combustion phase. The equivalence ratio of this 
initial rich premixed reaction zone is typically in the range of 2 – 4, as found by 
Flynn et al. [11]. The products of the rich flame form the interior of the burning 
spray. These products are at high temperatures, in the order of 1400 – 1600 K 
and are depleted with oxygen. These conditions are ideal for soot formation. The 
phenomenology of the soot production process is discussed in more detail in 
section 2.6. The products of the rich standing flame are transported further 
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downstream in the spray and are completely oxidized at the diffusion flame that 
sheaths the burning spray. At the diffusion flame, the remaining chemical 
energy of the fuel is released. The diffusion flame is characterized by high 
temperatures in the order of 2500 – 2700 K. Due to the high temperatures and 
presence of oxygen at the diffusion flame, oxidation of formed soot particles 
occurs on the fuel-side of the diffusion flame. The conditions at the oxidizer side 
of the diffusion flame (high temperatures and air, i.e. O2 and N2) are ideal for 
NO formation. NO formation will be discussed in more detail in section 2.5. The 
diffusion flame does not sheath the complete fuel spray as indicated in Figure 
2.4. The high fuel velocity causes the diffusion flame to be blown-off a certain 
distance from the injector nozzle hole. This distance is referred to as the flame 
Lift-Off Length (LOL) and is also indicated in Figure 2.4. Oxidizer can only 
entrain the fuel spray over the region not sheathed by the diffusion flame. The 
lift-off length therefore has a significant influence on the richness of the initial 
premixed standing flame. This subsequently influences soot formation in the 
products of this reaction zone that make up the spray interior.  
The steady-burning fuel spray is primarily mixing controlled. Because the 
combustion is now controlled by turbulent mixing rather than chemical 
kinetics, as is the case for the premixed combustion phase, the oxidation process 
is much slower resulting in the much broader second peak in Figure 2.2.  
During the quasi-steady combustion phase, the fuel jet continues to grow, but 
without any other apparent changes in shape.  

 
Figure 2.4 Schematic representation of quasi-steady burning fuel spray following the 
currently accepted view on diesel spray combustion. After [7]. 

Burn-out phase – The end of fuel injection marks the end of the quasi-steady 
burning phase. When the fuel injection ends, combustion quickly spreads back 
to the injector and the flame stand-off and premixed reaction zone disappear. 
The reacting jet consists of fuel-rich products completely surrounded by a 
diffusion flame. The jet-like nature of the combusting region gradually 
disappears as the upstream portion is gradually carried downstream by its 
remaining momentum to the leading portion of the jet. As this process 
proceeds, oxidation continues to occur at the edge of the cloud at the diffusion 
flame, reducing the size of the combusting region. This combusting region 
initially remains intact, but eventually breaks into separate smaller “pockets” of 
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combustion. It is found by Dec and co-workers that, although the number and 
location of these burning pockets varies from cycle to cycle, quite often two 
distinct pockets remain. As burn-out continues, these two large pockets continue 
to get smaller and gradually break-up into smaller and smaller pockets that 
eventually loose any spatial correlation to the original fuel jet. At this point in 
time, all chemical energy present in the fuel is released and combustion ceases.  
 
The division with time presented above differs from the traditional division of 
the diesel combustion process in premixed and mixing-controlled burning 
phase made in paragraph 2.2. Of course, the three phases comprise the two 
different aforementioned combustion types. Figure 2.5 shows how the three 
phases and combustion types relate to each other.   

 
Figure 2.5 Combustion types and spray-burning combustion phases. SOI = Start Of 
Injection, EOI = End Of Injection, SOC = Start Of Combustion, EOC = End Of 
Combustion. 

2.5 NO formation mechanisms in combustion 
Thus far, four different nitric oxide (NO) forming mechanisms have been 
proposed that can be of importance for diesel engine combustion. These include 
the direct “thermal” oxidation of nitrogen (i.e. thermal NO), nitrogen oxidation 
via hydrocarbon radicals (i.e. prompt NO), formation of NO via nitrous oxide 
(N2O – intermediate route) and oxidation of fuel-bound nitrogen.  
 
Thermal NO – The thermal mechanism for NO formation was proposed by 
Y.B., Zeldovich in 1946 [12], and later extended by Lavoie [13], who added the 
third reaction. The mechanism is referred to as the extended Zeldovich 
mechanism and is given by the following three reactions: 
 2O N NO N+ +  (2.4) 

 2N O NO O+ +  (2.5) 

 N OH NO H+ +  (2.6) 

Reaction (2.4) is slow in comparison with reactions (2.5) and (2.6) and forms the 
rate-limiting step. This reaction has relatively large activation energy (318 
kJ/mol). As a result of this, this mechanism only becomes significant at higher 
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temperatures (T > 1800 K, hence the name “thermal”). The reaction rate is given 
by an Arrhenius-type expression: 

 ,1
1 1 exp

⎡ ⎤
= −⎢ ⎥

⎣ ⎦

aE
k A

RT
 (2.7) 

from equation (2.7) it follows that: 

 ,11
2

1
= aEdk dT

k R T
 (2.8) 

With 1 38370,aE R = K this implies that the mechanism is characterized by a 

high temperature sensitivity. For example, at a temperature of 2000 K, an 
increase in temperature of 1% induces an increase of the reaction rate of about 
20%. At 2700 K, an increase of 1% in temperature results in an increase of 
~15% in the reaction rate, i.e. NO formation rate. It is widely accepted that for 
conventional, high temperature, diesel combustion, the thermal pathway is the 
dominant NO formation mechanism. Thermal NO is then formed in the post-
flame hot combustion products resulting from the diffusion flame which 
sheaths the burning fuel spray.  
 
Prompt NO formation – NO formation via the prompt-NO mechanism, also 
referred to as the Fenimore mechanism, after C.P. Fenimore [14], occurs in fuel-
rich flames in the presence of hydrocarbon radicals that react with N2 to form 
hydrocyanic acid (HCN): 
  (2.9) 2CH N HCN N+ +

Via many steps the HCN is oxidized into N atoms, subsequently reacting into 
NO by reactions such as (2.5) and (2.6). The name “prompt” originates from the 
fact that NO is formed so rapidly that it appears in or near the flame front.   
 
NO formation by N2O-intermediate pathway – The N2O-intermediate pathway 
was postulated by Wolfrum [15] in 1972. It describes NO formation via nitrous 
oxide N2O as intermediate species which is formed by attack of nitrogen by 
atomic oxygen and a third-body molecule M: 
  (2.10) 2 2N O M N O M+ + +

 2 2N O O NO+  (2.11) 

The mechanism has relatively low activation energy (76 kJ/mol) and may 
therefore become important at low temperatures and high pressures as a result 
of the reaction with a third-body. In conventional diesel combustion, with its 
high temperatures it is usually negligible. However, when combustion 
temperatures are lowered, e.g. through the use of high levels of recirculated 
exhaust gas it may become important as prompt NO and thermal NO become 
less significant.  
 
NO formation from fuel-bound nitrogen – Combustion of fuels containing 
significant amounts of nitrogen, such as coal, can result in significant NO 
formation when thermal decomposition of the large fuel molecule into smaller 
fragments like NH3, NH2, NH, HCN and CN occurs. Subsequent NO formation 
can then occur through various reactions. This mechanism is most significant 
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for lean and stoichiometric combustion. Because diesel fuel does not contain 
significant amounts of nitrogen, the contribution of fuel-bound nitrogen to NO 
formation is not considered in this study.  

2.6 Soot formation 
As mentioned in the previous chapter, Particulate Matter (PM) is a regulated 
diesel engine emission. In this study, the soot model only quantifies the 
insoluble, carbonaceous part of the total particulate matter. The phenomenology 
of this soot formation process is described in the following paragraph followed 
by a description of the current conceptual view of the soot formation process in a 
burning diesel spray.   

2.6.1 Phenomenology of soot formation 
Figure 2.6 shows a global schematic representation of the soot 
formation/oxidation process as is currently accepted. This view contains the 
following, partially parallel processes: 
• Formation of molecular precursors  by fuel pyrolysis; 

• Particle nucleation; 

• Surface growth; 

• Particle coalescence and agglomeration; 

• Particle oxidation.  

 
Figure 2.6 Schematic representation of phenomenology of soot formation process from 
gas phase to solid agglomerated particles. After [16].  

Fuel pyrolysis – Pyrolysis is the chemical decomposition of an organic material 
by heating without significant oxidation even though oxygen species may be 
available. Fuel pyrolysis results in the production of species which are 
precursors, or building blocks, for soot. All fuel undergoes pyrolysis and 
essentially the same species are produced by this process: unsaturated 
hydrocarbons, polyacetylenes, Polycyclic Aromatic Hydrocarbons (PAH) and 
especially acetylene (C H ).  2 2

 
Nucleation – Nucleation or soot particle inception acts as the link between the 
main gas-phase combustion chemistry and soot particle dynamics. It determines 
the number of nascent soot particles in flames. During nucleation, mass is 
converted from molecular to particulate structures. The particle nuclei, although 
small of mass themselves, provide sites for subsequent surface growth, i.e. soot 
mass increase. Nucleation is restricted to a region near the primary reaction 
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zone where reactant concentrations (radicals, ions) and temperatures are 
highest. 
 
Surface growth – After the formation of the initial soot particles, their mass is 
increased via the addition of gas phase species, mainly acetylene and PAH 
(radicals). This process is concurrent with soot particle inception. Surface growth 
continues as the particles move downstream of the primary reaction zone into 
less reactive regions. The number of soot particles is not changed during this 
process. The majority of the soot mass is added through surface growth. The 
residence time of the surface growth process is therefore of great influence on 
the total mass of soot formed. Surface growth rates are higher for small particles 
since they have relatively more active surface area. 
 
Particle coalescence and agglomeration – Coalescence and agglomeration are 
both processes by which particles are combined. In contrast to surface growth, 
the number of particles decreases while the total soot mass is constant. During 
particle coalescence, two particles collide and merge to form, a single larger 
particle. In agglomeration, two particles stick together to form a chain-like 
structure while maintaining the identity of the individual particles.  
 
Soot oxidation – Oxidation of soot particles and soot precursors is the only 
process that reduces the amount of soot present in gas mixtures. It is therefore 
the only mechanism that removes soot emissions from the exhaust. The mass of 
soot and PAH is decreased through the formation of CO and CO2. Glassman [17] 
states that soot particle oxidation occurs when temperatures are above 1300 K. 
Soot oxidation is said to occur by both OH and O2 attack. OH is most likely to 
dominate under fuel-rich and stoichiometric conditions while at fuel-lean 
conditions both O2 and OH result in soot oxidation according to Bartok and 
Sarofim [18].         

2.6.2 Soot formation in combusting diesel fuel spray  
The phenomenology of soot formation presented above is illustrated in Figure 
2.7 for the combusting diesel fuel spray.  

 

Figure 2.7 Chronology of a soot particle in a diesel spray combustion event. 

Initial fuel pyrolysis occurs at the rich initial premixed reaction zone, 
downstream of the liquid length [11]. The combustion products of this rich initial 
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reaction contain higher concentrations of unburned fuel elements when the 
equivalence ratio of this initial reaction zone is increased. This results in higher 
soot particle inception rates just downstream of the initial reaction zone where 
small soot particles are first observed [5]. These small particles travel down the 
turbulent jet towards the head vortex, while growing in size through surface 
growth and coagulation [19]. Oxidation of the soot particles occurs when they 
move close to or through the diffusion flame formed around the periphery of the 
fuel spray. Here the particles are subjected to high temperatures and exposed to 
oxygen attack.    

2.7 Influence of engine operating variables 
The evolution of the combustion process is influenced by many variables, as 
illustrated in Figure 2.8.  

 
Figure 2.8 Overview of factors influencing the local in-cylinder conditions determining 
the combustion evolution and subsequent outputs of the combustion process. 

However, the manner in which these variables affect the heat release rate and 
emission formation is determined by their combined influence on three key 
aspects of the combustion process: (1) the local availability of oxygen and fuel 
elements (in case of soot), (2) the local temperature, which promotes chemical 
activity and (3) the time available to form these emissions. The influence of local 
temperature and local oxygen and fuel availability, is well illustrated by the φ-T 
map shown in Figure 2.9.   
The figure indicates the locations where soot and NO formation occur for a 
diesel-like fuel. In Figure 2.9 the f-T regions of soot and NO formation are 
depicted according to the numerical results of Akihama et al. [20] using n-
hexane as diesel fuel surrogate. The figure is constructed by Akihama using zero 
dimensional calculations with a detailed chemical kinetic model for both soot 
and NO formation. The figure also indicates the soot formation region as found 
by numerical computation of Kitamura et al. [21] using n-heptane as surrogate. 
Although the low temperature limit of soot formation is subject to uncertainty, 
the φ-T map is a useful tool to increase the understanding of emission formation 
processes. It must however be noted that the φ-T map only depicts the results for 
a specific residence time, i.e. time available for emission formation. The local 
conditions associated to conventional diesel combustion are sketched in the 
figure as indication.  A typical φ-T-route for the quasi-steady burning fuel spray 
is also sketched in the figure. The line crosses both the soot and NO formation 
peninsula. 
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Figure 2.9  φ-T map with main regions of NOx and soot formation. Pressure = 60 bar, 
0% EGR, Residence time = 1.0 ms. After [20]. The dashed line represents soot 
formation region of Kitamura et al. [21]. The shaded region indicates the φ-T region for 
conventional diesel combustion. The solid line represents an example of a typical φ-T-
route occurring in the quasi-steady burning fuel spray.    

The manner in which the engine operating conditions influence the local 
temperature and equivalence ratio determines the emission formation during 
the combustion process. For NO formation, Figure 2.9 is clear: NO formation 
increases as temperature and/or oxygen concentration increase. If an input 
variable increases local temperature, the NO formation is bound to increase as 
well. For soot the picture is more complicated. Increasing temperature does not 
always result in more soot production. This is the result of the fact that net soot 
production is a balance between soot formation and soot oxidation, which are 
both temperature dependent. At high temperatures > 2000 K, soot oxidation 
dominates. At low temperatures < 1600 K soot formation rates are limited. 
Furthermore, for soot formation within the fuel spray, the equivalence ratio of 
the rich initial premixed zone is also of importance. This equivalence ratio is 
determined by the mass of oxidizer that can be entrained upstream of the rich 
initial premixed reaction zone. This mass is determined by the flame lift-off 
length (see also Figure 2.4). Therefore, the influence of operating conditions on 
the flame lift-off length determines the soot mass within the fuel spray. Table 2.1 
gives an overview of the influence of ambient conditions and applied fuel 
injection pressure on the lift-off length and the equivalence ratio of the initial 
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premixed reaction zone ,φprem init . For a more elaborate description, the reader is 

referred to [22].  

Table 2.1 Trends for lift-off length and equivalence ratio of initial premixed       
reaction zone on changes in oxidizer conditions and injection pressure. See also [22] 

Operating variable Flame lift-off 
length 

Equivalence ratio initial 
premixed reaction zone 

Oxidizer temperature ↑ ↓ ↑ 

Oxidizer density ↑ ↓ ↑ 

Fuel injection pressure ↑ ↑ ↓ 

EGR ↑ ↑ ↔ 

      ↑ = increase; ↓ = decrease; ↔ = invariant 

Although the higher ,φprem init  results in higher soot levels in the burning fuel 

spray, the net emitted soot mass does not automatically increase as well. Final 
exhaust gas soot concentration depends on the fact whether local temperatures 
and oxygen availability at the diffusion flame sheathing the soot formation 
region suffices for a long enough period of time to fully oxidize the formed soot.  
As concluded by Dec and Kelly-Zion [5] soot particles can survive the combustion 
process through two possible pathways: 1) the exhaust valve opens and there is 
insufficient time to complete burnout, or 2) portions of the flame or reactions 
around the perimeter become extinguished.  
 
Injection timing – When injection timing is advanced and occurs earlier in the 
compression stroke, the fuel is injected into a colder environment. This results 
in longer ignition delay periods and hence increases the mass of fuel burnt as 
premixed. The heat released early in the combustion cycle increases. The 
resulting pressure rise due to combustion and piston movement compresses the, 
already hot, combustion products to even higher temperatures (so called 
compression heating). As a result of the higher temperatures, NO formation 
rates increase.  
Both soot formation and soot oxidation rates increase with temperature, i.e. 
advancing of injection timing. However, the longer time available to the soot 
oxidation process results in less net soot production.  For high-EGR combustion, 
conditions can be obtained where simultaneous reduction in NO and soot 
occurs. This will be described later on.  
When combustion occurs more into the compression stroke, the piston 
movement is hampered more and indicated efficiency is lower.  
 
Fuel injection pressure – Higher fuel injection pressure results in more injected 
fuel during the ignition delay period. Temperature increases as a result of the 
higher premixed burn rates. Hence NO formation increases with injection 
pressure.   
Higher injection pressures result in less soot formation inside the fuel jet. This 
is the combined effect of the decrease in ,φprem init  (see Table 2.1) and a decrease 
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in residence time of soot particles in the soot formation region as a result of the 
higher fuel velocity.  The emitted soot mass decreases with injection pressure.  
Here, it has to be noted, that this is only true as long as the jet remains free of 
wall-impingement or other jets.  
 
Equivalence ratio – Increasing the global equivalence ratio by injecting more fuel 
results in higher combustion temperatures. Furthermore, the probability of fuel 
elements finding oxygen decreases. Because of the high temperature sensitivity 
of NO formation, NO emission will increase.  
Soot formation and oxidation rates both increase for higher temperature 
conditions. However, limiting the availability of oxygen increases soot formation 
rates and decreases soot oxidation rates. Net soot production will therefore 
increase with equivalence ratio. 
 
Engine speed –The residence time of combustion gases at the high NO 
promoting temperatures is inversely proportional to the engine speed. NO 
formation therefore decreases with engine speed.  
For soot emissions, the reduced time available to the soot oxidation process is 
decisive for the net soot production: soot emissions increase with engine speed.     
 
Boost pressure – Increasing the boost pressure results in more inducted charge 
mass and hence oxidizer density increases. As a result, the end of compression 
temperature increases, causing higher combustion temperatures and hence NO 
formation.  
Higher oxidizer density reduces the flame lift-off length and increases the 
equivalence ratio of the initial premixed reaction zone, see Table 2.1 [22]. This 
results in higher soot formation rates within the burning fuel spray.  However, 
the soot oxidation rate also increases with temperature and is, in general, 
sufficient to oxidize the higher mass of soot present inside the burning fuel 
spray. Therefore, exhaust soot emissions decrease for higher oxidizer densities 
unless the time available for the soot oxidation process is insufficient to oxidize 
the larger soot mass formed.   
 
Intake charge temperature – The influence of intake charge temperature on NO 
formation is straightforward: the higher oxidizer temperature results in higher 
combustion temperature and hence NO formation rates are increased.    
The lift-off length decreases with temperature and therefore the amount of 
entrained oxidizer is decreased leading to higher soot formation rates within the 
jet. However, the higher temperature also increases the soot oxidation reactions. 
The increase in soot oxidation rate generally dominates and therefore the net 
emitted soot mass typically decreases with increasing intake manifold 
temperature.   
 
Exhaust Gas Recirculation (EGR) – The route to EURO VI emission levels will 
most likely include the application of EGR. Therefore, this study focuses on EGR 
as a means to reduce NO emissions. When applying exhaust gas recirculation, 
exhaust gas from previous combustion cycles is recirculated and re-inducted into 
the combustion chamber. The engine fresh intake charge consists of fresh air 
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and recycled exhaust gas. The percentage of recycled gases is represented by the 
EGR ratio, i.e. the mass ratio of recycled gases to the total inducted gas mass:  

 100= ⋅
+
EGR

EGR
air EGR

m
Y

m m
 (2.12) 

The EGR ratio, represents the externally recirculated exhaust gas. A fraction of 
the burned gases from the previous combustion cycle will also remain in the 
combustion chamber during the gas exchange process. These residuals are 
referred to as internal EGR. The total mass fraction of residuals (internal and 
external EGR) in the fresh oxidizer is then given by: 
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with: 
 ox air EGR IEGRm m m m= + +  (2.14) 

Typically, EGR-rates up to 30% are used. Applying higher amounts results in a 
combustion process referred to as high-EGR combustion. In this study, EGR 
percentages up to 50% will be used.  Before the EGR is re-inducted into the 
cylinder, it is cooled. The cooling increases the density such that a higher net 
residual gas mass enters the cylinder. Furthermore, the cooling reduces the 
thermal loading of the engine components. In general, the introduction of 
cooled EGR influences diesel engine combustion and NO formation in three 
different ways: 

• Thermal: Exhaust gas species of CO2 and H2O have a higher heat 
capacity than air.  The use of oxidizer with high amounts of residuals 
from previous combustion cycles therefore lowers gas temperatures.  

• Chemical: The presence of CO2 and H2O in the oxidizer influences the 
combustion kinetics. Dissociation of species during combustion is 
affected resulting in lower combustion temperatures and hence NO 
formation (by the thermal pathway). 

• Dilution: Diluting the oxidizer with EGR reduces the availability of 
oxygen to the combustion process. The result is a longer ignition delay 
period, slower fuel burning rate and reduced NO formation rate. Figure 
2.10 shows the influence of the applied EGR rate on both the NO and 
soot emission (quantified by the Filter Smoke Number† (FSN)) for 
three different injection timings. As can be concluded from the figure, 
EGR is very effective in reducing NO formation. However, for 
conventional amounts of EGR (up to 30 m-%), the reduction in gas 
temperature and oxygen availability results in less effective soot 
oxidation, leading to higher net soot production. A decrease in NO 
formation is accompanied with an increase in soot formation. This is 
known as the NOx-soot trade-off for conventional diesel combustion. 
Furthermore, the reduction in oxygen availability to the combustion 

                                                           
† The emitted mass of soot is derived on the basis of smoke opacity 
measurements. The soot mass density in the sample volume is proportional to 
the filter “blackness”, quantified by the Filter Smoke Number (FSN) ranging 
from 0 to 10.  
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process results in a less efficient combustion process. Exhaust gas will 
contain more incomplete combustion products, i.e. not all chemical 
energy associated with the fuel is released, leading to higher specific 
fuel consumption.  

 
It has already been shown by others [20],[23],[24] that a simultaneous reduction 
of soot and NO without significant deterioration of engine performance, can be 
achieved by using high amounts of EGR (>> ~30 m-%) in combination with 
retarded injection timing, typically retarded beyond TDC. Here, the traditional 
NOx-soot trade-off is thus not present. At these conditions, the in-cylinder 
temperatures are greatly reduced and below the soot formation limit (< ~1800 K 
see also Figure 2.9). This behavior is confirmed by Idicheria et al. [25] who 
performed Planar Laser Induced Incandescence (PLII) measurements in an 
optically accessible constant-volume combustion vessel. These measurements 
indicate that, when applying EGR, first soot is formed at a larger distance from 
the rich-premixed reaction zone, see Figure 2.7. The lower temperatures thus 
significantly slow down the soot formation reactions inside the burning fuel 
spray and less net soot is formed. In this study, both conventional diesel 
combustion and diesel combustion with high amounts of EGR, up to 50 m-%, 
are considered. 
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Figure 2.10 Influence of Exhaust Gas Recirculation (EGR) on NO emission. 
Measurements from single-cylinder engine as described in Chapter 6. Operating 
conditions: 1500 rpm, 7.0 bar IMEP.  FSN = Filter Smoke Number.  

It has to be noted that EGR has no significant influence on the equivalence ratio 
of the initial premixed reaction zone. Although the lower temperature results in 
a larger lift-off distance, the equivalence ratio is left unchanged implying equal 
amounts of fuel-oxygen mixing prior to combustion.  

2.8 Summary 
In this chapter an introduction into the diesel engine combustion process has 
been given. Important phenomena related to the fuel injection process, heat 



32                                                         Diesel engine combustion 

release process and NO and soot emission formation process are described. 
These phenomena have to be captured by the different components of the 
combustion model as will be presented in the following chapters. Finally, an 
overview is given of the influence of engine operating variables on emission 
formation and fuel consumption. Because this thesis focuses on both 
conventional and advanced diesel combustion with high amounts of EGR, 
special focus was on the influence of EGR on NO and soot emissions.  
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3 Fuel Injection model 

3.1 Introduction 
The diesel engine combustion process is, to a great extent, controlled by the fuel 
injection process which is the primary source for fuel-oxidizer mixing. The fuel 
mass injection rate and the associated velocity of the injected fuel elements as a 
function of time (or crank angle degree) are therefore main inputs to the 
combustion model. These variables, however, are not directly available from 
engine measurements and have to be approximated by use of a model. In this 
chapter a fuel injection model, describing the injection process for Common 
Rail type Fuel Injection Equipment (FIE) is presented. With use of the model an 
equivalent injection rate profile is reconstructed from known linear relations. 
The model focuses on capturing:  

1) The dynamics of the fuel injection system regarding injection timing 
and injection rate shape; 

2) The influence of the flow conditions on the fuel injection rate. 
As was already shown in Figure 2.2 in Chapter 2, significant delays are present 
between the actuation signal to the fuel injector and the actual start and end of 
injection. Accurate values for injection timing are essential for correct modelling 
of the combustion phasing which greatly influences the emission formation 
process. The flow conditions at the nozzle holes have great influence on the 
actual injected mass flow rate and fuel velocity. For example, the occurrence of 
cavitation at the nozzle hole has to be taken into account. To quantify the 
influence of the flow conditions on the injected mass flow rate and fuel velocity 
flow coefficients are introduced that characterize the nozzle at hand. Full 
characterization requires measurement of both the injected mass flow rate and 
injected momentum flow rate. Both are measured using dedicated experimental 
set-ups. Both types of injection measurements are executed on dedicated 
experimental set-ups using the fuel injection equipment of the single-cylinder 
test-engine. This engine is used for main model validation as presented in 
Chapter 6.  
In section 3.2 an overview of the model will be presented. Thereafter, first the 
mass flow rate measurements will be discussed in section 3.3 followed by the 



36                                                                    Fuel injection model 

momentum flux measurements in section 3.4. In section 3.5 both types of 
measurements are combined to determine the required flow coefficients. To 
validate whether the reconstructed injection rate profiles can be used as 
equivalent injection rate profiles they are first compared with measured injection 
rates in section 3.6. Thereafter, for further validation, the discharge coefficients 
derived from the injection measurements are compared with discharge 
coefficients as derived from measured fuel mass flow rates to the single-cylinder 
engine in section 3.7. Finally, in section 3.8, an overview of the main conclusions 
will be given.  

3.2 Fuel mass injection model  
In Figure 3.1 the inputs and outputs of the semi-empirical fuel injection model 
are shown. The model of the fuel injection process is used to reconstruct the 
injection profile (as a function of time or crank angle) corresponding to a certain 
engine test. The inputs are formed by the parameters defining the fuel injection 
strategy: the fuel injection pressure, the Start Of Actuation (SOA) of the fuel 
injector and the duration of the actuation signal. The fuel temperature is 
required to determine the correct fuel properties such as the fuel density. The in-
cylinder pressure is used as an additional input defining the downstream, 
pressure. The outputs are the reconstructed fuel mass flow rate profile and 
corresponding fuel velocity. It has to be noted here that only single-shot 
injections are considered in this study.  

 
Figure 3.1 Fuel injection m0del inputs and outputs 

First, in paragraph 3.2.1, the operating principle of the fuel injector, which 
mainly determines the dynamics regarding the injection timing, is illustrated. 
These dynamics are further analysed in paragraph 3.2.2. Based on these 
dynamics, the fuel injection model reconstructs an equivalent fuel injection 
profile as is presented in paragraph 3.2.3. As mentioned in the introduction, the 
fuel injection rate is also significantly influenced by the flow conditions at the 
nozzle hole. In the fuel injection model, these flow conditions are quantified by 
the use of different flow coefficients. This is discussed in paragraph 3.2.4.  

3.2.1 The fuel injector  
The dynamics regarding injection timing are determined mainly by the fuel 
injector. Figure 3.2 shows a simplified schematic of the fuel injector. The 
injector consists of a control plunger, or “needle”, that closes or opens the 
passage between the fuel rail and injector nozzle holes. The movement of the 
needle is controlled by a 3-way control port which is actuated by a solenoid. The 
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opening and closing characteristics of the injector are tuned by the diameters of 
the inlet and outlet orifices to this control port, see Figure 3.2.  

 
Figure 3.2 Schematic overview of the fuel injector using the AMESim © code [1]. In 
this code a model component has been developed for every functional element. For more 
information see [2].   

3.2.2 Injection delays  
Figure 3.3 gives an overview of the measured signals for a typical single-shot 
injection.  
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Figure 3.3 Fuel injection pressure, actuation signal to the injector, measured mass flow 
rate and reconstructed equivalent injection profile for a 5.5 ms injection and initial rail 
pressure of 950 bar. Used abbreviations: SOA = Start Of Actuation, EOA = End Of 
Actuation, SOI=Start Of Injection, EOI =End Of Injection, ∆SOI= Start Of Injection 
delay, ∆EOI= End Of Injection delay, AID = Actual Injection Duration, ∆Rise = mass 
flow rate rise duration, ∆Fall  = mass flow rate fall duration. Results obtained with fuel 
injection system of single-cylinder engine as discussed in Chapter 6 (see Table 6.2).  
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The measured injection pressure at the entrance of the injector is depicted in the 
top graph. The bottom graph shows the actuation signal, i.e. current profile, to 
the injector together with the derived injected mass flow rate.  
As already indicated in Chapter 2, significant time-delays are present between 
the actuation signal to the injector and the actual fuel injection rate. This results 
in an Actual Injection Duration (AID) which differs from the actuation 
duration . Although the actual injection duration differs, the injection 
profile depicted in Figure 3.3 is referred to in this study as a 5.5 ms injection 
because the duration of the actuation signal is 5.5 ms. The delays present are the 
result of the dynamics of the servo-hydraulic injection control system of the fuel 
injector, see e.g. [2] for a more detailed discussion. The opening and closing of 
the fuel injector causes pressure waves to travel up and down the injection 
system as is clear from the measured injection pressure signal. The oscillations 
in fuel injection pressure result in oscillations in the injected mass flow rate and 
also influence the closing of the fuel injector upon stopping of the actuation as 
will be shown later. The injection delay is determined by the response of the 
solenoid on the actuation signal (electronics), the mass of the needle and its 
deformation by the fuel pressure (mechanics/hydraulics) and the inertia of the 
flow (hydraulics). This is schematically sketched in Figure 3.4.   

∆ actt

 
Figure 3.4 Schematic representation of the delays present in the fuel injection system.  

The dynamics of the fuel injector determine the response of the injector needle, 
i.e. the lift of the needle, on the actuation signal, defined by SOA and actt∆ . This 
subsequently determines how the injection pressure is built-up at the entrance 
of the injector nozzle holes. The characteristics of the flow through the nozzle 
holes finally determine the injected fuel mass flow rate and corresponding fuel 
injection velocity. The delays present in the system resulting from the dynamics 
of the different components in the fuel injector are all lumped together as 
indicated in Figure 3.4. The defined delays are indicated in Figure 3.3 and are 
used to reconstruct the fuel injection profile which is also shown in Figure 3.3.   

Application of needle-lift sensor 
Commonly, the injection timing is derived using a needle lift sensor, which 
measures the displacement of the top of the control plunger/needle-assembly. 
Through the use of the needle displacement most part of the delays between the 
actuation signal and the actual fuel injection rate are eliminated. Only the delay 
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cause by the finite stiffness of the needle (in the order of ~0.15 ms) has to be 
accounted for [2]. Injection mass flow rate measurements can be used to 
quantify this delay. With the use of a needle-lift sensor, the uncertainty on the 
actual Start Of Injection (SOI) is expected to be in the order of ~±0.02 ms.  
The fuel injector used in this study is not equipped with a needle-lift sensor. The 
injection measurements must therefore be used to determine the total delay 
between the actuation signal and the injection rate. Because the different delays 
present in the system are dependent on the operating conditions (e.g. fuel 
pressure, operating temperature), this method will be less accurate than using 
an actual measured needle-lift corresponding to the engine test. Applying a 
needle-lift sensor is therefore recommended. It has to be noted that, applying a 
needle-lift sensor does not give any information regarding the actual shape of 
the injection profile. For example, the increase of the injection rate during 
needle lift cannot be accurately determined solely on the basis of a needle lift. A 
(simple) model must be used, validated on actual mass flow rate measurements. 

3.2.3 Reconstruction of injection rate profile 
Figure 3.3 also shows the reconstructed injection profile. The injection profile is 
reconstructed as a top-hat profile with finite opening and closing rates. The 
actual injection duration is derived from the actuation duration and observed 
delays as: 

  (3.1) = ∆ + ∆ − ∆actAID t EOI SOI

where ∆EOI is the delay between the End Of Actuation (EOA) and the End Of 
Injection (EOI) and ∆SOI  is the delay between the Start Of Actuation (SOA) 
and the Start Of Injection. The injection profile is reconstructed from three 
linear relations: 

1) Increase in fuel injection rate during opening of the fuel injector; 
2) Constant fuel injection rate during fully open injector; 
3) Decrease in fuel injection rate during closing of the fuel injector. 

The value of this constant fuel injection rate during fully open injector f ,mainm is 

calculated using a zero dimensional model of the nozzle hole flow that predicts 
the mass flow rate as function of the pressure differential across the nozzle 
holes. This will be discussed in more detail in paragraph 3.2.4. The linear 
relations for the mass flow rate during opening respectively and closing of the 
fuel injector are given by: 

 ( )f ,main
f ,rise SOI SOI main,start

m
m t t for t t t

Rise
= − < <

∆
 (3.2) 

 ( )f ,main
f , fall end,main f ,main main,end EOI

m
m t t m for t t t

Fall
= − − + < <

∆
 (3.3) 

The rise and fall times during opening respectively closing of the fuel injector 
(see also Figure 3.3) are determined from the mass flow rate measurements as a 
function of rail pressure and actuation duration and are stored in a database. The 
mass flow rate measurements will be presented in section 3.3. In the following 
paragraph first the nozzle hole flow model will be presented.  
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3.2.4 Nozzle hole flow model 
The fuel mass and momentum fluxes through a restriction, e.g. a nozzle hole are 
given by: 

 
0

ρ= ∫f f
A

m U dA  (3.4) 

 
0

2ρ= ∫f f
A

M U dA  (3.5) 

where ρ f is the liquid fuel density, fU is the fuel flow velocity and 0A  is the 

geometrical flow area.  The mass and momentum fluxes are related by the flow 
velocity:  

 = f
f

f

M
U

m
 (3.6) 

For an ideal, stationary, frictionless flow, the velocity profile through a 
restriction, e.g. a nozzle hole, is perfectly uniform and the flow occupies the total 
available flow area 0A . The flow velocity is then equal to the theoretical flow 
velocity given by Bernoulli: 

 
( )1 2

,
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ρ
−

=f th
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p p
U  (3.7) 

where  and   are respectively the pressure upstream and downstream of 
the restriction. The corresponding flow area available to the flow is equal to the 
geometrical flow area .  

1p 2p

0A

The flow through an injector nozzle hole is however not ideal as a result of 
turbulence and the occurrence of cavitation. Figure 3.5 shows an idealized, axi-
symmetric, representation of a fully cavitating flow together with a simplified 
flow model which will be used to describe the flow through the nozzle holes. 
High injection pressures and severe deflection of the flow through the nozzle 
result in detachment of the flow from the nozzle hole wall, reducing the effective 
flow area. Recirculation zones appear between the ‘vena contracta’, i.e. the 
smallest flow area, and the orifice wall. At high enough flow velocities, pressure 
in the recirculation zones locally drops below the saturation pressure or even the 
vapour pressure. Bubbles of gaseous air and fuel vapour develop in these 
regions, effectively reducing the fluid density and flow area. This phenomenon is 
commonly referred to as cavitation. At high enough flow velocities, the 
recirculation zone with cavitation bubbles reaches the nozzle hole exit. The flow 
is now said to be fully cavitating. Figure 3.5 shows that for a (fully) cavitating 
flow, the velocity and fluid density profile are not uniform. The mass flow rate 
for these non-ideal flow conditions, given by equation (3.4), is modelled using 
the zero-dimensional orifice model first suggested by Nurick [3]. In this model, 
the influence of these non-ideal flow conditions is quantified by the flow 
coefficient :   dC
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with: 

 c
d dC C K=  (3.9) 

where  is the discharge coefficient at fully cavitating flow conditions, i.e. at 
= 1. The variable  is the so-called cavitation number. It is used to quantify 

the occurrence of cavitation and is defined as: 

c
dC

K K

 1

1 2

1
−

= >
−

vp p
K

p p
 (3.10) 

in which  is the vapour pressure of the fluid. Because the vapour pressure is 

small in comparison to the upstream pressure , it can be safely neglected. 
Equation (3.8) in combination with equation (3.9) is only valid for cavitating flow 
conditions. The cavitation number has to be higher than a certain critical value 

, typically in the range of 1.1 – 1.5. However, for normal engine operating, 
the flow through a nozzle hole is predominantly cavitating [2].  

vp

1p

critK

 
Figure 3.5 Nozzle together with representation of fully cavitating flow and simplified 
orifice model.  

To determine the effective discharge coefficient, i.e. the injected mass flow rate, 

for cavitating flow conditions, only the value of  has to be known together 
with the pressure differential over the nozzle hole, i.e. the cavitation number.  

c
dC

Analogous to the mass flow rate, a momentum flow coefficient MC is introduced 
for the momentum flux to quantify all flow losses. Equation (3.5) then becomes: 

 ( )0 1 22f MM C A p p= −  (3.11) 

A full characterisation of the nozzle flow thus requires determining the flow 
coefficients  and as a function of the pressure differential across the 
nozzle hole, or analogous, as function of the cavitation number K . The injected 
mass flow rate during fully open injector is then given by equation (3.8). The 

dC MC
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corresponding fuel velocity follows from equation (3.6), combining equation 
(3.8) and (3.11). In principle, only two flow coefficients are required. However, it 
is convenient to introduce two additional flow coefficients specifically describing 
the influence of the non-ideal flow conditions on the effective flow area available 
to the flow effA and the effective fuel velocity fU : the area coefficient  and 

the velocity coefficient . They are defined as: 
aC

vC

 
0

= eff
a

A
C

A
 (3.12) 

 
,

= f
v

f th

U
C

U
 (3.13) 

The area contraction coefficient and velocity coefficient are e.g. directly used as 
inputs in the fuel-oxidizer mixing model used in the emission formation models 
presented in Chapter 4 and 5.  These coefficients can of course also be expressed 
as function of the discharge and momentum coefficient:  

 =d aC C Cv  (3.14) 

 2
M a vC C C=  (3.15) 

The flow coefficients are determined by combining measured injected mass and 
momentum flow rates. These flow rates are determined using two dedicated fuel 
injection set-ups. These measurements are performed using the fuel injection 
system and injector nozzle of the single-cylinder engine used for main model 
validation, as presented in Chapter 6.   

3.3 Fuel mass injection rate measurements  
The mass flow rate measurements are used to quantify the dynamics of the fuel 
injection system and to determine the nozzle hole discharge coefficient for 
various rail pressures and injector actuation durations. The injection mass flow 
rate and also the momentum flow rate measurements (discussed in section 3.4) 
are performed using the fuel injection equipment of the single-cylinder test 
engine. This fuel injection system is introduced first in paragraph 3.3.1. In 
paragraph 3.3.2 the used measurement method will be presented followed by a 
discussion on the obtainable accuracy on the measured mass flow rate. In 3.3.4 
the dynamics of the fuel injection system regarding timing will be discussed. 
The nozzle hole flow coefficients will be discussed in greater detail in section 3.5.  

3.3.1 Fuel injection system 
The fuel injection system is of the Common Rail type. Figure 3.6 shows the 
high-pressure part of the fuel injection system as used during the mass flux 
measurements. This injection system is identical to the system present on the 
single-cylinder test engine which will be used for model validation. This engine 
set-up is introduced in greater detail in Chapter 6. In Table 3.1 the main 
specifications of the fuel injection system are listed. This system comprises an 
air-driven high pressure pump. The fuel pressure is set by adjusting the air 
pressure at the low pressure side of the pump. To damp the occurring pressure 
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oscillations caused by the pump a relatively large buffer volume, i.e. Rail 1, is 
included in the system from which a second, buffer volume, i.e. Rail 2, is fed. 
Rail I has an internal volume of 1.0⋅10-3 m3. Rail 2 is significantly smaller with an 
internal volume of 0.114⋅10-3 m3 to mimic the volume of a typical heavy duty 
common rail. The fuel injector is connected to this rail by a short injection duct 
equipped with a pressure annex temperature sensor.  

  

Figure 3.6 Overview (left) of the fuel injection system used on single-cylinder engine 
and used for mass flux measurements and picture of the Zeuch-chamber with the fuel 
injector (right). 

Table 3.1 Specifications of Fuel Injection System of single-cylinder test engine 
General  
High pressure pump 
Max. fuel pressure 
Max. capacity 

Resato HPU200-625-2/B/I/S 
4000 bar 
1000 l/min 

Injector 
Max. injection pressure 

Delphi-SMART  
1400 bar 

Nozzle 
Nom. Diameter 
Number of holes 
Included spraying angle 

 
0.178 mm 
8 
154o

Injection pressure sensor 
Range 
Linearity 
Position 

Piëzo-resistive Kistler 4067A3000 
0 – 3000 bar 
≤ 1.0% FSO 
5⋅10-2 m upstream of injector 

3.3.2 Measurement method 
The injected mass flow rate as a function of time is determined using the 
method presented by Zeuch [4]. In this method, fuel is injected into a closed 
high-pressure chamber, called the Zeuch-chamber, see Figure 3.6, which is filled 
with liquid fuel at a certain reference pressure. This pressure is set by adjusting 
the pressure at the gas-side of a membrane accumulator. During injection, the 
connection between this accumulator and the Zeuch-chamber is closed. The 
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pressure rise in the Zeuch-chamber resulting from the fuel injection is 
measured using a Kistler piëzo-electric pressure sensor. A weak Savitsky-Golay 
smoothing filter is applied on the measured pressure signals. This filter leaves 
the important characteristics regarding injection timing unaffected. See Table 
3.2 for the specifications of the measurement equipment. A TUeDACS data-
acquisition system is used with a sample-frequency of 1 MHz. The injected mass 
flow rate is determined from the measured pressure rise in the chamber by 
considering the mass balance of the fuel inside the chamber, corrected for the 
finite stiffness of both the chamber as well as that of the fuel: 

 ( ) ( )
,

,
f

f
f

dm dV V dpp T
dt dp B T p dt

ρ
⎛ ⎞

= ⋅ + ⋅⎜⎜
⎝ ⎠

⎟⎟  (3.16) 

where dV dp  quantifies the stiffness of the chamber, fB is the modulus of 

elasticity of the fuel and fρ is the fuel density. The stiffness of the Zeuch-

chamber has been determined on the basis of a finite element model. During 
fuel injection, isothermal conditions are assumed inside the Zeuch-chamber. A 
minimum initial pressure inside the chamber of 10 bar is used to damp pressure 
oscillations inside the chamber.  

     Table 3.2 Specifications of Mass flow rate measurement set-up 
Mass flux set-up  
Back pressure sensor 
Range  
Linearity 

Piezo-electric Kistler 7061  
0 – 200 bar 
≤ 0.3 % FSO 

Zeuch chamber volume  816.7e⋅10-6  m3

Max. back pressure 40 bar 

3.3.3 Error estimation 
The uncertainty in the derived measured mass flow rate, and subsequently on 
the obtained value for the discharge coefficient  has several components: dC

• Fluid properties: No exact data for the density and modulus of elasticity as a 
function of pressure and temperature are available for the used diesel fuel. 
Fluid property tables from the AMESim © simulation package [1], which is 
dedicated to fuel injection system modelling, are used instead. For diesel 
fuels with similar densities at ambient temperature and pressure as the 
diesel fuel in this study (830.0±1.8 kg/m3 at 20 oC and 1.013 bar), bulk 
modulus values differ by ±3.0% over the temperature and pressure range of 
interest. The uncertainty in density is taken equal to the uncertainty on the 
reference value as indicated above.  

• Zeuch-chamber temperature: For optimal stiffness of the Zeuch-chamber, no 
temperature measurement probe is present inside the Zeuch-chamber. A 
fuel temperature uncertainty of ±2 oC is assumed with respect to the Zeuch-
chamber wall temperature (chamber exterior). This estimated deviation is 
accounted for in the derivation of the fuel properties.  
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• Fuel injection pressure at nozzle hole: The pressure just upstream of the fuel 
injector is measured with high accuracy by a Kistler piëzo-resistive pressure 
sensor. However, the pressure at the entrance of the nozzle hole, rather than 
at the entrance of the fuel injector, is required. Pressure drops inside the 
fuel injector have been analysed using a model of the fuel injection system 
[2]. This model is developed using the aforementioned AMESim © code. 
From this analysis, a deviation in the order of ±1.0% of the measured fuel 
pressure is determined. This will result in an uncertainty of about ±0.5% on 
the discharge coefficient.   

3.3.4 Measurement results 
Figure 3.7 and Figure 3.8 give an overview of the measured mass flow rates for 
respectively a variation of rail pressure and actuation duration. Each injection 
profile is taken as the averaged profile of 20 injection measurements.  
The injection profiles indeed show great resemblance to a top-hat injection 
profile with fast opening and closing rates and nearly constant injection rates at 
fully open injector. Oscillations present as a result of injection pressure 
fluctuations are relatively small and fluctuate around a near constant mean 
value. Reproducibility regarding the total mass injected is high with standard 
deviations < 2.5% of the derived mean measured injected mass. This 
reproducibility is also clear from the similar injection profiles for varying 
actuation durations from Figure 3.8, considering the overlapping part of the 
injections.   
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Figure 3.7 (left) Measured injection rate profiles for different initial rail pressures and 
an actuation duration of 5.5 ms.  
Figure 3.8 (right) Measured injection rate profiles for different actuation durations in 
ms, as indicated in the figure, and an initial rail pressure of 1080 bar. 

Start of injection delay  
As is depicted in Figure 3.3, a significant delay is present between the start of the 
actuation pulse and the actual start of fuel injection into the Zeuch-chamber (or 
equivalently, into the combustion chamber). Figure 3.9 shows the SOI delays as 
derived from the injection measurements. The actual start of injection is 
determined by using a threshold value on the derivative of the measured 
pressure rise signal. Because the pressure sensor is located at a distance of 
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3.0·10-2 m from the nozzle tip a correction is made for the pressure wave 
travelling time from the nozzle tip to the pressure sensor.   
As can be seen in Figure 3.9, higher fuel pressures result in a faster response of 
the servo-hydraulic system that controls injector opening, resulting in a shorter 
SOI delay. For initial rail pressures higher than 1100 bar, no significant change 
in the observed SOI delay is present. A least-squares fit is used to derive the SOI 
delays corresponding to the engine measurements. This polynomial gives the 
SOI with an accuracy of ±0.03 ms. This is not a significant loss in accuracy with 
respect to the aforementioned typical accuracy of ±0.02 ms obtained when using 
a needle lift sensor.   
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Figure 3.9 (left) Measured Start Of Injection delay ∆SOI as function of rail pressure 
and corresponding second order polynomial fit. 
Figure 3.10 (right) Measured End Of Injection delay ∆EOI as function of actuation 
duration (taken relative to the Start Of Actuation (SOA))and measured injection 
pressure for 5ms injection at an initial rail pressure of 1000 bar. The injection pressure 
is shifted in time to correct for pressure-wave travelling time between sensor and 
injector nozzle.  

End Of Injection delay  
Figure 3.10 gives an overview of the delay on the end of fuel injection EOI∆ , as 
is defined in Figure 3.3, for various initial rail pressures and actuation durations. 
Note that the x-axis is equivalent to the actuation duration. In contrast to the start 
of injection delay, EOI∆  is not only dependent on rail pressure but also on the 
actuation duration. This can be seen when comparing the oscillations in the 
indicated fuel injection pressure (1000 bar initial rail pressure) with the 
corresponding EOI∆ values. The analogy between the phasing of the main 
oscillations in pressure and EOI∆  is clearly visible. This indicates that the end 
of injection delay is dependent on the instantaneous fuel pressure present at the 
needle tip at the end of actuation. For higher pressures, the needle/control 
plunger assembly is compressed more as a result of its finite stiffness. As a 
consequence, it takes a longer time for the needle tip to land on its seat and end 
the injection process. Because of this dependency the end of injection delay is 
mapped as a function of both actuation duration and initial rail pressure. It has 
to be noted that the fuel temperature, which influences pressure wave travelling 
times, is assumed to be constant. Pressure wave travelling times are however 
only marginally dependent on temperature and are mainly determined by the 
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geometry of the fuel injection system, i.e. duct lengths and volume sizes, which 
is of course fixed.   

Injection rate rise and fall duration 
The injection rate rise duration is defined as the time required for the mass flow 
rate to reach the mean value during fully open injector upon SOI. The mean 
value is obtained by averaging the injection profile over the time window 
indicated in Figure 3.7. This window excludes the transient effects from injector 
opening and closing as much as possible. A linear fit on the rising flank of the 
injection rate profile is used to derive the intersection with this mean value. 
Analysis of the measured fuel injection rates showed no clear trend for this 
duration on fuel pressure. A constant value of 0.25±0.02 ms is used.  
The injection rate fall duration is defined as the time required for the mass flow 
rate to decrease from the maximum value during fully open injector to zero, see 
Figure 3.3. Just as for the rise duration, no trend regarding pressure or actuation 
duration was found. A constant value of 0.20±0.02 ms is used.    
The obtained data regarding the injection dynamics is put into a database which 
has the initial rail pressure and actuation duration as inputs.  

3.4 Momentum flux measurements 
The momentum flux of a fuel spray is directly measured by impinging a fuel 
spray onto a Kistler piëzo-electric force sensor; see Table 3.3 for the main 
specifications. Figure 3.11 shows a sketch of the momentum test-rig and Figure 
3.12 gives a top-view snap-shot of an impinging spray onto the force sensor. The 
force sensor is placed in line with the nozzle hole axis. The force sensor holder 
can rotate 360o around the nozzle such that all sprays can easily be analysed. In 
this set-up, downstream pressure cannot be varied and is always equal to the 
ambient pressure.  

  

Figure 3.11 (left) Momentum flux set-up. 
Figure 3.12(right)  Top-view of impinging fuel spray onto force sensor. 

Preliminary measurements are performed to determine the optimal position 
(height and distance) of the sensor relative to the nozzle hole. A distance 
between 2-3 mm is required in order not to block the fuel flow out of the nozzle 
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hole and obtain full spray impingement on the sensor tip (∅ 2.0 mm). The 
height has also been optimized to obtain full spray impingement on the sensor-
tip. 

Table 3.3 Specifications of momentum flow rate measurement set-up 
Momentum flux set-up  
Force sensor 
Range 
Sensitivity 
Linearity 

Piezo-electric Kistler 9203 
-50 – 50 N 
-45.5… 45.5 pC/N 
≤ 0.3 % FSO 

Max. back pressure Ambient pressure 
 
In Figure 3.13 the measured momentum fluxes for one nozzle hole are shown 
for varying rail pressure and a 5.5 ms injection. Profiles shown are averaged 
values over 20 injections. Trivially, the main characteristics of the measured 
mass fluxes in the previous section are also present in the momentum flux 
measurements for varying rail pressure. However, the momentum flux 
measurements are characterised by more pronounced oscillations. These are 
mainly caused by the rigid connection of the force sensor to the injector. The 
opening and closing of the injector imposes strong vibrations on the force 
sensor. To eliminate the high frequency oscillations a low-pass frequency filter 
with a cut-off frequency of 5 kHz is applied. The cut-off frequency is selected on 
the basis of an analysis of the frequency spectra of the measured injection 
pressure curves. The main frequencies corresponding to the pressure waves in 
the injection system are in the order of 850 Hz and well below the cut-off 
frequency of 5 kHz. The associated shift in the time domain resulting from the 
frequency filter is not relevant because momentum flux profiles are not used to 
analyse injection dynamics regarding timing.  
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Figure 3.13 Momentum flux profiles for 5.5 ms injection and varying initial rail 
pressure. 
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For further analysis only the averaged momentum flux for a fully open injector 
are considered. The window used for averaging is indicated in Figure 3.13 and is 
identical to the window used for the mass flow rate measurements. 

3.4.1 Variations between individual nozzle holes  
The momentum flux is measured for a single hole in contrast to the mass flux 
measurements which consider the total cumulative mass flow through the eight-
hole nozzle. However, the flow through the individual holes will not be identical 
as a result of geometrical differences originating from production tolerances, 
wear, and injector internal (non-symmetrical) flow structures upstream of the 
nozzle holes. The momentum flux measurements are used to analyse 
differences between the individual holes. The reconstructed fuel injection rate 
profile is based on the flow through an “averaged” or equivalent injector nozzle 
hole. The momentum flux measurements are used to validate this assumption. 
Figure 3.14 depicts the momentum flux measured 360o around the nozzle with a 
resolution of 2.5o±0.5. Injection duration is 5.5 ms and initial rail pressure is 1000 
bar. Figure 3.15 gives an overview of the found maximum momentum flux for 
the different holes. The peaks in between the holes are the result of 
neighbouring sprays also impinging on part of the force sensor. This was 
confirmed using a high speed camera. Indicated error bars in both figures give 
the 95% confidence interval resulting from the averaging process. 
The deviation in measured momentum flux between the individual holes is 
small with a standard deviation of ±0.044 on a mean value of 2.79 N. This 
indicates that for further combustion modelling a model for an “averaged 
injection hole” can be used to describe the fuel injection process and subsequent 
fuel-oxidizer mixing process without significant loss in accuracy.    
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Figure 3.14 (left) Mean momentum flux as function of angle around the nozzle, 5.5 ms 
injection at 1060 bar initial rail pressure. 
Figure 3.15 (right) Maximum mean momentum flux for individual nozzle holes as 
derived from Figure 3.14.  

3.5 Nozzle hole flow coefficients 
The nozzle hole flow coefficients are derived by combining the mass and 
momentum flow rate measurements. These coefficients are determined on the 
basis of the measured mass and momentum flux during fully open injector, i.e. 
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averaged over the aforementioned windows as indicated in Figure 3.7 and Figure 
3.13. Corresponding instantaneous pressure differentials over the nozzle holes 
are obtained from the measured fuel pressure at the entrance of the injector. 
This pressure is corrected for the occurring pressure drop inside the injector, as 
described in paragraph 3.3.3 and is shifted in the time domain to correct for the 
pressure wave travelling time between the location of the pressure measurement 
and the nozzle holes inlet.   

3.5.1 Nozzle hole momentum coefficient 
Figure 3.16 shows the measured momentum flux as a function of fuel injection 
pressure. Backpressure is equal to ambient pressure. Measured fluxes are for 
a single hole. Besides the standard deviation resulting from the averaging 
process, the error bars include the uncertainty in fuel injection pressure and the 
standard deviation for the differences between the individual nozzle holes found 
in the previous section. Therefore, the obtained  value will represent an 

equivalent nozzle hole which can be used in combination with  values 
determined from measured mass flow rates of the complete eight-hole nozzle.  

2p

MC

dC

The linear relation shown in Figure 3.16 indicates that the momentum 
coefficient  is not influenced by the occurrence of cavitation. This is also 
concluded by others, e.g. Desantes et al. [5] who performed mass flow rate 
measurement on a wide variety of nozzles with different hole geometries and 
varying back pressures. From equation (3.11), it is clear that the slope of the curve 
is equal to 

MC

02 MA C . Because the geometrical flow area is known, the momentum 
coefficient can be determined from the linear fit shown in Figure 3.16. This 
results in a momentum coefficient of 0.578±0.046. The indicated uncertainty 
follows from the error estimation as described in paragraph 3.3.3. 
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Figure 3.16 (left) Measured momentum flux for varying rail pressures at fixed 
actuation duration of 5.5 ms. 
Figure 3.17 (right) The orifice discharge coefficient Cd, area-contraction coefficient Ca, 
velocity coefficient Cv and momentum coefficient CM versus injection pressure. 
Uncertainty on  Cv = ±~0.086. Uncertainty on Ca =  ±~0.061. 
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3.5.2 Nozzle hole discharge coefficient 

For the fuel injection model, the discharge coefficient  for fully cavitating 
flow conditions is required, see equation (3.8) and (3.9). The mass flow rate 
measurements are therefore performed using a back pressure that is as low as 
possible to obtain cavitation numbers as close to 1 (= fully cavitating flow) as 
possible.   

c
dC

Figure 3.17 shows the measured discharge coefficient for varying injection 
pressures as derived from equation (3.8). The errorbars represent the error 
estimation as described in paragraph 3.3.3. For the 250 and 500 bar injection 
measurements, initial Zeuch-chamber pressure was set at 10 bar. For the 
remaining points, this pressure was set at 20 bar, in order to sufficiently damp 
pressure fluctuations inside the chamber. Resulting cavitation numbers are 
indicated in the figure. In the figure also the momentum coefficient is shown 
together with the area and velocity coefficient, derived from equations (3.14) and 
(3.15). The coefficients show little variation over the used pressure range, 
indicating that the flow is indeed (almost) fully cavitating for all pressures. A 

discharge coefficient  of 0.585c
dC ±0.027 is found.  
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Figure 3.18 Orifice flow coefficient versus square-root of the cavitation number K. The 
right vertical dotted line indicates the upper limit of the critical cavitation number Kcrit. 
For error bandwidths see Figure 3.17. 

In Figure 3.18 an overview is given of the resulting different nozzle hole flow 
coefficients as a function of the square root of the cavitation number. The dotted 
vertical line at 1.1K = indicates the critical cavitation number. To the right of 
this line, the flow through the nozzle holes is no longer cavitating and the 
effective mass flow rate is independent of the cavitation number. Therefore the 
curves cannot be extrapolated into this range of cavitation numbers. It must 
however be noted that the cavitation numbers associated to normal engine 
operation (see Figure 3.18) are well below the critical value. The map is used to 
reconstruct the injection profile corresponding to a certain engine test for which 
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the cavitation number, i.e. the injection pressure and back pressure (in-cylinder 
pressure) are known. From Figure 3.18, it becomes clear that neglecting the 
influence of cavitation results in significant overestimation of the fuel exit 
velocity and effective flow area. Both the velocity and the area coefficient are 
important parameters in the fuel-oxidizer mixing model as introduced in the NO 
emission formation and soot formation model. The heat release rate model is 
based on the kinetic energy associated with the fuel spray. Here, an accurate 
value for the fuel exit velocity is of great importance. 

3.6 Reconstructed fuel injection rate profiles 
In Chapter 6, the constructed database will be used to reconstruct the injection 
rate profiles corresponding to a certain engine test. In this section, the 
constructed database will first be used to reconstruct injection profiles resulting 
from the mass flow rate measurements. This gives an indication of the 
maximum achievable accuracy. Figure 3.19 shows the measured and 
reconstructed injection profiles for 5.5 ms injections at various initial rail 
pressures. Good agreement is obtained, both for timing as for the injected mass 
flow rate during fully open injector. The top-graph of Figure 3.20 gives the 
corresponding modelled and measured injected mass. Predicted values are well 
within measurement uncertainty. The bottom graph of Figure 3.20 shows the 
modelled and measured injected fuel mass for various actuation durations at 
constant initial rail pressure of 1080 bar. Again, values are within measurement 
uncertainty. The good agreement indicates that neglecting the oscillations in fuel 
injection pressure does not result in significant deviations. Only for the shortest 
actuation duration of 0.5 ms the modelled mass is just outside the measurement 
uncertainty.  
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Figure 3.19 (left) Measured and reconstructed fuel mass flow rates for various initial 
rail pressures as indicated and 5.5 ms injection duration. 
Figure 3.20 (right) Measured and modelled injected fuel mass for varying rail pressure 
at fixed injection duration of 5.5 ms (top) and for varying injection duration at fixed 
initial rail pressure of 1080 bar (bottom). 

3.7 Comparison with single-cylinder engine data 
The model of the fuel injection process, as is described in the previous section, 
gives the instantaneous fuel mass injection rate and associated fuel velocity 
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corresponding to a specific engine test as a function of rail pressure, in-cylinder 
pressure, actuation duration and start of actuation. The model was found to 
accurately reconstruct the injection rate profiles regarding timing characteristics 
and total injected fuel mass measured on the dedicated fuel injection 
measurement set-up. In this section, for complete validation, the discharge 
coefficients as predicted by the Fuel Injection Equipment (FIE) model are 
compared to the discharge coefficients that are derived from the measured 
injected fuel mass flow rates on the actual single-cylinder engine. For details 
regarding the single-cylinder engine set-up and measurement matrix see 
Chapter 6. In Figure 3.21, the discharge coefficients are shown as a function of 
the square-root of the cavitation number corresponding to an engine test. In this 
figure, the discharge coefficients derived from the FIE model are referred to as 
the predicted discharge coefficients. The discharge coefficients derived from the 
engine tests are referred to as the measured discharge coefficients. The data 
from Figure 3.21 (i.e. the range of cavitation numbers) spans the whole engine 
operating range as used for the combustion model validation as used in 
Chapters 6 and 7. As indicated in Figure 3.21, the predicted discharge 
coefficients form the FIE model agree well with the measured values. This also 
becomes clear from the excellent agreement for the discharge coefficient  for 
maximum cavitation (i.e. K = 1). The linear fit on the measured discharge 
coefficient gives a value of , which is in close agreement with the 
value of 0.585

c
dC

0 571c
dC .=

±0.027 determined from the injection measurements, see paragraph 
3.5.2. This validates the applicability of the developed fuel injection model to 
reconstruct the fuel injection rate from the engine measurements. These 
injection rate profiles will be used in Chapter 6 for main emission model 
identification and validation.  

1 1.02 1.04 1.06 1.08 1.1
0.5

0.55

0.6

0.65

0.7

√K [-]

C
d [-

]

Predicted
Measured
Best Fit

Cd
c

,fit = 0.571

 

Figure 3.21 Comparison between measured discharged coefficients derived from 
measured injected fuel mass per engine cycle on single-cylinder engine and predicted 
discharge coefficients from fuel injection model as function of the square-root of the 
cavitation number K. Solid lines indicate upper and lower limit of predicted discharge 
coefficients.  
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3.8 Conclusions 
The model of the fuel injection process presented in this chapter reconstructs 
the fuel mass injection rate and associated fuel injection velocity as a top-hat 
profile with finite opening and closing rates. Parameters related to the timing of 
the injection are given by an empirical model using the measured rail pressure 
and predefined actuation duration as input. This empirical model is calibrated 
using data from single-shot injection experiments. For these experiments the 
actual fuel injection equipment of the single-cylinder test engine is used. This 
same engine and fuel injection equipment will be used for main emission and 
heat release rate model validation. The influence of the fuel injection pressure 
on the mass flow rate and injection velocity during the main part of injection is 
determined using a phenomenological model describing the fuel injector nozzle 
hole flow. In this model the influence of cavitation on the injection rate is 
captured by specific flow coefficients which are function of the pressure 
differential across the nozzle hole. These flow coefficients have been determined 
from mass flow and momentum flow measurements.  
Momentum flow measurements on individual nozzle holes showed little 
variation between the holes indicating that the use of an “averaged nozzle hole” 
is valid for the applied injection equipment. Reconstructed profiles showed good 
agreement with measured profiles considering total mass injected for the 
relevant range of injection pressure and duration. Furthermore, the discharge 
coefficients given by the FIE model are in close agreement with the values 
derived from the fuel mass flow rates on the actual single-cylinder engine over 
the complete operating range used for combustion model validation. This proves 
that the FIE model is capable of reconstructing the equivalent injection profiles 
corresponding to the performed single-cylinder engine tests. In Chapter 6 and 7, 
the injection rate profiles given by the FIE model will be used as inputs to the 
emission model respectively heat release rate model.  

3.9 References 
[1] Imagine S.A., AMESim 4.0 – User Manual, 2002 

[2] Seykens, X.L.J., Somers, L.M.T., Baert, R.S.G., Detailed modeling of 
common rail fuel injection process, Journal of Middle European 
Construction and Design of Cars -MECCA, No 2+3, 2005 

[3] Nurick, W.H., Orifice cavitation and its effect on spray mixing, Journal of 
Fluids Engineering, 1976 

[4] Zeuch, W., Neue Verfahren zur Messung des Einspritzgesetzes und der 
Einspritz-Regelmäßigkeit von Diesel-Einspritzpumpen, MTZ 22, No. 9, 
1961 

[5] Desantes, J.M., Arrègle, López, J.J., Hermens, S., Experimental 
characterization of outlet flow of different diesel nozzle geometries, SAE 
paper 2005-01-2120, 2005 



4 NO formation model 

4.1 Introduction 
The NO emission formation model is presented in this chapter. The objective of 
the NO emission model is to describe the interaction between the fuel injection 
process and the in-cylinder NO emission formation, as shown graphically in 
Figure 4.1. This has to be realized for both conventional and high-EGR 
combustion. Therefore, the applied rate of EGR is specifically indicated in Figure 
4.1 as a model input. For accurate NO formation prediction, three aspects are of 
great importance: 

1. Initial combustion product zone temperature and composition; 
2. Evolution of combustion product zone temperature and composition 

resulting from turbulent mixing; 
3. NO formation chemical kinetics. 

In order to accurately describe these aspects, the NO model comprises three 
main sub models. These sub models are also indicated in Figure 4.1.  

 
Figure 4.1 Overview of NO model, comprising three main sub models, describing the 
interaction between the fuel injection rate and applied EGR rate on NO emission.  

The model describes the in-cylinder NO formation in multiple evolving 
packages. A package is a volume of combustion products in which NO formation 
occurs. The combustion product packages are sequentially formed. The 
formation rate follows from the heat release rate profile. The modeling concept 
is introduced in section 4.3. The initial conditions of each individual package are 
determined in the package initialization model, which is presented in section 
4.4. The product package evolution model, presented in section 4.5, describes 
how the combined effect of in-cylinder pressure change and oxidizer 
entrainment affects the package temperature and composition. Finally, the 
actual NO formation rate for every package is computed as a postprocessing on 
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the output of the package evolution model. Here, the kinetics of the main NO 
formation pathways are considered.  This is discussed in section 4.6. The output 
of the model is the formed NO as a function of crank angle (ca) within every 
package. First of all, however, a short historical background on the used 
modeling approach is presented in section 4.2 followed by a general overview of 
the used modeling concept and main model assumptions in section 4.3.   

4.2 Historical background to NO formation modeling* 
Preferably, models used for the controller development process, should be based 
on actual physics and chemistry, such that they are generic and don’t require an 
extensive and expensive set of data for fitting/training of the model. Such 
phenomenological combustion models presented in the past (e.g. [1]-[3]) tend to 
be quite complex and too time-consuming for the purpose of this study. The 
computational effort must be limited in order for the model to be a valuable tool 
for engine controller design. However, a simple NOx prediction model was 
presented already more than 30 years ago by Shahed et al. [4]. From a heat 
release analysis they determined the amounts of fuel that would burn at a given 
crank angle value (within a step of 1 degree crank angle). They then postulated 
that these fuel amounts reacted with (within that time frame available) charge air 
at stoichiometric equivalence ratio. The NO formation rate in the resulting 
package of combustion products would - at any instant - be determined by the 
evolution in cylinder pressure and its effect on the temperature of this package. 
No mixing between packages was assumed. Overall engine-out NO was the sum 
of the contributions from all of the packages. Murayama et al. [5] extended this 
model by allowing for mixing of the products packages with surrounding air. For 
the mixing rate they postulated a Wiebe-like expression with a time constant of 
0.5 ms. Focus in the research community then shifted further towards including 
more details. It took until 1983 before Ahmad and Plee [6] returned to the 
Shahed approach: they demonstrated a strong relation between the fuel specific 
NOx-emissions of a direct injection diesel engine and the adiabatic flame 
temperature of a stoichiometric mixture of fuel and unburnt gas that would exist 
in the engine at maximum pressure conditions. Later [7], their colleagues Wu 
and Peterson returned to the path suggested by Murayama. For the NO 
formation in a volume of burnt gases  that mixes with surrounding gas 

during a mixing time 
burntdV

mixτ  they used: 

 
[ ]

0

mix

NO NO burnt
d NO

dm M dtdV
dt

τ

= ∫  (4.1) 

where MNO is the molar mass of NO. Using an Arrhenius type expression for the 
initial NO formation rate, they correlated measured flame temperatures with 
                                                           
 
 
* Adapted from: Baert, R.S.G., Seykens, X.L.J., Phenomenological NO model for 
conventional heavy-duty diesel engine combustion, in Internal Combustion 
engines: Performance, Fuel Economy and Emissions, IMechE; p 131-142, 
London, United Kingdom, 2007 
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emissions for different – constant – mixing times. They considered different 
mixing times (between 4.4 µs and 2.4 ms) and different entrained gas 
compositions. However, they could not identify a best approach for matching 
engine out emissions. 
The background for this early work was the assumption that diesel sprays would 
burn in a manner similar to that of steady turbulent diffusion (spray) flames. 
Study of these flames indicated that NO formation would start in the regions 
with (near-) stoichiometric equivalence ratio (and therefore with highest local 
temperature). NO formation then continues as the combustion products are 
diluted with ambient gas. Recent laser diagnostic research on diesel spray 
combustion confirms this picture: shortly after the end of premixed burn, a 
quasi-steady situation is reached where final oxidation takes place in a relatively 
thin diffusion-burning sheet at the outer edge of the spray [8]. NO formation 
then starts in the diffusion flame and continues in the post-flame region [9]. 
More recently, Timoney et al. [10] and Dodge et al. [11] returned to the Shahed-
approach (neglecting dilution, flame radiation losses and the influence of 
turbulence on flame temperature), still using simple (thermal) NO kinetics only. 
Similarly, Chikahisha et al. [12] and Andersson et al. [13] have suggested 
variations to the approach suggested by Murayama. Both groups suggested semi-
empirical mixing rate expressions but these expressions were not given a 
scientific basis. Only Andersson et al., like Wu and Peterson, considered the 
cooling effect of soot radiation on the temperature level of the reacting products, 
but they had to adjust this correction depending on engine load and speed to 
ensure an agreement with measured NO emissions. The influence of turbulence 
on flame temperature was however not considered. All of the above models 
focused on thermal NO formation. 
Only Mellor et al. [14] took a different approach: abandoning the concept of 
different fuel packages they postulated that the NO formation would resemble a 
two stage process with high temperature NO formation at stoichiometric 
conditions (at start of injection pressure and temperature) being followed by 
simultaneous NO formation and decomposition reactions at lower overall 
equivalence ratio and at end of combustion pressure and temperature levels. 
Neither radiation losses nor the influence of turbulence on flame temperature 
were considered. 
Summarizing, the following conclusions can be made regarding current state-of-
the-art NO emission models in-line with the objectives of this study: 
 Although the models are considered as phenomenological, found models 

have a (semi-) empirical nature on important key aspects, e.g. relating to the 
oxidizer entrainment process; 

 Soot radiation is accepted as an NO reducing phenomenon, but is not 
included in many models; 

 Many models can be found that describe the influence of turbulence on NO 
formation. However, these models only describe NO formation temperature 
reduction by fresh oxidizer mixing into the hot combustion products. No 
models are found that account for the influence of turbulence on the flame 
temperature: flame straining is not accounted for; 

 The thermal NO formation mechanism is widely accepted as the primary 
NO formation mechanism and is used in all studies. Only Mellor et al. 
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include NO formation via the N2O-intermediate pathway. However, the 
modeling approach chosen by Mellor et al. is too time-consuming for the 
purpose of this study.  

4.3 Modeling concept and main model assumptions 
The present study follows the method of Murayama: NO formation in 
sequentially formed packages of combustion products, which are subsequently 
diluted with fresh oxidizer, is described. Figure 4.2 gives a graphical 
representation of the used modeling concept. The packages of combustion 
products can be thought of as shell-like regions formed at the periphery of the 
combusting fuel spray. During the combustion period, a new package is formed 
with a fixed crank angle interval (1 crank angle degree in this study). The burnt 
mass of fuel associated with the considered package follows from the heat 
release rate, as indicated in the figure. In section 4.4, this is described in more 
detail. As a result of turbulent mixing, the packages are transported outwards 
and are diluted with fresh, colder oxidizer (air and residuals from the previous 
combustion cycle). The evolution of the package conditions are determined by 
the combined effects of oxidizer entrainment, in-cylinder pressure variation and 
energy transfer to the surroundings. This is more thoroughly addressed in 
section 4.5.  

 
 Figure 4.2 Graphical representation of used combustion model concept. 

In contrast to Murayama, the NO chemical kinetics are considered explicitly. 
Furthermore, a less empirical approach regarding the NO formation 
temperature estimation and combustion package dilution (as a result of 
turbulent mixing) is used. Also, the approach suggested by Murayama is 
updated following the present knowledge of the diesel combustion process and 
NO formation.  
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Before addressing the different sub models in the NO emission model, the main 
model assumptions are listed here:  
• No premixed NO formation: NO formation is only considered for the diffusive 

combustion phase (see also Figure 4.2). With conventional heavy duty diesel 
combustion – usually – the majority of the fuel is burned in the diffusion 
controlled combustion phase. Furthermore, the equivalence ratio of the 
premixed burned mixture is typically too fuel-rich for significant NO 
formation, as experimentally confirmed by Dec [8],[15]. Similarly, local in-
cylinder Laser-Induced Fluorescence (LIF) measurements by Verbiezen [16] 
showed very little NO formation up to the occurrence of the diffusion flame. 

• Only post-flame NO formation: NO forms in both the flame front and the 
post-flame gases. In engines, combustion occurs at high pressures which 
results in extremely thin flame reaction zones and corresponding short 
residence times. Also, during most part of the combustion process, pressure 
will rise, resulting in a further compression of the hot combustion gases. 
Combustion product temperature is increased to even higher values as 
reached immediately after combustion. As a result of this, NO formation on 
post-flame combustion gases almost always dominates any flame-front 
produced NO [17]. 

• Spray-dominated mixing: It is well accepted that in a modern DI diesel 
engine, with its high fuel injection pressures, the primary source of 
turbulent kinetic energy available for the fuel-oxidizer mixing process is 
formed by the fuel spray [18]. This model quantifies the fuel-oxidizer 
process. The entrainment of oxidizer into the combustion products is taken 
analogous to the entrainment of oxidizer into the fuel spray. 

• No mixing of combustion products: Formed combustion product zones do not 
interact with each other. Only fresh oxidizer is mixed into the different 
zones. This is a rather crude approximation. However, NO formation mainly 
occurs shortly after a zone is formed when temperatures are the highest. 
Because two sequentially formed zones will not differ significantly in 
temperature and composition, mixing of the associated combustion gases 
will not a priori lead to significant changes in NO formation rate.   

• NO formation has no influence on the combustion process: NO formation is 
completely decoupled from the hydrocarbon combustion process. It is 
widely accepted that the time scales associated to the hydrocarbon oxidation 
process are much smaller than the chemical time scales of the NO 
formation kinetics [19]. As a result, the combustion products are assumed to 
be in chemical equilibrium at any instance.  

4.4 Combustion product package initialization 
In this section, the initialization of a zone is presented in more detail. The 
initialization process focuses on obtaining accurate values for the initial 
combustion product mass, temperature and composition. The in-cylinder 
pressure is assumed to be known either from measurements or as output of the 
combustion, i.e., heat release rate model. The initial volume of the burnt 
products follows from the ideal gas equation of state.  
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Initial product zone mass 
The mass of fuel assigned to the new package formed between  and  is 
equal to the mass of fuel burnt during this crank angle interval, see also Figure 
4.2. This mass is given by: 

1ca 2ca

 
2

1

,
1

ca

f burnt diff
ca

m ROH
LHV

= ⋅ ∫ R dca  (4.2) 

where  is the lower heating value of the fuel and LHV diffROHR is the heat 

release rate associated with the diffusive combustion phase.   
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Figure 4.3 Graphical overview of initial combustion product package temperature 
computation and subsequent evolution. Temperature corrections shown are not 
representative for actual values. 

Initial product package temperature and composition 
The initial combustion product temperature and composition are determined 
from the oxidizer temperature and composition and initial liquid fuel 
temperature and chemical composition. The procedure used to determine the 
initial package conditions accounts for several phenomena, see Figure 4.3: 
a) Fuel evaporative cooling: The temperature of the reactants (fuel + oxidizer) is 

determined from the oxidizer temperature and liquid fuel temperature, 
accounting for the cooling effect of fuel evaporation. This is described in 
more detail in paragraph 4.4.2. 

b) Adiabatic combustion including dissociation: The initial combustion product 
temperature is based on the so-called adiabatic flame temperature, which 
results from an adiabatic combustion of the reactants. This temperature, 
and associated composition, is computed using a chemical equilibrium 
solver. This is discussed in more detail in paragraph 4.4.1. The adiabatic 
flame temperature is further corrected for the occurring change in pressure 
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during the package formation process. This is also addressed in paragraph 
4.4.1. By using the equilibrium solver, the adiabatic flame temperature is 
corrected for the occurrence of dissociation. The influence of dissociation on 
the combustion product temperature is examined in paragraph 4.4.3. 

c) Hot soot particle radiative cooling: Hot soot particles lose significant amounts 
of heat by radiation. This heat is extracted from the surrounding combustion 
products and results in lower products temperature. This is discussed in 
greater detail in paragraph 4.4.4. 

d) Flame straining by turbulence: At high levels of turbulence, the physical time 
scales in the flow field are small enough to influence the flame structure. 
This is referred to as flame straining. In general, flame strain results in a 
reduction of flame temperature as is discussed in paragraph 4.4.5. 

This procedure results in the initial package temperature  (and associated 
composition) as indicated in Figure 4.3. The figure also shows the evolution in 
package temperature upon initialization. This evolution is determined by the 
combined effect of the in-cylinder pressure and fresh oxidizer entrainment into 
the package. Furthermore, the occurrence of so-called gas radiation from hot 
species like CO

initT

2, CO and H2O results in a reduction of package temperature. 
The evolution of a combustion product package is addressed in section 4.5. In 
the following paragraphs the different phenomena that are taken into account to 
derive the initial package conditions are described. Here, the main focus is on 
the influence of including these phenomena on combustion product 
temperature and their potential to NO formation reduction.  

4.4.1 Hydrocarbon combustion and adiabatic flame temperature  
The combustion of the hydrocarbon fuel is modeled as a single-step reaction:  

  (4.3) Fuel Oxidizer Products+ →

In reality, following the conceptual diesel combustion view, as presented in 
Chapter 2, combustion occurs as a two-step process: fuel elements first partially 
burn at higher equivalence ratios, 1premφ > , before they are completely oxidized 

at the diffusion flame. The oxidation reaction of equation (4.3) is assumed to 
occur at an equivalence ratio equal to 1.0, i.e. the combustion is stoichiometric. 
At all times, sufficient oxidizer is present at the diffusion flame to completely 
oxidize all (unburned) fuel. A common approach is to assume that no heat 
exchange occurs between the initial premixed reaction zone and the diffusion 
flame. In this case, the final combustion product temperature for both the 
single-step and two-step reactions is identical. The adiabatic flame temperature 
is obtained by conservation of conservation:  
 

 ( ) ( )=,react react prod prodh T p h T p,  (4.4) 

where  and reacth prodh  are the absolute specific enthalpies of respectively the 

reactants and combustion products at the corresponding reactant temperature 
 and final combustion product temperature reactT prodT  at constant pressure . 

The product temperature is referred to as the adiabatic flame temperature, . 

p

adT
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As mentioned, the NO formation process is a very slow process in comparison to 
the hydrocarbon oxidation process. The combustion products can therefore be 
assumed to be in chemical equilibrium and the composition is computed using 
a chemical equilibrium solver. This solver is based on minimizing Gibbs free 
energy [20] and applies the energy conservation equation to compute the 
adiabatic flame temperature.  
Diesel fuel is taken as C15H27.5 and thermodynamic properties are based on the 
polynomials presented by Heywood [17]. The oxidizer composition is taken as 
fresh air (including water vapor) and main residuals from the previous 
combustion cycle (i.e. internal and external EGR): O2, N2, CO2 and H2O. The 
composition vector used for the combustion products contains the main 
combustion species and species relevant for NO formation: O2, N2, CO2, H2O, 
CO, H2, H, OH, O, N, NO and N2O. The thermodynamic properties of the 
different species are taken from NASA polynomials [21]. It has to be noted here 
that the used combustion products composition vector already contains the 
concentration of NO. This concentration corresponds to the equilibrium 
concentration. This concentration is not equal to the NO concentration used to 
determine the final engine-out NO emission. The equilibrium NO concentration 
is however required in the NO post processor in order to predict the final NO 
concentration.   

Pressure change during package formation period 
During the package formation period, between  and  (one crank angle 
degree in this study), the in-cylinder pressure changes as a result of combustion 
and compression/expansion by piston movement. To account for this change in 
pressure, the combustion product temperature is derived from the mean of two 
adiabatic flame temperatures. The first temperature is computed assuming all 
fuel associated to the package burns instantaneously at  and then follows an 

adiabatic compression/expansion to the in-cylinder pressure at . The second 
temperature is computed assuming all fuel associated to the package burns 
instantaneously at .  

1ca 2ca

1ca

2ca

2ca

4.4.2 Reactant temperature - Evaporative cooling 
The reactant temperature is taken equal to the mean in-cylinder temperature 
given by the ideal gas equation of state up to the crank angle of Start Of 
Actuation (SOA) of the fuel injector. From SOA onwards, the temperature of the 
fresh oxidizer will differ from the mean in-cylinder temperature as a result of 
fuel injection and combustion. The simplifying assumption is made that the 
fresh oxidizer only loses heat to the combustion chamber wall. The evolution of 
the unburned oxidizer temperature is therefore approximated by a polytropic 
process: 

 

−

⎛ ⎞
= ⋅⎜ ⎟

⎝ ⎠
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,1 ,0
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ox ox
p

T T
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The value for the polytropic index  is derived from the measured in-cylinder 
pressure curve and known in-cylinder volume as function of crank angle during 
compression.   

n

 
Liquid, cold fuel is injected into the combustion chamber, which is evaporated as 
a result of hot oxidizer entrainment to form a combustible reactant mixture. The 
reactant temperature is taken as the equilibrium temperature of a stoichiometric 
gaseous fuel-oxidizer mixture:  

   
( ) ( ) ( )
( ) ( )

⎡ ⎤+ +⎣ ⎦
+

, , ,

, ,

f f g f f vap f ox ox g ox

f f g react ox ox g react

m h T h T m h T

m h T m h T

=
 (4.6) 

where ,f vaph  is the latent heat of vaporization of the liquid fuel at temperature 

fT . Figure 4.4 gives the reduction in adiabatic flame temperature when 

including the evaporative cooling effect. The temperature reduction is shown as 
a function of the initial oxidizer temperature and the mass fraction of residuals 
in the oxidizer. The liquid fuel temperature is taken equal to 350 K. A 
temperature reduction in the range of 30 – 50 K is found for relevant oxidizer 
temperatures. The residual gas fraction has a smaller influence on the 
temperature.  
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Figure 4.4 (left) Adiabatic flame temperature reduction as result of fuel evaporative 
cooling as function of initial oxidizer temperature and mass fraction of residuals in 
oxidizer. Liquid fuel temperature is 350 K and pressure is 100 bar.  

4.4.3 Dissociation 
At high temperatures, molecules can separate into less complicated molecules 
with accompanying change in heat absorption. Complete oxidation of the fuel 
into CO2 and H2O does not occur. This causes a deviation in obtained adiabatic 
flame temperature with respect to complete combustion for any given 
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equivalence ratio. As mentioned, dissociation is taken into account by using the 
combustion species vector given in paragraph 4.4.1 in the chemical equilibrium 
solver. The computed adiabatic flame temperature curves depicted in Figure 4.5 
show that dissociation results in adiabatic flame temperatures that are in the 
order of 150 K lower for a stoichiometric mixture and a residual gas fraction 
equal to zero. As a reference, it was mentioned in Chapter 2 that at a typical 
adiabatic flame temperature of 2700 K, a decrease of 100 K results in a decrease 
of the reaction rate of the first Zeldovich reaction of about 40%. This shows the 
importance of including dissociation in the prediction of the combustion 
product temperature for NO formation.  
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Figure 4.5 (right) Influence of dissociation on adiabatic flame temperatures as a 
function of equivalence ratio for residual gas fractions YEGR of 0 and 0.5 and pressure 
of 50 and 100 bar.  Reactant temperature  = 900 K.  Species set used for equilibrium 
computation including dissociation: [O2, CO2, H2O, CO, H2]. Species set used for 
equilibrium computation without dissociation: [O2, CO2, H2O, pure fuel].  

According to the Principle of Le Châtelier [19], pressure also has an effect on 
dissociation. An increase in pressure from 50 to 100 bar results in an 
equilibrium composition with a lower heat capacity, leading to a decrease in 
adiabatic temperature of ~25 K as shown in Figure 4.5. The temperature 
reduction as a result of dissociation decreases for higher residual gas fractions. 
For a residual gas fraction of 0.5 a reduction equal to 15 K is found. At higher 
residual gas fractions, the influence of pressure is also significantly reduced, as 
indicated in Figure 4.5. 

4.4.4 Hot soot particle radiative cooling 
As described in Chapter 2, soot particles are formed within the spray interior 
due to the high temperatures and lack of oxygen. At the high temperatures in the 
vicinity of the diffusion flame, the soot particles start to radiate and lose heat to 
the surroundings. This heat is extracted, by convection and conduction, from the 
near-by gaseous species in which the NO formation occurs. As a consequence, 
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NO formation will be influenced by the radiative cooling from hot soot particles 
[22]-[26]. 
 
The influence of soot radiation on NO formation is described following Turns et 
al. [26]: the heat lost to the surroundings by soot radiation instantaneously 
reduces the flame temperature, i.e. the temperature of the gaseous combustion 
products. Non-adiabatic flame temperatures are computed by Turns, using a 
chemical equilibrium solver, while taking into account the soot radiative heat 
loss fraction  defined as: radX

 =
⋅

,soot rad
rad

f

Q
X

m LHV
 (4.7) 

where  the energy transfer rate due to soot radiation, ,soot radQ fm  the injected 

fuel mass flow rate and LHV the lower heating value of the fuel. An 
instantaneous reduction in flame temperature is valid considering that: 
• Soot particle diameters are small: Soot particles are small with typical particle 

diameters in the order of 60 - 80 nm in the vicinity of the diffusion flame 
[22]. Due to the small particle size, soot temperature will – at any instant – 
be in close equilibrium with the surrounding temperature.   

• Soot radiation mainly occurs at the diffusion flame: Soot particle diameter, i.e. 
radiative surface area, and temperature are the highest in the vicinity of the 
diffusion flame. Soot particle diameters in post-flame combustion gasses 
will be much lower due to endured oxidation at the diffusion flame. Also, as 
a result of oxidizer entrainment, ambient gas temperature will be much 
lower resulting in lower soot particle temperature.   

The influence of hot soot particle radiative cooling on NO formation is examined 
on the basis of literature data and is described in the following paragraph. This 
gives an order of magnitude for the soot radiative heat loss fractions in diesel 
combustion.  Results will be used to set physical limits on model parameters.  

Measured soot radiative heat loss fractions – a literature survey 
The work of Turns et al. focuses on thermal radiation and NOx measurements 
from stationary turbulent non-premixed C2H4 jet flames at atmospheric 
pressure. Radiant fraction ranging from 0.15 to 0.32 are found by Turns 
resulting in flame temperature reductions of 82 K up to 519 K. Although these 
results are not directly applicable to the combustion system at hand, they show 
the great potential of hot soot particle radiative cooling for NO formation 
reduction. 
Musculus [24] examined the influence of soot radiation on combustion 
temperature and NO emission in a heavy duty DI diesel engine. For a low load 
(4 bar imep at 1200 rpm), low-sooting fuel, Musculus mentions soot radiative 
heat loss fractions in the range of 0.0031 - 0.0187. The highest fractions are 
found near TDC where the higher combustion temperatures result in increased 
momentary soot mass and soot particle temperature. The found range of soot 
radiative heat loss fractions correspond to reductions in flame temperature up to 
25 K resulting in NO emission reductions up to 12%. In general, Musculus 
concludes that radiative cooling from hot soot particles normally present in 
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diesel combustion reduces flame temperatures by 25 – 50 K, corresponding to 
an estimated NO reduction of 12 – 25%. 
For the same engine, Struwe et al. [25] found soot radiant fractions in the order 
of 0.05 – 0.1 for higher-sooting, higher load conditions (up to 16 bar imep). 
Flame temperature reductions as a result of radiative cooling up to 125 K are 
derived from observed heat loss fractions corresponding to NO emission 
reductions approaching 50%.  

Hot soot particle radiative heat loss model 
Following Turns, the effect of soot radiation on the initial combustion product 
zone temperature is quantified as a function of the radiative heat loss ,soot radQ∆  

during the crank angle interval of zone formation. The amount of heat 
transferred to the surroundings by soot radiation is taken proportional to the 

total wall heat transfer  (radiative + convective). The flame temperature 
reduction then follows from: 

wallQ

 ∆ = ⋅
⋅ ∫

2

1

,
, ,

,

ca
soot rad

f soot rad wall
pack p caprod

T
m c

α
Q dca  (4.8) 

 where  and packm
,p prod

c  are respectively  the combustion products mass and 

heat capacity. The parameter ,soot radα  determines the fraction of the total wall 

heat transfer contributed to soot radiation. As reference, Heywood mentions 
values of 0.2 – 0.4 for this fraction.  Limits for ,soot radα  are set using the found 

literature values for the soot radiative heat loss fraction as presented in the 
previous section.   
 

The total wall heat transfer used in equation (4.8) is determined using the 
well-known universal semi-empirical instantaneous wall heat transfer rate 
correlation of Woschni [27]: 

wallQ

  (4.9) (wall wall wall cyl wallQ A h T T= − )
w⋅  (4.10) 0.2 0.8 0.55 0.83.26wall cyl cylh B p T− −=

 (
⎛ ⎞

= + −⎜⎜
⎝ ⎠

1 2 ,
swept ref

p cyl cyl mot
ref ref

V T
w C S C p p

p V
)⎟⎟  (4.11) 

In equation (4.9)  is the heat transfer area,  is the mean in-cylinder 

temperature and  is the combustion chamber wall temperature. The heat 

transfer coefficient  given by equation (4.10) contains the cylinder bore B , 
in-cylinder pressure 

wallA cylT

wallT

wallh

cylp  (in kPa) and the average in-cylinder gas velocity w . The 

expression for w contains two parts: the gas velocity during intake, compression 

and exhaust which is proportional to the mean piston speed pS  and a second 
term to account for the increase in gas velocity by combustion. The latter is taken 
proportional to the difference between the in-cylinder pressure with combustion 
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cylp and without combustion, i.e. the motored pressure .  is the swept 

volume and 
,cyl motp sweptV

refp , refT  and refV are the working fluid pressure, temperature and 

volume at some reference (usually taken at Intake Valve Closing (IVC)). The 
constants  and  are engine specific tuning parameters. In general, they are 
chosen such that the gross amount of heat released (= net heat release + wall 
heat transfer) matches the mass of fuel injected. 

1C 2C

Typical flame temperature reduction by hot soot particle radiation  
Figure 4.6 shows the gross heat release rates and total wall heat transfer fluxes 
for three different injection timings at ~14.0 bar imep and an engine speed of 
1500 rpm and 0% EGR (see Table 6.2 in Chapter 6 for more details on actual 
operating conditions).   
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Figure 4.6 Flame temperature reduction by soot radiation (top), rate of heat release 
(middle) and total wall heat transfer rate (bottom) for single-cylinder engine operating 
point and three different injection timings (SOA -20 0ca aTDC , -10 0ca aTDC and 0 
0ca aTDC). Nominal operating point 14.0 bar imep, 1500 rpm, 0% EGR. For 
operating conditions see Table 6.2 in Chapter 2.  
 
In the figure, also the corresponding computed flame temperature reductions 
given by equation (4.8) are depicted. An intermediate value of ,soot radα = 0.25 is 

used for all cases. Cycle-averaged soot radiative heat loss fractions of 0.061 (SOA 
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= -20 oca aTDC), 0.048 (SOA = -10 oca aTDC) and 0.04 (SOA =  0 oca aTDC) are 
found. This corresponds to mean temperature reductions of respectively 68 K, 
46 K and 30 K for the main part of the diffusive heat release rates. Both these 
temperatures and radiative heat loss fractions are in good agreement with the 
measured values mentioned by Musculus and Struwe. This shows that the 
selected intermediate value for ,soot radα  is of the right order of magnitude. In 

general, based on a sensitivity study on the soot radiative model and the values 
mentioned by Musculus and Struwe the allowable limits for ,soot radα  are set at 

0.15 and 0.4. This is in close agreement with earlier mentioned reference values 
as given by Heywood.  
Regarding the shape of the predicted heat transfer rates shown in Figure 4.6 it 
can be observed that peak heat transfer occurs slightly after the peak in heat 
release rate. This is in good agreement with the measured instantaneous heat 
transfer rates from Struwe and shows that the Woschni correlation correctly 
phases the reduction in the flame temperature and hence NO formation. The 
Woschni correlation also, at least qualitatively, reproduces the increase in soot 
radiative heat loss fraction as combustion occurs closer to TDC as experimentally 
observed by Musculus. This is of great importance for NO formation, since 
injection timing is one of the main parameters affecting in-cylinder temperature 
levels.  

Discussion 
Although a predictive soot formation model is presented in this thesis, the 
model for hot soot particle radiative cooling is based on a semi-empirical 
correlation. The applied modelling approach is used as a first attempt to analyze 
and capture the influence of soot radiation on NO formation on a 
computationally efficient manner. Many semi-empirical wall heat transfer 
correlations are found in literature. Differences between them are however only 
subtle. The Woschni correlation is adopted because it is widely used and has a 
proven applicability. Although the obtained realistic values for ,soot radα , as 

derived above, indicate that the Woschni correlation suffices to describe the 
influence of  injection timing, its applicability may be questioned. Semi-
empirical heat transfer correlations, such as the Woschni correlation, are 
commonly developed on the basis of cycle-averaged heat loss fractions. It is 
therefore not clear whether such correlations can accurately capture the 
instantaneous heat loss values for various changes in engine operating 
conditions. Furthermore, the Woschni correlation is not designed for operating 
conditions with high amounts of EGR as are applied in this study. For accurate 
heat transfer modelling, a phenomenological soot radiative heat loss model 
would be most suitable. Such model would have to be validated on the basis of 
actual soot temperature and concentration measurements using for example 
two-color thermometry.  

4.4.5 Turbulence effects – flame strain 
The initial product zone temperature is based on adiabatic flame temperature 
computed under the assumption of chemical equilibrium. This assumption 
implies that the chemical time scales are not influenced by the physical time 
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scales of the fluid flow. Chemical kinetics can then be considered as infinitely 
fast and chemical reactions therefore always reach chemical equilibrium. In the 
presence of turbulence, however, the flame front will interact with the flow field 
and molecular transport influences the chemical kinetics. As a result, chemical 
equilibrium composition and corresponding adiabatic flame temperatures are 
not reached. This decrease in flame temperature will again reduce the NO 
formation rate in the post flame combustion gases. In this section the influence 
of turbulence on flame temperature will be analyzed and a simple model will be 
presented to quantify this influence. In order to do so, the following steps are 
taken: 
1) Quantifying the effect of turbulence on flame structure and temperature: The 

influence of turbulence on flame temperature will be analyzed on the basis 
of computations on one-dimensional laminar counter-flow diffusion flames 
using detailed combustion chemistry of n-heptane. In order to quantify the 
influence of turbulence on the flame structure and flame temperature, the 
concept of flame strain is introduced. Then the sensitivity of the reduction in 
temperature by turbulence is determined for various levels of temperature, 
pressure and oxygen concentration (i.e. residual gas fraction) in the oxidizer 
stream.  

2) Determine strain rates in diesel spray combustion: In order to determine the 
correct reduction in temperature, actual values for the strain rate in diesel 
spray combustion are required. These strain rates will depend on the fuel 
injection pressure, ambient pressure, temperature and composition. The 
required data is obtained from 3D CFD simulation results on diesel sprays 
presented by Venugopal [28]. 

3) Develop a model to quantify flame temperature reduction by turbulence: Finally, 
the simulation results of the diffusion flamelet computations and the data 
presented by Venugopal are combined to develop a simple model to correct 
the adiabatic flame temperature, obtained from the equilibrium solver, for 
turbulence effects.  

Influence of turbulence on flame structure and temperature – flame straining 
The influence of turbulence on flame temperature is determined on the basis of 
computations on one-dimensional laminar counter-flow diffusion flames using 
detailed combustion chemistry for n-heptane. N-heptane is used as a surrogate 
diesel fuel because it has a Cetane Number close to diesel fuel and its oxidation 
chemistry is well understood. First, a brief introduction into laminar diffusion 
flamelets will be given. The concept of flame strain to quantify the influence of 
turbulence is introduced. Finally, simulation results will be shown which are 
used to examine the influence of turbulence, i.e. flame strain on flame 
temperature for various oxidizer conditions.  

Laminar counter-flow diffusion flamelet model 
On the smallest length scales, a turbulent diffusion flame, as present at the 
periphery of a combustion diesel spray, can be considered as a coherent chain of 
laminar counter-flow diffusion flamelets as schematically shown in Figure 4.7. 
Such laminar flamelet can be simulated by a two-dimensional geometry with 
fuel flowing from one side and oxidizer flowing from the opposite side, see 
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Figure 4.7. At a certain position between the flows, a stagnation plane is present. 
The flame is stabilized at the stoichiometric plane near this stagnation plane.  
For a detailed description of diffusion flamelets and their mathematical 
representation, see e.g. [29] and [30].  
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Figure 4.7 Schematic overview of laminar counter-flow diffusion flamelet. 

Flame strain 
Modeled laminar counter-flow diffusion flames can be considered flat and steady 
(unsteady effects are mostly small, except close to ignition or extinction). 
Therefore, the combustion variables only depend on the coordinate x 
perpendicular to the flame surface (see Figure 4.7). The governing equations for 
global mass, species and energy conservation, referred to as the flamelet 
equations.  To describe the 2D geometry with a 1D model, the flamelet equations 
are solved in physical space ( ),x x y= , where the 2D effects are represented by 

the local flame stretch K . The local flame stretch is defined as the velocity 
gradient in the -direction: y

 
∂

=
∂
v

K
y

 (4.12) 

This requires an additional equation for the stretch field K . This equation is 
derived from momentum conservation in the y -direction. To solve this equation 
the flame stretch K  at the boundaries on the oxidizer and fuel side are required 
as inputs, i.e. ( )= → −∞ =x aoxK K . The applied velocity gradient  at the 

boundary is often referred to as the applied flame strain.  The boundary 

condition at the fuel side can be shown to be equal to 

a

ρ
ρ= ⋅ox

f
f oxK K . For 

additional information, see [30]. By linking turbulence to strain rate (higher 
turbulence levels result in larger velocity gradients), the influence of turbulence 
on the flame structure and temperature can now be quantified. For this it 
suffices to determine the influence of the flame strain a  on the flame behavior.  
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Mixture fraction and scalar dissipation rate 
In diffusion flames, the fuel and oxidizer are not perfectly mixed. The mixture 
composition of fresh gases and fuel largely defines the local chemical state. To 
express this composition quantitatively, the mixture fraction variable Z is 
introduced. The mixture fraction represents the mass fraction of fuel in the 
unburnt mixture and is defined as: 

 
− +
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+
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,1 ,2

f Ox Ox

f Ox

Y Y Y
Z

Y Y

ν
ν

 (4.13) 

where  is the oxygen mass fraction in the oxidizer stream and ,2OxY ,1fY  is the fuel 

mass fraction in the fuel stream.  and OxY fY  are the local oxidizer respectively 

fuel mass fraction and ν  is the stoichiometric oxygen to fuel mass ratio. The 
mixture fraction ranges from 0 (pure oxidizer) to 1 (pure fuel). The combination 
= −f OxJ Y Yν  does not change by combustion. The mixture fraction is therefore 

a conserved scalar, i.e. a change in Z  can only take place due to diffusion and 
convection; chemical reactions do not change the mixture fraction. The mixture 
fraction is related to the more familiar equivalence ratio by: 
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 (4.14) 

where is the stoichiometric mixture fraction. The mixture fraction is used to 
perform a transformation of the mass fraction and enthalpy equations in a new 
coordinate system where is one of the coordinates. This can be done because 

increases monotonically from 0 to 1 going from the oxidizer to the fuel 
stream. The flamelet equations are then written as a function of the mixture 
fraction variable Z , see [30]. The final result is a set of flamelet equations that 
fully describes the steady diffusion flame by the mixture fraction Z and the 
scalar dissipation rate 

stZ

Z
Z

χ , yielding: 

 ( ) ( ), ; ,i iY Y Z T T Zχ χ= =  (4.15) 

where the scalar dissipation rate χ is  introduced as: 

 22D Zχ = ∇  (4.16) 

The scalar dissipation rate describes the dissipation of fluctuations in the 
mixture fraction scalar just as viscous dissipation dissipates fluctuations in 

velocity. The inverse is the characteristic diffusion time, i.e. 1τ χ−= . The 

stoichiometric scalar dissipation rate stχ is given by the scalar dissipation rate at 

the stoichiometric mixture fraction , stZ 2
2st stD Zχ = ∇ .  

The set of equations is solved using the CHEM1D solver [31]. In the simulation 
results, the combustion of n-heptane is described using the reaction mechanism 
of Soyhan et al. [32] which contains 63 species and 386 reactions.  
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Influence of applied strain rate on flame structure 
The influence of the applied strain rate  on the diffusion flame structure can 
be seen in Figure 4.8 to Figure 4.13. Figure 4.8 and Figure 4.9 show the mass 
fraction of the main combustion species in physical space for an applied strain 
rate of 110 s

a

-1 and 6000 s-1 respectively. Figure 4.10 and Figure 4.11 show the 
corresponding flame structure in the mixture fraction domain. The flame is 
positioned close to the stoichiometric mixture fraction position, which is equal to 

=0.062 for the considered oxidizer composition (pure air) and fuel (n-
heptane) as indicated by the dotted vertical lines.  Figure 4.12 and Figure 4.13 
give the temperature profiles for a variation of strain rates between 1000 s

Z

-1 and 
69000 s-1. As can be observed in the figures, the applied strain rate significantly 
influences the composition structure and temperature distribution within the 
diffusion flamelet. A higher strain rate results in a thinner reaction zone and 
hence a shorter residence time. From these figures, it becomes clear that the 
level of turbulence, i.e. the applied flame strain, will affect NO formation both as 
a result of the change in compositional structure and temperature.  
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Figure 4.8 (left) Main combustion species in spatial domain for n-heptane counter-
flow diffusion flamelet for a = 110 s-1. TOx = 800K, pOx = 80bar,Tfuel =800K, EGR,Ox = 0.   
Figure 4.9 (right) Main combustion species in mixture fraction domain corresponding 
to Figure 4.8.  

Figure 4.10 (left) Main combustion species in spatial domain for n-heptane counter-
flow diffusion flamelet for a = 6000 s-1,TOx =800K,pOx = 80bar,Tfuel =800K,YEGR,Ox =0.  
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Figure 4.11 (right) Main combustion species in mixture fraction domain corresponding 
to Figure 4.10.  



NO formation model                                                                                               73 
 
 

-0.05 -0.03 -0.01 0.01 0.03 0.05
500

1000

1500

2000

2500

 x [cm]

 T
 [K

]
Increasing strain

 
0 0.2 0.4 0.6 0.8 1

500

1000

1500

2000

2500

 Z [-]

 T
 [K

]

Increasing strain

Zst
 

Figure 4.12 (left) Temperature profiles in spatial domain of diffusion flamelet for strain 
rates between 200 s-1 and 46000 s-1. TOx = 800K,pOx = 80 bar,Tfuel =800 K,YEGR,Ox = 0.   
Figure 4.13 (right) Temperature profiles in mixture fraction domain for varying strain 
rates for n-heptane diffusion flamelet corresponding to Figure 4.12.  

In general, for a given fuel composition, the influence of strain rate on the 
diffusion flamelet structure, and hence temperature, depends on the oxidizer 
conditions of temperature, pressure and oxygen concentration, i.e. residual gas 
fraction: 

 ( )2, ,[ ] ,strain Ox Ox OxT f T p O a∆ =  (4.17) 

Figure 4.14 to Figure 4.19 give the normalized maximum diffusion flamelet 
temperature and stoichiometric scalar dissipation rate stχ as a function of the 
applied strain rate for varying oxidizer conditions. The temperatures are 
normalized on the maximum flame temperature for zero strain, i.e. a =0 which 

is equal to the adiabatic flame computed by the chemical equilibrium solver . 
Chosen conditions are typical for the operating conditions used during the 
validation experiments described in Chapter 6. The strain rates are varied all the 
way up to the flame extinction limit. For strain rates below ~15000 s

*
adT

-1, the curves 
for the normalized maximum temperature roughly collide to a single curve. This 
applies both for a variation in temperature and pressure. Within this range only 
the oxygen concentration in the oxidizer , which depends on the residual 
gas fraction, has to be accounted for separately since flame extinction limits are 
crossed. For this range of flame strains, equation (4.17) can thus be simplified to: 

2[ ]OxO

 [ ]( ) 1
2*

, 1500strain
Ox

ad

T
0f O a for a s

T
−∆

= <  (4.18) 

For a strain rate of 15000 s-1 the reduction in maximum flame temperature 
ranges from 5 to 7%. This corresponds to a decrease in the order of 130 – 190 K.  
These temperature reductions will have a considerable effect on thermal NO 
formation.  
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Figure 4.14 (left) Normalized maximum flame temperature for n-heptane counter-flow 
diffusion flamelet as function of applied strain rate for varying oxidizer temperature. 
pOx = 80 bar, Tfuel = 800 K, YEGR,Ox = 0. Maximum flame temperatures are 2643 K, 
2710 K, 2763 K and 2819 K for indicated oxidizer temperatures.  
Figure 4.15 (right) Stoichiometric scalar dissipation rate stχ as function of applied 
strain rate corresponding to Figure 4.14. 
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Figure 4.16 (left) Normalized maximum flame temperature for n-heptane counter-
flow diffusion flamelet as function of applied strain rate for varying oxidizer pressure. 
TOx = 950 K, Tfuel = 800 K, YEGR,Ox = 0. Maximum flame temperatures are 2693 K, 
2720 K, 2737 K and 2752 K for indicated oxidizer pressures.  
Figure 4.17 (right) Stoichiometric scalar dissipation rate stχ  as function of applied 
strain rate corresponding to Figure 4.16. 
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Figure 4.18 (left) Normalized maximum flame temperature for n-heptane counter-
flow diffusion flamelet as function of applied strain rate for varying residual gas 
fraction. TOx = 800 K, Tfuel = 700 K and pOx = 45 bar. Maximum flame temperatures 
are 2590 K, 2346 K and 2226 K for indicated residual gas fractions.  
Figure 4.19 (right) Stoichiometric scalar dissipation rate χst as function of applied 
strain rate corresponding to Figure 4.18. 

The profiles from Figure 4.14 to Figure 4.19 span the whole range of flame 
strain rates between 0 and the flame extinction limit. To determine an order of 
magnitude estimate of the drop in maximum flame temperature occurring in 
diesel spray combustion systems, actual values for the scalar dissipation rate are 
required. From Figure 4.15, Figure 4.17 and Figure 4.19 the corresponding flame 
strain rate can then be determined. These can subsequently be used to 
determine the resulting temperature drop from Figure 4.14, Figure 4.16 and 
Figure 4.18 respectively. Computation of the scalar dissipation field for transient 
turbulent reacting and non-reacting diesel sprays is not trivial. Literature sources 
containing the required details are also limited. The only source of data 
containing values of scalar dissipation rates in diesel spray combustion 
applicable to current research is found in the computational results presented by 
Venugopal. This is described in the following section. 

Strain rates in diesel spray combustion 
Venugopal shows numerical results of transient turbulent non-reacting n-
heptane jets in a constant-volume chamber using a multi-dimensional code [33] 
in which the Reynolds-Averaged Navier-Stokes (RANS) equations are solved. 
Turbulence is modeled using the k ε− model. In each computational cell the 

Reynolds-averaged scalar dissipation rate χ  is computed from [34]: 

 ''2C Z
kχ
εχ =  (4.19) 

 where ε  and k  are the Reynolds-averaged turbulent dissipation rate and 

turbulent kinetic energy, respectively. ''2Z  is the variance of mixture fraction . 
The scalar time-scale ration C

Z
χ  is a constant with a value of 2.0 [35]. The 

modeled fuel spray is axi-symmetric. The mean scalar dissipation rate stχ  at 
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stoichiometric mixture fraction stZ  at each axial location is computed by 
averaging χ  over radial cells where the mixture fraction is close to 

stoichiometric ( 0.05st stZ ± Z ). Therefore, the computations of Venugopal give 
the dissipation rates and in the regions of the spray most important for NO 
formation: the near vicinity of the stoichiometric reaction zone (i.e. the diffusion 

flame). It must however be noted that the computed stχ  are averaged values. To 
account for turbulent fluctuations, χ is commonly assumed to have a log-
normal probability density function. This distribution is also used by Venugopal. 
As a consequence, local χ values can be much larger than χ . As shown in the 
previous section, higher dissipation rates result in larger temperature 
reductions. However, as a result of the exponential temperature dependency of 
the NO formation process, these larger temperature reductions have a relatively 
small contribution to the total NO formed. The use of the mean scalar 
dissipation rates χ  therefore gives a conservative estimation of the actual flame 
temperature reduction. Resulting predicted NO emissions can thus be 
considered as an upper limit.  
 
The computational results by Venugopal are validated on the basis of predicted 
and measured flame lift-off lengths. Based on the performed model validation, it 
is concluded by Venugopal that the value of Cχ  from equation (4.19) has to be 

increased by a factor of 3.2 – 3.8 in order to obtain measured values. It is noted 
by Venugopal that this required order of increase in Cχ  is also found by other 

researchers, e.g. Peters [29], to obtain better agreement with measurements. 
This conclusion also indicates that the absolute values found for the scalar 
dissipation rates have a relatively large uncertainty which has to be taken into 
account.  
 
Figure 4.20 to Figure 4.23 give an overview of the results presented by 
Venugopal. The applied strain rates or subsequently the fuel-oxidizer mixing 
rates are mainly influenced by the parameters affecting the injected momentum 
and the dissipation of this injected momentum: fuel injection pressure, nozzle 
hole diameter and oxidizer density. Higher fuel injection rates and smaller 
orifice diameters result in higher fuel exit velocities and hence higher kinetic 
energy in the fuel spray. The effect of orifice diameter  can be seen when 

comparing Figure 4.23 ( = 0.100 mm) and Figure 4.21 ( = 0.180 mm). A 
higher oxidizer density causes higher dissipation of kinetic energy in the fuel 
spray resulting in wider spray spreading angles. This reduces the mean scalar 
dissipation rate over a spray cross sectional area. Oxidizer temperature only 
marginally influences the distribution on the mean scalar dissipation rate. 
Oxygen concentration on the other hand also has a significant influence. As  
concentration is lowered, the stoichiometric mixture fraction decreases, with the 
result that the position of the stoichiometric diffusion flame shifts outwards in 

the radial direction. Since 

nozd

nozd nozd

2O

χ  decreases at higher radial distances, the lower  

values lead to lower 

stZ

χ st  values. Note that the simulation results for varying  2O
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concentration apply for a smaller nozzle hole diameter. On the basis of the 
results presented by Venugopal, the following rough proportionality is derived 
between the operating conditions and the stoichiometric scalar dissipation rate:    

 ( ) 2

2
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 (4.20) 

Note that the oxidizer temperature is not included in this proportionality.  
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Figure 4.20 (left) Mean stoichiometric scalar dissipation rate stχ  as a function of spray 
penetration depth for different oxidizer temperature; pinj = 138 MPa, ρOx = 14.8 kg/m3, 
O2  = 21%, dnoz = 0.180 mm.  Data taken from [28]. 
Figure 4.21 (right) Mean stoichiometric scalar dissipation rate χ st as a function of 
spray penetration depth for different oxidizer density; pinj = 138 MPa, TOx = 1000 K, 
O2  = 21%, dnoz = 0.180 mm.  Data taken from [28]. 
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Figure 4.22 (left) Mean stoichiometric scalar dissipation rate stχ  as a function of spray 
penetration depth for different fuel injection pressures; TOx = 1000 K, ρOx = 14.8 kg/m3, 
O2  = 21%, dnoz = 0.180 mm. Data taken from [28]. 
Figure 4.23 (right) Mean stoichiometric scalar dissipation rate stχ  as a function of 
spray penetration depth for different fuel injection pressures; pinj = 138 MPa,  TOx = 
1000 K, ρOx = 14.8 kg/m 3, dnoz = 0.100 mm. Data taken from [28]. 
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Model for quantifying the temperature reduction by turbulence  
In general, the reduction in flame temperature as a result of flame straining by 
turbulence is given by the following functionality: 

 ( 2 ,*
, , ,strain

Ox O Ox Ox inj
ad

T )f T Y p
T

ρ
∆

=  (4.21) 

It has to be noted that the oxidizer density is proportional to the oxidizer 
pressure, for given temperature and composition. Following equation (4.18) and 
equation (4.20) the functionality from equation (4.21) can be reduced for strain 
rates s15000a < -1 to:  

 ( ) ( )2 2

1
, ,*

, , , 15000strain
O Ox inj Ox O Ox

ad

T
f a Y f p Y for a s

T
ρ −∆

= = <  (4.22) 

In order to determine the strain rate values relevant to the NO formation 
process, the strain rates over the burning part of the fuel spray, i.e. the part of 
the spray sheathed by the diffusion flame, has to be considered. In other words, 
the lift-off length and the influence of operating variables on the lift-off length 
has to be considered. The flame lift-off lengths derived for the engine 
experiments for the NO model validation in chapter 6 are in the range of 10 – 15 
mm.  Maximum penetration depths are ~55 mm.  From Figure 4.20 to Figure 
4.23, it is derived that for this range of spray penetration depths the mean scalar 
dissipation rate varies between 500 s-1 and 0 s-1.  NO production rates are higher 
upstream in the jet as a result of higher fuel-oxidizer mixing rates and hence fuel 
burning rates. Therefore, the effective mean scalar dissipation rate of importance 
for NO formation is biased to the higher values of the dissipation rate. The 

relevant range of χ st  is taken between 100 s-1 and 300 s-1. For this range Figure 
4.15 and Figure 4.17 give strain rate values in the order of 4000 s-1 to 11000 s-1. 
These values are within the range for which equation (4.22) is valid. On the basis 
of detailed computations on the diffusion flamelets and spray dynamics, as for 
example presented by Venugopal, a database can be constructed that quantifies 
the functionality given by equation (4.22) for the combustion system at hand. 
This approach is, however, not used in this study. As a first attempt to quantify 
the influence of flame strain on NO formation, equation (4.22) is further 
simplified to:  

 1
*

15000strain
strain

ad

T
for a s

T
α −∆

= <  (4.23) 

where strainα  is a constant. This equation implies that no full description of the 
influence of spray dynamics on flame temperature is used. The approach 
focuses on obtaining an estimate for the order of magnitude of the influence of 
flame strain on NO formation. Limits to the permissible values for strainα are 
determined by the range of strain rate values for which equation (4.23) is valid. 
To determine these limits use is made of the spray dynamics computations and 

diffusion flamelet simulations. For the relevant range of χ st  between 100 s-1 and 
300 s-1, the reduction in maximum flame temperature is found to range from 
0.03 to 0.05%, i.e. 80 – 130 K. However, the uncertainty of a factor of 3 on 
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Cχ from equation (4.19), results in an equal uncertainty on the computed values 

for χ st  by Venugopal. As a result of this uncertainty, Figure 4.14 to Figure 4.19 
indicate that the range in temperature reduction has to be expanded to vary 
between 0.015 and 0.08, or equivalently 40 – 220 K. These high temperature 
reductions indicate the importance of including the influence of flame strain on 
NO formation.  

Discussion 
Neglecting the sensitivities of the strain rates in the burning fuel spray on the 
operating variables of injection pressure, oxidizer density and oxidizer oxygen 
mass fraction is a rather crude approximation. However, counterbalancing 
effects are present that reduce the sensitivity of the reduction in flame 
temperature on these operating variables. Figure 4.18 shows a high sensitivity of 
the reduction in flame temperature on the residual gas fraction, or equivalently 
on the oxygen mass fraction, at a fixed flame strain rate . Figure 4.23 on the 
other hand shows a significant decrease of the mean stoichiometric dissipation 
rate, and hence of the flame strain rate (see Figure 4.19) for reduced oxygen 
mass fractions. This reduction in strain rate is enhanced by the fact that the 
flame lift-off length increases for higher residual gas fractions. At higher axial 
distances flame strain rates are further reduced. Taking these effects into 
account, the reduction in flame temperature is found to only marginally increase 
(from 4 to 4.3% of the adiabatic flame temperature) when increasing the residual 
gas fraction from 0 to 60%. For the other operating variables, similar results are 
obtained. In Chapter 6, the influence of 

a

strainα  on the actual NO formation will 
be examined and these sensitivities will be further examined. Although the net 
effects of these sensitivities are not considered to be negligible they may be 
limited. Therefore, at present, only a correct order of magnitude estimate for the 
influence of flame strain on the flame temperature reduction is considered 
acceptable. Furthermore, the high uncertainty on the available data on the actual 
flame strain rates in the diesel fuel jet is, at present, not considered to justify the 
increased complexity and computational effort associated to the coupling of the 
flame temperature reduction to a (detailed) model of the fuel spray.    

4.4.6 Overview of adiabatic temperature corrections 
Figure 4.24 presents an overview of the flame temperature reductions 
corresponding to the modelled phenomena described in the previous sections. 
Results are shown for typical CI engine combustion conditions of 900 K 
oxidizer temperature and a pressure of 100 bar. Uncorrected adiabatic flame 
temperature for a stoichiometric diffusion flame is 2800 K. The error bars result 
from estimated deviations (in temperature, pressure and turbulence level) 
during a combustion cycle. For the influence of turbulence, the relative deviation 
is high as a result of the uncertainty concerning the available data on the strain 
rates present in a combusting diesel spray, as described in the previous section.  
Figure 4.24 shows the potential of the different phenomena for the temperature 
sensitive NO formation reduction. From the figure, it can be concluded that 
dissociation and turbulence, i.e. flame straining, are the primary temperature 
reducing phenomena. Soot radiation and the decrease in reactant temperature, 
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as a result of liquid fuel evaporation, are of the same order of magnitude. 
However, since the influence of soot radiation is linked to the total wall heat 
transfer, it will vary more significantly as a result of combustion phasing. 
Therefore, the indicated uncertainty for soot radiation is larger in Figure 4.24. 
The observed reductions in temperature, for all considered phenomena, are 
significant and have to be accounted for to obtain accurate NO formation. It has 
to be noted here that in this study any interaction between the different 
phenomena, that can be expected, is neglected.  
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Figure 4.24 Overview of flame temperature reduction by modelled phenomena and 
relative uncertainty on nominal values for reactant conditions as indicated in the 
figure. Nominal uncorrected adiabatic flame temperature is 2800 K.  

4.5 Combustion product package evolution 
After package formation, the interaction of the packages with the surroundings 
during the combustion period has to be described. Basically, the interaction is 
two-fold being heat loss by hot gas radiation, described in paragraph 4.5.2, and 
entrainment of fresh oxidizer (air + residuals), addressed in paragraph 4.5.3. The 
temporal evolution is described by conservation of mass and energy. These 
equations are introduced in paragraph 4.5.1.   

4.5.1 Combustion product package thermodynamics 
The evolution of the conditions in the formed packages is described by the 
conservation equations of species mass and energy. The packages are considered 
as open systems with a single phase homogeneous multi-component mixture of 
ideal gasses.   

Conservation of mass  
Mass is only allowed to mix into the package. The entrained mass has the 
composition of the fresh oxidizer (air + residuals). The global mass balance of 
package  is given by: pack
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 ,=pack in freshdm dm
dca dca

 (4.24) 

Making use of the definition for the species mass fraction =i iY m m  the 
species mass balance is given by: 

 ( ),1
= − +Ω

pack
packin fresh packi

i i i i
pack

dmdY dtY Y M v
dca m dca dca

 (4.25) 

where the second term on the right hand side is the chemical source term in 
which Ωi  is the molar production rate per unit volume for species i ,  is the 
molar mass of species i  and  is the specific volume of the package.    

iM
v

Energy balance 
The energy balance of the packages is given by the First law of thermodynamics 
for an open system in terms of enthalpy h u pv= + :  

 ( )= = + +∑ j
j

j

dmdH d dQ dpmh V h
dca dca dca dca dca

 (4.26) 

where  is the index to the mass flow rates into and out of the package. Making 
use of the mass conservation equation, the temperature derivative is given by: 

j
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1 1

=

⎛ ⎞
⎜ ⎟= + + − −
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∑
s

i

packN
pack

in fresh pack i
p pack i

dYdmdT dq dpv h h h
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 (4.27) 
The equation for the derivative of the specific volume can be obtained using the 
equation of state, i.e. the ideal gas law, in differential form: 

 
1 1 1 1

= − +
dv dR dp dT

v dca R dca p dca T dca
 (4.28) 

Assuming that the mixture in the zone is a single phase, multi-component 
mixture of ideal gasses, the mixture property Ψ  is defined as:  

  (4.29) 
1

sN

i i
i

Y
=

Ψ = ⋅Ψ∑
Species properties of enthalpy, entropy and specific heats are obtained from 
NASA polynomials [21]. 

4.5.2 Hot gas radiation 
Hot soot particles near the diffusion flame extract energy from the surrounding 
combustion products. This interaction is modeled as an instantaneous 
temperature reduction on the initial combustion products temperature, as 
described in paragraph 4.4.4. However, formed gaseous combustion products of 
CO2, CO and H2O also loose heat to the surroundings by radiation. This energy 
loss, i.e. so-called gas radiation, influences the temperature evolution of the 
combustion product package. Gas radiation is assumed to be the only energy 
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loss during the package evolution and quantifies the total energy loss dq dca  
considered in the temperature derivative equation given by (4.27). The gas 
radiation model is based on the assumption that the medium through which the 
radiation travels is optically thin, i.e. there is no absorption of radiative heat by 
the medium. Using this assumption, the heat loss by gas radiation ,i grdq dca is 

given by, [36] : 

 , 44= − σi gr
P pack

dq dtk T v
dca dca

 (4.30) 

where Pk  is the Planck-mean absorption coefficient, σ is the Stefan-Boltzmann 

coefficient and packT is the temperature of the package with radiating gaseous 

species. The Planck-mean absorption coefficient is computed from: 

  (4.31) ,
1

(
=

= ⋅∑
sN

P i P i pa
i

k X k T )ck

 where sN  is the number of species considered, i.e. H2O, CO2 and CO with 

molar fractions iX .  is the Planck absorption coefficient of species . These 

are obtained from the CHEM1D fluid property database [31].   
,P ik i

4.5.3 Mixing model 
In this section, the mixing model that describes the entrainment rate of fresh 
oxidizer into a specific combustion product zone will be presented. This mixing 
model is based on a model of the fuel spray, since it is assumed that the fuel 
injection process is the main source of turbulent kinetic energy.  

Fuel spray dominated mixing  
One of the main model assumptions mentioned in paragraph 4.3 is that the 
mixing process is driven by the turbulent kinetic energy associated with the fuel 
spray. This spray-dominated mixing is evident from the heat release profiles in 
Figure 4.25. Shown are measured heat release rate profiles for a variation of the 
start of injection at constant injection pressure of 750 bar and constant injection 
duration of about 20 crank angles at a fixed engine speed of 1500 rpm. More 
details on the engine and engine operating point are given in Table 6.2, in 
Chapter 6.  Although there are slight differences in the premixed combustion as 
a result of the different injection timings, the diffusion controlled combustion 
phases of the three different profiles are very similar. This can be seen more 
clearly in Figure 4.26 where the heat release rate curves are shifted in the crank 
angle domain to correct for the difference in injection timing. The great 
resemblance in mixing controlled combustion indicates that the fuel spray is 
indeed the main source of turbulent kinetic energy controlling the combustion 
process. This can be concluded because the equal fuel injection pressure and 
duration (i.e. equal turbulent kinetic energy) is the unifying factor between the 
different cases. This is in agreement with the observation of Bruneaux [37] who 
found that, even for short injection durations, the mixing rate is conserved after 
the end of injection. Dec et al. [38] also experimentally confirms that the 
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diffusive combustion zone structure remains mostly intact during the burn-out 
period after the end of fuel injection.   
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Figure 4.25 (left) Measured heat release rate profiles, in-cylinder pressure and fuel 
injection rates for varying Start Of Actuation (SOA).  Engine operating conditions as 
listed  in Table 6.2 in Chapter 6.   
Figure 4.26 (right) Heat release rate profiles from Figure 4.25 shifted in the crank 
angle domain for equal End Of Injection (EOI).  
 
The link between mixing and the presence of NO is examined by by Verbiezen 
et. al [16]. They performed Laser Induced Fluorescence (LIF) measurements for 
various injection timings at constant fueling rates. Resulting instantaneous local 
in-cylinder NO concentration profiles showed great similarity in shape with the 
heat release rate profiles during the diffusive combustion phase, even after the 
end of injection. From this, it is hypothesized by Verbiezen et al. that the 
decrease in measured NO concentration after injection ending is the result of 
entrainment of the combustion products containing NO with remaining fresh 
in-cylinder charge. This hypothesis is supported by the facts that: 
1) Local measured temperatures (on the basis of CO2 absorption spectra) are 

too low for thermal NO formation, for crank angles after combustion has 
ended;  

2) Conversion of NO to NO2 will not be significant at this stage of the 
combustion process. The observed decrease is thus not a result of occurring 
chemical reactions.  

It is therefore concluded that the mixing process, driven by the kinetic energy 
associated with the fuel spray, continues after combustion has ended and results 
in a dilution of the (hot) NO containing combustion products.  
As a result of these findings, the evolution of the formed combustion product 
packages will be described on the basis of a model of the fuel spray. It is 
assumed that the entrainment of fresh in-cylinder charge into the combustion 
products is analogous to the entrainment of fresh oxidizer into the fuel spray.  
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Package composition characterization by equivalence ratio 
It is assumed that combustion product packages do not exchange mass. Only 
fresh oxidizer is entrained into the zones. At every instant, a package can be 
taken to consist of: 

1) Combustion products of a stoichiometric combustion (as present at the 
start of the mixing process) from a known amount of fuel and oxidizer; 

2) An additional amount of fresh oxidizer as the result of entrainment.  
This concept is schematically shown in Figure 4.27. Because both the 
composition and the temperature of the added fresh oxidizer is known, the zone 
temperature follows directly from the energy balance, see equation (4.27). The 
mixing process is thus quantified by the evolution of the equivalence ratio of a 
specific zone. This evolution is predicted on the basis of a one-dimensional 
model of the fuel spray. This model is presented in the following paragraph.  

Figure 4.27 Air entrainment process and definition of equivalence ratio φ as artificial 
parameter after combustion. = stoichiometric fuel-oxidizer ratio.  stL

 

One-dimensional fuel spray model  
The fuel spray is a very complex three-dimensional structure of fuel and oxidizer 
subject to high levels of turbulence. The main mechanism of entrainment is by 
engulfment of ambient fluid by turbulent structures at the periphery of the 
spray. Local entrainment rates can only be obtained by detailed modeling of 
these complex flow structures, see for example [39]-[41]. Obviously, this is far 
beyond the scope of the current study. In order to quantify the oxidizer 
entrainment rate into the fuel jet, and subsequently into the combustion product 
zones, a one-dimensional description of a free, fully developed, steady spray is 
used.  
Figure 4.28 shows an idealized axi-symmetric representation of the three-
dimensional fuel spray as a continuous distribution of a fuel-oxidizer mixture. It 
is idealized in the sense that it does not represent the strong temporal and 
spatial fluctuations in fuel-oxidizer mixture as a result of turbulence. The spray 
consists of two main regions: a quasi-steady zone and a transient tip region. 
Concentration and velocity profiles across the spray at a given axial position have 
a Gaussian distribution [42] as indicated in the figure.  
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Figure 4.28 a) Idealized axi-symmetric fuel spray as 3D fuel-oxidizer structure with 
Gaussian velocity and concentration profiles at any axial position. b) 1D spray model 
of Naber and Siebers. Taken from [43]. c) Typical evolution of equivalence ratio along 
spray axis of 1D spray model.   
 
Figure 4.28 also depicts the one-dimensional representation of this “real” spray 
as presented by Naber and Siebers [43]. Based on the fuel mass and momentum 
balance over the control surface shown in Figure 4.28, Naber and Siebers 
present the following expression for the cross sectional averaged equivalence 

ratio φ  along the spray axis:  

 ( ) ( )
( ) 2

1 1 2

1 16 1

ox

st stf

m x
x

L Lm x x
φ = ⋅ = ⋅

+ −
 (4.32) 

where is the stoichiometric fuel-oxidizer ratio and with stL x x x +=  a 
dimensionless axial coordinate, based on: 

 
( )

+ =
tan 2

eff

spray

d
x

α
 (4.33) 

where effd  is the equivalent nozzle hole diameter [44], defined as 

( )1 2
eff f f oxd d ρ ρ=  and fd  being the effective flow diameter for the liquid 



86                                                                NO formation model  
 
 
fuel. fρ  is the density of the injected mass and oxρ  is the oxidizer density. The 

angle sprayα  is the spray cone angle of the model spray, defining the outer 

boundary of the spray, as indicated in Figure 4.28b. It is related to the spray cone 
angle of the “real” spray sprayθ  (Figure 4.28a) by the tuning parameter spraya : 

 ( ) ( )tan tanα = ⋅ θspray spray spraya  (4.34) 

The parameter spraya  is preferably tuned to measured spray penetration 

measurements (a value of 0.75 was suggested [45]). For the cone angle, either 
(tabulated) measured cone angles can be used or correlations like the one 
presented by Siebers [46]: 
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x
 (4.35) 

The constant sprayc  is dependent on the specific fuel injection equipment and 

has to be tuned as well. Naber and Siebers use a value of 0.270. Naber and 
Siebers [43] also present an expression for the spray penetration as a function of 
time: 

 ( )
1

21
n n

S t t t
⎛ ⎞

= +⎜ ⎟
⎝ ⎠

 (4.36) 

with  equal to 2.2 and where n t t t+=  the dimensionless time, based on: 

 
( )

+ =
tan 2

eff

f spray

d
t

U α
 (4.37) 

Here, fU is the fuel injection velocity. Figure 4.28c gives a typical evolution of 

the equivalence ratio as a function of the spray coordinate. As mentioned, new 
packages are generated at the stoichiometric position. It is assumed that the 
equivalence ratio of a package continues to follow this curve from this point 
onwards. In this way, every package is given a spatial coordinate and therefore 
can be referred to as a zone.  

Mixing rate equation 
Equation (4.32) gives the evolution as a function of the axial position. To obtain 
the mixing rate, i.e. the evolution of the zonal equivalence ratio as a function of 
time, a characteristic velocity is required. Similarly to Naber and Siebers, 
Desantes et al. [47] derived an expression for the cross-sectional averaged axial 
mean flow velocity ( )U x  based on mass and momentum conservation: 

 ( )

( )
= ⋅

⎛ ⎞ ⎛ ⎞
⎡ ⎤⋅ ⋅ − − ⋅ ⋅⎜ ⎟ ⎜ ⎟⎣ ⎦⎜ ⎟ ⎝ ⎠⎝ ⎠

1
2

1
2 1

1 2
2

0.505

1 exp 2 tan
2 2

f

spray
ox spray

spray

M
U x

x
θπρ β

β

 (4.38) 
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where (= ⋅ )f f fM m U  is the injected momentum flux at the nozzle hole exit 

which is a direct function of the injection pressure, see equation (3.11) in Chapter 
3. The parameter βspray  is a shape factor for the Gaussian radial velocity profile, 

see also Figure 4.28. A value of 4.605β =spray  is used in order to be consistent 

with equation (4.32). Combining equations(4.32), (4.33) and (4.38) – for a given 
engine speed – the change of equivalence ratio in a zone can be determined. The 
mass of fresh charge freshm  in the zone then follows from:  

 ( )
( ), ,

1 1
φ

= ⋅ ⋅fresh f burnt zone
st zone

m ca m
L ca

 (4.39) 

where , ,f burnt zonem  is the burnt fuel mass corresponding to the zone. The derivative 

of equation (4.39) is the desired oxidizer entrainment rate. The resulting mixing 
curve is a direct function of the main engine variables affecting the mixing 
process: injection pressure, oxidizer density and oxidizer composition.    

Correction for a confined fuel spray 
The real diesel spray is a confined jet with an equivalence ratio value at large 
time/distance equal to the instantaneous global equivalence ratio globφ . In the 

modeled free jet, the equivalence ratio at infinite time (or distance) is equal to 
zero. To correct for this, the expression for the mean equivalence ratio (equation 
(4.32)) is – at every instance – given an appropriate off-set globφ given by: 

 ,
,

,

( )
( )

mix

f burnt
glob glob EOC

f inj

m ca
ca

m

α

φ φ
⎛ ⎞

= ⋅⎜⎜
⎝ ⎠

⎟⎟  (4.40) 

 In this equation ,glob EOCφ is the final global equivalence ratio at the end of 

combustion, ,f burntm  is the cumulative mass of fuel burnt at crank angle ca  and 

,f injm  is the total mass of fuel injected during the combustion event. The 

constant mixα is a tuning parameter. If the ambient gas contains more 

combustion products, i.e. for higher globφ values, the entrainment of fresh 

oxidizer is less effective. In other words, the probability of combustion products 
finding fresh oxidizer decreases as globφ  increases. For infinitely fast mixing 

rates, formed combustion products instantaneously mix with the ambient gas. 
The probability of newly formed combustion products to find fresh oxidizer then 
increases linearly with , ( ) ,f burnt f injm ca m . This is equivalent to a linear increase 

of the effective global equivalence ratio globφ with aforementioned ratio, i.e. 

mixα =1. For infinitely slow mixing, the ambient gas is not diluted with 
combustion products. All subsequently formed combustion product packages 
experience entrainment of undiluted fresh oxidizer. At every instant, the 
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effective global equivalence ratio globφ is equal to its initial value before the start 

of combustion, i.e. mixα →∞ . This is the situation for an unconfined jet. Setting 
of this parameter is addressed in paragraph 6.4.2 in Chapter 6. 

Mixing model sensitivities 
The NO model has to predict the NO emission for changes in engine operating 
conditions. More specifically, it has to describe the influence of the applied fuel 
injection strategy (injection pressure, duration and start of injection) and EGR 
rate (internal and external) for the total engine operating range of speed and load 
(i.e. equivalence ratio). These variables not only influence NO formation through 
initial combustion product temperature, which has been the subject of section 
4.4, but also through the oxidizer entrainment process. The fresh, cold oxidizer 
entrainment rate influences the evolution of the combustion product package 
temperature as well as the oxygen concentration. Both affect the NO formation 
rate inside the package. In this section, the sensitivity of the oxidizer 
entrainment rate to these engine operating variables are presented. In Chapter 
6, the present sensitivities will be validated on the basis of measurement data.   
 
The oxygen entrainment rate into the combustion product package, as described 
by the mixing model, shows the following proportionality to the different 
variables related to the engine operating point: 
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 (4.41) 

with oxρ  the oxidizer density,  the injected momentum flux, the mass 

fraction of oxygen in the oxidizer (air + residuals) and 

fM
2 ,O oxY

enginen  the engine speed. 

The subscript ref indicates the reference conditions. As described in Chapter 3, 

the injected momentum flux is a direct function of the applied fuel injection 

pressure. The sensitivity of the mixing process to the applied EGR rate (internal 
+ external) becomes apparent through the dependency on . The engine 

load is set by the global equivalence ratio, which is given by the mass of fuel 
injected (fuel injection strategy) and in-cylinder charge mass, i.e. oxidizer 
density. Therefore, the oxidizer density is also explicitly taken into account. The 
oxidizer density is, for an assumed constant volumetric efficiency, linearly 
dependent on the applied boost pressure and inversely proportional to the intake 
charge temperature. It has to be noted that the latter is also affected by the 
appliance of EGR. As a result of finite EGR cooling capacity, higher levels of 
EGR result in increased charge temperatures and therefore decreased oxidizer 
density. Through the dependency on the oxidizer density, the mixing model is 
thus implicitly sensitive to the manifold conditions.  

fM

2 ,O oxY
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Injected momentum flux – fuel injection pressure 
Figure 4.29a shows the influence of the injected momentum flow rate on 

the mean equivalence ratio along the spray axis and spray penetration curve. In 
Figure 4.29b the influence of  on the oxygen entrainment rate into the 

combustion product package after package initialization is shown. For the used 
nozzle hole diameter of 0.178 mm, the selected values for  of 1, 3 and 5 N 

correspond to fuel injection pressures of respectively 350, 1100 and 1800 bar. 
The increase in injected momentum flux results in faster spray penetration. 
However, the mean equivalence ratio along the spray axis, and thus the 
stoichiometric position, is unaffected. This directly follows from equation (4.32) 
which contains no dependency on the injection pressure or velocity. However, a 
fuel element moves faster along the mean equivalence ratio curve, which follows 
from equation (4.38). This increases the mixing rate as shown in Figure 4.29b.  
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Figure 4.29a and b (left) Influence of injected momentum flux on (a) mean 
equivalence ratio and spray penetration and (b) oxygen entrainment rate. 
 Figure 4.30a and b (right) Influence of mass percentage of EGR in oxidizer on (a) 
mean equivalence ratio and spray penetration and (b) oxygen entrainment rate. 
 
Oxygen mass fraction in oxidizer – EGR rate 
The oxygen mass fraction in the oxidizer is directly dependent on the residual 
gas fraction, i.e. the internal and external EGR rate. The influence of the residual 
gas fraction on the mixing process is graphically shown in Figure 4.30 a and b. 
Changing the residual gas fraction does not affect the spray penetration, as 
shown in Figure 4.30a. The stoichiometric equivalence ratio however decreases 
when the amount of residuals in the oxidizer is increased, i.e. the mass fraction 
oxygen in the oxidizer is decreased. More oxidizer has to be entrained into the 
spray to achieve stoichiometric conditions. The stoichiometric location is 
therefore more downstream of the injector nozzle where the oxidizer 
entrainment rate is lower as a result of lower velocity. The oxygen entrainment 
rate 2Odm dca  therefore decreases with increasing residual gas fraction as 
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shown in Figure 4.30b. Increasing the mass fraction of residuals therefore not 
only decreases NO formation by lowering combustion temperatures but also by 
restricting the entrainment of oxygen into the hot combustion products.   
 
Oxidizer density – intake charge conditions 
Increasing the oxidizer density increases the kinetic energy dissipation rate in 
the spray. Spray penetration is slower. Momentum conservation causes the spray 
angle to increase, which is equivalent to more oxidizer entrainment at a certain 
penetration distance. Oxidizer entrainment rates thus increase with oxidizer 
density. The power of 0.737 on the oxidizer density results from the used 
correlation for the spray cone angle, see equation (4.35).  
 
Engine speed  
The time available for entrainment of a certain mass of oxidizer is inversely 
proportional to the engine speed.  

Discussion 
The 1D spray model describes a free, quasi-steady, spray. Of course this is a 
rather crude approximation and the actual fuel-oxidizer mixing process is much 
more complex. First of all, neglecting the 3D structure of the spray ignores the 
fact that mixing rates in stoichiometric regions will vary dependent on their 
position in the spray. As indicated in Figure 4.28, the fuel spray consists of a 
steady zone and a transient tip region. The mixing model presented here only 
considers the steady part of the jet. As long as the spray can be considered as 
quasi-steady this is not a crude approximation while oxidizer entrainment rates 
are the highest in the steady part of the jet. In the tip region, mixing rates are 
much lower because small scale vortices are missing [37],[48]. As a result, fuel 
burning rates and subsequently NO formation will be the highest in the steady 
part of the spray. However, for short injection timings the transient part of the 
spray will be significant and mixing rates will be over estimated.  
In Figure 4.28, also the position of the piston bowl wall is indicated. Of course, 
mixing rates will be affected when the spray hits the wall [48],[49]. This 
phenomenon is neglected at present.  
Furthermore, as the combustion product packages move within the reacting 
spray they can catch up with the slower tip region. When this happens, mixing 
rates fall off and re-entrainment will occur, affecting NO formation in a manner 
not taken into account.  
Although the mixing model has certain shortcomings as described above, the 
mixing model is sensitive to changes in important engine operating variables as 
described earlier. It is believed that the model forms an adequate basis, with a 
clear phenomenological background, to capture the main dynamics of the 
mixing process important for NO formation.  

4.6 NO postprocessor 
NO formation is computed by a post-processing method on the output variables 
of the product zone evolution model. These output variables are the mass, 
temperature, species mass fractions, specific volume and pressure as a function 
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of crank angle per zone. In line with the phenomenological modeling approach, 
NO formation is computed on the basis of a description of the chemical reaction 
kinetics. However, a full description of all NO forming reactions is out of the 
scope of current study regarding the required computational complexity. 
Limitations have to be imposed with respect to the NO reaction pathways 
accounted for and the evolution of species concentrations on the basis of 
corresponding chemical time scales.   

4.6.1 Considered NO formation pathways 

Thermal NO formation 
Thermal NO formation is generally accepted to be the primary source of NO 
formation for conventional, high-temperature diesel combustion [17]. The 
formation of NO through the thermal pathway is modeled using the extended 
Zeldovich mechanism [17]: 
R1.  (4.42) 2O N NO N+ +

+R2.  (4.43) 2N O NO O+

R3. N OH NO H+ +  (4.44) 

For this mechanism the NO formation rate equation is given by: 

 1, 2 2, 2 3,

1, 2, 3,

[ ] [ ][ ] [ ][ ] [ ][ ]

[ ][ ] [ ][ ] [ ][

= + +

− − −

f f f

r r r

d NO k O N k N O k N OH
dt

k NO N k NO O k NO H ]
 (4.45) 

where ,i fk  and   are the forward respectively reverse reaction rate coefficients 

for reaction . In this study, the reaction rate coefficients are obtained from GRI 
MECH 2.11 database [50].   

,i rk

i

N2O-intermediate pathway 
For low-temperature combustion (T < 1800 K), e.g. high-EGR combustion, the 
thermal NO formation pathway is no longer dominant [51]-[53]. The N2O-
intermediate pathway is stated to be the primary NO formation pathway for low-
temperature diesel combustion at elevated pressures by e.g. [14]. In an attempt to 
describe the NO formation for the low-temperature conditions, the main NO 
forming reaction of the N2O-intermediate mechanism is included.   
 

The principal N2O formation reaction at the high pressures encountered in 
diesel engines is through the attack of O-atom on N2 [54] : 

 2 2O N M N O M+ + +  (4.46) 

The rapidly formed N2O reacts with O atoms to form NO [54]: 

R4. 2 2N O O NO+  (4.47) 

The corresponding NO formation rate is given by: 
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 2
4 2 4

[ ] 2 [ ][ ] 2 [ ]= −f r
d NO k N O O k NO

dt
 (4.48) 

The total NO formation rate equation is given by the sum of the reaction rates 
given by (4.45) and (4.48).   
 
The used formation pathways in this study exclude NO formation via the 
prompt-NO pathway. As is concluded by Mellor and co-workers [14] from 
simulations using detailed NO chemistry, prompt-NO is only of minor 
importance for high-temperature diesel combustion. This conclusion is 
supported by Dec, who concluded that the initial premixed combustion (believed 
to be the possible source for prompt-NO) is too fuel-rich, i.e. φ > 2, for prompt-
NO to be relevant. These findings are also in agreement with observations made 
by Verbiezen [16] who performed instantaneous quantitative in-cylinder NO 
concentration measurements using Laser-Induced Fluorescence. No significant 
NO was found before the appearance of a diffusion flame. Therefore, prompt-
NO is not considered. However in low-temperature combustion concepts like 
Homogeneous Charge Compression Ignition (HCCI) or Premixed Charge 
Compression Ignition (PCCI) combustion, prompt-NO may become relevant as 
indicated by Amnéus et al. [55].     

4.6.2 Chemical equilibrium assumption 
The NO formation rates given by equations (4.45) and (4.48) require the 
instantaneous concentrations of species O2, N2, O, OH, N and N2O. In a full 
description of the reaction kinetics, the temporal changes in concentration of 
these species are found by solving additional differential equations. At any point 
in time, these equations then describe the so-called local equilibrium 
composition. However, solving these additional equations is too time-consuming 
for the purpose of this study. The required computational effort can however be 
greatly reduced by using the widely accepted assumption that the chemical time 
scales associated with the NO formation process are much longer than those 
associated with the combustion process. All species, but NO, can therefore be 
approximated by their so-called global or final equilibrium values. In other 
words, all species but NO are, at any instant, implicitly given an infinitely short 
reaction time.    
Using the chemical equilibrium assumption for all species but NO must still 
result in the correct equilibrium NO concentration for infinitely long reaction 
times. Using the equilibrium assumption it can be shown that the total NO 
formation rate is approximated by: 

[ ] [ ]( )
[ ] [ ]( ) ( )

[ ] [ ]
[ ]

2

21
2

4, 2

1 2 3

2 1
[ ]

2 1
1

eq

r eq

eqeq

R NO NO NOd NO
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dt NONO NO R R R

⎛ ⎞− ⎛ ⎞⎜ ⎟
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            (4.49) 

 
with [ ] [ ] [ ] [ ]= =1 1, 2 1,f req eq eq eq

R k O N k NO N , [ ] [ ] [ ] [ ]= =2 2, 2 2,f req eq eq eq
R k N O k NO O  

and [ ] [ ] [ ] [ ]= =3 3, 3,f req eq eq eq
R k N OH k NO H  in which [ ]eq

denotes equilibrium 
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concentration.  Equation (4.49) shows that [ ]d NO dt  is indeed equal to zero, 

i.e. in equilibrium, for time to infinity. The equilibrium concentrations used in 
equation (4.49) are given by the chemical equilibrium solver and are direct 
outputs of the combustion product package evolution model. This equilibrium 
also contains [ ]eqNO , which is not present in reality. The influence of this 

approximation is part of the NO prost processor validation process, which is 
described in the next paragraph. 

4.6.3 NO postprocessor validation 
To validate the NO postprocessor, predicted NO profiles are compared with 
simulations using a Homogeneous Reactor Model (HRM) comprising a full 
description of the NO formation kinetics using the NO formation mechanism 
from GRI MECH 3.0. This mechanism contains 40 reactions and 31 species. 
With use of the HRM the NO formation rates within the combustion products is 
modeled at constant pressure. The initial composition of the combustion 
products is computed by the chemical equilibrium solver from a predefined 
reactant temperature, pressure and composition, i.e. equivalence ratio. The 
initial concentration of NO is set equal to zero. Figure 4.31 shows the predicted 
NO formation rates within the combustion products for both the PostProcessor 
(PP) and HRM for varying initial equivalence ratios at a reactant temperature of 
900 K and constant pressure of 100 bar. Both the NO formation rates from the 
HRM and the PP show a monotone increase in NO to a constant end value equal 
to the equilibrium value.  
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Figure 4.31 NO formation from the Homogeneous Reactor Model (HRM) and NO 
PostProcessor (PP) for varying equivalence ratios at an initial temperature of 900 K, 
constant pressure of 100 bar and no EGR. For φ =0.7 also the NO formation rate for 
the HRM using the equilibrium temperature from the PP as initial condition is 
depicted. 
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Both simulations approach the same equilibrium, validating the use of equation 
(4.49) on this aspect. Figure 4.31 shows that the decrease in equivalence ratio 
does not automatically result in lower NO formation rates caused by the 
reduction in temperature. On the contrary, the corresponding increase in oxygen 
concentration first results in higher NO formation rates for equivalence ratios > 
0.7. This indicates the importance of correctly describing the oxidizer 
entrainment process.  

Considered NO formation pathways 
To validate the assumptions regarding the included NO formation pathways, 
simulations on the HRM have been performed using different versions of the 
NO formation mechanism, see Table 4-1. To quantify the observed differences in 
NO formation rates the characteristic timescale τ95  is introduced. This timescale 

is defined as the time required for the NO mass fraction to reach 95% of its final 
equilibrium value. The inverse is the characteristic NO formation rate. Figure 
4.32 shows the characteristic formation rates for the same initial conditions as 
used in Figure 4.31 for the cases listed in Table 4-1. The complete NO formation 
mechanism of GRI MECH 3.0 contains besides the thermal and N2O-
intermediate mechanism also prompt-NO and NO formation via NH and HNO 
intermediates. NO2 formation is also included in the HRM.  
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Figure 4.32 a) Characteristic NO formation rate 1/τ95 for HRM and PP for different 
cases according to Table 4-1 together with contribution of N2O-intermediate pathway to 
total NO for HRM. Results are shown for n-heptane fuel, a reactant temperature of 
900 K, a constant pressure of 100 bar and no EGR b) Detail of Figure 4.32.  

Full HRM versus reduced HRM – For the high temperature case at phi = 1, a 
relatively large difference in characteristic NO formation rate is present between 
case E (HRM full mechanism) and case D (HRM thermal + N2O). This 
difference is caused by the exclusion of NO formation through the NH-
intermediate pathway. This pathway is indeed found to be of importance in 
stoichiometric and fuel-rich conditions [56]. Neglecting this reaction pathway 
results in a conservative NO prediction model. However, since pure 
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stoichiometric conditions do not sustain for significant periods of time as a 
result of mixing, and the relative importance of this reaction pathway decreases 
fast with a reduction in equivalence ratio, the net effect on NO formation of the 
exclusion of this reaction pathway is not of great importance. The chemical 
kinetics at high temperatures are therefore believed to be sufficiently described 
by only using the thermal NO mechanism.  
 
N2O-intermediate – From Figure 4.32 it can be concluded that for lower 
temperatures, the N2O mechanism increases in importance and becomes a 
primary mechanism for temperatures < 2000 K. This shows that for accurate 
NO formation prediction at high amounts of EGR, i.e. at low combustion 
temperatures, the N2O mechanism has to be included next to the thermal NO 
mechanism. The inclusion of the N2O-intermediate pathway results in a virtually 
identical relative increase with respect to the case of only thermal NO for both 
the PP and the HRM. This observation indicates that equation (4.49) correctly 
captures the increase in NO formation by the N2O-intermediate pathway.       

Table 4-1 Overview of different cases used for PostProcessor validation 
PostProcessor (PP) Homogeneous Reactor Model (HRM) Reaction 

Pathways A B C D E 
Thermal* x x x x x 
N2O**  x  x x 
Remaining***     x 

* Reactions (4.42), (4.43) and (4.44); **Reaction (4.47); ***Remaining reactions of NO formation 
mechanism of GRI MECH 3.0. 

Chemical equilibrium assumption 
Although the considered NO reactions are identical, significant deviations can be 
found between cases A and C in Figure 4.32. The observed differences are 
mainly the result of the equilibrium assumption used in the PostProcessor. In 
the PostProcessor the temperature is equal to the equilibrium temperature at all 
instances. The formation of NO according to equation (4.49) does not change 
the temperature. In the HRM, the equilibrium temperature is only present at the 
final equilibrium. The initial temperature is somewhat higher and decreases 
monotonously to the equilibrium temperature as NO forms. For all considered 
cases, the reduction in temperature is ~0.6% of the initial temperature. 
Although this reduction is relatively small, the resulting deviation in 
characteristic formation rate 951 τ  are significant. For stoichiometric conditions 

a difference of 20% is found between case A and C. For the φ = 0.5 case, the 
corresponding deviation is 12%. In Figure 4.31, also the result is shown for the 
case in which the initial temperature of the HRM is equal to the equilibrium 
temperature from the PP for φ = 0.7. Using this “artificial temperature” results 
in a better agreement in the initial NO formation rate. However, the final 
equilibrium NO concentration (not shown in the figure) differs as a result of the 
temperature reduction caused by the NO formation.  
The use of the chemical equilibrium assumption will thus result in too low NO 
formation rates. Mentioned deviations are however worst-case. Simulated 
combinations of temperature and equivalence ratio are only present for adiabatic 
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combustion and no oxidizer entrainment. In reality, temperatures and 
equivalence ratios will be lower which results in a less pronounced sensitivity.  
Also, combustion product temperature prediction within ~0.6% of actual values 
will be extremely difficult. Deviations between predicted and actual NO 
formation rates can therefore also be contributed to inaccurate temperature 
prediction. For the NO model, it is of greater importance that the deviation 
remains fairly constant over the total range of temperatures and equivalence 
ratios. Increasing accuracy can only be obtained by including more chemical 
kinetics, which will significantly increase model complexity and computational 
effort.  

Concluding remarks 
It can be concluded that the main dynamics of the NO formation process are 
well captured by the developed NO PostProcessor. Also the main NO formation 
mechanisms, relevant for both conventional high temperature combustion as 
well as advanced high-EGR, low temperature combustion, are included. 
However, the assumption of chemical equilibrium will result in an under 
estimation of NO formation rates. This inaccuracy has to be considered when 
comparing measured and simulated NO emissions.  

4.6.4 NO2 formation 
During the model validation process, the predicted in-cylinder NO emission is 
compared with measured NO values. These are measured at relatively large 
distance downstream of the exhaust valve. This comparison is only valid if no 
significant conversion of NO into NO2 occurs between the exhaust valve and the 
NO sampling point. This has been analyzed using the HRM model. 
Computations using the HRM model show no significant levels of NO 
conversion into NO2 over exhaust gas temperature ranges of 400 – 800 K, initial 
NO concentrations ranging from 0 – 1000 ppm and residence times in the order 
of 1 – 60s. Predicted NO levels can thus be directly compared to measured 
exhaust NO levels.   

4.7 Summary 
In this chapter, the in-cylinder NO emission formation model is presented. 
Figure 4.33 presents an overview of the model with the main model inputs and 3 
main sub models together with their main features. The developed NO emission 
model describes the interaction between the fuel injection process and NO 
emission. Also the influence of EGR is specifically taken into account in the 
model: both conventional, high temperature, combustion and high-EGR, low 
temperature, combustion is described. The engine operating point is predefined 
by the engine speed and manifold conditions of temperature, boost pressure and 
composition. Through the predefined manifold conditions the ambient 
conditions (i.e., temperature, pressure, humidity) and applied EGR rate are 
accounted for as indicated in Figure 4.33.   
The model focuses on an accurate prediction of the three main aspects that are 
of importance for NO formation: initial combustion product temperature, 
oxidizer entrainment into the combustion products and the NO formation 



NO formation model                                                                                               97 
 
 
kinetics. The combustion product temperature is based on the adiabatic flame 
temperature. This temperature is corrected for several occurring phenomena: 
fuel evaporative cooling, dissociation, hot soot particle radiative cooling and 
flame straining by turbulence. Dissociation and flame straining are the primary 
flame temperature reducing phenomena with temperature reductions over 100 
K. Although the reductions associated to evaporative cooling and hot soot 
particle radiative cooling are considerably lower, they have the potential to 
significantly reduce NO formation and are therefore also accounted for.  
Turbulence not only affects NO formation through its influence on flame 
temperature (i.e. flame straining). The entrainment of fresh oxidizer into the 
formed combustion products as a result of turbulent mixing must also be 
accounted for. Oxidizer entrainment is modelled on the basis of a one-
dimensional fuel spray model. Although this represents a considerable 
simplification of reality, the model is sensitive to changes in important engine 
operating variables such as injection pressure, boost pressure, engine speed and 
residual gas fraction. 

 
Figure 4.33 Overview of NO emission model with main inputs and different sub-
models together with their main features.  

NO formation is determined by a postprocessor using the computed 
temperature and composition profiles for each individual combustion product 
package. In the postprocessor, the NO formation rates are computed using the 
thermal NO formation mechanism and the main reaction from the N2O-
intermediate pathway. The latter is included in an attempt to improve the 
accuracy for high-EGR, i.e. low temperature, conditions where the thermal 
mechanism is no longer as dominant as with conventional CI combustion. 
A physically based modelling approach has been adopted for the NO model. As a 
result, the number of model parameters that has to be tuned to measurement 
data is limited. In total the NO model contains only 5 parameters ( sootα ,  strainα , 

mixα ,  and ) that have to be adjusted to fit the combustion system at 

hand. This low number of tuning parameters will greatly limit the model 
calibration effort which will reduce both required time and costs. Identification 
of these model parameters is addressed in Chapter 6.  

spraya sprayc
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5 Soot formation model 

5.1 Introduction 
In this chapter, the soot formation model is presented. In section 5.2, first a brief 
overview of different soot modeling approaches found in literature is presented. 
The model presented in this study, is strongly based on the zero-dimensional 
soot model of Bayer and Foster [1]. It is a two-step model: net soot production is 
the balance between a soot formation rate and a soot oxidation rate. The original 
model as suggested by Bayer and Foster is presented in section 5.3. The main 
advantage of used modeling approach is its low required computational effort. 
Naturally, this comes at the cost of (crude) approximations regarding local 
conditions of temperature and species concentrations as a function of time. In 
an attempt to obtain a more accurate description of the soot formation 
phenomenology and to overcome some of its shortcomings adaptations are 
made to the original model. These are addressed in section 5.4. Finally, in 
section 5.5, an overview of the main conclusions will be given. 

5.2 Soot formation modeling 
In Chapter 2 a brief introduction into the phenomenology of soot formation in a 
burning diesel fuel spray has been presented. From this it is clear that the soot 
formation process during diesel engine combustion is very complex. It depends 
on local conditions of temperature and species concentrations. Also, because 
soot is formed from partially burnt fuel elements there is a strong interaction 
with the hydrocarbon oxidation process. Many soot models are present in 
literature, with a wide variety in complexity, i.e. level of detail. The most detailed 
type of soot modelling is the coupling of detailed kinetic mechanisms for 
hydrocarbon oxidation with a phenomenological soot model comprising complex 
chemistry for gas-phase soot precursor formation and oxidation. The used 
mechanisms increase in size and complexity with increasing size of the fuel 
molecule. The model complexity can be reduced by decreasing the level of detail 
of the hydrocarbon oxidation process and soot formation mechanism. 
Furthermore, the computational effort can be reduced by decreasing the spatial 
resolution. All these adaptations however will have a negative influence on 
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model accuracy. A widely used, relatively simple, phenomenological soot model 
is the 8-step model of Fusco [2] which has been later extended to a nine-step 
model by Liu [3]. In this approach the most important steps during the soot 
formation process, as given in Chapter 2, are modelled using simple formation 
and destruction expressions. This approach however, requires detailed 
information regarding the (local) concentrations of numerous relevant species. 
The most stripped down mechanism for the soot formation process is the two-
step model suggested by Hiroyasu and Kadota [4]. Here, the soot production rate 
is the net effect of a soot formation and a soot oxidation contribution. The two-
step mechanism is also widely applied in multi-dimensional combustion 
models. There, the soot production is computed for numerous zones quantifying 
the local in-cylinder conditions of temperature and species concentrations. 
Reducing the number of zones is an effective way to limit the computational 
effort.  
The soot model presented in this study is based on the zero-dimensional soot 
model of Bayer and Foster. This model also uses the two-step soot formation 
mechanism. In the approach suggested by Bayer and Foster the two-step 
mechanism is however applied on a macroscopic, zero-dimensional, level. The 
soot formation and oxidation rates are computed for characteristic regions of 
temperature and equivalence ratio of the burning fuel spray. The model is 
presented in greater detail in the following section. 

5.3 Soot formation model 
As mentioned, the soot model presented in this study is largely based on the 
zero-dimensional soot model of Bayer and Foster. This model is used as a 
starting point for three main reasons: 
1) The model describes the soot formation in a burning diesel spray that 

follows the current conceptual view of diesel spray combustion as presented 
by Dec [5] and briefly described in Chapter 2;  

2) The zero-dimensional approach results in very low computational effort, 
which makes it suitable as a simulation tool during the controller 
development process; 

3) The model is not based on a detailed description of the hydrocarbon 
oxidation process but uses a (measured) heat release rate profile as main 
input. This is also important for controller development in light of future 
on-line model-based combustion control, which most frequently use heat 
release rate profiles derived from measured in-cylinder pressure curves.  

The model description presented in the following paragraphs follows the 
approach of Bayer and Foster, unless mentioned otherwise.   

5.3.1 Modeling concept 
The soot model is of the two-step type. The net soot production rate is given by 
the balance between a soot formation and oxidation rate:  

 = −, ,s form s oxs
dm dmdm

dt dt dt
 (5.1) 
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The soot formation and oxidation rates are computed for characteristic regions 
of the burning fuel spray. Figure 5.1 shows a schematic and simplified 
representation of a lifted, steady-burning fuel spray. In the figure the main 
characteristic regions of the soot formation process, as used in the model, are 
indicated. The liquid fuel is injected from the left and is vaporized by the 
entrainment of hot oxidizer. Initial fuel pyrolysis occurs at the rich initial 
premixed reaction zone present just downstream of the Liquid Length ( LL ), see 
Figure 5.1. The spray interior is fed with the fuel-rich products of this initial 
reaction zone. In this region, main soot formation occurs because the conditions 
are ideal for soot formation: temperatures are high, oxygen concentration is low 
and partially burnt fuel elements are present. In the spray interior, soot particles 
form and grow as they are transported through the spray. Finally, the particles 
reach the diffusion flame which sheaths the burning fuel spray. The diffusion 
flame only sheaths the burning fuel spray downstream of the so-called Lift-Off 
Length ( LO ), see Figure 5.1. In the vicinity of the diffusion flame, the soot 
particles are exposed to high temperatures and oxygen. The oxidizer side of the 
diffusion flame is therefore the main soot oxidation region. The soot formation 
rate and soot oxidation rate expressions are addressed in respectively paragraph 
5.3.2 and 5.3.3. 

L

 
Figure 5.1 Schematic representation of a burning fuel spray with the main regions of 
the soot production process. 

Different phases of soot formation process 
In the soot model, the combustion process has to be divided into three main 
phases in time, see also Figure 5.2:  
1) Premixed combustion phase; 
2) Quasi-steady burn phase; 
3) (Soot) Burn-out phase. 
The quasi-steady-burn phase and the (soot) burn-out phase are both part of the 
mixing-controlled combustion phase. The division must be made to accurately 
capture the difference in soot formation during the fuel injection period (quasi-
steady burn) and after the end of injection (burn-out). This division is also made 
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by Bayer and Foster. However, adaptations are made to the original model 
regarding the soot formation during these combustion stages.      
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Figure 5.2 Overview of the different phases of the soot formation model. A= Start Of 
Injection (SOI), B = Start Of Combustion (SOC), C = Start Of Burn-out phase 
(SOB), D = End Of Combustion (EOC). 
 
The soot model is designed to start execution on the predefined Start Of 
Injection (SOI) at time A, see Figure 5.2. Naturally, soot formation does not start 
before the Start Of Combustion (SOC) at time B. In Figure 5.2 the start of the 
quasi-steady burn phase coincides with the start of combustion. The dotted 
arrow, however, indicates that there is room for uncertainty regarding the exact 
start of this phase. This will be addressed in more detail later on. The burn-out 
phase starts at time C around the End Of Injection (EOI). This phase continues 
until the local in-cylinder conditions are insufficient to alter the mass of soot 
formed. This occurs after the End Of Combustion (EOC), at time D.     

5.3.2 Soot formation rate 
Following Bayer and Foster, the soot formation rate in equation (5.1) is given by: 

 

,

,, 0.5
, , e

−

= ⋅ ⋅ ⋅ ⋅φ
s form

s form

E
RTs form

s form f avprem
dm

C m p
dt

 (5.2) 

The pre-exponential factors include a soot-formation constant ,s formC , the mean 

equivalence ratio of the rich initial reaction premφ , the available fuel mass for 
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soot formation ,f avm and the pressure . p ,s formE  is the effective activation 

energy of the soot formation reactions and R  is the universal gas constant. 

,s formT  is the soot formation temperature. The soot formation constant is used to 

tune the model to a specific fuel type and engine. The available fuel mass is 
derived from a balance between the total mass of injected fuel and the already 
burned fuel which is derived from the heat release rate. In paragraph 5.4.2 this is 
discussed in greater detail. The soot oxidation temperature ,s formT  is derived on 

the basis of the equivalence ratio premφ . The used procedure is discussed in 

more detail in the following section.   

Equivalence ratio of initial premixed reaction 
In contrast to the original soot formation equation suggested by Hiroyasu and 
Kadota, equation (5.2) includes the mean equivalence ratio of the rich initial 
reaction premφ . As mentioned in Chapter 2, the equivalence ratio of the rich 

initial premixed reaction zone determines the concentration of unburned fuel 
elements in the spray interior. A higher equivalence ratio results in higher soot 
formation rates inside the burning fuel spray. Bayer and Foster use a linear 
dependency on the equivalence ratio following the observations of Chomiak et 
al. [6] who found that the absolute mass of soot formed during a combustion 
cycle is linearly dependent on the equivalence ratio of the initial combustion. 
The equivalence ratio cannot be seen as a concentration of fuel or oxidizer but 
can be considered to quantify the probability of the available mass of fuel 

,f avm to actually transform into soot. This probability increases linearly with 

premφ . The value of premφ , typically in the range of 2 – 7 [6],[7], depends on the 

oxidizer entrainment upstream of the rich initial reaction zone. Oxidizer can 
only be entrained into that part of the spray not sheathed by the diffusion flame. 
As a result, the equivalence ratio of the initial reaction is dependent on the LO .  L
 
Flame Lift-Off Length (LOL) – The flame lift-off length is determined using a 
semi-empirical correlation. In gas jets, flame lift-off occurs because the flame 
has to travel upstream against the high fuel-oxidizer mixture velocity. In a 
vaporizing diesel spray also the finite evaporation rate has to be taken into 
account. The correlation used by Bayer and Foster is given by:  

 
( )

,0
,1 ,2 2

,L ss tan 2
f st T

LOL LOL
t

U Z D
LOL C LL C

θ

⋅ ⋅
= ⋅ +

⋅
⋅  (5.3) 

where ,0fU the fuel injection velocity,  the thermal diffusivity, the 

laminar flame speed of a stoichiometric fuel-oxidizer mixture and 
TD ,L sts

θ  the spray 
cone angle. The parameters  and  are used for tuning. The second 

term on the right-hand side equals the scaling-law of Kalghatgi [8] and later 
Peters [9] for a gas jet. The dependency on the liquid length ( ) is used to 
account for the fact that the liquid diesel fuel exiting the injector nozzle first has 
to evaporate.   

,1LOLC ,2LOLC

LL
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Liquid length – The liquid length is determined using an iterative procedure 
based on the approach suggested by Siebers [10]. This procedure is described in 
greater detail in Appendix A.  
 
Laminar flame speed – The laminar flame speed for the stoichiometric mixture 
is computed from the temperature and pressure in the mixture using the 
following empirical correlation: 

 

1.01 0.282

, 0.48L st
ref ref

pT
s

T p

−
⎛ ⎞ ⎛ ⎞

= ⋅ ⋅⎜ ⎟ ⎜ ⎟⎜ ⎟ ⎜ ⎟
⎝ ⎠ ⎝ ⎠

 (5.4) 

This relation was developed by Bradley et al. [11] for a mixture of 10% n-heptane 
and 90% iso-octane. The exponents in (5.4) are not available for diesel fuel. They 
are however not strongly dependent on fuel type for typical hydrocarbon fuels 
[12]. Equation (5.4) is therefore assumed to be valid for similar hydrocarbon 
fuels.  
 
Equivalence ratio of initial premixed reaction zone – The equivalence ratio of the 
rich initial reaction is taken equal to the spray cross sectional averaged 
equivalence at the position of the LOL following from the one-dimensional spray 
model, see equation (4.32) in Chapter 4:  
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 (5.5) 

From equation (5.3) it becomes clear that the location of the lift-off length can be 
upstream of the liquid length. This, for example, occurs at low injection 
pressures (<~40 MPa [10]) in combination with large injector nozzle hole 
diameters (>~250 µm [10]) which result in low fuel flow velocities. The flame 
speed associated to the triple flame ahead of the diffusion flame is then high 
enough to travel upstream in the unburned mixture flow. As a result of 
additional oxidizer entrainment, the equivalence ratio of the rich initial premixed 
reaction zone is now lower than the value at the liquid length. However, the 
cross-sectional averaged equivalence ratio at the LOL given by equation (5.5) will 
be higher than the value at the liquid length. No remarks regarding this 
observation are made by Bayer and Foster. In this study, the equivalence ratio at 
the liquid length is used as an upper limit on the equivalence ratio of the initial 
premixed reaction zone to avoid unrealistically high values.   
 
Through the applied coupling to the one-dimensional spray model, the soot 
formation model, like the NO formation model, is sensitive to the operating 
variables that influence the fuel-oxidizer mixing process: fuel injection pressure 
(injected momentum), oxidizer density and nozzle hole orifice diameter. The 
sensitivity of the mixing process on changes of these variables was already 
discussed in paragraph 4.5.3 of Chapter 4.  
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Soot formation temperature during steady-burning combustion phase 
As long as the fuel injection continues a steady burning fuel spray is assumed to 
be present. Soot formation occurs in the, oxygen depleted, combustion products 
of the rich initial premixed reaction zone. The temperature of the soot formation 
region is assumed to, at least qualitatively, follow the adiabatic flame 
temperature of the fuel-oxidizer mixture at the initial premixed reaction zone 
with equivalence premφ . Reactant temperature is computed analogous to the 

procedure used in the NO formation model, see paragraph 4.4.2 in Chapter 4. 
However, instead of a stoichiometric mixture, the initial reactant mixture has an 
equivalence ratio equal to premφ . The combustion product temperature is again 

computed using the chemical equilibrium solver. The combustion products 
vector used by Bayer and Foster includes CO2, H2O, CO, O2, N2 and excess fuel. 
The composition of this excess fuel is not mentioned by Bayer and Foster. In this 
study, the excess fuel includes partially burned hydrocarbon fuel elements 
together with the original surrogate fuel species. The combustion species vector 
used in this study is given by: O2, N2, CO2, H2O, CO, H2, O, H, C, CH3, CH4, 
C2H2, C2H4, C3H3, C3H6, C15H27.5. This species is derived from a sensitivity 
analysis and is found to contain the mayor species that are of importance for the 
combustion product temperature at the used range of equivalence ratios.  

Soot formation temperature during soot burn-out phase 
After the injection of fuel has ended the burn-out phase starts and the 
assumption of a steady-burning fuel spray is no longer valid. In the model of 
Bayer and Foster, the mean temperature difference between the mean in-
cylinder temperature and the soot formation temperature is logged. After 
injection has ended, Bayer and Foster assume that the difference between these 
two temperatures remains constant and equal to the mean difference present 
during injection. This is a rather crude approximation. In this study, this 
approach has been adapted. The new approach is addressed in greater detail in 
paragraph 5.4.3. 

5.3.3 Soot oxidation rate 
Soot oxidation is assumed to occur in the vicinity of the stoichiometric diffusion 
flame as a chemical kinetics controlled process. An Arrhenius-type expression as 
presented by Patterson et al. [13] is used for the oxidation rate: 
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where is the  molar fraction on the oxidizer side of the stoichiometric 

diffusion flame,  is the effective activation energy of the oxidation process. 

In the model of Bayer and Foster the parameter  is equal to 1. The parameter 

is again used to tune the model to a specific engine and fuel type.  is the 

soot oxidation temperature.  
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Soot oxidation temperature during steady-burning combustion phase 
The soot oxidation temperature is based on the adiabatic flame temperature of a 
stoichiometric reaction with 1φ = , assumed to occur at the diffusion flame. 
Reactant temperature is computed analogous to the procedure used in the NO 
formation model, see paragraph 4.4.2 in Chapter 4. The adiabatic flame 
temperature is again derived using the chemical equilibrium solver with the 
same species vector used as in the NO formation model. This species vector is 
again different than the one used by Bayer and Foster that only includes CO2, 
H2O, CO, O2 and N2.  
In contrast to the NO formation model (and similar to Bayer and Foster), the 
adiabatic flame temperature is not corrected for the occurrence of hot soot 
particle radiative cooling and flame strain. This is done to limit model 
complexity. Additional phenomena are only included when qualitative 
agreement on predicted soot emissions is expected to be improved. Unlike for 
the NO model, accurate quantitative agreement on the flame temperature can 
also be expected to be of less importance for soot formation as a result of the 
lower temperature sensitivity.  

Soot oxidation temperature during soot burn-out phase 
Bayer and Foster assume that the computational procedure described above 
continues as long as there is fuel present, i.e. until combustion end. Once all 
fuel is consumed, the oxidation of soot is instantaneously made dependent on 
the mean in-cylinder temperature. The oxidation process is quenched when the 
mean in-cylinder temperature drops below 1000 K. In this study, a different 
approach is used for the soot burn-out phase. The adaptation made to the 
original model is presented in greater detail in paragraph 5.4.3. 

5.4 Adaptations to the original soot model 
The approach used by Bayer and Foster results in a computationally efficient 
model. However, this comes at the cost of some crude approximations. Several 
adaptations to the original model have been made in an attempt to give the 
model a more accurate phenomenological basis. The adaptations consider: 

1) Soot formation from premixed burned fuel, § 5.4.1;  
2) Available fuel mass for soot formation, § 5.4.2; 
3) Soot formation and oxidation during the burn-out phase, § 5.4.3; 
4) Influence of residual gasses – EGR, § 5.4.4. 

In the following subsections these adaptations are addressed in greater detail.  

5.4.1 Soot from premixed burned fuel  
In the original model of Bayer and Foster the fuel mass available for soot 
formation is given by the balance between the total amount of fuel injected and 
the cumulative amount of fuel already burnt as derived from the total heat 
release rate, i.e. including the premixed combustion phase. However, under 
normal conditions (sufficiently oxygen-rich oxidizer) fuel that completely burns 
as premixed can be expected to produce no soot. In this study it is postulated that 
the mass of fuel that completely burns as premixed does not lead to soot 
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formation. Therefore, only the diffusive part of the heat release rate is used. The 
fuel mass associated with the premixed burn is subtracted from the 
instantaneous fuel injection rate. It has to be noted here, that this premixed 
burned fuel refers to the fuel that is associated with the premixed combustion 
phase. It does not refer to the fuel that is oxidized in the initial premixed reaction 
zone which is present at the foot of the diffusion flame during the quasi-steady 
burn phase.  

5.4.2 Available fuel mass for soot formation 
As mentioned previously, Bayer and Foster determine the available fuel mass for 
soot formation ,f avm from the balance between the total amount of fuel injected  

,f injm  and the total cumulative amount of fuel already burnt , ,f burnt totm . This is 

graphically shown in Figure 5.3. In this study, as indicated in the previous 
paragraph, only the diffusive combustion phase is assumed to produce soot. 
Therefore, only the mass of fuel burnt during the diffusive combustion 

, ,f burnt diffm  is used. The mass of fuel associated to the premixed combustion 

phase ,f premm∆ is therefore subtracted from the total fuel injected, as graphically 

shown in. This is also graphically shown in Figure 5.3.  

-20 0 20 40 60
-0.2

0

0.2

0.4

0.6

0.8

1
1.1

Crank angle [oca aTDC]

N
or

m
. m

f,i
nj

 [-
]

-0.2

0

0.2

0.4

0.6

0.8

1
1.1

N
or

m
. m

f,b
ur

nt

∆mf,prem

∆mf,unav

SOBEOI

mf,av

mf,burnt,tot mf,burnt,diff

mf
*
,inj

mf,inj

 

Figure 5.3 Normalized cumulative mass of fuel burnt (mf,burnt) and mass of fuel 
injected (mf,inj) from original and adapted model to determine the fuel mass available 
for soot formation (mf,av).  EOI = End Of Injection and SOB = Start Of Burn-out 
phase. 
 
Furthermore, the fuel mass balance used by Bayer and Foster also assumes that 
the injected amount of fuel present upstream of the initial premixed reaction 
zone ,f unavm , see Figure 5.1, contributes to the soot formation during the fuel 

injection period. In reality, this amount of fuel only becomes available at the end 
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of fuel injection. This fuel mass ,f unavm∆ (see Figure 5.3), is taken as the mass of 

fuel injected over the period of time required for an injected fuel element to 
reach the initial reaction zone. This mass is also subtracted from the momentary 
fuel injection rate. The mass of fuel is again added to the injected fuel mass at 
injection ending. This is done by reducing the injection rate decrease during 
injector closing. The end of the resulting elongated fuel injection rate *

,f injm  is 

taken as the actual Start Of the Burn-out phase (SOB). The available fuel mass is 
now computed from: 

 * *
, , , , ,

( )
( ) ( )

SOI SOC

t t
diff

f av f inj f burnt diff f inj
t t

ROHR t
m t m m m t dt d

LHV
= − = −∫ ∫ t  (5.7) 

In Figure 5.3 it can be seen that for the original model, the available fuel mass 

,f avm is positive from the start of injection. As a result, soot formation already 

starts before the fuel is burnt. This is of course not possible. Bayer and Foster 
therefore predefine the start of the soot formation process on the basis of soot 
luminosity data from Struwe [14] using a two-color pyrometer. The soot 
luminosity measurements indicate that the start of the soot formation process 
occurs slightly after the start of combustion, i.e. more towards the maximum of 
the premix heat release. Referring to Figure 5.2 this indicates that the quasi-
steady burn phase at time B, does not coincide with the start of combustion. In 
the adapted model, using equation (5.7), soot formation is correctly delayed until 
after the start of combustion. The benefit of this procedure of course being that 
it does not require complex soot radiative heat loss measurements.   

5.4.3 Soot formation and oxidation during the burn-out phase 
Two adaptations are made to the original model with respect to the burn-out 
phase. The first adaptation considers the start of the burn-out phase. The second 
adaptation is associated to the soot formation and soot oxidation temperature 
evolution during the burn-out phase. 

Start of burn-out phase 
The burn-out phase follows on the end of the fuel injection period. In the 
original model of Bayer and Foster, the burn-out phase starts immediately after 
the end of injection. By doing so, the mass of fuel present upstream of the initial 
reaction zone at injection ending is neglected and does not fully contribute to the 
soot formation process. In this study, the fuel injection rate is prolonged, i.e. the 
start of the burn-out phase is delayed, with the time required for the last injected 
fuel element to reach the initial reaction zone. In this time period the fuel mass 

,f unavm  from equation (5.7) is consumed.  

Soot formation and oxidation temperature during the burn-out phase 
At the end of injection the burning fuel spray continues to burn as a fuel-rich 
product cloud which continues to be entrained with fresh oxidizer. As a result of 
momentum dissipation by turbulent mixing, this soot formation cloud gradually 
breaks-up into smaller and smaller pockets. See also paragraph 4.5.3 in Chapter 
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4. As a result, the temperature in these soot forming zones, will decrease. In the 
original model of Bayer and Foster, the soot formation and oxidation 
temperature during this spray break-up process are not explicitly dependent on 
the mixing process, i.e. turbulence. In this study, the soot formation and 
oxidation temperature are explicitly linked to the oxidizer entrainment process. 
This is done by introducing mixing rate expressions for both temperatures 
which are dependent on different characteristic mixing timescales. In the 
following sections, first the soot formation temperature is considered, followed 
by the soot oxidation temperature.  

Soot formation temperature during the burn-out phase  
As mentioned, the soot formation temperature is explicitly linked to the oxidizer 
entrainment process. In analogy to the NO model, the decrease in temperature 
is assumed to result from the entrainment of colder fresh oxidizer. However, in 
contrast to the NO model, this entrainment process is not described by the 
quasi-steady spray model. This because the analogy of the mixing process with 
the entrainment rate into a quasi-steady spray cannot be expected to be valid 
during the later stages of the combustion process.  For the NO formation model 
this is not a very crude approximation since main NO formation occurs during 
the main heat release rate period. However, for the soot model, the burn-out 
phase is of great importance for the emitted soot mass. The mixing process is 
quantified by a characteristic mixing time SOBτ . The evolution of the soot 
formation temperature from its value at the start of the burn-out phase 

, ,s form SOBT to the bulk mean in-cylinder temperature is determined using a 

predefined mixing law, given by: 
bulkT
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The characteristic time SOBτ  is an additional tuning parameter that is introduced 
to capture the influence of the fuel injection process on soot formation. An 
estimate of the order of magnitude for the characteristic time SOBτ  is derived on 
the basis of the combustion package dilution model used in the NO formation 
model, see Chapter 4, paragraph 4.5.3. A range of 2 – 10 ms is found, where the 
lower values are obtained for packages formed during the injection period. 
During this period, turbulent kinetic energy and as a result the oxidizer 
entrainment rate is the highest. This will cause a more rapid decrease in the soot 
formation temperature.  

Soot oxidation temperature during the burn-out phase  
In the soot model presented by Bayer and Foster, the soot oxidation temperature 
changes instantaneously to the mean bulk gas temperature at the end of 
combustion. In doing so, it is implicitly assumed that soot oxidation continues to 
occur at the stoichiometric diffusion flame, with corresponding high 
temperatures, until the end of combustion. In reality, the steady combusting fuel 
spray, as assumed in the model, gradually breaks up into smaller soot formation 
clouds before the end of combustion. As a result of this break up, a steady 
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combusting spray is no longer present and soot particles can avoid oxidation at 
the diffusive reaction layer. These soot particles are (partially) oxidized at lower 
temperatures and off-stoichiometric conditions. In an attempt to obtain a more 
realistic description of the oxidation process during the final stages of the 
combustion process, a more gradual decrease of the oxidation temperature from 
the adiabatic flame temperature to the bulk gas temperature is used by 
introducing a mixing time scale EOSCτ :      

 ( ), , ,( ) ( ) 1
EOSC

EOSC

t t

s ox ad EOSC ad EOSC bulkT t T T T t e τ
−⎛ ⎞

⎜= − − ⋅ −
⎜
⎝ ⎠

⎟
⎟

 (5.9) 

where  is the adiabatic flame temperature at the assumed End Of 

Steady-Combustion (EOSC) at . Used values for 
,ad EOSCT

EOSCt EOSCτ  are again based on 
found ranges derived from the package dilution model used in the NO formation 
model. Equation (5.9) describes the decrease in soot oxidation temperature 
during the later stages of the combustion process, i.e. towards the end of 
combustion and beyond. Here, the turbulent kinetic energy will be (significantly) 
lower than during the injection period. As a result, the value for EOSCτ  can be 
expected to be more at the upper end of the aforementioned range of 2 – 10 ms.  
The fuel spray breaks up as a result of a loss in mixing energy following the end 
of injection. The point in time at which the soot oxidation is affected by the 
break-up of the fuel spray, i.e. the end of the steady spray condition, is therefore 
made dependent on the mixing energy associated with the fuel spray at the end 
of injection. Because the fuel burning rate in a diesel engine is primarily mixing 
controlled, the rate of heat release is used to quantify the level of turbulent 
kinetic energy. The end of the steady combustion at  is taken as the point 

in time when the rate of heat release is reduced to a fraction 
EOSCt

EOSCα  of the 
maximum rate of heat release during the diffusive combustion phase, see also 
Figure 5.4: 

 ( ) ( )maxEOSC EOSC diffROHR t ROHRα= ⋅  (5.10) 

The parameter EOSCα  is an additional tuning parameter that is assumed fixed in 
this study. Like Bayer and Foster, the soot oxidation process stops as the soot 
oxidation temperature drops below a threshold temperature, which is set at 1000 
K [15].   
 
It has to be noted that the used approach for the soot oxidation process during 
the burn-out phase only implicitly accounts for the influence of the fuel spray 
break-up process on temperature. The temperature effect on the soot oxidation 
process is believed to dominate the corresponding change in oxygen 
concentration. For this reason, the molar oxygen concentration used in equation 
(5.6) is left unchanged. 
 



Soot formation model                                                                                             115 

0 20 40 60 80 100

0

100

200

Crank angle [oca aTDC]

Fu
el

 in
je

ct
io

n 
ra

te
 [g

/s
]

0 20 40 60 80 100

0

20

40

60

Fu
el

 in
je

ct
io

n 
ra

te
 [g

/s
]

EOI EOCEOSC

αEOSC

max(ROHRdiff)

Fuel spray
break-up

 
Figure 5.4 Determination of the End Of the Steady-burning Combustion (EOSC) 
during the burn-out phase on the basis of the heat release rate. 
 
In the previous section, three additional tuning parameters have been 
introduced: SOBτ , EOSCτ  and EOSCα . The identification of these parameters is 
described in Chapter 6. 

5.4.4 Influence of residual gasses - EGR  
As described in paragraph 5.3.2, the soot formation rate inside the burning fuel 
spray is dependent on the equivalence ratio of the rich initial premixed reaction 
zone. This equivalence ratio is determined by the amount of oxidizer that can be 
entrained upstream of this reaction zone: it is dependent on the lift-off length. 
The effect of EGR, i.e. ambient gas oxygen concentration, on the lift-off length 
and the equivalence ratio of the initial premix burn was investigated by Siebers 
et al. [16] and later by Idicheria and Pickett [17]. A decrease in ambient oxygen 
concentration was found to increase the lift-off length such that approximately 
the same amount of oxygen is entrained into the jet prior to the lift-off length 
even though the rate of oxygen entrainment is decreased. This implies that the 
equivalence ratio at the lift-off length is left unchanged when increasing the 
residual gas fraction in the oxidizer.   
 
The correlation for the lift-off length used by Bayer and Foster contains a 
dependency on the residual gas fraction through the dependency on the 
stoichiometric fuel-mixture fraction . This mixture fraction decreases with 
increasing residual gas fraction. The model therefore predicts shorter lift-off 
lengths for increased residual gas fractions. Figure 5.5 shows the evolution of the 
equivalence ratio for three different oxidizer residual gas mass fractions at a 
constant oxidizer temperature of 900 K, an oxidizer density of 25 kg/m

stZ

3 and a 
fixed injection pressure of 750 bar. In the figure, the corresponding equivalence 
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ratios at the location of the lift-off length for the original model of Bayer and 
Foster (i.e. as derived from equation (5.3) and (5.5)) are indicated (*).   
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Figure 5.5 Evolution of equivalence ratio for varying residual gas fraction  in the 
oxidizer and corresponding equivalence ratio at the computed lift-off length for the case 
of the original lift-off length scaling law (*) and the adapted model (o). Oxidizer 
temperature is 900 K, oxidizer density is 25 kg/m

EGRY

3 and fuel injection pressure is 750 
bar.  
 
Although the decrease is only marginal, the figure indeed shows that the lift-off 
length decreases with increasing residual gas fraction. This greatly affects the 
equivalence ratio of the initial premixed reaction zone premφ which changes by 

about a factor of two over the considered range of residual gas fractions. This 
change is not in agreement with the aforementioned experimental observations. 
To include the effect of dilution on the lift-off length use is made of the scaling-
law for lifted gas-jets developed by Miake-Lye and Hammer [18]. They 
experimentally examined the influence of dilution on the lift-off length for gas 
jets. Their correlation is similar to equation (5.3) (excluding the liquid length 
term). However, they captured the effect of dilution by introducing the dilution 

factor ( )2 2,0 , ,st O o O oxZ Y Y⋅ . Here,  is the stoichiometric fuel-mixture fraction 

of the undiluted oxidizer (e.g. pure air),  the oxygen mass fraction in the 

undiluted oxidizer, the mass fraction of oxygen in the oxidizer. For a better 

agreement with the experimental observations for the lift-off length for 
vaporizing diesel sprays , the correlation for the lift-off length given by equation 
(5.3) is adapted to: 
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 In Figure 5.5 the computed lift-off length and corresponding equivalence ratio 

premφ using equation (5.11) are also indicated (O). The computed equivalence 

ratios from Figure 5.5 are in the aforementioned range of measured values. 
Furthermore, in agreement with the experimental observations of Siebers, 
Idicheria and Pickett, the premφ values are now almost unaffected by the residual 

gas fraction. The small increase in premφ  with the residual gas fraction can be 

explained by the fact that the influence of oxygen concentration on the laminar 
flame speed is not accounted for. The laminar flame speed decreases with 
increasing residual gas fraction. This will increase the lift-off length and 
decrease the corresponding equivalence ratio. No correction on the laminar 
flame speed for the influence of the residual gas mass is made at present.  
 
Preliminary simulations, using the adapted soot model, showed that the model 
was not able to correctly describe the increase in soot mass for increased residual 
gas fractions, i.e. EGR rates. The model was found to under estimate the net soot 
mass. As mentioned above, the equivalence ratio of the initial reaction zone is 
left unchanged as the residual gas fraction varies. Because the soot formation 
rate expression contains no other variables that can be expected to vary with 
EGR, the source of the deviation is believed to be in the soot oxidation rate. The 
soot oxidation process is primarily a particle surface oxidation process. The 
actual ambient oxygen concentration is therefore likely to have an influence. At 
higher residual gas fractions, the molar oxygen concentration is lower and 
oxidation is less effective. By introducing an additional tuning parameter  on 

the molar oxygen concentration in the soot oxidation rate expression (equation 
(5.6)), the influence of the residual gas fraction on the soot oxidation rate is 
increased.    

OC
2

5.5 Conclusions 
In this chapter a zero-dimensional soot model is presented. This model is based 
on an existing state-of-the art soot model. The model predicts net soot 
production by describing soot formation and soot oxidation rates in 
characteristic regions of the burning fuel spray. The burning fuel spray follows 
the current conceptual view of the diesel combustion process. Through the 
coupling with the one-dimensional spray model, the soot formation model, like 
the NO formation model, becomes sensitive to the operating variables that 
influence the fuel-oxidizer mixing process: fuel injection pressure (injected 
momentum), oxidizer density and nozzle hole orifice diameter. Figure 5.6 gives 
an overview of the soot model. The figure shows how the main engine operating 
variables of manifold conditions, fueling parameters and engine speed affect the 
predicted soot mass through their influence on the soot formation and/or soot 
oxidation rate.  
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Figure 5.6 Overview of soot model with main engine operating variables as inputs and 
formed soot mass as function of crank angle as output. 
 
The used zero-dimensional approach is a crude approximation of reality and 
neglects local conditions of temperature and species concentrations. In an 
attempt to provide the model with a more accurate phenomenological basis, 
several adaptations have been to the original model. In contrast to the original 
model it is postulated that the fuel completely burned as premixed does not 
contribute to the net soot formation. Furthermore, the soot formation and soot 
oxidation during the burn-out phase are adapted to consider the influence of 
spray break-up as a result of spray momentum dissipation. Finally, the 
sensitivity of the soot forming process to the oxidizer oxygen concentration, i.e. 
the sensitivity to the applied rate of EGR, is increased. This is done by 
introducing an additional tuning parameter in the expression for the soot 
oxidation rate. Despite of these changes to the original model, it has a less 
phenomenological basis than the NO model presented in Chapter 4: more semi-
empirical constants are needed. A total of 10 model parameters ( ,s formC , , 

, , 
,s oxC

2OC pC EOSCα , SOBτ , EOSCτ , ,  and ) have to be adjusted to fit 

the combustion system at hand. The identification of these parameters is 
addressed in Chapter 6.  

sprayb ,1LOLC ,2LOLC
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6 Emission model 
identification and validation 

6.1 Introduction  
In this chapter the identification and validation process of the emission 
formation model, comprising the NO formation model and the soot formation 
model, will be described. The emission model is part of the combustion model 
of which Figure 6.1 gives a complete overview. The identification and validation 
of the emission model will be performed using “measured” heat release rate 
profiles (i.e. as derived from measured in-cylinder pressure data) as main model 
input, as indicated in Figure 6.1. The measured heat release rate profiles are 
used for the emission model validation because they contain the most detailed 
information regarding the influence of the in-cylinder conditions on the 
combustion process. Predicted heat release rates, computed using the fuel 
injection rate profile as main input, are used as inputs to the emission model in 
Chapter 7.   

 

Figure 6.1 Overview of combustion model using in-cylinder pressure as input. 
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The emission formation model requires inputs from the different components 
that form the combustion model as indicated in Figure 6.1. The emission model 
identification and validation process therefore considers all the components of 
the combustion model. The different steps taken during this process and the 
experimental set-ups used for this purpose are briefly introduced in the 
following sections.  

6.1.1 Overview of identification and validation process 
The identification procedure of the emission model parameters and validation of 
the model comprised four main steps:   

1) Characterisation of the fuel injection equipment; 
2) Characterisation of the fuel spray; 
3) Single-cylinder engine tests; 
4) Multi-cylinder engine tests. 

In Figure 6.2 an overview is given of these different steps and the corresponding 
experimental set-ups used.  
Characterisation of Fuel Injection Equipment (FIE) – In order to reconstruct an 
equivalent injection rate profile (i.e. mass flow rate and fuel velocity) 
corresponding to an engine test, the fuel injection equipment of the engine has 
been characterized by performing both mass flow rate and momentum flow rate 
measurements. The measurement set-ups and corresponding measurements 
have already been thoroughly discussed in Chapter 3 and will therefore not be 
discussed in this chapter. The characterisation of the fuel injection equipment 
through has only been performed for the fuel injection system of the single-
cylinder engine. The fuel injection rate profiles for the multi-cylinder engine are 
obtained by scaling of the single-cylinder engine data.  
Characterisation of the fuel spray – In both the NO and soot formation model, 
characteristic spray parameters are required: the spray cone angle, spray 
penetration distance, liquid length and flame lift-off length. Measuring these 
variables is not trivial. At the Eindhoven University of Technology, spray 
characterization can be performed in the optically accessible Eindhoven High 
Pressure Cell (EHPC) using several optical measurement techniques. Data from 
such measurements are used to develop/tune correlations. These correlations, as 
have already been introduced in Chapter 4 and Chapter 5, describe the evolution 
of the fuel spray upon injection for various engine operating conditions. Such 
correlations commonly depend on geometrical nozzle hole parameters and 
additional tuning constants to adjust them to the FIE at hand. The 
characterization of the fuel spray behaviour for the single-cylinder engine will be 
discussed in more detail in paragraph 6.3.4.  Tuned correlations for the single-
cylinder engine have been directly applied to the FIE of the multi-cylinder 
engine. Only the geometrical model parameters have been changed.   
Single-cylinder engine tests – Main emission model identification and validation 
has been performed using measurement data from a single-cylinder Heavy Duty 
diesel engine. For this engine, the fuel injection equipment and fuel spray have 
also been fully characterised. For model identification, several dedicated sweeps 
on specific engine operating variables have been performed. From these 
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measurements an optimized set of model parameters is obtained. Further 
emission model validation is performed by comparing simulation results to a 
different data set from the single cylinder engine. This dataset also contains 
measurement points outside of the operating range used for model 
identification. This gives an indication of the predictive capabilities and general 
applicability of the model.  
Multi-cylinder engine tests – The final step in the validation process is the 
comparison of predicted NO and soot model results with measurement data 
from a multi-cylinder Heavy Duty diesel engine. The validated emission model 
from the single-cylinder engine tests is used for this. Only geometrical engine 
parameters have been changed.  This comparison is used to analyse whether the 
emission model is generic. Furthermore, the multi-cylinder engine data is used 
to analyse differences in emission formation between the individual cylinders.  
For this engine, no explicit characterisation of the fuel injection equipment or 
fuel spray behaviour has been performed. The influence of this lack of data on 
the emission prediction will also be part of the analysis during the comparison 
with the multi-cylinder measurement data.  

6.1.2 Outline of the chapter 
This chapter can be divided into four main parts: 

1) Determination of emission model inputs  § 6.2;  
2) Single-cylinder engine tests  § 6.3 to § 6.5; 
3) Multi-cylinder engine tests  § 6.6; 
4) Analysis emission model results § 6.7. 

As shown in Figure 6.1, the main inputs to the emission model are derived from 
the engine manifold conditions, the fuel injection parameters and the in-cylinder 
pressure (i.e. the measured heat release rate profile). First, in section 6.2, the 
derivation of these different emission model inputs will be described. Thereafter, 
the attention is turned to the emission model identification and validation 
process. As mentioned, main identification and validation has been performed 
using measurement data of a single-cylinder engine. This single-cylinder engine 
is introduced in section 6.3. First the identification and validation of the NO 
model, using data from the single-cylinder engine, is discussed in section 6.4. 
Thereafter, in section 6.5, the identification and validation of the soot model, 
again using data from the single-cylinder engine, is presented. Then, the 
attention is turned to the multi-cylinder engine in section 6.6. In this section, 
first the multi-cylinder engine setup is introduced, followed by a description of 
the used measurement matrix. Thereafter the results for NO and soot will be 
subsequently presented. Finally, in section 6.7, an overview is given of the 
accuracy of the NO and soot emission formation model including the data from 
both the single and multi-cylinder engine. In this section, the validated model is 
furthermore used to analyse some important aspects of the NO formation 
process. An overview will be presented of the influence of the different 
temperature reducing phenomena to the final mass of formed NO. Besides this, 
the importance of the inclusion of the mixing model is examined. Furthermore, 
the importance of the addition of the main NO-forming reaction of the N2O-
intermediate pathway will be discussed.   
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6.2 Emission model inputs 
The main inputs to the NO formation and soot formation models are: 

1. Trapped in-cylinder conditions at start of compression at Intake Valve 
Closing (IVC); 

2. Heat release rate profile; 
3. Fuel injection rate profile. 

The trapped conditions are derived from the measured in-cylinder pressure 
curve, measured manifold conditions and measured mass flow rates of fuel, air 
and external EGR, see paragraph 6.2.1. The heat release rate profile is derived on 
the basis of a zero-dimensional thermodynamic model using the trapped 
condition estimates and measured in-cylinder pressure signal as inputs, see 
paragraph 6.2.2. The injection rate profile is constructed using the injection 
system model presented in Chapter 3. At the end of this section, in paragraph 
6.2.3, the influence of the uncertainty in the initial trapped conditions on the 
predicted NO emission is analysed. 

6.2.1 Trapped in-cylinder conditions 
All computations performed here to compute the in-cylinder conditions, are 
based on an in-cylinder pressure curve which is taken as the averaged profile 
over 50 consecutive combustion cycles. No filtering is applied on the pressure 
curve. The medium inside the combustion chamber is assumed to behave as an 
ideal gas during the whole combustion cycle. The in-cylinder mass at start of 
compression, i.e. at intake valve closing, is given by the ideal equation of state:  

 , ,
,

,

cyl IVC cyl IVC
cyl IVC

ox cyl IVC

p V
m

R T
⋅

=
⋅

 (6.1) 

where the subscript IVC refers to in-cylinder conditions at Intake Valve Closing. 
Neglecting real gas effects is a valid assumption for present CI engine 
combustion conditions as for example shown by [1]. The required conditions are 
determined as follows: 
Combustion chamber volume at IVC – The volume of the combustion chamber 
at any crank angle, is determined from combustion chamber geometry and 
known crank-slider kinematics. The piston position of Top Dead Center (TDC) is 
determined using an AVL 428 TDC-sensor. The nominal compression ratio of 
16.0 (see Table 6.1 in paragraph 6.3.1 for main engine specifications) is adjusted 
to a value of 15.9 on the basis of derived polytropic coefficients of motored 
pressure curves. The lower effective compression ratio can be expected because 
the geometrical compression ratio does not account for the gas volume between 
piston and cylinder wall which increases the combustion chamber volume at 
TDC.  
In-cylinder charge temperature at IVC – In-cylinder temperature measurement 
is not trivial. Therefore, the in-cylinder charge temperature is commonly derived 
by use of models. In this study, the semi-empirical model presented by Zapf [2] 
is used. On the basis of measurements on four-stroke turbocharged diesel 
engines, Zapf developed a semi-empirical correlation to correct the measured 
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manifold temperature for the heat exchange between the fresh aspirated charge 
and the intake duct and hot combustion chamber wall, the mixing of fresh 
charge with residuals and the dissipation of kinetic energy associated with the 
intake flow.  
In-cylinder pressure at IVC – The in-cylinder pressure at IVC is directly given by 
the pegged measured in-cylinder pressure signal. The measured in-cylinder 
pressure curve is pegged by describing the mass flow rate through the intake 
valve. The measured in-cylinder pressure signal is shifted such that the 
integrated mass flow rate over the valve-open period matches the inducted fresh 
charge mass as derived from the measured aspirated mass flow rate to the 
cylinder. This pegging procedure is described in more detail in Appendix B.  
Charge composition – The in-cylinder charge consists of fresh inducted (dried) 
air (O2 and N2), of external EGR (O2, N2, CO2 and H2O) and of residuals from the 
previous combustion cycle, i.e. internal EGR. The oxidizer composition vector 

oxY is given by: 

 ( )1= ⋅ + − ⋅ox fresh IEGRfresh freshY Y Y Y Y  (6.2) 

In this equation IEGRY  is the internal EGR species mass fraction vector, freshY  is 

the fresh charge composition vector and freshY  is the mass fraction of fresh 

charge in the total oxidizer. The composition vector of the fresh inducted mass 

freshY  is given by: 

 ( )1= − ⋅ + ⋅fresh air EGREGR EGRY Y Y Y Y  (6.3) 

where  the mass fraction of residuals in the fresh aspirated charge with 

composition vector 
EGRY

EGRY . The composition of the internal and external residuals 
are determined by an iterative procedure in which exhaust gas is put back into 
the cylinder (at fixed equivalence ratio and residual gas fraction) until the 
exhaust gas composition converges. Required thermodynamic properties, such 
as the specific heats and gas constant of the in-cylinder charge are derived from 
known oxidizer composition oxY .  

6.2.2 Heat release rate from measured pressure curve 
The emission formation models will first be validated using “measured” heat 
release rate profiles, i.e. as derived from the measured in-cylinder pressure 
profile. As already mentioned, the used in-cylinder pressure curve is taken as an 
averaged profile of 50 consecutive combustion cycles.  

The gross heat release rate grossdQ dca is determined on the basis of the first-law 

of thermodynamics for an ideal gas, closed, zero-dimensional system [3]: 

 
1

1 1
gross walldQ dQdpdV

p V
dca dca dca dca

γ
γ γ

= + +
− −

 (6.4) 

where γ  is the ratio of the specific heats, which is computed on the basis of the 
global (mean) in-cylinder composition and temperature. Blow-by is assumed to 
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be negligible small. Heat transfer from the hot gases to the cylinder wall 

walldQ dca is modelled by the correlation presented by Woschni [4], see also 

paragraph 4.4.4 in Chapter 4. The Woschni parameters  and  (equation 
(4.11)) are tuned to fit the injected amount of fuel for both load cases at normal 
timing and 0% EGR. They are kept constant when changing operating 
conditions. The injected mass of fuel is checked with O2 concentration 
measurements giving the air-excess ratio lambda (inverse of equivalence ratio). 
The heat release rate figures presented in this study have been smoothed 
applying a Savitzky-Golay Finite Impulse Response (FIR) filter using a third-
order polynomial. This smoothing results in a 0.7 crank angle degree advance of 
the crank angle of start of combustion with respect to the unsmoothed heat 
release signal. Combustion efficiency is however not significantly influenced: the 
smoothing filter not only lowers the premixed peak but also widens it such that 
the combustion efficiency is not significantly affected.    

1C 2C

6.2.3 Accuracy of NO prediction 
As mentioned in paragraph 6.2.1, the in-cylinder pressure curve is pegged on the 
basis of the inducted fresh charge mass as derived from the measured mass flow 
rate to the engine (see also Appendix B). This mass is taken as an average over 
40s fuel mass flow rate measurement time. In contrast, as mentioned before, 
the mean in-cylinder pressure curve is constructed from 50 sequentially 
measured in-cylinder pressure curves, which, at for example 1500 rpm, indicates 
a 2 seconds averaging window. Analysis shows that the oscillations in the 
measured mass flow rate have periods that are roughly of the same order as the 
time window used for the in-cylinder pressure curve averaging. This results in 
an uncertainty on the averaged inducted mass corresponding to the averaged in-
cylinder pressure curve. This leads to an uncertainty in the initial in-cylinder 
conditions (e.g. total mass and residual gas fraction). This inaccuracy is found to 
have no significant influence on the derived rate of heat release and predicted 
soot emission. However, it does have a significant influence on the predicted NO 
emission. This uncertainty needs to be accounted for when comparing the 
simulation results with the measurements and is therefore quantified in the 
following section.   

Influence of uncertainty in initial conditions on NO prediction 
Figure 6.3 gives an overview of the influence of the uncertainty in inducted mass 
on the maximum combustion product temperature and the predicted NO 
emission index EINO (given in grams of NO formed per kg of fuel). The 
uncertainty in mass flow rate (or equivalently in averaged inducted mass per 
cycle) is only small with a maximum uncertainty with of ±2.5% with respect to 
the averaged measured value. Also, for the maximum predicted initial 
combustion product temperature relative errors are small with a worst-case 
uncertainty of ±1.0%. However, the high temperature sensitivity of the thermal 
NO formation mechanism causes the uncertainty in predicted NO emission 
index to be significant with relative ranging from ~±10 % up to ~±42%. Even 
with the applied accurate measurement equipment it thus appears to be difficult 
to obtain NO emission values within ±10% accuracy. This observation is of great 
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importance when considering the use of NO emission formation models as 
virtual NO sensors on an actual engine.  
The uncertainty on the predicted NO emission index (EINO) increases with the 
applied EGR rate, as can be observed in Figure 6.3. At higher EGR rates, the 
EGR valve is opened wider and a more direct connection between the exhaust 
system and intake system is present (see also Figure 6.4 in the following 
section). As a result, pressure oscillations in the exhaust system more severely 
interact with the intake charge flow. These pressure oscillations are the result of 
the intermitted engine operation, which causes pressure waves to travel up and 
down the intake/exhaust system. It is found that the oscillations in the measured 
aspirated mass flow rate indeed increase with higher EGR rates. The time 
required for a pressure wave to travel up and down the intake system is 
dependent on the duct length. Since this length is fixed, the standing wave 
pattern changes with engine speed. The uncertainty in the derived inducted 
mass is indeed also found to vary with engine speed.  
In the remainder of this study, NO emission indices will be shown with error 
bars indicating found uncertainties.  
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Figure 6.3 Overview of influence of uncertainty in aspirated mass flow rate on 
maximum predicted combustion products temperature and predicted NO Emission 
Index (EINO). Emission indices for 50% EGR case are repeated on different scale for 
clarity.  

6.3 The single-cylinder engine measurement set-up  
In this section, the single-cylinder engine measurement set-up, which is used for 
main emission model identification and validation, will be presented. First, a 
description of the set-up and its main specifications will be given, followed by an 
overview of the performed measurements. The complete measurement chain 
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depicted in Figure 6.2 from fuel injection equipment characterisation to the 
actual engine tests, has been applied to the single-cylinder engine set-up. In 
paragraph 6.3.1 this set-up is introduced. The characterisation of the fuel 
injection equipment and the fuel spray behaviour will be briefly discussed in 
section 6.3.2 respectively 6.3.4. The fuel injection measurements performed to 
characterize the FIE have already been described in detail in Chapter 3.   

6.3.1 Single-cylinder engine set-up 
The different combustion and emission sub-models are validated on the basis of 
measurement data from a research type heavy-duty direct injection diesel 
engine. Figure 6.4 gives an overview of the engine set-up lay-out with main 
measurement points indicated. The main engine specifications are listed in 
Table 6.1. The specifications of the used diesel fuel are summarized in Appendix 
C. 

 
Figure 6.4 The research type single-cylinder engine set-up. CRT = Continuous 
Regenerating Trap, BPV = Back Pressure Valve, FSN = Filter Smoke Number.  

The engine setup is basically a six-cylinder engine. From this engine, one 
cylinder is isolated and used for combustion and exhaust gas concentration 
measurements. The engine is firing on cylinders 1 thru 3 using the standard 
engine fuel injection equipment and management system. Cylinders 4 and 5 are 
non-firing cylinders that function as EGR pumps. The purpose of these cylinders 
is to generate adequate EGR pressure even at recirculation levels in excess of 
50% (in mass) and up to 5 bar charge pressure. Cylinder 6 (closest to crank angle 
encoder) is used for combustion analysis and exhaust gas concentration 
measurements. This cylinder is equipped with a research type Common Rail 
type fuel injection system, see Table 3.1 in Chapter 3 for main specifications. 
Charge delivery to the test-cylinder is completely decoupled from the 
propulsion/EGR-pumping-dedicated cylinders. Fed by an Atlas Copco air 
compressor, the intake air pressure can be boosted up to max. 5 bar. Before 
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entering the compressor, the air is dried to a relative humidity of approximately 
10%. Mass flow rates of fresh air, EGR and fuel to the test-cylinder are measured 
using coriolis-type mass flow meters (indicated by m  and ). Exhaust 
gases from the test-cylinder enter a surge vessel before passing through the 
exhaust pipe for exhaust concentration measurement. Part of the exhaust gases 
are aspirated by the two EGR pumping cylinders and are fed to a second surge 
vessel, referred to as the EGR surge vessel. Before entering this vessel, the 
exhaust gases can be cooled by passing them through a water-cooler. From this 
vessel, the exhaust gases are dosed and fed into a third surge vessel by adjusting 
a ball valve. In this vessel, the exhaust gases are mixed with fresh air. The tank 
contains an internal mixing element to achieve a homogeneous intake charge 
mixture which subsequently enters the intake manifold of the test-cylinder.   

air EGRm

Table 6.1 Main specifications of the single-cylinder engine set-up 
Geometrical engine data  
Cylinders [ -]  
Bore / Stroke [mm] 
Compression ratio [-] 
Piston bowl shape 
Diameter piston bowl [mm] 

6 (1 isolated for combustion analysis) 
130 / 158 
16.0 
M-shaped 
100 

Data-acquisition  
Real-time data-acquisition system 
Type 
Sample resolution 

 
SMETEC COMBI Pro version 6.32 
0.1 ca  

Mass flows 
Fuel/ Air/ EGR 

 
Micro-Motion CMF 010/200/100  

In-cylinder pressure  
Sensor type 

 
AVL GU21C, piezo-electric  

Exhaust gas composition analysis 
NO/ NOx / THC [ppm]  
Smoke FSN [-] 
O2 / AFR / λ    [vol-%] / [-] /[-] 

 
HORIBA MEXA – 7000  
AVL Smoke meter type 415S 
HORIBA MEXA-210λ & UEGO sensor 

Table 6.2 Measurement matrix for single-cylinder engine 
Variable Point 1 Point  2 

Engine speed [rpm] 1500 1500 
IMEP [bar] 14.0 7.0 

Lambda (0% EGR) 1.8 3.2 
Injection pressure [bar] 900 750 

Actuation duration [ms] 3.5 2.1 

Sweep Var. [oca aTDC] / [rpm]/ [bar] EGR % Reference point 
A/B/C SOA -30:5:+0 0/25/50 2 
D/E/F SOA -20:5:+5 0/15/30 1 
G/H/I Neng 1000: 500 : 2000 0/25/50 2 

J pinj 500 : 250: 1000 25 2 
K pinj 500 /1000/ 1300 0 1; Neng = 1000 
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6.3.2 Single-cylinder engine measurement matrix 
The data set used for model validation consists of several sweeps to analyze the 
influence of injection timing, engine speed and injection pressure for various 
EGR rates. The sweeps are performed around two reference operating points, 
see Table 6.2. Reference point 2 is used as it is close to the Road Simulation 
(ROSI) operating point of the original 6-cylinder engine. Reference point 1 is 
derived from reference 2 as an increase in fueling level. The maximum 
obtainable IMEP of 14.0 bar at 1500 rpm is limited by the non-standard FIE. It 
corresponds to a medium load of the original 6-cylinder engine with standard 
Engine Control Unit (ECU) and FIE.   

6.3.3 Fuel injection equipment characterization 
The first step taken during the identification and validation process, as given by 
Figure 6.2, is the characterisation of the fuel injection equipment by dedicated 
fuel injection measurements. This characterisation is performed using the fuel 
injection equipment of the single-cylinder engine. These measurements and 
corresponding results have already been extensively discussed in Chapter 3. In 
this chapter, the resulting database of nozzle hole flow coefficients (see Figure 
3.18) and characteristic delays (see Figure 3.16 and Figure 3.17) is used to 
reconstruct the fuel injection profiles corresponding to the performed engine 
tests.  

6.3.4 Fuel spray characterization 
Both the soot and NO formation model are based on the one-dimensional spray 
model, presented in Chapter 4 (see also Appendix A) and require several spray 
characterizing variables as inputs: the spray cone angle sprayθ  , the penetration 

rate ( )S t , the Liquid Length ( LL ), the flame Lift-Off Length ( LOL ) and the 

mean axial velocity over the spray cross section ( )fU x . For all these variables, 
empirical correlations from literature have been introduced in previous chapters 
that quantify them for various operating conditions. Table 6.3 gives an overview 
of the spray model parameters required to tune these spray-characterizing 
empirical correlations. For each parameter, the source of tuning data is also 
given in the table.  
Ideally, all variables should be determined from actual spray measurements 
using e.g. the optically accessible Eindhoven High Pressure Cell [5] and several 
optical techniques. Spray penetration and spray cone angle can be determined 
using the Shadowgraphy and Schlieren method. For measurement of the liquid 
length, Mie-scattering can be used. More information regarding these 
measurements can be found in [6], [7].  
Unfortunately, due to lack of time, these measurements are not available for the 
FIE used in this study. A more pragmatic approach is therefore adopted here. 
Data from similar nozzles (i.e. same nozzle hole diameter) are used as a 
reference and are combined with literature data. This data is used to tune the 
used (existing) spray correlations as mentioned in Chapters 4 and 5. Required 
geometrical parameters are adjusted to the FIE at hand. Furthermore, some 
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correlations require the nozzle hole area contraction coefficient  (see Table 
6.3) as input. The required value is obtained from the fuel injection 
measurements as described in Chapter 3. Additional tuning parameters are set 
as indicated in Table 6.3.  

aC

Table 6.3 Overview of spray parameters and source of data used for identification 

 

Spray parameter Tuning  
parameter 

Source of tuning data 

spraya  Literature value [8]  

Spray cone angle sprayθ  
sprayc  

EHPC tests [9], spray/piston- bowl 
impingement timing 

b  EHPC tests [10], literature [11] 
Liquid length  LL

aC  Injection measurements (Chapter 3) 

,1LOLC  Literature value [12] 
Lift-off length  LOL

,2LOLC  Tuned for premφ in range of 2 -7 [13], [14] 

Penetration rate ( )S t  n  Literature value [15] 

Velocity profile ( )fU x  sprayβ  Consistent with [16] and [15] 

The spray cone angle is the most important spray-describing parameter. It is 
required as input in spray correlations indicated in Table 6.3. The spray cone 
angle correlation is tuned to give spray cone angles between 25o and 30o for the 
complete range of operating conditions used in this study. These values are 
found to agree well with measured cone angles on similar nozzles derived from 
shadowgraphy and Schlieren measurements in the EHPC. Although found cone 
angles match these measurements, they are not exact. Therefore, the influence 
of the uncertainty in the spray cone angle on NO and soot emission formation 
will be examined later on in paragraphs 6.4.2 respectively 6.5.2.  

6.4 NO model results – Identification and validation 
In this section, the identification and validation of the NO emission model will 
de presented using data from the single-cylinder engine. The identification of 
the model parameters will be discussed in three sections, grouped according to 
the three main aspects that are of importance for the NO formation process, see 
also Chapter 4:   

1. Temperature of the reaction zone, § 6.4.1; 
2. Oxidizer entrainment into the combustion products, § 6.4.2; 
3. NO formation kinetics, § 6.4.3.  

For each aspect, dedicated measurements have been performed for the 
parameter identification. Each section will end with a comparison between 
measured and predicted NO emissions using the final optimized set of 
parameters to validate the NO emission model. For this validation a larger set of 
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data is used than considered during the identification process. This is done to 
provide an indication about how generic the NO model actually is.  
In Table 6.4, an overview is given of the main phenomena that are taken into 
account to quantify these aspects and the most important associated model 
parameters that have to be set. To limit the uncertainty on the predicted mass of 
NO, the different model parameters, indicated in Table 6.4, are set on the basis 
of dedicated engine measurements. Furthermore, these measurements are 
performed to validate the used modelling approach to quantify the considered 
phenomena. In order to do so, several sweeps on specific engine operating 
variables have been performed. In Table 6.4, the considered operating variables 
associated to the different modelled phenomena are also presented. In the 
following subsections, this validation process will be addressed following the 
three main aspects.  
Once the model parameters are set, the model is validated on the basis of a 
larger set of measurements. Main model validation is performed using data 
from the single-cylinder engine. Later on, in section 6.6, the validated model 
from the single-cylinder engine is used to predict the NO emission for the 
multiple-cylinder engine. This will again indicate whether the model is generic.   

Table 6.4 Modelled phenomena, parameters and engine operating variables used for 
calibration and validation for the three main aspects of importance for NO formation 

NO aspect Phenomenon Model parameters Operating variable 
 
Temperature 
of reaction 
zone 

- Hot soot particle   
  radiative cooling 
- Flame straining 

- Soot radiative heat   
  loss fraction sootα  
- Flame strain  

   factor strainα  

- Mass fraction of     
   residuals    
- Start of actuation 
- Equivalence ratio 

 
Oxidizer 
entrainment 

- Oxidizer mixing 
  in fuel spray 

- Spray cone angle       

  sprayθ  

- Confined spray   

   correction mixα  

-Injection pressure 

NO chemical 
kinetics 

- Thermal NO  
- N2O-interm.   

- Reaction rate 1st     
   Zeldovich 
   reaction 1, ,f rk  

- Engine speed 

6.4.1 NO model results - Temperature of reaction zone 
As discussed in Chapter 4, the NO formation process is very temperature 
sensitive. Accurate estimation of the temperature of the NO forming reaction 
zone is therefore essential. In the NO model, this is mainly accounted for by the 
estimation of the initial combustion product temperature. To determine this 
temperature, several phenomena are considered: evaporative cooling, 
dissociation, gas radiation, hot soot particle radiative cooling and turbulence 
effects (flame straining). The highest uncertainties on the initial reaction zone 
temperature are formed by the quantification of the influence of hot soot particle 
radiative cooling and the influence of turbulence, i.e. flame straining. Their 
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influence is set by the NO model parameters sootα  and strainα  associated to 
respectively the phenomena of hot soot particle radiative cooling and flame 
strain. The identification of these model parameters is described in the next 
section.  

Hot soot particle radiative cooling and flame straining– αsoot and αstrain 

The influence of hot soot particle radiative cooling and turbulence, i.e. flame 
straining, on flame temperature and NO formation are both modelled as an 
instantaneous reduction of the initial combustion product temperature. Changes 
in operating variables will also influence both phenomena. A change in fuel 
injection pressure, for example, will affect the turbulence level and thus flame 
straining but will also affect the instantaneous in-cylinder soot levels and 
corresponding radiative heat loss. As a consequence, these phenomena cannot 
be considered independently. Setting of both parameters is therefore performed 
on the basis of a sensitivity analysis considering various combinations of sootα  

and strainα . During this procedure both parameters are set within the previously 
defined physically permissible limits (see paragraph 4.4.4 and 4.4.5 in Chapter 
4). The allowable range for the fraction of the total wall heat transfer contributed 
to the soot radiative heat loss sootα  was determined at 0.15 – 0.4. For strainα a 
permissible range of 0.015 – 0.08 has been derived. In this paragraph some 
typical results for variations in sootα  and strainα  will be shown to analyze their 
influence on NO formation. Results for two injection timing sweeps at 
significantly different EGR rates of 0 and 30% EGR are considered.  
 

Figure 6.5 a to d give an overview of the results for a variation in αsoot for the two 
injection timing sweeps. Results are shown for a fixed intermediate value for 

strainα . This value is considered to comply with used engine conditions. In 

Figure 6.6 a to d the same overview is presented for variations in strainα . Now, 

the value for αsoot is fixed and taken to be physically valid for considered engine 
operating point. The fractional decrease in EINO for different values of sootα  and 

strainα  are given in Figure 6.5 c and d respectively Figure 6.6 c and d. The 

figures show a high sensitivity of the predicted EINO on the used value for sootα  

and strainα . For the physically allowable αsoot values, reductions in NO formation 
are in the order of 10 – 45% are found. The sensitivity of EINO for changes in 

strainα  is even higher with reductions up to 70%. The figures, confirm the 
conclusions made in Chapter 4 on the basis of a temperature analysis: including 
the effect of hot soot particle radiative cooling and flame straining is of great 
importance for accurate NO emission formation prediction. 
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Figure 6.5 Influence of hot soot particle radiative cooling on NO formation for two 
injection timing sweeps at different EGR rates. Figures (a) and (b) give the predicted 
(-) and measured (--) EINO. Figures (c) and (d) give the corresponding reductions in 
EINO with respect to the case of no radiative cooling. Open circles indicate the 
measured EINO. Shaded regions give the predicted EINO together with their 
uncertainty for the case of αsoot =0.425 (best-fit). Main engine operating conditions as 
indicated in the figures, see also Table 6.2. 

For both αsoot and strainα  found absolute reductions in EINO are of the same 
order for both EGR rates. Also as a function of the start of actuation the 
reductions are analogous for sootα  as well as strainα . Despite of the significant 
difference in temperature level the reductions in EINO are similar. This 
indicates that for a set value of sootα  or strainα  similar results can be expected for 
changes in operating conditions. This facilitates the optimization procedure.    
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Figure 6.6 Influence of flame strain on NO formation for two injection timing sweeps 
at different EGR rates. Figures (a) and (b) give the predicted (-) and measured (--) 
NO emission indices. Main engine operating conditions as indicated in the figures, see 
also Table 6.2. Figures (c) and (d) give the corresponding reductions in NO emission 
indices with respect to the case of no straining. Open circles give the measured NO 
emission indices. Shaded regions give the predicted EINO together with their 
uncertainty for the case of αstrain=0.07 as best-fit.    

The measured EINO are also indicated in Figure 6.5 and Figure 6.6. In both 
figures, the parameters sootα  and strainα  are tuned to fit these measurements. 
Using the best-fit values result in the predicted EINO indicated by the shaded 
region. The shaded region depicts the uncertainty on the predicted values. It has 
to be noted that the combination of sootα  and strainα for the best-fit differs for 

both figures. The sensitivity analysis showed that no distinct set of sootα  and 

strainα  could be found that predicts EINO with an uncertainty less than ~20% of 
measured values over the complete engine operating range. Furthermore, used 
best-fit values in Figure 6.5 and Figure 6.6 are considered to be physically 
unrealistic. Both  sootα  and strainα  are close to (or even above) the upper limit of 
the permissible range. Considered engine operating conditions however do not 
correspond to high-sooting or extreme turbulent conditions (e.g. the 
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corresponding injection pressure is rather low with 900 bar). The final set of 

sootα  and strainα are physically permissible values. For this final set of  sootα  and 

strainα deviations will thus remain between predicted and measured values. 
These deviations have to be explained by not (entirely) captured physics or 
chemical kinetics.  
Figure 6.6 c and d show no significant difference in the best-fit strainα value 
despite the significant difference in applied EGR rate. In section 4.4.5 of Chapter 
4, it was already stated that the net effect of a change in EGR rate (and also of 
other operating variables) on the flame temperature reduction may be limited as 
a result of counterbalancing effects. Although lower oxygen concentrations give 
higher temperature reductions for a given flame strain rate, it also lowers the 
flame strain rates in the spray near the reaction zone. Although, Figure 6.6 c 
and d confirm this, further examination of this behaviour is recommended.     

Discussion 
The values of sootα  and  strainα cannot be set independently. A more accurate 
determination of either one of these parameters is therefore desired. This can be 
obtained by performing instantaneous soot radiative heat flux measurements. 
Through these measurements the hot soot particle radiative heat loss fraction, 
i.e. sootα can be determined for various operating conditions. With the sootα  
value set, one degree of freedom is eliminated, allowing more detailed analysis 
of the influence of turbulence effects on NO formation.  

Injection timing and EGR variation 
Injection timing influences ignition delay and the amount of fuel that burns 
during the premixed combustion phase. Higher premixed burn rates result in 
higher pressure rise early in the combustion cycle. This leads to higher initial 
combustion product package temperatures and hence NO formation, during the 
mixing-controlled combustion phase. NO formation from premixed burned fuel 
is assumed to be negligible and only the diffusive combustion phase is 
considered. To validate this assumption, the start of actuation has been varied 
for both nominal operating points and various EGR rates. Figure 6.8 shows the 
results of SOA sweeps on nominal operating point 1 for three different EGR 
levels, see Table 6.2 for specifications. For the 0% EGR cases, the corresponding 
main inputs are shown in Figure 6.7 as reference. The diffusion combustion is 
assumed to start when the premix burn rate peaks. The used heat release rates 
are given by the solid lines in Figure 6.7. Figure 6.8 shows that for the applied 
SOA, good qualitative agreement is present. Predicted EINO are within 25% of 
measured values over the complete timing range.  
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Figure 6.7 (left) Measured in-cylinder pressure and gross rate of heat release (top) and 
modelled fuel mass injection rate (bottom) for three Start Of Actuation timings of 
sweep D (1500 rpm, IMEP 14.0 bar) and for SOA – 25 oca aTDC case of sweep A 
(1500 rpm, IMEP 7.0 bar),  see also Table 6.2.   
Figure 6.8 (right) Measured and predicted NO emission index for sweeps D (0% EGR 
0), E (15% EGR ◊ ) and F (30% EGR +)as listed in Table 6.2. 

Figure 6.10 shows the results for the SOA sweeps on nominal operating point 2 
for three different EGR levels, see Table 6.2 for specifications. In Figure 6.9 the 
corresponding inputs for the case of SOA = -25 oca aTDC and 0% EGR is also 
shown. Figure 6.10, shows that for early injection timings (SOA before -15 oca 
aTDC), predicted NO emissions are too low. It is found that this deviation is 
more pronounced when premixed burn rates are higher. As can be observed in 
Figure 6.9, the premixed burn rates for the SOA = -25 oca aTDC case is much 
higher than for the other depicted cases. This indicates that for advanced 
injection timings (SOA before -15 oca aTDC), the premixed burnt fuel influences 
the NO formation in a manner not captured by the model. Possible explanations 
for this observed deviation are: 
 NO formation from premixed burned fuel: In the current model, the premixed 

burned fuel is assumed to be too fuel-rich (f>2) to produce significant NO. 
However, for long ignition delay periods, the time available to the mixing 
process prior to ignition may be long enough to obtain fuel-rich mixtures 
with equivalence ratios significantly below 2. NO formation via e.g. the 
prompt mechanism can than produce significant amounts of NO [17].  

 Underestimation of (local) NO forming temperature for high premixed burn 
rates: The high premixed burn rates and associated rapid pressure rise 
associated to the premixed burn, can result in local NO forming temperature 
fluctuations which may not be accurately described by the computed mean 
combustion product package temperature. In other words: the applied 
resolution in both space and time for the NO forming temperature 
computation may be too coarse. As a result of the exponential temperature 
dependence of the NO formation on temperature, an underestimation of the 
NO forming temperature will lead to significant underestimation of the NO 
formation rate. 
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Figure 6.9 (left) In-cylinder pressure and gross rate of heat release (top) and fuel mass 
injection rate (bottom) for three Start Of Actuation timings of sweep D (1500 rpm, 
IMEP 14.0 bar) and for SOA – 25 oca aTDC case of sweep A (1500 rpm, IMEP 7.0 
bar), see also Table 6.2. 
Figure 6.10 (right) Measured and predicted NO emission index for sweeps A (0% 
EGR 0), B (25% EGR ◊ ) and C (50% EGR +) as listed in Table 6.2. 

Discussion 

The predicted NO emissions show a good agreement with the measured data. 
Not only good qualitative agreement is achieved, but also an acceptable 
quantitative agreement is present (especially when taking into account the high 
temperature sensitivity of the NO formation process). The fact that NO 
emissions correlate with the adiabatic flame temperature for complete, i.e. 
stoichiometric, combustion is well known and was already found by Plee and 
Ahmad in 1983 [18]. The obtained agreement is still remarkable considering the 
(crude) approximations made in the model. One of the approximations made, is 
that the influence of fluctuations on local temperature and diluting species 
concentration, caused by the turbulent flow field, are neglected. As a result of the 
strong exponential temperature dependence of the NO formation process, the 
EINO can be expected to increase when including the effects of these 
fluctuations. However, in this study, no stochastic modelling has been applied to 
capture this aspect of turbulence.   
Regarding the qualitative agreement of for example Figure 6.8, it may be stated 
that the net effect of the fluctuations in temperature is roughly the same for all 
operating points in the considered timing sweeps. This can be expected since the 
turbulence level for these operating points are similar as a result of the fixed 
fueling rate. It also confirms that turbulence is mainly generated by the fuel 
injection process. The fuel spray-dominated turbulence generation is responsible 
for this. Deviations in the qualitative and quantitative agreement can therefore 
be expected when changing the injection pressure. Injection pressure variation 
is discussed in paragraph 6.4.2. 

6.4.2 NO model results - Oxidizer entrainment 
Fresh oxidizer entrainment has two counteracting effects on NO formation:  
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1. Oxygen effect: NO formation rates increase as oxygen mass fraction is 
increased*;  

2. Temperature effect: The temperature reduction as a result of the cold 
fresh oxidizer entrainment leads to lower NO formation rates.  

It must be noted that a clear distinction between the temperature effect and the 
oxygen concentration effect is not possible since the equilibrium oxygen 
concentration is also temperature dependent. In this section, the identification 
and validation of the NO model regarding the quantification of the oxidizer 
entrainment into the combustion product packages will be described. First the 
identification of the main mixing model parameters will be discussed. 
Thereafter, the main modelling approach is validated using experiments where 
the mixing rate was varied through injection pressure changes.  

Entrainment model parameter identification 
The oxidizer entrainment model contains two parameters that have to be set a 
priori: the spray cone angle sprayθ  and the mixing parameter mixα . The spray 

cone angle is the most important variable describing the evolution of the fuel 
spray (on which the entrainment model is based). The setting of the spray cone 
angle has already been discussed in paragraph 6.3.4. However, as mentioned, 
some uncertainty regarding the spray cone angle is present. This because the 
identification of the fuel spray parameters has not been performed on the actual 
FIE used for model validation. Therefore, the sensitivity of the predicted EINO 
on the used spray cone angle will be examined first in this section. Thereafter, 
the identification of the mixing parameter mixα  will be addressed.  

Spray cone angle qspray 
Figure 6.11 shows a typical result for the predicted NO emission for various 
values of the spray cone angle sprayθ . Wider spray cone angles indicate higher 

oxidizer entrainment rates. This results in a decrease in NO formation as shown 
in the figure. In other words, the temperature effect dominates the oxygen effect. 
For a nominal spray cone angle of 25o, an uncertainty of ±5o in the cone angle is 
assumed. This uncertainty spans the complete range of spray cone angle 
variation commonly encountered during normal engine operation. For this 
range, the predicted NO emission deviates by ±5% of the nominal value. In 
comparison to the inaccuracy on predicted NO caused by the uncertainty in 
predicted combustion product temperatures (see also paragraph 6.2.3) this 
inaccuracy is relatively small. It can therefore be concluded that increasing the 
accuracy on the used spray cone angle by performing dedicated optical 

                                                           
* From a chemical kinetics point of view, it is actually the concentration of O-
radicals rather than O2 molecules that is of importance (see equations (4.45) and 
(4.48) in paragraph 4.6.1 of Chapter 4). The equilibrium concentration of O-
radicals is however dependent on the O2 equilibrium concentration: 

 2 2O M O M+ +
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measurements only has a clear added value when the uncertainty in combustion 
product temperature is significantly decreased.  
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Figure 6.11 (left) Inaccuracy in predicted NO emissions resulting from the uncertainty 
in used spray cone angle.  
Figure 6.12 (right) Normalized (on αmix = 0 value) EINO for various values of the 
mixing parameter αmix (SOA = -10  oca aTDC case of sweep A, see Table 6.2).  

Confined spray correction – mixing parameter mixα  
The mixing parameter mixα is introduced to correct the entrainment rate for the 
fact that the probability of fresh oxidizer entrainment into the combustion 
product packages decreases as combustion proceeds and the fresh oxidizer is 
diluted with combustion products, see also paragraph 4.5.3 in Chapter 4. The 
correction is used since the mixing model is based on a model of a free spray 
instead of a confined spray. A sensitivity analysis has been performed on the 
parameter mixα  to analyze its influence on NO formation. Figure 6.12 shows a 

typical result of the reduction in predicted NO when increasing mixα  from zero 

to infinity. For a value of mixα =0, the formed combustion products instantly mix 
with the fresh oxidizer. This is the most extreme case of a confined spray. The 
effective fresh oxidizer entrainment rate (and hence the NO formation process) 
is instantly influenced by the formation of combustion products. For an infinite 
value of mixα , the case of a free unconfined jet is obtained: the fresh oxidizer 
entrainment process is not affected by the formation combustion products. 
Figure 6.12 shows that the increase of mixα from zero to infinity results in a 
gradual decrease in formed NO up to about 10%. This is a rather small decrease 
compared to the influence of other model parameters. For simplicity, the mixing 
parameter mixα  is therefore not explicitly used as a tuning parameter. Its value 
is set such that the decrease in NO is exactly in between the two aforementioned 
limits.  

Injection pressure variation 
In this section, the injection pressure is varied to validate the combustion 
product zone dilution model. The influence of fuel injection pressure on the NO 
emission index is shown in Figure 6.14. In Figure 6.13, the corresponding main 
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inputs of in-cylinder pressure, heat release rate and fuel injection rate are 
depicted for the case of SOA = -10 oca aTDC. Increasing the fuel injection 
pressure results in a higher amount of fuel becoming available for combustion 
during the ignition delay period. This leads to higher burn rates and 
corresponding higher unburned charge temperatures in the early stages of 
combustion. The result is an increased NO emission formation rate. Shorter 
residence times, as a result of the higher mixing rates, only partly counteract this 
NO formation increase. The general trend of increased NO with higher injection 
pressure is captured quite well by the model.  
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Figure 6.13 (left) Main inputs of heat release rate, fuel injection rates and in-cylinder 
pressure at SOA = -10 oca aTDC corresponding to the injection pressure sweep at 1000 
rpm and 14.0 bar IMEP depicted in Figure 6.14. Dashed vertical lines indicate the 
moment of spray-wall impingement.  
Figure 6.14 (right) Measured and predicted NO emission index for sweeps J 7 bar 
IMEP +) and K (14 bar IMEP 0) as listed in Table 6.2. 

However, an over estimation of predicted NO is present which increases for 
lower injection pressures. Two possible mechanisms are suggested that could 
explain this: 

1. Neglecting of wall impingement; 
2. Temperature fluctuations resulting from turbulence.  

Neglecting of wall impingement – For constant IMEP, injection durations 
increase with lower injection pressures (Figure 6.13). As injection duration 
increases, spray penetration is larger and the spray impinges on the piston bowl 
wall over a longer period of time during the main heat release rate period, i.e. 
during the fuel injection period. This can also be seen in Figure 6.13, where the 
vertical dashed lines indicate the crank angle of spray-wall impingement. Spray-
wall impingement changes the mixing rates. The assumed mixing model, which 
is based on a model of a free spray, is then no longer valid. The higher level of 
turbulence generated by the impingement will increase the entrainment rate of 
colder oxidizer into the combustion products. This results in lower NO 
formation rates. Neglecting the increased mixing as a result of spray-wall 
impingement is therefore a possible explanation for the over estimation of NO. 
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The inclusion of spray wall impingement is therefore recommended as future 
work.    
Temperature fluctuations resulting from turbulence – The second explanation 
considers the influence of fluctuations in temperature as a result of turbulence. 
It can be expected that as the turbulence level increases with injection pressures, 
also the amplitude of the fluctuations in local temperatures will increase. As 
mentioned in the discussion on the injection timing sweeps results, this aspect 
of turbulence is not taken into account. As stated in aforementioned paragraph, 
the inclusion of these oscillations will most probably increase the predicted NO 
emission. Furthermore, this increase is expected to be more significant for the 
increased injection pressures as a result of the more severe oscillations. 
Considering the results in Figure 6.14 this would decrease the quantitative 
agreement. However, qualitative agreement will improve for both injection 
pressure sweeps.  
Both the inclusion of wall impingement and local temperature fluctuations 
increases the sensitivity of NO formation on fuel injection pressure. This higher 
sensitivity is indeed observed in the measured curves from Figure 6.14.  

6.4.3 NO model results - NO formation kinetics 
The third aspect of importance for NO formation prediction is the considered 
reaction kinetics. As mentioned in Chapter 4, the considered NO formation 
reaction mechanism contains the three reactions from the thermal NO 
formation pathway and the main reaction from the N2O-intermediate pathway. 
Literature values are used for the reaction rate constants of all considered 
reactions. In other words, the reaction kinetics is not used for tuning. However, 
uncertainty is introduced by the used values for the reaction rate constants. As 
part of the NO emission model identification, the uncertainty regarding used 
literature values is therefore addressed in the following section.  
The chemical kinetics are dependent on the temperature, species concentrations 
and residence time. The temperature and species concentration aspect (i.e. 
mixing) of the NO formation are already dealt with in the previous sections. In 
this paragraph the residence time aspect of the NO model will be validated. The 
time available to the NO formation reactions is dependent on the engine speed. 
The engine speed is therefore used as the main engine operating variable to 
validate the used NO formation kinetics. 

Parameter identification – reaction rate constants  
A possible explanation for the observed deviation between measured and 
predicted NO emission indices can be found in the chemical kinetics. Not only 
the considered NO formation pathways leave room for uncertainty, but also the 
corresponding reaction rate constants are subject to uncertainty. Especially the 
reaction rate constant associated to the first Zeldovich reaction (i.e. thermal NO, 
see equation (4.42) in Chapter 4) is of great importance for the predicted mass of 
NO. Although thermal NO formation according to the extended Zeldovich 
mechanism is one of the most investigated reaction mechanisms in combustion 
modelling, there is still uncertainty concerning the choice of the reaction rate 
constants. Figure 6.15 gives the reaction rate constant of the first Zeldovich 
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reaction 1, fk , see equation (4.42) in Chapter 4,  for various expressions found in 

literature. All of the listed expressions are frequently used in combustion 
modelling. Figure 6.15 shows that deviations over a factor of two are present. 
Furthermore, values obtained from literature are obtained on relatively low 
pressure systems (typically << 10 bar). Their validity at the higher pressures, 
occurring during the diesel combustion process, could be questioned. Miller et 
al. [19], for example, use a pressure dependent correction factor on 1, fk  to 

improve absolute agreement. For pressures above 35 bar, the reaction coefficient 
was decreased by a factor of 5. This adds another uncertainty on used literature 
data.  
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Figure 6.15 (left) Reaction rate constant k1,f,Zeld for first Zeldovich reaction as function 
of inverse of temperature for different expressions found in literature.  
Figure 6.16 (right) Predicted NO emission index (EINO) for various values of k1,f, for 
injection timing sweep D (1500 rpm, 14.0 bar IMEP, 0% EGR). See Table 6.2 for 
specific engine operating conditions. 

Figure 6.16 shows the sensitivity of the used value for 1, fk  on the predicted NO 

emission index for sweep D, see also Table 6.2. In this study, the expression 
from GRI MECH 2.11 is used for 1, fk . This reaction rate coefficient is multiplied 

by a factor 
1 ,k fα  to adapt the effective reaction rate. From Figure 6.16 it can be 

concluded that the uncertainty present in literature regarding the reaction rate 
constants is more than sufficient to span the difference between measured and 
predicted NO emission indices.   
 

Discussion 
The variation in the reaction rate constant of the first Zeldovich reaction in 
Figure 6.16 shows the same trend in NO reduction as found for the variation in 

strainα  and sootα , see Figure 6.5 and Figure 6.6. On the basis of a sensitivity 
analysis it is found that similar results (i.e. with comparable accuracy) as 
obtained with a tuned set of strainα  and sootα  (without considering the permissible 

ranges) are obtained when decreasing 1, fk  with a factor of 5. Although it can be 

expected that this will not result in a generic model, since it neglects other 
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accepted NO reducing phenomena, adjusting the value for 1, fk  may thus be a 

fast and effective way to calibrate the NO formation model. The approach may 
certainly be used to eliminate remaining deviations between measured and 
predicted NO emissions. Indeed, the deviations present in this study can be 
eliminated by decreasing 1, fk  with 20%, which is well within the range of values 

found in literature.  

Engine speed variation 
The time available for the NO kinetics to form NO is inversely proportional to 
the engine speed. Because the different NO formation reaction pathways all have 
their own specific reaction time scales, the variation in engine speed is used to 
verify whether the main NO formation mechanisms are included. In Figure 
6.17, the results are shown for a variation in engine speed at three different EGR 
rates. The injection timing is fixed at an SOA of -15 oca aTDC.  
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Figure 6.17 Measured and predicted NO emission index for sweeps G(0% EGR 0), H 
(25% EGR ◊ ) and I (50% EGR +) as listed in Table 6.2. 

The good agreement, as found in Figure 6.17, indicates that the dominant NO 
formation kinetics are indeed adequately accounted for. This is valid for high 
temperature combustion as well as for combustion with high amounts of EGR 
and corresponding low temperature.     

6.5 Single-cylinder engine soot model results 
This section presents an overview of the soot model results for the single-
cylinder engine. The predicted soot mass is compared to measured soot mass. 
The measured values are derived from exhaust gas smoke opacity 
measurements. An empirical correlation, describing the relation between soot 
mass and so-called Filter Smoke Numbers (FSN), is used for this purpose. This 
is discussed in more detail in paragraph 6.5.1. As mentioned in paragraph 6.3.4, 
used spray cone angles are not measured and subject to uncertainty. In 
paragraph 6.5.2, the sensitivity of the predicted soot mass to the used spray cone 
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angle is therefore examined.  The soot model was presented in Chapter 5 and 
contains three model parameters that define the burn-out phase after the end of 
combustion. Before the actual results are presented, first the influence of these 
model parameters on the predicted soot mass is studied in paragraph 6.5.3. The 
next paragraphs examine whether the soot model is capable of predicting 
measured trends for changes in engine operating conditions. The influence of 
injection timing and EGR is first addressed in paragraph 6.5.4 followed by the 
influence of injection pressure and engine speed in paragraph 6.5.5 and 6.5.6 
respectively.   

6.5.1 Determination of measured soot mass emission 
The emitted mass of soot is not directly measured but is derived on the basis of 
smoke opacity measurements. For this an AVL 415S spot opacimeter is used. It 
measures the light reflection from a filter charged with soot collected from a 
discrete gas volume sampled from the exhaust stream, see Figure 6.4 for the 
sample location. Part of the intensity from the projected light beam is absorbed 
by the black carbonaceous soot. The other part is reflected and detected by a 
reflectometer. The measure of opacity or “blackness” is expressed in a FSN value 
ranging from 0 to 10. The soot mass density in the sample volume is 
proportional to the filter darkness, i.e. FSN value. 
The total emitted Particulate Matter (PM) from a specific engine is commonly 
derived on the basis of an empirical correlation (see e.g. [20],[21],[22]), which, in 
general form, is given by: 

 ( ),[ ],[ ] fuelPM f FSN THC S=  (6.5) 

In the correlation the FSN part represents the contribution of soot to the total 
PM. The measured concentration of Total HydroCarbons  in the exhaust 

gas quantifies the soluble organic fraction of the total particulate matter. [ ]

[THC]

fuelS  is 

the Sulphur content in the fuel. Sulphates originated from the fuel form a minor 
contribution to the insoluble fraction.   
For both engines used in this study, empirical correlations like equation (6.5) are 
available. These equations are found to represent the total particulate mass with 
an accuracy of ±30%. Because the diesel fuel used for this study contains only 
low concentrations of Sulphur (see Appendix C), the contribution of [ ] fuelS  to the 

particulate matter is neglected. Furthermore, because only the mass of 
carbonaceous soot is predicted by the emission model, only the FSN part of the 
correlation is used. The uncertainty on the derived measured mass of soot is 
taken equal to the total uncertainty of the PM correlation, i.e. ±30%. This 
uncertainty forms the main part of the error bars indicated in the figures. The 
total error bars also include the possible measurement error of the FSN value.    

6.5.2 Spray cone angle  
In the soot formation model, besides the spray cone angle, also a correlation for 
the flame lift-off length is used. The tuning parameters in this correlation are set 
such that the predicted values for the equivalence ratio of the initial rich 
premixed reaction zone match literature values [13],[23] for similar operating 
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conditions. The in-cylinder conditions most clearly affect this equivalence ratio 
through their impact on the spray cone angle, which is an input to the lift-off 
length correlation. Here, it is found that the uncertainty in spray cone angle only 
has a marginal effect (i.e. < 2 %) on final soot production. It can therefore be 
concluded that, although the used spray parameters are not exact, the resulting 
uncertainty on emission formation is not found to be significant. Improving 
modelling accuracy should initially not focus on obtaining a higher accuracy for 
the spray describing variables.  
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Figure 6.18 Inaccuracy in predicted soot mass emissions resulting from the uncertainty 
in used spray cone angle.  

6.5.3 The burn-out phase – Introduced model parameters  
The main changes made to the original soot model consider the burn-out phase 
as is described in Chapter 5. Three additional parameters have been introduced: 

• Characteristic mixing time SOBτ : Describes the soot formation temperature 
evolution after the Start Of Burn-out (SOB), see equation (5.8) in Chapter 5. 

• Characteristic mixing time EOSCτ : Describes the evolution in soot oxidation 
temperature from the adiabatic flame temperature to the mean in-cylinder 
temperature after the assumed End Of Steady Combustion (EOSC), see 
equation (5.9) in Chapter 5. 

• Parameter EOSCα  controlling the end of steady-burning spray: The end of steady 
combustion is taken as the point in time where the heat release rate is 
reduced to a fraction EOSCα  of the maximum heat release rate during the 
diffusion controlled combustion phase, see equation (5.10) in Chapter 5.    

As mentioned in Chapter 5, a characteristic mixing time scale range between 2 – 
10 ms has been derived on the basis of computed combustion product 
temperature profiles from the NO formation model (see for example Figure 6.34 
later on). The shortest time scales occur during the fuel injection period, when 
turbulent kinetic energy is the highest. After the end of injection, the mixing 
time scales gradually increase. In the following subsections, the sensitivity of the 
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soot production process on the characteristic mixing times and used value for 

EOSCα  is further examined. Because the transition in soot formation temperature 

occurs shortly after the end of injection, the characteristic time scale SOBτ  can be 
expected to have a value near the upper limit of the found range. The 
characteristic mixing time EOSCτ , on the other end, describes the mixing process 
near the end of combustion when turbulent kinetic energy is significantly 
reduced. Values for EOSCτ  are therefore assumed to be lower and more towards 
the lower end of the found range.  

Soot oxidation temperature during burn-out phase   
The soot oxidation process is quenched when the soot oxidation temperature is 
lower than the threshold value of 1000 K. The evolution of the soot oxidation 
temperature is described by the combined effect of the used characteristic 
mixing time EOSCτ  and the parameter EOSCα . The characteristic mixing time 

EOSCτ  is set on the basis of the computed combustion product temperature 
evolution profiles from the NO formation model. For combustion product 
packages formed towards the end of combustion, characteristic mixing times in 
the range of 6 – 10 ms are found.  
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Figure 6.19 Influence of assumed end of steady combustion, quantified by αEOSC on 
soot oxidation temperature (a), soot formation and oxidation rate (b) and soot mass 
(d). Measured soot mass is indicated by the open circle.  The end of steady combustion 
timings with respect to the heat release rate by combustion are indicated in the bottom 
left graph (c). Results correspond to SOA = -10 oca aTDC operating point of sweep A. 
See Table 6.2 for operating conditions.   
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Figure 6.19 shows the predicted mass of soot (i.e. the net balance between the 
soot formation and soot oxidation rate) during the combustion cycle for various 
values of EOSCα  and an intermediate value of 8.0 ms for EOSCτ . The circle again 
indicates the measured mass of soot. Results are shown for the SOA = -10 oca 
aTDC operating point of sweep A (see Table 6.2 for operating conditions). From 
Figure 6.19 it can be concluded that the sensitivity to the used value of EOSCα  is 
high. The net soot production is primarily determined by the soot oxidation 
process during the burn-out phase and the spray break-up process. For the 
injection timing sweep shown, best quantitative and qualitative agreement is 
obtained for  EOSCα  around 0.2. This value corresponds to a transition point 
about 35 crank angle degrees before the actual end of combustion. The break-up 
of the fuel spray into smaller soot forming pockets is thus found to affect the 
soot oxidation process significantly before the end of combustion. This is found 
to be generally true for the operating points considered in this study.  

Soot formation temperature during burn-out phase   
At the start of the burn-out phase, shortly after the end of injection, no 
significant dissipation of the turbulent kinetic energy available to the mixing 
process has occurred. Mixing rates will therefore be high and the characteristic 
mixing time SOBτ  can be expected to be short, i.e. at the lower end of the 
aforementioned range of 2 – 10 ms. Figure 6.20 shows the influence of the 
characteristic mixing time SOBτ  on the soot formation rate during the 
combustion period. Results are shown for the SOA = -10o ca aTDC operating 
point of sweep A (see Table 6.2 for operating conditions).  In Figure 6.21, its 
influence on the net soot production is depicted.  
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Figure 6.20 (left) Influence of characteristic mixing time τSOB on soot formation and 
oxidation rate. Results correspond to SOA = -10 oca aTDC operating point of sweep A. 
See Table 6.2 for operating conditions.   
Figure 6.21 (right) Influence of characteristic mixing time τSOB on predicted soot mass. 
Open circle indicated measured soot mass. Results correspond to SOA = -10 oca aTDC 
operating point of sweep A. See Table 6.2 for operating conditions.   
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In the figure, the measured formed mass of soot is indicated by the circle. The 
figure shows that the predicted mass of soot is only marginally affected by the 
used value of SOBτ . Soot oxidation rates are sufficiently high to oxidize the 
additional mass of soot formed for increased mixing times. The predicted mass 
of soot is less sensitive to adjustment of the soot formation process during the 
burn-out phase.  

6.5.4 Injection timing and EGR variation 
Injection timing determines the amount of fuel that burns as premixed and has 
great influence on combustion temperature. One of the adaptations made to the 
original soot model of Bayer and Foster is the postulation of no soot formation 
from the premixed burnt fuel. Varying the injection timing is used to verify this 
postulation. Figure 6.22 presents the results for three different SOA sweeps at 
three EGR levels.  
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Figure 6.22 Measured and predicted soot emission for sweeps A (0% EGR 0), B (25% 
EGR )  and C (50% EGR ◊ ) as listed in Table 6.2. R2 values are determined after 
normalizing the data on the most retarded injection timing. 

The results show a gradual increase in soot mass as injection timing is retarded. 
Injection retard shifts the combustion more into the expansion stroke where 
temperatures are lower and less time is available for soot oxidation. The general 
trend is captured very well by the model as indicated by the coefficients of 
determination, i.e. R2 values. For the highest EGR case and injection timings 
retarded beyond -10 oca aTDC, temperatures are low enough to limit the soot 
formation rate such as to decrease the net soot production. This decrease in 
formation rate is not correctly captured by the model, as is shown in Figure 6.22. 
Although the soot production levels off, soot formation remains too high for 
these retarded injection timings. This deviation is not contributed to the 
omission of soot formation from the premixed burn fuel. No correlation is found 
between the amount of premixed burned fuel and the error in predicted soot 
formation. The good qualitative agreement as given by the R-square values 
indicated in Figure 6.22, also suggests that the postulation of no soot formation 
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resulting from the premixed burn phase is correct or, at least, does not give rise 
to significant errors.  

6.5.5 Injection pressure variation 
The fuel injection pressure is varied to examine whether the influence of the 
turbulent mixing process on soot formation is correctly captured. The oxidizer 
entrainment rate upstream of the lift-off length determines the richness of the 
initial premixed reaction zone. Because this entrainment rate is increased at 
higher pressures, soot formation is decreased at higher pressures. This trend can 
be observed in both the measured and predicted soot mass as can be seen in 
Figure 6.23. However, a significant deviation is present for the lowest injection 
pressure. Possible explanations for the observed deviation are: 

 Inaccurate estimation of the initial premixed reaction zone richness: The 
equivalence ratio of the rich initial premixed reaction zone premφ  is based on 

a correlation of the lift-off length. The used correlation and the assumed 
sensitivity to the fuel injection pressure can only be fully validated using 
actual measurements of the lift-off length. At present, such data are 
unfortunately not available. A sensitivity analysis on the value of premφ  

shows that an increase by a factor of 1.7 is required to fit the measured soot 
mass. This increase is considered to be unlikely as it results in a value for 

premφ  which is not in correspondence with literature data. Therefore, other 

explanations need to be examined. 

 Neglecting spray-wall impingement: Fuel and already formed soot particles that 
hit the wall (partially) avoid the oxidation process and leave the combustion 
chamber as soot. The inclusion of this phenomenon is not considered at 
present, but is expected to be significant.    

 Inadequate description of the influence of injection pressure on spray break-up 
during the burn-out phase: In the soot model, three parameters are introduced 
to describe the soot production process after the end of injection: the 
characteristic mixing times SOBτ  and EOSCτ  and the parameter EOSCα . 
Lower injection pressures will result in higher characteristic mixing times as 
a result of slower mixing rates. Increasing the characteristic time scale EOSCτ  
associated to the soot oxidation process would lead to less net soot. This 
counteracts the observed increase in soot formation for lower injection 
pressures. In paragraph 6.5.3, the influence of SOBτ  was already found to 
have only a marginal effect on the predicted net soot mass and is therefore 
not sufficient to explain the observed deviations. This leaves the parameter  

EOSCα  quantifying the end of the quasi-steady burning spray phase. For 

better agreement with the measurements, EOSCα must be increased for 
lower injection pressures. However, a match with measured soot mass can 
only be obtained for EOSCα =1. This indicates a break-up of the spray 
immediately after the end of injection. This, again, is not in correspondence 
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with literature data. The deviation between measured and predicted soot 
mass can therefore not be entirely contributed to EOSCα .  

Because none of the explanations mentioned above can solely cancel the 
observed deviation it is believed that the final explanation is a combination of 
aforementioned aspects. Both the inclusion of the influence of wall 
impingement and the use of a pressure dependent EOSCα are recommended as, 
future model extensions. 
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Figure 6.23 (left) Measured and predicted soot emission for sweeps J (7 bar IMEP ) 
and K (14 bar IMEP ) as listed in Table 6.2. R2 values are determined after 
normalizing the data on the highest injection pressure.  

◊

Figure 6.24 (right) Measured and predicted soot emission for sweeps G (0% EGR ), 
H (25% EGR ) and I (50% EGR ), 7.0 bar IMEP, as listed in Table 6.2. R2 
values are determined after normalizing the data on the highest engine speed.  

◊

6.5.6 Engine speed variation 
The variation in engine speed is used to analyze the influence of the time 
available for soot production. Figure 6.24 gives the measured and predicted soot 
mass per engine cycle for three different engine speeds at different EGR rates 
and 7.0 bar IMEP (sweep G, H and J, see Table 6.2). As engine speed is 
increased, there is less time available for soot oxidation which increases the net 
soot mass produced. Although the residence time is the most important, the 
more than linear increase of measured soot mass with engine speed, indicates 
that other factors are of influence. The change in engine speed is for example 
also accompanied with a change in the premixed burn. As a result of the 
increased engine speed, less fuel is injected and available for the premixed burn 
when local temperatures and local equivalence ratios are sufficient to allow auto-
ignition (for the corresponding heat release rates, the reader is referred to Figure 
7.5 in Chapter 7). At higher engine speeds, more fuel is therefore burned during 
the, soot producing, diffusion controlled combustion phase. The 50% EGR 
operating point at 1000 rpm does not seem to comply with this trend. This 
deviation is caused by the fact that this operating point could not be set well as a 
result of severe oscillations in EGR mass flow rate. The actual EGR rate is ~60% 
and well above the target value of 50%. This significantly higher EGR percentage 
results in significantly more soot production. This is also observed, although too 
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pronounced, in the predicted soot mass. In general, Figure 6.24 shows that the 
more than linear increase in soot mass with engine speed is captured by the 
model, as indicated by the R2 values. This also supports the assumption of the 
insignificant contribution of soot mass from completely premixed burned fuel to 
the total soot mass, as used in the model.       

6.6 Multi-cylinder engine  
The validated emission models resulting from the single-cylinder engine tests 
have also been compared with data from a 6 in-line cylinder heavy-duty DI diesel 
engine for both conventional and high-EGR combustion.  

6.6.1 Multi-cylinder engine set-up 
Figure 6.25 shows an overview of the multi-cylinder engine set-up. The main 
specifications of the multi-cylinder engine are listed in Table 6.5. 

 
Figure 6.25 Schematic overview of multi-cylinder engine set-up with important 
measurement variables and their respective locations. HP = High Pressure, LP =Low 
Pressure, HPT = High Pressure Turbine, LPT = Low Pressure Turbine, HPC = High 
Pressure Compressor, LPC = Low Pressure Compressor, BPV = Back-Pressure Valve, 
DPF = Diesel Particulate Filter, FSN = Filter Smoke Number.  

The engine is equipped with both a long-route (low pressure) as well as a short-
route (high pressure) EGR system which allows EGR percentages up to 50%. 
The high pressure EGR flow is redirected to the intake system just upstream of 
the high-pressure turbo. The low-pressure EGR is redirected just downstream of 
the low-pressure turbo. Both EGR systems have an EGR cooler. The EGR flow 
from the low pressure EGR system is fed through a Diesel Particulate Filter 
(DPF). Emissions of CO, CO2, THC, O2, NO and NOx are measured both in the 
fresh inducted intake charge and in the final exhaust gas. Air excess ratio λ and 
Filter Smoke Numbers are measured just upstream of the DPF filter. In-cylinder 
pressure is measured in each individual cylinder. However, no cylinder specific 
intake manifold conditions are available. Fresh air mass flow rate is measured 
using a laminar flow element. All cylinders are equipped with a Kistler piezo-
electric in-cylinder pressure sensor for combustion analysis. Exhaust gas NO 
emission concentrations and FSN values are measured in the total engine-out 
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exhaust gas flow. Total soot mass is again derived from FSN values using an 
engine specific correlation. 

Table 6.5 Main specifications of multi-cylinder engine 
Geometrical engine data  

Engine type 
Cylinders [-]  
Bore/Stroke [mm] 
Compression ratio [-] 

HD DI diesel 
6  
130/162 
16.5 

Fuel injection system  

Type Electronically controlled 
Number of nozzle holes 
Nom. hole diameter [mm] 

7 
0.210 

Data acquisition  

Mass flow rate 
Fresh air 

 
Laminar flow element 

In-cylinder pressure 
Sensor type (cylinder number) 

Kistler 6125A (1,3),Kistler 6125B 
(2,4), Kistler 6067B (5,6) 

Exhaust gas composition analysis 
NO,NOx,CO, CO2, THC [ppm] 
Smoke FSN [-] 

Os/AFR/λ [vol-%],[-]/[-] 

 
HORIBA MEXA 9100 
AVL smoke meter type 415S 
HORIBA 

 

6.6.2 Measurement matrix 
The operating conditions, listed in Table 6.6, contain four different 0% EGR 
load cases and two injection timings sweeps at 40% EGR. For all cases, the 
injection pressure is set at 950 bar.  

Table 6.6 Operating conditions for multi-cylinder tests 
Variable 1 2 3 4 L M 

Speed [rpm] 1600 1200 1830 1830 1830 1200 

IMEP [bar] 7.6 8.5 13.1 5.7 5.8 6.8 

Lambda  2.3 2.6 2.2 3.1 ~1.7 ~1.5 

Actuation dur. [ms] 1.4 1.1 2.4 1.0 Varied* Varied* 

EGR-% 0 0 0 0 40 40 

SOA [oca aTDC] -10 -10 -10 -10 Varied Varied 
           * Varied to maintain fixed IMEP 
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6.6.3 FIE and spray characterization 
In contrast to the FIE of the single-cylinder engine, the fuel injection system of 
the multi-cylinder engine has not been characterized. This means that there are 
no data on the actual Start Of Injection (SOI). Fuel injection rates are 
reconstructed on the basis of the injection measurements performed on the FIE 
for the single-cylinder engine. The measured injection delays are assumed to be 
the same for the multi-cylinder FIE. The required discharge coefficient is derived 
from measured fuel mass flow rates to the multi-cylinder engine. The remaining 
flow coefficients are scaled on the basis of the coefficients found for the nozzle 
used in the single cylinder engine tests. Fuel spray characterization for the FIE 
of the multi-cylinder engine is performed analogous to the procedure used for 
the single-cylinder engine, see paragraph 6.3.3.  

6.6.4 Model inputs 
NO and soot formation is computed using the actual heat release rate of each 
cylinder. Due to absence of individual cylinder fuelling and gas exchange data, 
fuelling and gas exchange of each cylinder are assumed to be identical. Pressure 
signal handling and heat release rate computation are identical as used for the 
single-cylinder engine or as mentioned when otherwise.  

6.6.5 NO model results 
The measurement matrix for the multi-cylinder engine contains four different 
load and engine speed cases at 0% EGR, spread over a significant part of the 
engine operating range, see Table 6.6. The measured and predicted NO 
formation indices for these load cases are shown in  Table 6.7. The deviations 
between predicted and measured EINO indicated in the table are of the same 
order or somewhat larger than found for the single-cylinder engine. Since the 
model parameters are the same as for the single-cylinder engine, this shows that, 
at least for the used range of operating conditions and engines, the model is 
indeed generic.  

 Table 6.7 Measured and predicted NO emission index for the 0% EGR operating        
conditions as listed in Table 6.6 

Operating point Meas. EINO [g/kg 
fuel] 

Pred. EINO 
[g/kg fuel] Deviation  

1  51.7 62.0 +19.9% 
2  25.9 30.8 +18.9% 
3  19.5 24.3 +24.6% 
4  22.7 31.5 +38.8% 

6.6.6 Soot model results 
Figure 6.26 gives an overview of the predicted and measured soot emission for 
all operating points listed in Table 6.6. Note that the x-axis only applies to the 
two 40% EGR cases. For the 0% EGR operating points the used start of 
actuation is equal to -10 oca aTDC. Measured soot emissions for the 0% EGR 
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cases are virtually zero, which is correctly predicted by the model. The measured 
soot emissions for the two high-EGR SOA sweeps listed in Table 6.6, show the 
same trend as found for the single-cylinder engine: at retarded injection timings, 
the soot formation rate decreases and net soot production drops. The soot model 
is again not able to capture this phenomenon. For conventional timings 
(between SOA = -15 and 0 oca aTDC), the agreement between predicted and 
measured soot levels is reasonable. Here, it can however be expected that more 
detailed information on actual fueling rates results in improved agreement.    
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Figure 6.26 Measured and predicted soot mass for two start of actuation sweeps at 
40% EGR and 0% EGR load cases as listed in Table 6.6. 

6.6.7 Individual cylinder emission formation prediction 
The measured exhaust gas NO emission concentration and soot mass are total 
engine-out emissions. The differences in predicted NO and soot emission 
between the individual cylinders has been analysed to answer the question 
whether total engine-out emissions can be predicted with acceptable accuracy on 
the basis of only one cylinder pressure curve. If so, this limits the need to equip 
each cylinder with a pressure sensor reducing system complexity, costs and 
computational effort.     

NO emission  
Figure 6.27 shows the measured total NO emission index and the predicted 
EINO for each individual cylinder for an SOA sweep at 40% EGR rate (Sweep L, 
see Table 6.6). All cylinders globally show the same trend but absolute levels 
differ by max. ±25%. The relative deviation between the different cylinders 
becomes smaller when injection timing is retarded. Corresponding flame 
temperatures are reduced to levels where NO formation through the Zeldovich 
mechanism is less dominant. The temperature sensitivity of NO formation is 
therefore reduced for retarded injection timings and differences in temperature 
become less pronounced in predicted EINO values. Figure 6.27 indicates that 
the absolute agreement decreases as injection timing is retarded after TDC. 
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These operating conditions are characterized by high premixed burn rates as a 
result of long ignition delay periods. It is believed that this observed under-
estimation in NO for the operating points with high premixed burn rates, is 
caused by the same model inadequacies as earlier found for the advanced 
injection timings for the single-cylinder engine, see paragraph 6.4.1. An 
additional difficulty in acquiring accurate NO emission prediction for these 
operating points are the strong fluctuations in in-cylinder pressure as a result of 
the rapid, almost instantaneous, heat release rate increase during the premixed 
burn phase. Accurate determination of the heat release rate, which forms the 
main model input, is difficult.  
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Figure 6.27 (left) Measured and predicted NO emission index for Sweep L (see Table 
6.6) for the six individual cylinders. Shaded region indicates the error band on the 
predicted averaged EINO curve. 
Figure 6.28 (right) Measured total soot mass and predicted soot mass for individual 
cylinders for operating point 4 as listed in Table 6.6. Dotted lines give the ±30% error 
bandwidth. 

Soot emission  
Soot emissions have also been computed for each individual cylinder on the 
basis of the corresponding heat release rate profile and reconstructed fuel 
injection profile. Figure 6.28 shows the results for operating condition 4 as 
listed in Table 6.6. Although the averaged soot mass is in good agreement with 
the measured values, deviations between the different cylinders are relatively 
large with a standard deviation of ±15% of the average value. 
The results for both the NO and soot emissions indicate that data from all 
individual cylinders is required to obtain the best agreement with measured total 
engine-out emission values.  

6.7 Emission model results analysis 
In this section, an overview will be given of the obtained modelling accuracy for 
both the NO (§ 6.7.1) and soot model (§ 6.7.4) considering the complete data set, 
i.e. for both the single cylinder and multi-cylinder engine. Thereafter, the 
validated emission model will be used to analyse some important aspects 
regarding the emission formation process. For the NO formation model the 
following aspects will be considered here: 
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1. The influence of the considered temperature reducing phenomena on 
the predicted mass of NO, §6.7.3; 

2. The importance of the inclusion of oxidizer entrainment for the NO 
prediction, §6.7.4; 

3. The importance of the inclusion of the N2O-intermediate reaction 
pathway to the NO formation mechanism, §6.7.5. 

6.7.1 NO emission error map 
In Figure 6.29 the predicted NO emission indexes are plotted against the 
measured values for 72 operating points of both the single-cylinder and multi-
cylinder engine using the same final set of model parameters.  
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Figure 6.29 Measured versus predicted EINO for 72 operating points of both the single 
and the multi-cylinder engine. Right picture shows enlargement of EINO ≤ 10 range.  

The predicted NO emission is in acceptable agreement with measured values 
with an R-square value of 0.81. Main deviation occurs for advanced injection 
timings before -15 oca aTDC. For these timings, predicted NO is generally too 
low. These timings, however, do not correspond to the normal engine operating 
range. Excluding these operating points increases the R2 value to 0.91. In 
paragraph 6.4.1 several explanations for this observed deviation were already 
given.  
In general, predicted NO emission indexes are over estimated. Using a 
multiplication factor of 0.85 on the predicted data increases the R-square value 
to over 0.978 (excluding aforementioned advanced injection timings). This 
shows, that excellent agreement can be obtained by tuning. However, on 
physically based grounds, model accuracy can also be further increased by: 

• Use of hot soot particle radiative heat loss measurements: These measurements 
can be used to more accurately determine the soot radiative heat loss 
fractions and corresponding influence on flame temperature.  Furthermore, 
a more physically based model for the radiative heat transfer can be 
designed on the basis of the measurements which can be used to replace the 
semi-empirical correlation used in this study. This should give a more 



Emission model identification and validation                                                      159 

accurate description on the influence of engine operating variables on NO 
formation reduction by hot soot particle radiative cooling. 

• Coupling of flame strain concept to the spray model: Turbulence, i.e. flame 
straining, is found to have a significant effect on NO formation. In this 
study, the influence of flame strain is incorporated by a very simple model. 
This model is for a part based on literature data which may not be fully 
representative of the combustion system at hand. The model is believed to 
give an acceptable estimation of the order of magnitude of the flame 
temperature reduction by flame straining. However, the accuracy can be 
improved by coupling the strain rate model to the model of the burning fuel 
spray. This will give more detailed information on actual flame strain rates. 
More specifically, the influence of engine operating variables on the flame 
straining can then be determined more closely.  

• Acquiring more detailed data on actual reaction rate constants: Literature data 
on reaction rate constants show significant variation. Furthermore, the rate 
constants are not determined for actual engine conditions of high pressure 
and temperature. These inaccuracies naturally give rise to an uncertainty on 
the predicted NO values.   

• Evaluation of NO formation associated to the premixed burn: As mentioned 
previously, further examination of NO formation associated to the premixed 
burn is required to increase model accuracy for advanced injection timings. 
Here, more local information regarding temperatures and species 
concentrations may be required and/or the inclusion of additional NO 
formation pathways, such as e.g. prompt-NO.  

6.7.2 Soot emission error map 
Figure 6.30 represents an overview of the soot model results. Table 6.8 gives the 
corresponding correlation R-square values. A division is made between 
operating points with late injection timing, i.e. SOA retarded beyond TDC and 
operating points with early/conventional injection timings.  

Table 6.8 Overview of R-square values for the soot model 
Single + Multi-cylinder 

SOA timings Incl. late DI Excl. late DI 
R2 0.547 0.736 

Single-cylinder 

SOA timings Incl. late DI Excl. late DI 
R2 0.695 0.839 

 
As mentioned before, the soot model is not capable of predicting the decrease in 
net soot production for late DI operating points (SOA beyond TDC). This also 
becomes clear from the R-square values from Table 6.8. Excluding the late DI 
operating points significantly improves the coefficients of determination for both 
the single-cylinder as the multi-cylinder engine data as is indicated in Table 6.8. 
The lack of detailed cylinder specific data on fuelling rates and gas exchange (for 
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determining initial conditions) results in a less good agreement for the multi-
cylinder data with respect to the results for the single-cylinder data. Improving 
model accuracy for the multi-cylinder engine will come at the cost of additional 
sensors. 
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Figure 6.30 Measured versus predicted soot mass for both the single-cylinder and multi-
cylinder engine. Right picture shows enlargement of msoot ≤ 0.2·10-6 kg/cycle range. 

6.7.3 NO reducing phenomena 
The initial combustion product temperature is based on the adiabatic flame 
temperature. As described in Chapter 4, this temperature is corrected for the 
occurrence of:  

1) Dissociation; 
2) Evaporative cooling; 
3) Hot soot particle radiative cooling; 
4) Turbulence effects (i.e. flame strain); 
5) Gas radiation. 

Figure 6.31 gives an overview of the contributions of the different phenomena to 
the total predicted NO emission for sweeps A, C, D and F performed on the 
single-cylinder engine (see Table 6.2 in paragraph 6.3.2). In the figure, also the 
absolute decrease in EINO (∆EINO) and the final predicted EINO are shown. 
The NO reduction fractions from Figure 6.31 are referenced to a maximum NO 
formation based on the adiabatic flame temperature including dissociation. In 
other words: the reduction in NO as a result of dissociation is not included. The 
reason for this is that the NO formation equation (see paragraph 4.6.1 in 
Chapter 4) requires the concentration of species resulting from dissociation. As 
a consequence, the influence of dissociation can only be determined by 
approximation. This approximation is discussed later on.   
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Figure 6.31 Contribution of different temperature reducing phenomena excluding 
dissociation (barplot) to the NO emission reduction for the injection timing sweeps A, 
C, D and F. The absolute decrease of the NO emission index (∆EINO) and the final 
predicted NO emission indices are also shown in the figure, see also Table 6.2.  

Figure 6.31 shows that the accounted temperature reducing phenomena result in 
a decrease in EINO by over a factor of two. This shows the importance of 
including the flame cooling phenomena. General trends are found to be the 
same for all cases: 

 Flame temperature reduction by flame strain, i.e. turbulence, is found 
to be the primary NO reducing mechanism for all considered cases.  

 Soot radiation and evaporative cooling are the secondary, yet 
significant, NO reducing phenomena.  

 The reduction in NO formation from hot soot particle radiative 
cooling increases when injection timing is advanced. For advanced 
timing, the higher temperatures increase both the soot production 
and soot particle temperatures leading to higher radiative heat loss 
fractions.   

 The decrease of NO formation as a result of evaporative cooling 
remains fairly constant when changing injection timing. This is the 
result of the fixed mass (and temperature) of the injected fuel for the 
different injection timings.  

 Gas radiation has only a minor influence with an NO decrease of 
about 3% for all considered cases. It can be safely neglected to 
decrease model complexity and computational effort without 
significant loss in accuracy. 
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Figure 6.32 Contribution of different temperature reducing phenomena including 
dissociation (barplot) to the NO emission reduction for the injection timing sweeps D 
and F. The absolute decrease of the NO emission index (∆EINO) and the final 
predicted NO emission indices are also shown in the figure. See Table 6.2 for specific 
operating conditions. 

Including the influence of dissociation 
Figure 6.32 shows the NO reduction fractions referenced to a maximum NO 
formation based on the adiabatic flame temperature excluding dissociation. This 
maximum temperature is computed using the chemical equilibrium solver 
assuming that the combustion products only contain the complete combustion 
species of CO2, H2O and air (O2 and N2). Also, during the subsequent 
combustion product package evolution, temperatures are determined using only 
the aforementioned complete combustion species. The NO formation equation, 
however, also requires species resulting form incomplete combustion, i.e. 
dissociation. The species concentrations required in the NO formation equation 
are approximated by re-computing the equilibrium composition (now including 
all species required in the NO forming equation) at the aforementioned 
maximum temperature. The combustion products temperature is thus 
artificially forced to the adiabatic flame temperature excluding dissociation.   
Figure 6.32 now shows an overview of the fraction of total predicted NO 
emission associated to a specific temperature correction phenomenon for 
sweeps D and F (see Table 6.2), including the approximated influence of 
dissociation. The results show that dissociation has a very large effect on the NO 
formation. As already shown in Chapter 4 (Figure 4.5), the adiabatic flame 
temperature reduction by dissociation decreases for higher residual gas 
fractions. As a result, dissociation becomes less important at higher EGR rates as 
is also clear form Figure 6.32. For the 0% EGR case (Sweep D), dissociation is 
the primary NO reducing phenomenon, reducing the NO emission by over a 
factor of 5. For the 30% EGR case of Sweep F, flame strain remains the most 
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important NO reducing phenomenon. Here, dissociation is responsible for 
approximately 20-30% of the total NO reduction.    

6.7.4 Influence of oxidizer entrainment on NO formation   
The influence of oxidizer entrainment on NO formation is examined by 
performing simulations with and without the inclusion of the mixing model. 
Figure 6.33 and Figure 6.34 show respectively the oxygen mass fraction and 
temperature evolution in several combustion product packages (every 10th 
package is plotted). Results are shown for the SOA = -15 oca aTDC of case Sweep 
D (14.0 bar IMEP, 1500 rpm, pinj = 900 bar) for the single-cylinder engine, see 
Table 6.2. The mass fraction of oxygen in the oxidizer is 0.222 (i.e. YEGR,Ox = 
0.082). The corresponding main inputs are shown in Figure 6.7.  
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Figure 6.33 (left) Evolution of oxygen mass fraction in every 1oth formed combustion 
product package for the case of no mixing and mixing according to the predefined 
mixing law. Engine operating conditions correspond to Sweep D, see also Table 6.2. 
Figure 6.34 (right) Evolution of temperature in every 1oth formed combustion product 
package for the case of no mixing and mixing according to the predefined mixing law. 
Engine operating conditions correspond to Sweep D, see Table 6.2 for details.   

The mass fraction of oxygen for the case of no mixing is equal to the equilibrium 
oxygen mass fraction for stoichiometric combustion. This mass fraction is close 
to zero and remains virtually constant (dotted lines in Figure 6.33). When 
including mixing (solid lines in Figure 6.33), the oxygen mass fraction in the 
combustion product packages rapidly increases. Note that the mixing rate 
decreases for zones formed later in the combustion cycle as a result of less 
available fresh oxidizer. The corresponding temperature profiles in Figure 6.34, 
show a dramatic decrease of the residence time of the combustion products at 
the high temperatures where main NO formation occurs (T > 1800 K, [24]). 
Residence times are roughly decreased by a factor of two during the combustion 
event.  
Figure 6.35 shows the effect of oxidizer entrainment on the NO emission index 
for all operating points of Sweep D. In the figure, also the fraction by which the 
predicted EINO is reduced with respect to the case of no mixing is indicated. In 
Figure 6.36 the results are shown for an increased EGR rate of 30% (maximum 
flame temperatures < ~2000 K). For these figures the following conclusions can 
be made regarding the influence of mixing on NO formation: 
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 Including oxidizer entrainment is essential for accurate NO formation 
prediction for both conventional as high-EGR combustion; 

 At high temperatures, i.e. for conventional combustion, the reduction in 
NO formation by mixing is less effective for more advanced injection 
timings; 

 At low temperatures, i.e. for high-EGR combustion, the reduction in NO 
formation by mixing is virtually independent on injection timing.  
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Figure 6.35 (left) Influence of oxidizer entrainment on NO emission formation for 
Sweep D, see Table 6.2 for details on the engine operating conditions.  
Figure 6.36 (right) Influence of oxidizer entrainment on NO emission formation for 
Sweep F, see Table 6.2 for details on the engine operating conditions.  

Including oxidizer entrainment decreases the residence times of the combustion 
products at high temperatures. Advancing the injection timing has no influence 
on the oxidizer entrainment rate. However, the combustion product 
temperatures do increase, leading to longer residence times at elevated 
temperatures. Because the NO formation rates increase exponentially with 
temperature, oxidizer entrainment is less effective for more advanced injection 
timings.   
At low combustion temperatures (i.e. at increased EGR rates), the temperature 
sensitivity of the NO formation process is greatly reduced. As a result, the 
residence time of the combustion products at maximum temperature, has less 
effect on the final mass of NO. The inclusion of mixing therefore has a less 
pronounced influence on NO formation when varying the injection timing.  
The question may arise whether the same trends can also be accomplished by 
adjusting the influence of hot soot particle radiative cooling or flame straining. If 
so, the influence of mixing could also be replaced by an equivalent temperature 
reduction. This would greatly reduce the model complexity. To answer this 
question Figure 6.5 (influence of soot radiation, sootα ) and Figure 6.6 (influence 

of flame straining, strainα ) are compared to Figure 6.35. Figure 6.5 shows that for 

a given sootα , the reduction in NO decreases instead of increases when retarding 
the injection timing. From Figure 6.6, it can be concluded that variation of the 
injection timing has no significant effect on the NO reduction by flame 
straining. The achieved reduction in NO by the inclusion of oxidizer 
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entrainment can therefore not be obtained by either of the two phenomena. This 
confirms that the inclusion of oxidizer entrainment is essential for accurate NO 
prediction.  

6.7.5 Inclusion of the N2O-intermediate pathway 
In many studies found in literature, only the thermal NO formation mechanism 
is used to predict NO formation. However, at combustion temperatures < ~1800 
K [24], NO formation via the N2O-intermediate reaction pathway is said to be the 
primary formation mechanism. For this reason, the main reaction of this 
mechanism is included in the reaction mechanism used in this study, see 
equation (4.47) in Chapter 4. In this section, the importance of including this 
reaction is analysed. 
In Figure 6.37, the fraction of NO formation increase by addition of the main 
N2O-intermediate reaction to the total NO forming mechanism is shown for 4 
injection timing sweeps at different EGR rates (See Figure 6.8 and Figure 6.10 
for the corresponding measured and predicted EINO). In Figure 6.38, the 
corresponding maximum predicted combustion product temperatures occurring 
during the combustion event are depicted as an indication of the temperature 
level.  
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Figure 6.37 (left) Contribution of N2O-intermediate pathway to the NO formation for 
four different injection timing sweeps at three EGR rates (Sweep A, C, D and F). See 
Table 6.2 for engine operating conditions. 
Figure 6.38 (right) Maximum predicted occurring combustion product package 
temperature during combustion cycle for the injection timing sweeps of Figure 6.37.  

As expected, the contribution of the N2O-intermediate reaction increases with 
increasing EGR fraction, i.e. temperature reduction. However, even at the 
highest residual gas fraction of 50%, the contribution of the N2O-intermediate 
reaction is only small (< ~10%). Maximum combustion temperatures do not 
drop below 1800 K, indicating that the thermal NO formation pathway is still the 
primary NO forming mechanism. Taking into account the uncertainty in 
predicted mass of NO, as indicated in Figure 6.3, the inclusion of the N2O-
intermediate reaction is not found to have a significant added value for 
considered operating points with used range of EGR rates. 
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6.8 Summarizing conclusions 
In this chapter, an overview is given of the performed experimental validation 
process for the NO and soot formation models. This validation is performed 
using ‘measured’ heat release rate profiles (i.e. as derived from measured in-
cylinder pressure signals) as main input to the emission formation models. 
Predicted NO emissions show state-of-art, or better, quantitative and qualitative 
agreement with measured data. This is both true for conventional DI diesel 
combustion and high-EGR combustion (up to 50% EGR) with conventional 
injection timing. The NO predictions are generally within 20% of measured 
values using model parameters that are bounded by physical limits. Ignoring 
these limits increases the accuracy to within 12% of measurement data.  Only for 
advanced injection timings before -15 oca aTDC, the model is found to 
significantly under predict the NO emission. This deviation is attributed to not 
(entirely) captured physics/chemical kinetics associated with the premixed burn.  
The achieved level of accuracy makes the model very well useable as a simulation 
tool for engine control development, but is expected to be insufficient to use the 
model as a virtual NO sensor in model based control applications. 
Although absolute predicted soot mass emissions may deviate by over a factor of 
2 from measured values, in general a good qualitative agreement is present (R2 
values > 0.8). This allows the soot formation model to be used as a simulation 
tool in the engine control development process. However, the quantitative 
accuracy hampers the application of the soot model as a virtual soot sensor in 
model based control applications.   
For retarded injection timings beyond TDC and EGR rates over 30%, the soot 
formation model is not able to correctly predict the observed decrease in net soot 
production. It is believed that the decrease in soot formation rate as a result of 
the accompanied lower combustion temperatures is not correctly captured.  
Predicted results for both the single-cylinder and multi-cylinder engine show 
acceptable accuracy with the same set of model parameters (excluding 
geometrical engine parameters). This indicates that the developed emission 
model is generic for considered heavy-duty engines and operating conditions. 
Furthermore, the important model parameters have been set within predefined 
physical limits and are not tuned to exactly fit measurement data. Only the 
influence of EGR on soot formation is captured by the use of a semi-empirical 
tuning parameter.    
The high temperature sensitivity of the thermal NO formation process, results in 
a high sensitivity of the predicted NO emissions on the initial in-cylinder 
conditions (at Intake Valve Closing). Simulation results show that obtaining NO 
emission accuracy within ±10% is extremely difficult, even with the use of 
accurate non-automotive data acquisition systems, i.e. pressure sensors and 
mass flow rate meters. This hampers the applicability of NO formation models 
as virtual NO sensors.  
The inclusion of the entrainment of fresh cold oxidizer into the combustion 
products is essential for accurate NO formation prediction within formed 
products. Oxidizer entrainment is found to decrease NO formation by over a 
factor of 3. The accompanied reduction in formed mass of NO for the considered 
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changes in injection timing and EGR rate cannot be represented by adjusting the 
influence of the considered temperature reducing phenomena.   
Dissociation and flame temperature reduction by turbulence, i.e. flame 
straining, are the primary NO formation reducing phenomena. Together these 
phenomena are responsible for ~80% of the total reduction in NO formation. 
Dissociation becomes less important when increasing the mass fraction of 
residuals. Hot soot particle radiative cooling and fuel evaporative cooling also 
contribute significantly to NO emission reduction. The influence of radiative 
heat loss from hot species of CO2, CO and H2O, i.e. gas radiation, is found to 
have a marginal effect on NO formation. Gas radiation can therefore be safely 
neglected to increase computational efficiency without significant loss of 
accuracy.  
Predicted soot mass and NO emission of the individual cylinders of the multi-
cylinder engine show significant deviations in the order of respectively ±15% and 
±25% of the total engine-out emissions. Part of the observed deviations can be 
contributed to the fact that no distinction could be made between the fuelling 
rate and gas exchange for the individual cylinders. Improving accuracy will come 
at the cost of additional sensors, which may not be desired.  
The validation process in this chapter is based on predicted emissions using a 
measured heat release rate profile, i.e. as derived from the measured in-cylinder 
pressure curve. In the following chapter, a model for the heat release rate will be 
presented using the fuel injection rate as main input. This will allow emission 
formation prediction using the predefined fuel injection parameters as main 
inputs.  

6.9 References 
[1] Evlampiev, A., Numerical combustion modeling for complex reaction 

systems, PhD-thesis Eindhoven University of Technology, ISBN 90-386-
2719-0, 2008 

[2] Zapf, H., Untersuchungen zur Vorausberechning der Ladungs- 
endtemperatur in Viertakt-Dieselmotoren, MTZ 31, No. 8, 1970 

[3] Heywood, J.B. Internal Combustion Engines Fundamentals, McGraw-
Hill, London, ISBN 0-07-028638-8, 1988 

[4] Woschni, G., A universally applicable equation for the instantaneous heat 
transfer coefficient in the internal combustion engine, SAE paper 670931, 
1967 

[5] Baert, R.S.G., Frijters, P.J.M., Somers, L.M.T., Luijten, C.C.M., de Boer, 
W.A., Design and operation of a high pressure, high temperature cell for 
HD diesel spray diagnostics: guidelines and results, SAE paper 2009-01-
0649, 2009 

[6] Klein-Douwel, R.J.H., Frijtres, P.J.M., Seykens, X.L.J., Somers, L.M.T., 
Baert, R.S.G., Gas density and rail pressure effects on diesel spray growth 
from a heavy-duty common rail injector, Energy & Fuels, Vol. 23 (4), 
p1832 - 1842, 2009 



168                                                      Emission model identification and validation 

[7] Klein-Douwel, R.J.H., Frijters, P.J.M., Somers, L.M.T., de Boer, W.A., 
Baert, R.S.G., Macroscopic diesel fuel spray shadowgraphy using high 
speed digital imaging in a high pressure cell, Fuel, Vol. 86, No. 12-13, 
p1994-2007, 2007 

[8] Siebers, D., Higgins, B., Pickett, L., Flame lift-off on direct-injection diesel 
fuel jets: oxygen concentration effects, SAE paper 2002-01-0890, 2002 

[9] Klein-Douwel, R.J.H., Frijters, P.J.M., Somers, L.M.T., de Boer, W.A., 
Baert, R.S.G., Macroscopic diesel fuel spray shadowgraphy using high 
speed digital imaging in a high pressure cell, Fuel, Vol. 86 p12-13, 2007 

[10] Peters, R., Penetration and dispersion research of non-reacting 
evaporating diesel sprays, Master thesis, Eindhoven University of 
Technology, Faculty of Mechanical Engineering – Combustion 
technology, 2007 

[11] Siebers, D., Scaling liquid-phase fuel penetration in diesel sprays based 
on mixing-limited vaporization, SAE paper 1999,01-0528, 1999  

[12] Bayer, J., Foster, D.E., Zero-dimensional soot modeling, SAE paper 2003-
01-1070, 2003 

[13] Chomiak, J., Karlsson, A., Flame liftoff in diesel sprays, 26th International 
Symposium on Combustion, p2557-2564, 1996 

[14] Siebers, D., Higgins, B., Flame lift-off on direct injection diesel sprays 
under quiescent conditions, SAE paper 2001-01-0530, 2001 

[15] Naber, J.D., Siebers, D.L., Effects of gas density and vaporization on 
penetration and dispersion of diesel sprays, SAE paper 960034, 1996 

[16] Desantes, J.M., Payri, R., Salvador, F.J., Gil, A., Development and 
validation of a theoretical model for diesel spray penetration, Fuel, Vol. 
85, p910-917, 2006 

[17] Miller, J.A., Bowman, C.T., Mechanism and modeling of nitrogen 
chemistry in combustion, Prog. Energy Combust. Sci., Vol. 15, p287-338, 
1989 

[18] Plee, S.L., Ahmad, T., Application of flame temperature correlations to 
emissions from direct-injection diesel engine, SAE paper 831734, 1983 

[19] Miller, R.,  Davis, G., Lavoie,  G., Newman,  C.,  Gardner, T., A super-
extended Zel’dovich mechanism for NOx modeling and engine 
calibration, SAE paper 980781, 1998 

[20] Alkidas, A.C., Relationships between smoke measurements and 
particulate measurements, SAE paper 840412, 1984 

[21] Christian, V.R., Knopf, F., Jaschek, A., Schindler, W., Eine neue 
Meβmethodik der Bosch-Zahl mit erhörter Empfindlichkeit, MTZ 54, 
1993 

[22] Lapuerta, M., Armas, O., Hernández, J.J., Ballesteros, R., Estimation of 
Diesel particulate emissions from hydrocarbon emissions and smoke 
opacity, THIESEL 2002 Conference on Thermo- and Fluid Dynamic 



Emission model identification and validation                                                      169 

Processes in Diesel Engines, Valencia, 10-13 September 2002, Conference 
Proceedings ISBM 84-9705-233-1, p215-255, 2002 

[23] Siebers, D., Higgins, B., Flame lift-off on direct injection diesel sprays 
under quiescent conditions, SAE paper 2001-01-0530, 2001 

[24] Mellor, A.M., Mello, J.P., Duffy, K.P., Easley, W.L., Faulkner, J.C., Skeletal 
mechanism for NOx chemistry in diesel engines, SAE paper 981450, 
1998 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 



170                                                      Emission model identification and validation 

 
 
 



7 Heat release rate model 

7.1 Introduction 
In the previous chapter, the emission models have been validated using 
“measured” heat release rate profiles, i.e. as derived from measured in-cylinder 
pressure curves. Trivially, these measured profiles contain all information 
regarding the influence of the applied engine operating variables on the fuel 
burning rate and subsequent emission formation. This chapter presents a model 
to predict the heat release rate for both conventional and high-EGR DI diesel 
combustion. This model relates the fuel injection process to the heat release rate 
process, which subsequently form the main input to the emission formation 
models. Through this, the heat release model links the fuel injection process to 
the emission formation process. This can also be seen in Figure 7.1, which gives 
an overview of the main model inputs and outputs.  

 
Figure 7.1 Overview of rate of heat release model with main inputs and outputs. 
 
As depicted in Figure 7.1, the heat release rate not delivers the main input to the 
emission formation models, but also delivers many additional variables that are 
of great importance for combustion control: 
 

• Crank angle of 50% burn, 50Ca : In closed-loop combustion control, the 
crank angle at which 50% of the injected fuel is burned, 50Ca , is most 
frequently used as main reference for combustion phasing control. 
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Injection timing is adjusted on the basis of derived 50Ca  values 
determined from the cumulative heat release profile; 

•  In-cylinder pressure: From the predicted heat release rate profile, the in-
cylinder pressure curve can be reconstructed. From this signal several 
important variables for combustion control can be determined such as 
the indicated specific fuel consumption, maximum pressure rise during 
combustion and maximum in-cylinder pressure.   

• In-cylinder temperature: The in-cylinder averaged temperature can be 
derived when the heat release rate is known. This is an important 
variable to determine thermal loading. Furthermore, the exhaust gas 
temperature, which is an important variable in exhaust gas 
aftertreatment control, can be computed using this temperature.  

As mentioned in Chapter 2, two distinct combustion phases can be 
distinguished for DI Compression Ignition engine combustion: the premixed 
and mixing-controlled combustion phase. The heat release rate model describes 
both phases of combustion, see also Figure 7.1. It has to be noted here, that no 
model for the ignition delay period, which can also be considered as part of the 
heat release process, is developed in this study. Instead, measured ignition 
delays are used as an input.  
The models used in this study for both the premixed burn phase and the mixing 
controlled burning phase are based on approaches first presented by Chmela 
and co-workers [1],[2]. In their approach, the heat released during the different 
combustion phases is determined by the respective rate-limiting step. For the 
premixed combustion phase, the chemical kinetics are rate-limiting while for the 
diffusive combustion phase the mixing of fuel and oxidizer determines the fuel 
burning rate. The sub models used for the individual phases are therefore based 
on different fundamental reaction rate expressions. First, these reaction rates are 
addressed in greater detail in section 7.2. Thereafter, the models for the 
premixed and diffusive (or mixing-controlled) combustion phase are described 
in section 7.3 and section 7.4 respectively. For the mixing-controlled heat release 
rate model, several adaptations to the original model of Chmela and co-workers 
are made. These are also discussed in section 7.4. The total heat release rate is 
constructed using the heat release rate profiles of the two individual combustion 
phases. The developed heat release rate model is validated using both data from 
the single-cylinder and the multi-cylinder engine. Results are shown in section 
7.5. Finally, in section 7.6, the simulated heat release rate profiles are used as 
input to the NO and soot emission formation models. The obtained results are 
compared with the corresponding emissions from simulations using a 
“measured” heat release rate profile.  

7.2 Reaction rate model principles 
In general, the combustion model describes the time required to proceed from 
an unmixed and unburned initial state to the mixed and burned final state. Each 
occurring mechanism proceeds over a characteristic period of time, i.e. the 
inverse of the reaction rate, which can be either mixing limited (mixing-
controlled combustion phase) or reaction controlled (premixed combustion 
phase. The total required time to obtain the final state (per unit of specific 
volume) is then given by: 
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 = +τ τ τtot mix chem  (7.1) 

 The corresponding effective reaction rate is given by:       

 1 1
1 1

= =
+τ

chem mix

tot
tot r r

r  (7.2) 

Following Chmela and co-workers, the combustion process can consequently be 
described by two reaction rate equations:  

• The temperature controlled chemical reaction rate equation of 
Arrhenius; 

• The mixing controlled reaction rate equation of Magnussen [3]. 
 
The Arrhenius reaction rate Arrr (in units of kg/(m3s)) equation in general form 
is given by: 
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where fc  and  are the concentrations of the reactants fuel and oxygen (in 

units of kg/m3). If the reaction is assumed to be controlled by the mixing time 
scales rather than chemical kinetics, the reaction rate is described according to 
Magnussen:  

2Oc
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mix mix Rr A c
k
ε
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where  is the concentration of the rate limiting reactant, Rc ε  the turbulence 

dissipation rate and  the turbulent kinetic energy, which characterizes the fuel-
oxidizer mixing process.  

k

Total heat release rate using reaction rate principles 
The total heat release rate follows from the effective reaction rate as: 

 chem
tot mix

dQ
r V LHV

dt
= ⋅ ⋅  (7.5) 

where  is the available mixture volume and is the lower heating value 
of the used fuel. The heat release rate model is based on equation (7.5) in the 
sense that the total heat release rate contains a contribution from a chemical 
kinetics controlled process (the premixed burn phase) and a mixing controlled 
process (the diffusive combustion phase): 

mixV LHV

 
prem diffchem dQ dQdQ

dt dt dt
= +  (7.6) 

The heat release rate during the premixed combustion phase manifests itself as 
a very rapid, almost instantaneous, process, which results in the typical 
“premixed spike” in the heat release rate profile. The heat release during the 
mixing-controlled combustion phase, on the other hand, is a much slower 
process. The total available fuel mass, or equivalently the mixture volume , 
following from the fuel injection rate, is separated accordingly into a mass of 

mixV
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fuel that is available for the premixed combustion phase and a mass of fuel that 
is available for the mixing controlled combustion phase. In the following 
sections the heat release rate models for the different combustion phases will be 
presented.  

7.3 Premixed combustion phase 
In this section the heat release rate model for the premixed combustion phase is 
introduced. First the premixed heat release rate model is presented in paragraph 
7.3.1. As mentioned, this model is based on the work of Chmela and co-workers. 
In the premixed heat release model, the mass available to the premixed 
combustion process is an essential rate controlling variable. In this study, a 
different, more physical, approach than presented by Chmela is used to derive 
this mass. This adaptation is described in paragraph 7.3.2. A second adaptation 
to the original model is the introduction of a dependency on the equivalence 
ratio of the premixed burned mixture. This adaptation is addressed in paragraph 
7.3.3.  

7.3.1 Premixed heat release rate model 
At the time of ignition (see section 2.4 in Chapter 2 for the definition of the start 
of combustion), a certain fraction of the injected fuel will be fully evaporated and 
mixed within the ignition limits. In this mixture, ignition occurs almost 
simultaneously at several local ignition sites. The resulting temperature increase 
causes a rapid increase in ignition sites and subsequent heat release. Following 
Chmela and co-workers, an analogy with an expanding propagating flame in a 
premixed mixture (as for example occurs in a Spark Ignition engine), is used for 
the heat release rate during the premixed burn phase. The increase in ignition 
sites is modeled as an expansion of the flame area which increases with the 
square of the elapsed time  following the start of combustion at . The heat 
release rate is then given by:   

t SOCt

 ( ) ( 2= ⋅ ⋅ ⋅ ⋅ −φprem
prem tot mix SOC

dQ
C r V LHV t t

dt
)  (7.7) 

In contrast to the original expression of Chmela and co-workers, the lower 
heating value LHV  is not a constant but a function of the mean equivalence 

ratio of the premixed burned mixture φ . This dependency is introduced to 
account for the incomplete combustion of the fuel-rich mixtures. The approach 

used to determine φ  is addressed in more detail in paragraph 7.3.3. The constant 

is a tuning parameter with units of s-2. The mixture volume  is given 

by the sum of the volume occupied by the fuel vapor available for the premixed 
combustion phase and the corresponding volume of oxidizer according to the 

mean equivalence ratio 

premC mixV

φ  of the premixed burned fuel: 
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where mixρ is the average density of the premixed burned fuel-oxidizer mixture. 
Through the use of the density the influence of pressure and temperature (i.e. 
ideal equation of state) is implicitly taken into account. The increase in heat 
release through the increase in ignition sites has to compete with the decreasing 
amount of available fuel mass , ,f prem avm . The available mass of fuel vapor is 

given by the balance between initially available fuel mass ,f premm  and already 

premixed burned mass: 

 ( ) ( )
( ), , ,
φ

= −∫
SOC

SOI

t
prem

f prem av f prem
t

Q t
m t dm

LHV
 (7.9) 

The procedure to determine the initial mass available for the premixed 
combustion phase ,f premm at  is addressed in paragraph 7.3.2. As 

mentioned, premixed combustion is a chemical kinetics controlled process 
(chemistry only starts after mixing has taken place). As a consequence, equation 
(7.2) shows that the reaction rate  can be modeled using an Arrhenius type 
equation (in general form given by equation (7.3), with x and equal to 1). The 
required concentrations of fuel vapor and oxygen are given by: 
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Using these definitions for the concentrations (with the powers  and from 
equation (7.3) taken equal to 1 following Chmela), the final general form for the 
reaction rate is given by: 

x y

 
2

1 , ,1
aE

f prem av RT
Arr Arr st

mix

m
r A L e

V
φ

−− − ⎛ ⎞
= ⋅ ⋅ ⋅ ⋅⎜ ⎟

⎝ ⎠
 (7.12) 

where  is the fuel dependent activation energy and  is a tuning 
parameter. The temperature T  is the instantaneous in-cylinder temperature 
during the premixed burn phase. A validated value for the activation energy 
cannot be derived if only one fuel is tested as in the present study. A fixed value 
for the activation energy is used and only the parameter is a tuning 
parameter. In paragraph 7.5.1, the parameter identification process is addressed.  

aE ArrA

ArrA

7.3.2 Available fuel mass for premixed combustion  
In the model presented by Chemla and co-workers, the fraction of the injected 
fuel assigned to the premixed combustion phase follows a semi-empirical shape-
function. This function requires tuning to fit the engine operating conditions at 
hand and is therefore considered as not generic. In this study, an attempt is 
made to determine the mass of available fuel mass on a more physical basis. 
This is done by linking the available fuel mass , ,f prem avm  and the associated 
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mean equivalence ratio φ  of the fuel-oxidizer mixture, to the fuel injection rate 
profile and the one-dimensional spray model presented in Chapter 4, see 
equation (4.32). In this section the approach used to determine the available fuel 
mass is presented. In section 7.3.3  the mean equivalence ratio is addressed. 
 
As mentioned, the one-dimensional spray model presented in Chapter 4 is used 
to determine the mass of fuel available to the premixed combustion phase. This 
one-dimensional spray model describes a fully evaporated, i.e. gaseous, fuel jet: 
all injected fuel is instantaneously evaporated at the nozzle exit. In reality, the 
finite mixing and fuel evaporation rates result in an evaporating fuel jet with a 
significant liquid core. As a result, only part of the injected fuel is fully 
evaporated and available for premixed combustion after the ignition delay period 
has passed. In this section, an adapted form of the one-dimensional spray model 
is used to account for the mass of injected fuel that is not yet evaporated and 
available for premixed combustion. This unavailable fuel is assumed to be burnt 
during the mixing controlled combustion phase.  
 
The one-dimensional spray model describes the cross-sectional averaged 
equivalence ratio as a function of axial position along the spray axis for a free, 
fully evaporated (i.e. gaseous) and quasi-steady jet:  

 ( ) ( )
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11 16 1

φ = = ⋅
−⋅ + −

f

st fst

Y x
x

L Y xL x
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where ( )fY x  is the fuel mass fraction at dimensionless axial position x along 

the spray axis. Figure 7.2 gives the fuel vapor fraction for the fully developed, 
gaseous, i.e. completely evaporated, jet together with the assumed profile for a 
fully developed evaporating jet.  Due to simultaneous air entrainment and 
vaporization, the fuel vapor fraction on the axis is assumed to linearly increase 
from the origin of the spray to the point where it intersects with the vapor 
concentration resulting from the spray model of the gaseous jet. This position of 
intersection will be close to the liquid length LLx  as shown by 

Lakshminarayanan [4]. In Figure 7.2, ,f vapY  is the fraction of the total fuel mass 

at axial position x  that is vaporized. The mass of fuel at any axial location is 
found by combining the fuel injection rate profile and the spray penetration 
curve presented in Chapter 4, i.e. by applying mass and momentum 
conservation. The total amount of vaporized fuel mass available for the premixed 
burn , ,f prem avm  is then calculated by integrating the fuel vapor fraction over the 

total amount of fuel at each axial location, see Figure 7.3.  
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Figure 7.2 (left) Fuel mass fraction (-) and fuel vapor mass fraction (--) for the 
vaporizing fuel spray as function of spray penetration distance. xLL and xtip are 
respectively the liquid length and spray penetration distance at tSOC.  
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Figure 7.3 (right) Mean cross-sectional averaged equivalence ratio for a vaporizing fuel 
spray and typical fuel vapor mass as function of spray penetration. xLL and xtip are 
respectively the liquid length and spray penetration distance at tSOC. LLφ  and tipφ  are 
the  spray cross-sectional averaged equivalence rations at xLL respectively xtip.  

Simulation results for various changes in operating conditions as used in this 
study (see also Chapter 4) show that the fraction of vaporized fuel mass to total 
injected fuel mass during the ignition delay period varies between 0.7 – 0.95. 
This range shows that the decrease in available fuel mass as a result of the finite 
fuel evaporation range is significant. Furthermore, the width of the found range 
indicates that the available fuel mass is not linearly proportional to the injected 
fuel mass during the ignition delay period. In other words, the influence of the 
operating conditions on fuel evaporation has to be taken into account. In this 
study, the sensitivity of the available fuel mass to the in-cylinder conditions is 
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accounted for through the use of the spray model and incorporation of the liquid 
length in the model. In paragraph 7.5.4, the influence of the uncertainty in 
available fuel mass for the premixed burn phase is considered showing the 
importance of accurate available fuel mass prediction.  

7.3.3 Mean equivalence ratio of premixed burned mixture 
The short duration of the ignition delay, i.e. short time available for mixing, 
typically results in fuel-rich equivalence ratios ( 1φ > ) for the premixed burn. 
During the subsequent combustion, only a fraction of the lower heating value 
corresponding to complete oxidation of the fuel is released. The heating value 
used in equation (7.7) is therefore taken as a function of the equivalence ratio 
associated with the premixed burn. This equivalence ratio is taken as the mean 
value of the equivalence ratio at the liquid length and the spray tip, see Figure 
7.3. The value for the lower heating value for these fuel-rich mixtures is 
computed using the chemical equilibrium solver assuming that the combustion 
products only contain CO2, H2O, CO, H2 and unburned fuel with the original 
composition.  

7.4 Mixing controlled combustion phase 
During the mixing controlled, or diffusive, combustion phase, the mixing rate of 
vaporized fuel and oxidizer is the rate limiting process. The mixing time scale is 
dominant over the chemical time scales. The heat release rate modeling 
approach used here is based on the approach presented by Chmela and co-
workers [1],[2]. This approach is used because it is based on the same 
assumption regarding the mixing process as applied in the NO formation model: 
the mixing rate of fuel and oxidizer depends primarily on the specific turbulent 
kinetic energy associated to the fuel spray and is determined by the  fuel 
injection process.   

7.4.1 Mixing controlled heat release rate model 
From equation (7.2), it follows that for a mixing controlled combustion process, 
where , the total reaction rate is close to the mixing rate given by 
equation (7.4). Using this relation, Chmela developed the following expression 
for the heat release rate during the mixing-controlled combustion phase: 

Chem Mixr r

 2

2

,
1 , , 2

3 ,

exp
⎡ ⎤
⎢ ⎥= ⋅ ⋅ ⋅ ⋅
⎢ ⎥⎣ ⎦

O oxmix
f diff av

O aircyl

YdQ kC m LHV C
dt YV

 (7.14) 

where  is the specific turbulent kinetic energy and k , ,f diff avm is the 

instantaneous available fuel mass for the diffusive combustion. In the 
expression derived by Chmela, the exponential term quantifies the factor 
( )kε from equation (7.4). The cubic root of the momentary in-cylinder volume 

 is a measure for the characteristic length scale of the fuel-oxidizer mixing 

process and describes the distance between molecules which changes as a result 
of compression and expansion of the in-cylinder volume. The exponential form 

cylV
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is used to avoid a zero heat release for low levels of turbulent kinetic energy. The 
mass , ,f diff avm  quantifies the reactant concentration  from equation (7.4) 

multiplied with the mixture volume  from (7.5). The dilution factor 
Rc

mixV

2 2, ,O ox O airY Y  has been added later to the model by Chmela [5] in order to 

capture the decrease in fuel burning rate as a result of dilution, e.g. by EGR. This 
adaptation differs from the approach used by Andersson et al. [6]. They also use 
the original model presented by Chmela, but incorporate the influence of 

dilution by adapting the characteristic length scale 3
cylV . In their approach the 

characteristic length scale is made dependent on the oxidizer oxygen 
concentration, effectively reducing the fuel burning rate for higher residual gas 
fractions.  
 
The specific turbulent kinetic energy in equation (7.14) is given by: 

 
( )

,

,1 1
= ⋅

⋅ +
kin av

turb
f st

E
k C

m L ox

 (7.15) 

where  is the total available kinetic energy in the stoichiometric fuel-

oxidizer mixture. The factor  is used to account for the fact that only part of 

this total kinetic energy is converted into turbulence.  

,kin avE

turbC

 
The change of total kinetic energy  is a balance between the kinetic energy 
production by the fuel injection process and the dissipation of turbulent kinetic 
energy and is given by the following differential equation: 

kinE

 21
2

kin
f f diss ki

dE
m U C E

dt
= ⋅ − ⋅ n  (7.16) 

For simplicity, the dissipation rate of kinetic energy is taken proportional to the 
total level of kinetic energy. Finally, it has to be taken into account that only a 
fraction  of the kinetic energy avY kinE  is available for the fuel-oxidizer mixing 
process: 

 , = ⋅kin av kin avE E Y  (7.17) 

The fraction   is proportional to the momentarily available fuel mass 

 and is discussed in the next section. 
avY

, ,f diff avm

7.4.2 Adaptations to original model 
Two adaptations are made to the original model presented by Chmela for more 
accurate prediction of the actual heat release rate profiles. These adaptations 
consider: 

1. The available fuel mass;  
2. Spray-wall impingement. 

They are presented in the next subsections.  
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Available fuel mass for mixing controlled combustion 
The original model presented by Chmela only considers the diffusive 
combustion phase and does not account for the mass of fuel burned during the 
premixed combustion phase. Analogous to Chmela the available fuel mass is 
taken as the balance between the total injected fuel mass and the already burnt 
fuel mass. However, in contrast to Chmela, the mass of fuel burned in the 
premixed phase is subtracted from the injected mass of fuel. The available fuel 
mass for the mixing-controlled combustion is then given by:   

 ( ) ( ) ( ) ( )
, , , ,= − − diff

f diff av f inj f inj SOC
Q t

m t m t m t
LHV

 (7.18) 

where ,f injm  is the mass of fuel injected and diffQ  is the accumulated heat 

released during the mixing-controlled combustion. The subtraction of-

, ( )f inj SOCm t in equation (7.18), guarantees that the mixing-controlled heat release 

becomes positive at the predefined SOC. However, equation (7.18) also implies 
that the portion of the fuel injected during the ignition delay period that is not 
evaporated at SOC, is not yet accounted for. This non-vaporized mass of fuel, is 
assumed to burn as mixing-controlled. To account for this mass of fuel, the 
computed mixing-controlled heat release rate profile is scaled such that it 
matches the total mass of fuel injected minus the evaporated fuel mass at SOC 

, ,f prem avm .  

 
As mentioned in the previous section, only a fraction  of the total turbulent 
kinetic energy is available for momentary mixing process. From equation (7.17) 
it becomes clear that this factor is given by: 

avY

 
( )

( )
( ) ( ) ( )

( )
, , , ,

, ,

f diff av f inj f inj SOC diff
av

f inj f inj

m t m t m t Q t LHV
Y

m t m t

− −
= =  (7.19) 

Spray-wall interaction 
The heat release rate suggested by Chmela is valid for a free spray. If the spray 
impinges on the in-cylinder wall or piston-bowl wall, the spray spreads along the 
wall and a wall jet is formed. As a result, the mixing rate changes significantly. 
The model presented by Chmela is not able to predict this change. For this 
reason, Lakshminarayanan et al. [7] adapted the model of Chmela by considering 
that the kinetic energy input to the portion of  fuel in the wall jet is less by a 
factor  given by: wallC

 

2

wall
wall

free

v
C

v

⎛ ⎞
= ⎜ ⎟⎜ ⎟
⎝ ⎠

 (7.20) 

where freev  is the penetration velocity of the free jet and  is the penetration 

velocity of the wall jet (Note: 

wallv
2

kinE v∝ ). From the moment of impingement 

onwards, the right-hand side of equation (7.14) is multiplied by the factor  
to account for the decrease in mixing rate.  

wallC
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The adaptation of Lakshminarayanan et al. requires quantifying the velocity of 
the wall jet. This increases the model complexity. Therefore, although less 
phenomenological, a more simplified approach is used in this study. Here, it is 
assumed that spray-wall impingement reduces the heat release rate by a factor 

 given by:  wallC

( ) wallS t S≤  ( ) 1wallC t =  (7.21) 

( ) wallS t S>  ( ) ( )

3C
wall

wall
S

C t
S t

⎛ ⎞
= ⎜ ⎟⎜ ⎟
⎝ ⎠

 (7.22) 

where  is the penetration distance before wall impingement and wallS ( )S t  is the 

free penetration length.  The constant 3C  is used for tuning. In contrast to 

Lakshminarayanan et al., this approach only requires to quantify the free 
penetration distance ( )S t . It has to be noted that equation (7.22) indicates that 

the influence of wall impingement during injection persists after the end of 
injection, i.e.  continuous to decrease. It is likely that the loss of spray 
momentum as a result of the end of injection also changes the spray-wall 
impingement process and therefore the evolution of . However, no 
correction is made for this at present.  

wallC

wallC

7.4.3 Transition between premixed and mixing controlled heat 
release rate 

The total heat release rate is taken as the sum of the predicted premixed and 
mixing controlled heat release rates as follows:  

 = +, prem diffchem tot
trans

dQ dQdQ

dca dca dca
ϑ  (7.23) 

where transϑ  is given by: 

 
( )

=
,

prem
trans

prem tot

Q ca

Q
ϑ  (7.24) 

with ( )premQ ca  the cumulative heat released by premixed combustion at crank 

angle  and  the total heat released during the premixed combustion 

phase. The parameter 

ca ,prem totQ

transϑ  is introduced to obtain a smooth transition between 
the combustion phases. This procedure however, introduces a small error on the 
total heat released. Therefore, the total heat release rate is scaled such that the 
total heat released again matches the sum of the heat released during the 
individual phases. This scaling factor is however close to 1 and could be 
neglected.  
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Figure 7.4 Reconstructed fuel mass injection rate and simulated spray penetration 
curve (top) and measured heat release rate profile and predicted heat release rate 
profiles for the different combustion phases for single-cylinder engine reference case 1. 14 
bar IMEP, 1500 rpm, SOA = -10 oca aTDC. See Table 6.2 in Chapter 6 for specific 
operating conditions. Swall is the free spray penetration distance.  
 
Figure 7.4 depicts the measured heat release rate profile and the predicted heat 
release rate profiles for the different combustion stages for reference point 1 
(14.0 bar IMEP, 1500 rpm, SOA = -10 oca aTDC, see Table 6.2 in Chapter 6). In 
the top graph of the figure, the corresponding constructed injected fuel mass 
flow rate and simulated spray penetration curve are shown. As mentioned, 
measured ignition delay periods are used, such that the start of combustion of 
the predicted heat release rate matches the measured data.  

7.5 Results 
Main model validation is performed on the single-cylinder engine because the 
fuel injection equipment of this engine has been characterized by dedicated fuel 
injection measurements. Dedicated measurements on this engine are used to set 
the different model parameters.  
In this section, first an overview of the used approach to set the different model 
parameters is presented in paragraph 7.5.1. Thereafter, in paragraph 7.5.2 the 
reconstruction of the fuel injection rate profiles is addressed. These profiles are 
used as main model inputs. In paragraph 7.5.3 the main results for the single-
cylinder engine are presented. Measurements are also performed on the multi-
cylinder engine. Results are presented in paragraph 7.5.4. These tests are used to 
validate whether the heat release rate model is generic. The fuel injection system 
of this engine has not been characterized by injection measurements. The 
influence of the lack of these injection measurements on modeling accuracy is 
therefore also addressed in paragraph 7.5.4. Finally, in paragraph 7.5.5, an 
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overview of all simulation results is shown using the crank angle of 50% burn 
50Ca  as indication for modeling accuracy. This variable is frequently used as a 

reference for combustion phasing control. The prediction of 50Ca  from a 
simulated heat release rate profile for combustion phasing is therefore an 
important application of the heat release rate model.  

7.5.1 Tuning of model parameters 
The different model parameters from the premixed and mixing controlled 
combustion model are set on the basis of performed dedicated engine tests on 
this engine in which the main operating variables affecting the mixing 
controlled heat release rate are varied. 

Premixed combustion model 
The reaction rate equation for the premixed combustion (equation (7.12)) 
contains two parameters that need to be set: the activation energy  and the 

parameter . The activation energy  is the fuel dependent. In this study, 
only one fuel is tested. As a result, the model is not validated on this aspect. 
Because the premixed burn rate, like the ignition delay, is chemical kinetics 
controlled, the value used for the activation energy is taken within the range of 
values encountered in literature on ignition delay modeling. Its value is held 
fixed and the parameter  is used as main tuning parameter for the 
premixed burn rate. During the tuning procedure, main focus is on obtaining a 
good agreement on the width of the premixed heat release rate, rather than the 
height of the premixed peak.   

aE

ArrA aE

ArrA

Mixing-controlled combustion model 
The model for the mixing-controlled heat release rate contains five tuning 
parameters: , , ,  and 1C 2C turbC dissC 3C . The parameter  is the main 

parameter used to scale the mixing-controlled heat release rate for variations in 
engine load. The parameter 

1C

3C  is tuned to correctly reflect the decrease in heat 

release rate between the moment of spray-wall impingement and the end of 
injection. The parameters  and  control the generation of kinetic energy 
by the fuel injection process. They are set by varying the fuel injection pressure. 
Here, the value of  determines the increase in heat release during the 

injection period and  is used to tune the collapse in predicted heat release 

rate upon injection ending. Finally the parameter  is set. This value scales the 
influence of the change in instantaneous in-cylinder volume, i.e. of the 
characteristic length scale (

turbC dissC

turbC

dissC

2C

3
cyll V∝ ). In order to set the value of , the engine 

speed is varied to change the rate of in-cylinder volume change.  
2C

7.5.2 Reconstruction of fuel injection rate 
As mentioned in Chapter 6, the fuel injection equipment of the multi-cylinder 
engine has not been characterized by injection measurements. Fuel injection 
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rates are reconstructed on the basis of the data found for the FIE of the single-
cylinder engine. The characteristics of the fuel injection rate regarding injection 
timing, i.e. the delays SOI∆ , EOI∆ , Rise∆  and Fall∆  (See also Chapter 3), are 
taken identical as found for the FIE of the single-cylinder engine. The reason for 
this is that the applied fuel injector is of a similar type and characteristics 
regarding opening and closing can be expected to be equivalent. The different 
nozzle geometry is the largest source of deviation. The discharge coefficient , 
characterizing the nozzle regarding the mass flow rate, is determined on the 
basis of the measured total mass flow rate to the engine. From Figure 3.21 in 
Chapter 3, it was already concluded that this discharge coefficient is in acceptable 
agreement with the value derived from the dedicated fuel injection 
measurements. The momentum flux coefficient  is scaled such that the 
velocity and area coefficient are analogous to the single-cylinder engine values.  

dC

MC

With this procedure, no distinction between the fuel injection rates of the 
individual cylinders can be made. The fuel injection rates of the individual 
cylinders are taken identical although differences can be expected, e.g. as a result 
of production tolerances on the nozzle holes.  

7.5.3 Single-cylinder engine results 
Figure 7.5 show the results for the single-cylinder engine for variations in load, 
injection pressure, residual gas fraction (EGR) and engine speed. Table 7.1 gives 
an overview of the main operating conditions of the performed measurements 
for main model calibration and validation.  

Table 7.1 Overview of main operating conditions for single-cylinder engine tests 

 

Variable Reference point 1 Reference point 2 
Engine speed [rpm] 1500 1500 

IMEP [bar] 14.0 7.0 
Lambda (0% EGR) 1.8 3.2 

Injection pressure [bar] 900 750 
Start Of Actuation [oca aTDC] -10 -15 

Actuation duration [ms] 3.5 2.1 

Sweep parameter value SOA        
[oca aTDC] Reference point 

Engine speed [rpm] 1000/1500/2000 -15 1 
EGR-rate [m-%] 0/50 -15 2 

Injection pressure [bar] 500 /1000/ 1300 -15 1; Neng = 1000 

The results shown for the single cylinder engine are obtained using one set of 
model parameters. The figures show good agreement between the measured and 
predicted heat release rate profiles for all considered changes in engine 
operating conditions.  
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Figure 7.5 Measured and predicted rate of heat release rate for various engine 
operating conditions as indicated in the graphs. See Table 7.1 for specific operating 
conditions.  
 
Engine load – The two operating conditions from Figure 7.5 (top left) with 
considerably different engine loads, show considerably different premixed burn 
rates. The operating conditions of “reference 2” are characterized by a longer 
ignition delay period, allowing more fuel to be prepared for premixed 
combustion. This leads to a higher premixed burn rate for this load case. The 
mass of fuel associated with the premixed burn is totally subtracted from the fuel 
mass available for the mixing controlled combustion phase and by that 
influences the heat release rate for this combustion phase. The results for the 
two reference operating conditions indicate that the heat release rate for the 
mixing-controlled combustion phase is acceptably predicted. These results also 
indicate that, for shown operating conditions, the possible error on the premixed 
burned fuel mass has no significant consequence for the available fuel mass for 
the mixing controlled burn. The influence of the premixed burned fuel mass on 
the total heat release rate will be discussed in greater detail in paragraph 7.5.4.  
 
Injection pressure – Figure 7.5b gives the measured and predicted heat release 
rates for a variation in injection pressure. The increase in maximum heat release 
rate following from the higher fuel injection rate corresponding to the higher 
injection pressure is in good agreement with the measured increase. This again 
shows that the reconstructed fuel injection profiles correctly reflect the actual 
profiles. Furthermore, the timing of the predicted reduction in heat released as a 
result of wall-impingement matches well with the measured heat release. This 
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indicates that the simulated spray penetration curves correctly describe the 
increase in penetration rate, i.e. the advance in timing of the spray-wall 
impingement, for an increase in fuel injection pressure.   
 
Residual gas fraction (EGR) – Increasing the residual gas fraction lowers the 
oxygen concentration and reduces the fuel burning rate. From the bottom left 
graph from Figure 7.5c, showing the heat release rate profiles for two operating 
points using significantly different residual gas fractions, it can be concluded 
that the inclusion of the dilution factor 

2 2, ,O ox O airY Y , as introduced by Chmela, 

acceptably captures this decrease in heat release rate. This is in contradiction 
with the findings of Andersson et al.. As mentioned is paragraph 7.4.1, they 
adjusted the original model from Chmela to achieve better agreement with 
measurements.   
 
Engine speed –The engine speed is varied to analyze the influence of time on 
the predicted heat release rate. As can be seen in Figure 7.5d, the predicted 
mixing-controlled part of the heat release rates show similar and good 
correspondence with measured curves irrespective of the engine speed. The 
engine speed mainly affects the accuracy of the premixed burn rate. An increase 
of the engine speed results in faster in-cylinder pressure and temperature rise. 
This shortens the ignition delay period and decreases the mass of fuel injected 
before the start of combustion. This subsequently leads to a decrease in 
premixed burn rate. This decrease can be clearly seen in both the measured and 
predicted heat release rates from Figure 7.5d. The deviation in premixed burn 
rate is found to decrease with increasing engine speed. This is an indication that 
the increase in fuel injection rate during injector opening is too fast. As 
mentioned previously, the sensitivity of the premixed burn rate on the vaporized 
mass of fuel present at the start of combustion is discussed in more detail in 
paragraph 7.5.4.  

Consistent deviations between predicted and measured heat release rates 
Figure 7.5 a to d reveal some consistent deviations between the measured and 
predicted heat release rate profiles. First of all, the predicted collapse of the heat 
release rates during the burn-out phase is generally too fast for the predicted 
profiles. In the current model, no distinction is made between the mixing 
controlled burn during the fuel injection period and during the burn-out phase. 
The difference in burn rate characteristics is however clear from the heat release 
rate profiles. A separate model for the diffusive combustion during the burn-out 
phase could increase accuracy, effectively introducing an additional tuning 
parameter for this combustion stage. It can however be questioned whether an 
additional tuning parameter is desired and whether the increased model 
complexity justifies the increased accuracy. Secondly, the figures also show that 
the premixed burn rates are over estimated by the model. No value for the 
tuning parameter  in the rate expression for the premixed burn, equation 
(7.12), could be found that quantitatively correctly reflects the changes in both 
the height and the duration of the premixed burn rate for different operating 
conditions. The figures show that the model for the premixed combustion phase 

ArrA
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is able to qualitatively describe the influence of the various operating conditions 
on the heat release rate. However, the consistent over estimation of the premixed 
burn rate indicates that in general too much fuel mass is assigned to the 
premixed combustion. In the next section, the sensitivity of the predicted heat 
release rate on the evaporated fuel mass assigned to the premixed combustion is 
addressed.   

7.5.4 Multi-cylinder engine results 
The heat release rate model is also applied to the multi-cylinder engine. This is 
done to check whether the heat release rate model is generic. In order to limit 
phasing errors as a result of torsion of the crankshaft, the measured heat release 
rates are derived from the pressure signals of “cylinder 6” closest to the crank 
angle encoder.    

Tuning of model parameters 
Given the different in-cylinder flow field and fuel injection equipment (in 
comparison to the single-cylinder engine), the tuning parameters ,  

and required adjustment. The greatest modification considered the parameter 

 which had to be increased by 20%. These changes are required to adjust the 
model to the altered fuel-oxidizer mixing process corresponding to the applied  
fuel injection equipment and combustion chamber geometry. One set of tuning 
parameters was again applied to all engine operating points.  

ArrA turbC

1C

1C

Predicted heat release rates for four 0 % load cases 
Figure 7.6 gives an overview of the predicted and measure heat release rate 
profiles for four different 0% EGR load cases. In Table 7.2 the main specific 
operating conditions are listed. Despite of the lack of detailed data regarding the 
fuel injection rates, the agreement between the predicted and measured profiles 
is still very good. Analogous to the single-cylinder engine, the decrease in heat 
release rate during the burn-out phase is generally too fast. The predicted 
premixed burn rates again show significant deviations with the measured data. 
As mentioned in the previous section, the source of the observed deviations can 
be found in an inaccurate prediction of the injected fuel mass during the 
ignition delay period. This is addressed in more detail in the following section. 
 

Table 7.2 Operating conditions for multi-cylinder tests 
Variable 1 2 3 4 

Speed [rpm] 1200 1600 1830 1830 
IMEP [bar] 8.5 7.6 13.1 5.7 
Lambda [-] 2.6 2.3 2.2 3.1 

Actuation duration [ms] 1.1 1.4 2.4 1.0 
EGR-rate [m-%] 0 0 0 0 
SOA [oca aTDC] -10 -10 -10 -10 
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Figure 7.6 Measured (--) and predicted (-) rate of heat release rate profiles for four 
different engine operating conditions of the multi-cylinder engine. Main specification of 
engine operating point as indicated in the graphs. See Table 6.6 in Chapter 6 for 
specific engine operating conditions.  

Influence of uncertainty in available premixed burned fuel mass at SOC 
The uncertainty in the actual duration of the ignition delay period, for example, 
already induces an error on the predicted available fuel mass for the premixed 
combustion. Figure 7.7 shows the influence of this uncertainty on the predicted 
heat release rate. The uncertainty in the measured ignition delay period is the 
sum of the uncertainty in the start of injection (~±0.02 ms, i.e. 0.3 ca at 1830 
rpm) and the start of combustion (±0.2 ca). For the considered operating point, 
the nominal derived value for the measured ignition delay period is 0.185 ms 
(i.e. ~2.0 ca).  The corresponding uncertainty in predicted available fuel mass for 
the premixed burn is listed in Table 7.3. Significant deviations are found which 
also become apparent from the difference in predicted premixed burn rate. The 
mixing controlled combustion phase is however virtually unaffected by the 
uncertainty in premixed burn rate. The predicted crank angles of 50% burn 

50Ca , which are also indicated in Table 7.3, are also influenced by the 
uncertainty in ignition delay. An uncertainty of ± 0.4 ca is however acceptable 
for combustion phasing control.   
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Figure 7.7 Influence of uncertainty in available fuel mass for the premixed combustion 
phase on predicted heat release rate. Main engine operating conditions as indicated in 
the figure. See Table 6.6 in Chapter 6 for specific engine operating conditions.  
 
Table 7.3 Crank angle of 50% burn and mass of fuel available for premixed 
combustion corresponding to Figure 7.7.  

Variable idτ -0.5 ca nominal idτ  idτ +0.5 ca 

50Ca  [oca aTDC] 12.1 11.7 11.3 

, ,f prem avm  [mg] 1.7 (-48%) 3.2 5.2 (+63%) 

, , ,f prem av f injm m  [%] 2.2 4.2 6.8 

7.5.5 Combustion phasing control – Ca50 
For combustion phasing control, the crank angle at which 50% of the total mass 
of injected fuel is burned, 50Ca , is frequently used as reference. In Figure 7.8, 
an overview is given of the measured and predicted 50Ca  values for the two 
different engines and various engine operating points. As can be expected from 
the obtained agreement between the measured and predicted heat release rate, 
predicted  50Ca  values match well with the measured data. The over estimation 
of the premixed heat release rate, has no significant negative influence on 50Ca  
for considered operating points. This is because the combustion is primarily 
mixing controlled. Quantitative agreement is acceptable for combustion phasing 
control with a predicted accuracy of 50Ca  typically within ±1.0 oca. Furthermore, 
the very good qualitative agreement obtained for the various changes in engine 
operating conditions, indicated by the R2 value in the figure, shows the 
applicability of the developed model for combustion phasing control. Only for 
the early injection timings, which are characterized by significant premixed burn 
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fractions and 50Ca  before TDC, discrepancies between measured and predicted 
50Ca  are greater than 1 crank angle degree.   
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Figure 7.8 Overview of measured and predicted values for the crank angle of 50% burn 

50Ca  for both the single-cylinder and the multi-cylinder engine for the varying 
operating conditions considered in this study. 

7.6 NO and soot emission using predicted ROHR 
In Chapter 6, the emissions of NO and soot were predicted using measured in-
cylinder pressure curves and corresponding “measured” heat release rate 
profiles as model inputs. In this section, the predicted heat release rate curves 
will be used as an input to the NO and soot formation models. This results in a 
predictive NO and soot model.  
Although the predicted heat release rates show good agreement with the 
measured profiles, the differences between them will affect the NO and soot 
emission predictions. Comparing the predicted NO and soot emissions with 
previous simulation results using a measured rate of heat release profiles gives 
an indication on the required accuracy for the heat release rate model.  
The emission models also use the in-cylinder pressure as an input. This 
pressure is predicted using the predicted heat release rate. This prediction is first 
addressed in paragraph 7.6.1. Thereafter, the predicted NO and soot emissions, 
using the predicted heat release rate profiles are presented in paragraph 7.6.2 
respectively 7.6.3. For the soot emission, also the influence of injection pressure 
fluctuations will be analyzed. These oscillations are neglected in the 
reconstructed fuel injection profiles which serve as the main input to the heat 
release rate model. The analysis will show the validity of the exclusion of the fuel 
injection pressure variations.    
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7.6.1 Reconstruction of in-cylinder pressure  
The in-cylinder pressure is calculated from the predicted gross heat release rate 

grossdQ dca  by rearranging the first law of thermodynamics: 

 
1

1
cyl gross cylwall

cyl
cyl

dp dQ dVdQ
p

dca dca dca dca V
γ γ

γ

⎛ ⎞⎛ ⎞ −
= − − ⎜⎜ ⎜−⎝ ⎠⎝ ⎠

⎟⎟ ⎟
 (7.25) 

In equation (7.25), the wall heat transfer walldQ dca is derived using the 
Woschni correlation and is identical to the computed wall heat transfer following 
from the computations of the measured heat release rate. The in-cylinder 
temperature follows from the ideal equation of state. It has to be noted that the 
complete heat release rate profile is used to compute the in-cylinder pressure, 
but for the emission formation models only the predicted diffusive heat release 
is used as has been done previously.  
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Figure 7.9 (left) Predicted (-) and measured (--) in-cylinder pressure and oxidizer 
temperature (as derived from measured in-cylinder pressure) using the predicted rate of 
heat release rates for three different injection pressures as indicated in the figure. The 
corresponding predicted heat release rates are shown in Figure 7.5 (top left).  See Table 
6.2 in Chapter 6 for specific operating conditions.  

Figure 7.9 gives the measured and predicted in-cylinder pressure and oxidizer 
temperature for the predicted heat release rate profiles of the injection pressure 
sweep from Figure 7.5b (top right graph). As shown, good agreement between 
measured and predicted pressure and temperature profiles is present, showing 
the good accuracy of the heat release model. 

7.6.2 NO emission using predicted ROHR 
Figure 7.10 gives the predicted mass of NO formed in each individual package 
corresponding to the in-cylinder pressure and temperature profiles from Figure 
7.9. One package is formed at every crank angle. The x-axis of Figure 7.10 can 
therefore be taken as equivalent to the crank angle after the start of combustion.  



192                                                               Heat release rate model 
 

0 10 20 30 40 50 60
0

0.5

1

1.5

2

2.5

3

3.5

4

4.5
x 10-7

Package number [-] 

m
NO

, pa
ck

ag
e [k

g]
Meas. ROHR
Sim. ROHR1300 bar

1000 bar

500 bar

1000 rpm
14.0 bar IMEP
0% EGR

 
Figure 7.10 (right) Predicted mass of NO for each formed package for measured (--) 
and predicted (-) heat release rates for three different injection pressures as indicated in 
the figure. One package is formed per crank angle degree after SOC. The corresponding 
predicted heat release rates are shown in Figure 7.5 (top left).  See Table 6.2 in 
Chapter 6 for specific operating conditions.  
 
The over estimation of the heat release rate during the early stages of 
combustion causes the in-cylinder pressure and oxidizer temperature to increase 
more rapidly. Although the differences in oxidizer temperature are small (< 8 K), 
the high temperature sensitivity of the NO formation process causes significant 
differences in formed NO per package, see Figure 7.10. Analyzing Figure 7.9 
and Figure 7.10 (one package formed per crank angle degree) shows that the 
deviations are indeed the largest for the packages formed at crank angles with 
largest temperature deviation. Figure 7.11 gives an overview of the total formed 
mass of NO as a function of injection pressure. Deviations are the largest for the 

injp = 1000 bar case with an over estimation of the formed NO by 11.6% with 

respect to the computed value using the measured rate of heat release. The very 
good match in heat release rate for the 500 bar injection pressure case still 
results in an over estimation of 5.8%. This shows that the high temperature 
sensitivity of NO formation sets extreme demands on the accuracy of the heat 
release rate model and also on the wall heat transfer model which determine the 
NO formation temperature. Qualitative agreement is however not significantly 
affected with R2-square values of R2= 0.61 and R2= 0.57 using respectively the 
measured and simulated rate of heat release profile. 
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Figure 7.11 Measured NO emission index and predicted NO emission indices using the 
measured and predicted heat release rates from Figure 7.5 (injection pressure 
variation) as input. 

7.6.3 Soot emission using predicted ROHR 
Soot formation rates are dependent on the available mass of fuel in the soot 
formation region. This fuel mass is a balance between injected fuel and already 
burned fuel, which follows from the heat release rate. The predicted heat release 
rate mainly influences soot formation through its effect on this available fuel 
mass, rather than the differences in temperature. This is in contrast to NO 
formation, which is mainly affected through the influence of the heat release 
rate on the temperature evolution. Figure 7.12 gives the normalized predicted 
and measured cumulative heat released together with the cumulative rate of 
injection for the 1300 bar fuel injection case. In Figure 7.13, the measured and 
predicted soot emissions are depicted for the complete injection pressure sweep.   
Despite of the rather good agreement in heat release rate profiles, the predicted 
soot masses differ significantly. In contrast to the NO emission results, the 
qualitative agreement is also greatly affected: the R-square value decreases from 
0.934 to 0.615 when the simulated heat release rate is used instead of the 
measured curve.  
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Figure 7.12 Cumulative Rate Of Injection (ROI) for both measured and reconstructed 
injection profile together with cumulative measured and predicted heat released. 
Profiles correspond to the 1300 bar injection pressure case from Figure 7.5. 
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Figure 7.13 Measured and predicted soot mass for three different cases. Case A ( ): 
Measured rate of heat release and reconstructed fuel injection rate. Case B ( ): 
Predicted rate of heat release and reconstructed injection profile. Case C ( ◊ ): 
Measured heat release rate and measured injection profile.   

Reconstructed versus measured fuel injection rate profile 
In Figure 7.12 also the cumulative mass of fuel injected for a measured injection 
rate profile (i.e. as derived from the injection measurements, see Chapter 3) is 
given. In contrast to the reconstructed fuel injection rate profiles used in this 
study, this injection profile includes the influence of fuel injection pressure 
oscillations on the fuel injection rate. Severe oscillations will affect the 
momentarily available fuel mass. However, the corresponding predicted soot 
masses from Figure 7.13 (Case C) show no significant deviation with the case of 
the reconstructed fuel injection rates (Case A). This also validates the use of 
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these reconstructed fuel injection rate profiles as top-hat profiles with finite 
opening and closing rates and constant fuel injection rate during fully open 
injector.  

7.7 Recapitulation 
In this chapter, the heat release rate model is presented. The model describes the 
heat release rate during the premixed and mixing controlled combustion phase. 
For both stages, models are used describing the reaction rate limiting process. 
The heat release rate during the chemical kinetics controlled premixed burn 
phase is based on an Arrhenius-type expression, while the diffusion controlled 
combustion phase is based on a turbulence controlled rate equation.  
The premixed heat release is coupled to the one-dimensional spray model to 
quantify the equivalence ratio of the premixed mixture. Furthermore, the use of 
the spray model allows correcting the injected fuel mass during the ignition 
delay period for the finite fuel evaporation rate, resulting in less prepared 
premixed fuel at the start of combustion. Predicted premixed burn rates show 
good qualitative agreement with measurements. However, absolute rates are 
over estimated indicating that the predicted prepared fuel mass is in general too 
high.  
The model for the mixing-controlled combustion phase is based on the heat 
release rate model presented by Chmela and Orthaber. Two adaptations to the 
model are made to increase model accuracy. First of all, the model is adapted to 
include the influence of the premixed combustion phase on the mixing 
controlled heat release rate. Fuel burned as premixed does not contribute to the 
diffusion controlled burning rate. Secondly, the original model is adapted to 
capture the reduction in heat release rate as a result of spray-wall impingement. 
This correction is based on the spray penetration rate and is found to be able to 
capture the influence of spray-wall impingement. Results show that both the 
timing of the impingement and the accompanied reduction in heat release rate 
are correctly described for various operating conditions.     
In general, good agreement is present between predicted and measured heat 
release rate profiles which is also reflected in the good correspondence in 
measured and predicted crank angles of 50% burn. This crank angle is generally 
used for combustion phasing control and the good agreement shows the 
applicability of the developed model.  
Although deviations in predicted and measured heat release rates are acceptable, 
significant differences in excess of 10% are found between predicted NO 
emission using the predicted and measured heat release profiles. The deviations 
in heat release lead to differences in temperature. Although these deviations are 
small (< 1% of end of compression temperature), they are significant as a result 
of the high temperature sensitivity of the thermal NO formation mechanism. 
The predicted soot masses using the simulated heat release rate profiles also 
show significant deviations (over a factor of 2) compared to the results with 
measured heat release profiles. Here, the deviation in available fuel mass for 
soot formation is the key aspect rather than temperature. Using a measured 
injection rate profile, as obtained from the injection measurements, including 
the influence of injection pressure oscillations, does not result in significantly 
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altered soot emission predictions. This shows that, as is assumed in this study, 
the oscillations in fuel injection rate can rightfully be neglected.  
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8 Conclusions and 
recommendations 

This chapter first provides an overview of general observations originating from 
the work described in this thesis. Thereafter, section 8.2 gives an overview of the 
main conclusions following from the preceding chapters. Finally, 
recommendations for future research are given in section 8.3. 

8.1 General observations 
The engine control development process has become very complex and non-
transparent as a result of continuous addition of new technologies (e.g. 
electronically controlled fuel injection) with new degrees of freedom and new 
advanced combustion concepts, like high-EGR combustion, that put high 
demands on in-cylinder charge conditions control. Therefore, predictive 
combustion models describing the interaction between the fuel injection process 
and heat release and emission formation would be valuable tools to reduce 
engine control development time and costs.  
Combustion models for control applications found in literature are mostly 
empirical of nature. As a result, they have limited predictive capabilities, are not 
generic and require large amounts of measurement data for tuning. This thesis 
presents the development, identification and validation of a physically based in-
cylinder CI engine combustion model. The model predicts the rate of heat 
release, NO emission and soot emission for both conventional and advanced, 
high-EGR, CI combustion.  
Empirical models have the advantage of being computationally efficient, such 
that many simulations can be run in a short time to allow fast optimization and 
testing of a developed control strategy. Ideally, the model runs in real-time such 
that it can be applied as part of model based control strategies. Although 
optimizing for computational efficiency is not part of this work, the prerequisites 
to allow this optimization in computational efficiency are created during model 
development.  
Identification of model parameters is commonly a time consuming process 
requiring significant amounts of (tuning) data. To reduce this effort, this thesis 
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presents a complete chain of dedicated measurements and associated 
measurement set-ups to fully identify and validate the model.  
Although the model is developed to be generally applicable, the validation 
process has been limited to only include Heavy Duty DI diesel engines.  

8.2 Conclusions  
In this section an overview will be given of the main conclusions following from 
the research described in this thesis.   

NO model prediction accuracy 
The quantitative NO prediction accuracy is comparable, or even better than, 
current state-of-the art models that have a more empirical nature. The accuracy 
is generally within 20% of measured values for both conventional DI diesel 
combustion and high-EGR combustion (up to 50% EGR) with conventional 
injection timing (Start Of Injection roughly between -15 and + 10 oca aTDC). 
Neglecting physically-based limits on used model parameters improves the 
accuracy to within 12% of measured values. However, this level of accuracy is 
believed to be insufficient to apply the model as virtual NO sensor in model 
based control applications. The high temperature sensitivity of the NO formation 
process puts extreme demands on the required accuracy on in-cylinder charge 
conditions. Even with the applied accurate, non-automotive, data acquisition 
systems (pressure sensors and mass flow meters), it was difficult to achieve the 
required level of accuracy (expected to be < 10%).  
For aforementioned combustion concepts the NO emission model is well 
capable of predicting the influence of applied changes in EGR rate, injection 
timing, injection pressure, engine speed and load. Typically the R2-values are 
well above 0.8 for applied changes. From these results it can be concluded that 
the NO model can be used as a simulation tool during the engine controller 
development process to predict the influence of changes in main engine 
operating variables such as the fuelling strategy (quantity, timing and pressure) 
and applied EGR rate. The application of the model will make this process less 
complex. Furthermore, the predictive capabilities of the model will reduce the 
amount of required measurement data for control calibration and testing. This 
will reduce development times and costs.   

Soot model prediction accuracy 
Predicted soot mass shows relatively good overall quantitative agreement with 
measurements (R2 = 0.74) for both conventional DI diesel combustion and high-
EGR combustion (up to 50% EGR) with conventional injection timing (Start Of 
Injection roughly between -15 and + 10 oca aTDC). However, individual operating 
points can still show deviations of more than a factor of 1.5. This level of accuracy 
is not sufficient to use the soot model as a virtual soot sensor in model based 
control applications.  
The soot model is capable (R2 values typically > 0.8) of predicting the influence 
of changes in fueling (injection timing, pressure and quantity), engine speed and 
EGR rate. This proves the applicability of the model to the engine controller 
development process.  
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Rate of heat release model accuracy 
The heat release rate model is able to predict the influence of changes in EGR 
rate, injection timing, injection pressure, engine speed and load on combustion 
phasing (i.e. the crank angle of 50% burn) with an absolute accuracy of typically 
±1.0 ca for both conventional and high-EGR combustion with conventional 
timing. For the complete set of measurements an overall R2 value of 0.97 is 
obtained. This agreement suffices to use the heat release rate model for engine 
control development and as virtual heat release rate sensor for combustion 
phasing control. 
Using the predicted heat release rates as main emission model input instead of 
“measured” profiles (i.e. derived from the measured in-cylinder pressure curve) 
was found to have no significant influence on the predicted NO emission. 
However, the accuracy of the soot emission formation prediction was found to 
decrease significantly. Although the heat release rate model is able to accurately 
predict the global heat release rate characteristics, such as the crank angle of 
50% burn, the required accuracy on the instantaneous heat release rate is too 
extreme for the current model.  

Accuracy of fuel injection model 
Full characterization of the fuel injection rate (mass and velocity) over the 
relevant range of engine operating conditions (i.e. pressure differential across 
nozzle hole) is achieved by determining two nozzle flow coefficients: the 
discharge and momentum flow coefficient. These can be determined by 
performing mass flow and momentum flow rate measurements.  
For used common rail type fuel injection equipment, the fuel mass injection rate 
and associated fuel injection velocity can be accurately reconstructed by a top-hat 
profile with finite opening and closing rates. This conclusion is based on the fact 
that with aforementioned top-hat profile no significant loss in accuracy for the 
NO and soot formation occurred with respect to the use of actual measured 
injection profiles. The influence of variations in fuel injection rate during the 
injection process, as a result of injection pressure variations, is concluded to be 
negligible for used combustion system.  

General application of the model 
NO and soot predictions for both Heavy Duty diesel engines (single-cylinder and 
multi-cylinder engine) used in this thesis, show acceptable agreement with 
measurements using one set of model parameters. For the NO model a 
coefficient of determination (R2 value) of 0.91 is obtained for the complete set of 
measurement data. For the soot model the coefficient of determination has an 
acceptable value of 0.74. For the heat release rate model, only minor 
adjustments to main model parameters were required to obtain the same good 
level of accuracy (R2 > 0.97) for both engines. This indicates that the emission 
model is indeed generic, at least for the engine applied in this study. 

Multi-cylinder emission formation prediction accuracy 
Predicted total engine-out soot masses on the basis of single cylinder data 
showed a deviation up to ~30% with respect to the measured total engine out 
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soot emission. However, when the soot formation in all cylinders is considered, 
the predicted total engine-out is within 5% of the measured engine-out value for 
considered operating point.  
For the NO emission deviations in the order of ±25% of the total engine-out 
emissions between the individual cylinders are found. Part of the observed 
deviations for both soot and NO can be contributed to the fact that no deviation 
in individual in-cylinder conditions and fuelling could be made. Improving 
accuracy will come at the cost of additional sensors. This is, however, not 
desirable in light of the requested decrease in system complexity and costs.  

NO reducing phenomena 
The NO formation process is significantly influenced by combustion product 
temperature changes as a result of fuel evaporative cooling, dissociation, hot soot 
particle radiative cooling and flame straining by turbulence. Absolute NO 
emission reductions up to a factor of 5 are obtained by including these 
phenomena.  
Temperature decrease by dissociation and flame straining are found to be the 
most significant, covering approximately 80% of aforementioned NO reduction.  
The reduction in NO formation as a result of heat loss due to radiation from hot 
gaseous species of CO, CO2 and H2O was found to be small, i.e. < 5%, which is 
negligible small in comparison to the other NO reducing phenomena. 
The inclusion of a mixing model quantifying the dilution of combustion 
products by fresh oxidizer is essential for accurate NO formation prediction. 
Predicted NO emissions are reduced by over a factor of 3 when including 
oxidizer entrainment. Equivalent reductions for various changes in operating 
conditions cannot be obtained by aforementioned temperature reducing 
phenomena. 

Influence of turbulent mixing on soot model accuracy  
In comparison to the original soot model, qualitative agreement has been 
significantly improved by incorporating the influence of turbulent mixing during 
spray break-up after the end of fuel injection. This is done by introducing 
characteristic mixing time scales influencing both the soot formation and soot 
oxidation temperature.   

Influence of including N2O-intermediate pathway on NO formation 
NO predictions for low-temperature, high-EGR, combustion (T < ~2000 K) are 
under predicted when only the thermal NO formation mechanism is used. The 
inclusion of the main reaction from the N2O-intermediate was found to increase 
NO emission levels by max. 15%. This increase is insufficient to counterbalance 
the decrease in NO formation from the thermal NO formation mechanism. 
Other reactions must therefore be considered.   
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8.3 Recommendations 
In this section an overview of the recommendations for future research will be 
given.  

Model identification and validation 
In this thesis, model identification and optimization have been performed 
manually. Because of this, the obtained set of used model parameters is not 
considered to be fully optimized. For future application, it is recommended to 
develop a more structured and automated routine for parameter identification 
and optimization. Furthermore, the used set of measurement data for model 
identification and validation has been limited. For complete model validation, 
expanding the considered engine operating range and engine configuration is 
recommended. This will also allow a better supported conclusion regarding the 
general applicability of the model.  
In this thesis, the emission formation predictions are based on in-cylinder data 
(i.e. in-cylinder pressure) which is taken as an average over 50 subsequent 
combustion cycles. However, the oscillations in manifold conditions, from 
which important initial in-cylinder conditions are derived, span time periods that 
are of the same order. This limited the accuracy on the initial in-cylinder 
conditions. It is therefore recommended to average the measured in-cylinder 
pressure curves over at least 200 cycles to obtain a more accurate averaged 
combustion cycle, which corresponds better to the mean measured manifold 
conditions.    

Improving model accuracy 
Predicted and measured emissions of both NO and soot show deviations caused 
by not (entirely) captured physics and chemical kinetics. To increase the 
accuracy, examination of the observed deviations is recommended as future 
work. More specifically these recommendations consider: 

• Incorporation of the influence of wall-impingement: Both the soot and NO 
formation model use a model of a free fuel spray to characterize the 
fuel-oxidizer mixing process. The occurrence of spray-wall impingement 
will significantly change this mixing process and emission formation 
process. Adapting the mixing rates for the occurrence of spray wall 
impingement is expected to increase model accuracy for operating 
points with high injection pressure and/or long injection duration.    

• Soot production for late DI, high-EGR combustion: Soot production for 
these conditions is significantly over predicted. It is believed that the 
soot formation rate remains too high. The introduction of a threshold 
on the soot formation temperature is recommended as a starting point 
to tackle this model shortcoming.  

• Performing dedicated in-cylinder measurements: To improve model 
parameter identification and model validation the following dedicated 
measurements are recommended:  
– Soot radiative heat loss fluxes: These measurements can be used to 

identify the influence of hot soot particle radiative cooling on NO 
formation, which is one of the significant temperature reducing 
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phenomena. When the soot radiative heat loss is more accurately 
quantified, the influence of turbulence on flame straining and the 
resulting temperature reduction can also be examined with higher 
certainty.  

– Individual cylinder manifold conditions and fuelling rates 
measurements: For the multi-cylinder engine, significant deviations 
between the individual cylinders are found. These arise mainly as a 
result of the assumption that fuelling rates and manifold conditions 
are equal for all cylinders. Making a distinction between the 
different cylinders is expected to improve modelling accuracy, but 
comes at the cost of additional sensors.  

Model extensions 
For the work in this thesis, the scope had to be limited and several aspects that 
are of importance in CI combustion modelling for controller development are 
left as future work. These aspects are:  
• Inclusion of fuel injection strategies using multiple injections per 

combustion cycle; 
• Formation of NO2 such that total NOx as regulated emission is predicted; 
• Prediction of the soluble fraction of Particulate Matter (PM) such that total 

PM as regulated emission is predicted. 

Increasing computational efficiency 
To allow the model to be used for real-time on-line controller testing or as part of 
a model-based control algorithm, the computational effort has to be increased. 
The most important prerequisites to allow this optimization have been created 
during model development but are left as future work: 
• Replace iterative procedures with look-up tables: The iterative procedures used 

to determine important model variables can be replaced by look-up tables to 
reduce the computational effort. These consider for example the 
computation of the chemical equilibrium temperature and composition, the 
equivalence ratio of the initial premixed reaction zone used in the soot 
model and the reaction temperature reduction as result of evaporative 
cooling. 

• Reduce temporal/spatial resolution in NO formation model: For the NO 
formation model, a reduction in computational effort, without significant 
loss in accuracy, may be realized by decreasing the temporal and/or spatial 
resolution.  In current model, one new package is formed every crank angle 
degree. However, not all formed packages contribute significantly to the 
final mass of NO formed. Varying (i.e. decreasing)  the resolution of 
package formation may be an effective method to reduce the computational 
effort.   

 



 
 
 
 
 
 

Nomenclature 
 
Latin 
A  area 2m  

spraya  spray parameter - 

a  strain rate, constant −1s , * 
B  bulk modulus of elasticity, bore Pa , m  
C  coefficient, constant * 
ca  crank angle o  

Rc  reactant concentration −3mol m  

d  diameter m  

TD  thermal diffusivity −2 1m s  

kinE  kinetic energy J  

h  specific enthalpy −1J kg  

K  cavitation number, stretch rate -,  −1s
k  specific turbulent kinetic energy −1J kg  

ik  reaction rate coefficient of reaction i  * 

Pk  Planck mean absorption coefficient −1m  

stL  stoichiometric fuel-oxidizer ratio - 

LHV  Lower Heating Value −1J kg  

fM  fuel momentum flow rate N  

m  mass kg  

m  mass flow rate −1kg s
 

N  number - 
n  polytropic coefficient, constant - 
p  pressure Pa  

Q  energy transfer rate −1J s  

R  specific gas constant − −1 1J K kg  
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r  reaction rate * 
S  spray tip penetration m  

Ls  Laminar burning velocity −1m s  

T  temperature K  
t   time s  
U  velocity −1m s  

V  volume 3m  
v  velocity component in -direction y −1m s  

radX  
radiative heat loss fraction - 

x  space coordinate m  
Y  mass fraction - 
y  space coordinate m  

Z  mixture fraction - 
   
Greek   

αEOSC  End Of Steady Combustion timing parameter - 

αmix  mixing model parameter - 

α spray  model spray cone angle rad  

αsoot  soot model parameter - 

αstrain  strain parameter - 

βspray  shape parameter radial velocity distribution in spray - 

γ  ratio of specific heats - 
∆  change - 
ε  turbulence dissipation −1s  
θspray  spray cone angle rad  

κ  isentropic coefficient - 
λ  air-excess ratio - 
ν  stoichiometric coefficient - 
ρ  density −3kg m  
σ  Stefan-Boltzmann constant − − −2 1 4J m s K  
τ  characteristic time scale s  
φ  equivalence ratio - 
χ  scalar dissipation rate −1s  
ψ  fluid property - 
Ω  molar production rate per unit volume − −1 3mol s m  
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Subscript and superscript   
a  area  
act  actuation   

ad  adiabatic  
av  available  
c  cavitating  
chem  chemical  

d  discharge  

diff  diffusive combustion  

diss  dissipation  

eff  effective  

eq  equilibrium  

f  fuel, forward  

form  formation  
g  gaseous  

inj  injection  

M  momentum  

mix  mixture, mixing  

Ox  oxidizer, oxidation  
p  pressure  

pack  package  

prem  premixed combustion  

prod  products  

r  reverse  
react  reactant  

ref  reference  

s  species  
st  stoichiometric  

th  theoretical  

tot  total  

turb  turbulent  
unav  unavailable  
v  velocity  
vap  vapor  

Zeld  Zeldovich  
   
Abbreviations   

AID  Actual Injection Duration  

BDC  Bottom Dead Center  
50Ca  Crank angle of 50% burn  

CI  Compression Ignition  
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DPF  Diesel Particulate Filter  

EGR  Exhaust Gas Recirculation  

EINO  NO emission index  

EOA  End Of Actuation  

EOC  End Of Combustion  

EOI  End Of Injection  

EOSC  End Of Steady Combustion  

FIE  Fuel Injection Equipment  

FSN  Filter Smoke Number  

HR  Heat Release  
HRM  Homogeneous Reactor Model  

IEGR  Internal Exhaust Gas Recirculation  

IMEP  Indicated Mean Effective Pressure  

IVC  Intake Valve Closing  

LL  Liquid Length  
LOL  Flame Lift-Off Length  

PM  Particulate Matter  
PP  Post Processor  
ROHR  Rate Of Heat Release  

ROSI  ROad SImulation  

SCR  Selective Catalytic Reduction  

SOA  Start Of Actuation  

SOB  Start Of Burn-out phase   

SOC  Start Of Combustion   

SOI  Start Of Injection  

TDC  Top Dead Center  

VNT  Variable Nozzle Turbine  

VVT  Variable Valve Timing  
 



Appendix A       
Liquid length model 

A.1 Liquid length model 
The procedure to derive the liquid length LL  is based on the scaling law 
developed by Siebers [1]. The liquid length is defined as the axial location at 
which the fuel vaporization is complete. It is assumed by Siebers that at this 
position the vaporized fuel is at a saturated condition in thermodynamic 
equilibrium with the ambient gas, both with a temperature equal to the 
saturation temperature sT  of the fuel which is at a partial pressure equal to the 

saturation pressure .  The partial pressure of the ambient gas is equal to the 

. For the control volume depicted in figure A.1, the energy balance can be 
written as:  

sp

ap p− s
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The mass balances of fuel respectively air are given by: 

 ( ) ( ) ( ) ( )f f f f f fm A U m LL LL A LL U LLρ ρ= ⋅ ⋅ = = ⋅ ⋅  (A.2) 

 ( ) ( ) ( ) ( )a am LL LL A LL U LLρ= ⋅ ⋅  (A.3) 

In this study, the densities of both the fuel and air are computed using the ideal 
equation of state: 

 
RT

p
M
ρ

=  (A.4) 

Making use of equations (A.2) to (A.4), equation  (A.1)  can be written as: 
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 where fM  and  the molar weights of respectively the fuel and ambient gas. 

Through an iterative procedure the unknown saturation temperature 
aM

sT  is 

computed. If sT  is determined, the ratio B is defined as well as the pressures, 
temperatures and enthalpies of the fuel and ambient gas at the location of the 
liquid length. The scaling law for the liquid length is obtained by substituting B  
into the expression of the one-dimensional spray model: 

 ( ) ( )
( ) 2

1 1 2

1 16 1
φ 1

= ⋅ = ⋅ =
+ −

a

st st stf

m x
⋅x B

L L Lm x x
 (A.6) 

From this it can be derived that the liquid length is given, in dimensional form, 
by:  

 
[ ] ( )
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B T p T

ρ
ρ θ

⎛ ⎞⋅
⎜ 1⎟= ⋅ ⋅ + −
⎜
⎝ ⎠

⎟
 (A.7) 

where  is the nozzle hole diameter,   is the nozzle hole contraction 
coefficient and 

nozd aC
θ  is the real spray cone angle. The parameter  is a tuning 

parameter that is set on the basis of available spray data.   
sprayb

 

 
Figure A.1 Schematic of idealized spray model used to develop the liquid length scaling 
law.  After [1]. 

A.2 References 
 
[1] Siebers, D.L., Scaling liquid-phase fuel penetration in diesel sprays 

based on mixing-limited vaporization, SAE paper 1999-01-0528, 1999 
 



Appendix B 
In-cylinder pressure signal 

pegging procedure 

In this Appendix the used approach to peg the measured in-cylinder 
pressure signal is described.   

B.1 In-cylinder pressure signal pegging procedure 
The in-cylinder pressure is measured using a piezo-electric pressure sensor. 
It is therefore a relative measurement. To obtain absolute pressure values, 
the measured pressure curve has to be pegged to the correct reference 
pressure. In this appendix the procedure used to peg the measured in-
cylinder pressure curves from the single cylinder engine is presented in 
greater detail. The most commonly applied pegging methods are:  

1. Pegging to intake manifold pressure at reference crank angle 
2. Polytropic method 
3. Intake valve flow modeling 

The most pragmatic approach is to set the in-cylinder pressure at a certain 
reference crank angle equal to the measured (instantaneous) intake 
manifold pressure. It is assumed that at this reference crank angle, the flow 
through the intake vale is momentarily at rest, i.e. the pressure differential 
across the intake valve is zero. This method can only be used when no 
significant pressure fluctuations in the intake system. Because such 
oscillations are present in the measured intake pressure for the single-
cylinder engine, this method was found to be inaccurate.  
The second approach, the polytropic method, assumes a polytropic process 
according to a postulated polytropic coefficient κ  during part of the 
compression stroke, see Figure B.1: 
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The effective polytropic coefficient is dependent on the composition and 
temperature of the oxidizer, the heat transfer between the in-cylinder 
charge and combustion chamber wall and the amount of blow-by during 
compression. The value used for the polytropic coefficient is commonly set 
on the basis of experience using significant amounts of measurement data 
from the engine for various operating conditions to characterize the 
compression stroke. As a rule of thumb, κ is in the range of  1.36 and 1.38 
for diesel engines without use of EGR.  However, such a vast set of data was 
not available for the single-cylinder engine.  
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Figure B.1 Pegging of measured in-cylinder pressure signal using polytrophic 
method (top graph). In this study, the in-cylinder pressure is pegged on the basis 
of the measured and computed inducted fresh mass using the instantaneous 
measured intake manifold pressure at the intake valve (bottom graph). Valve 
timings are indicated in the figure. EVO = Exhaust Valve Opening, IVO = 
Intake Valve Opening, EVC = Exhaust Valve Closing, IVC = Intake Valve 
Closing.     

In this study, a more physical approach is used: the in-cylinder pressure 
signal is pegged by computing the mass flow rate through the intake valves 
by means of the compressible valve flow equation using the measured 
intake manifold and in-cylinder pressure signals [1]: 
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where and  are the upstream respectively downstream pressure and 

is the temperature upstream of the intake valve. The geometric valve flow 

area  and valve discharge coefficient  are functions of valve lift.  
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is the specific gas constant of the inducted mass. The measured in-cylinder 
pressure signal is shifted such that the integrated mass flow rate over the 
valve-open period given by equation (B.2) matches the measured inducted 
fresh charge mass. Although this method is more physical accurate than 
the aforementioned methods, it is also least computationally efficient. The 
method is used to develop a database of validated values for the, 
computationally more efficient, polytrophic method.  Using this approach, 
polytropic coefficients in the range of 1.378 - 1.38 are found for combustion 
cycles with normal injection timing and without external EGR.  This results 
in typical mass fractions of internal EGR in the order of 5.4±1.2%.  This value 
is relatively high. It is believed to be caused by pressure oscillations in the 
exhaust system during the exhaust valve open period. These oscillations can 
be observed in the measured in-cylinder pressure during the exhaust stroke 
as shown in Figure B.1. The increase in in-cylinder pressure near 300 oca 
aTDC (see Figure B.1 ) is the result of a pressure wave in the exhaust 
system (not measured). This increase in backpressure results in a less 
effective blow-down of the in-cylinder gasses through the exhaust valve. As 
a result a larger amount of in-cylinder charge remains in the cylinder and 
the residual gas fraction increases.  

B.2 References 
[1] Heywood, J.B. Internal Combustion Engines Fundamentals, 

McGraw-Hill, London, ISBN 0-07-028638-8, 1988 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 



212     In-cylinder pressure signal pegging procedure 

 
 



Appendix C 
Diesel fuel properties 

Table C.1 Diesel fuel properties 

*Taken from ASTM International – Standards Worldwide, www.astm.org 

Parameter ASTM Test 
Method*

Value 

Density [kg/m3] at 15 oC D 4052 827.2 
Cetane Index D 4737 56.2 

Viscosity [mm2/s] at 40 oC D445 2.69 
Sulphur [mg/kg] D86 30 
Flash point [oC] D 93 75.5 

Lower Heating Value [MJ/kg] - 43.3 
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Samenvatting 

Het reduceren van de benodigde tijd en kosten voor motorenontwikkeling is van 
primair belang voor motorenfabrikanten. Deze reductie wordt bemoeilijkt 
doordat ze gelijktijdig gerealiseerd moet worden met het voldoen aan steeds 
strenger wordende emissiewetgeving aangaande NOx en deeltjes en een steeds 
grotere noodzaak vanuit de (transport) markt om het brandstofverbruik te 
verminderen. Het voldoen aan deze eisen heeft geleid tot de introductie van 
nieuwe technologieën, ieder met hun eigen vrijheidsgraden. Daarnaast worden 
er nieuwe verbrandingsconcepten, zoals de verbranding met hoge mate van 
uitlaatgasrecirculatie (EGR), ontwikkeld. Deze stellen extreme eisen aan de 
regeling van de condities (samenstelling, druk en temperatuur) in de cilinder. 
Dit heeft geleid tot complexe en ondoorzichtige motorbesturingssystemen 
waardoor kosten van ontwikkeling hoog zijn.  
De belangrijkste bijdrage van dit werk is de ontwikkeling van een fysisch 
gebaseerd model voor dieselmotoren voor zowel conventionele als geavanceerde 
(hoge mate van EGR) verbranding. Het model beschrijft de interactie tussen a) 
het brandstofinjectieproces en de warmtevrijstelling en b) het injectieproces en 
de vorming van emissies van NO (hoofdbestanddeel NOx) en roet 
(hoofdbestanddeel deeltjes emissie). Hoewel het model ontworpen is om 
generiek te zijn, heeft het de validatie zich beperkt to Heavy Duty dieselmotoren.  
Het NO, roet- en warmtevrijstellingsmodel combineren (bestaande) nul- en 
eendimensionale fenomenologische modellen. Deze beschrijven de essentiële 
fysische en chemische processen volgens de meest recente inzichten aangaande 
de voornamelijk mengingsgecontroleerde dieselverbranding. Met deze fysische 
basis onderscheidt het model zich ook van het gros aan vergelijkbare modellen 
voor regeltoepassingen uit de literatuur welke een meer empirische basis 
hebben. Deze fysische basis geeft het model een groter voorspellend vermogen 
en maakt het meer generiek. Dit zorgt ervoor dat de benodigde hoeveelheid 
kostbare meetdata voor identificatie gereduceerd wordt en zal resulteren in een 
afname van de benodigde ontwikkelingstijd en kosten.  
Het roet- en warmtevrijstellingsmodel zijn gebaseerd op bestaande state-of-the-
art modellen uit de literatuur. Deze modellen zijn aangepast zodat ze een beter 
gefundeerde fysische basis hebben en tevens in staat zijn om ook geavanceerde 
verbranding met hoge mate van uitlaatgasrecirculatie te beschrijven.  
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Dit proefschrift beschrijft tevens een complete keten van metingen en 
meetopstellingen. Deze maken een volledige identificatie en validatie van de 
modellen mogelijk. De meetketen start met het karakteriseren van het 
brandstofinjectiesysteem door massadebiet- en impulsmetingen. Hierdoor kan 
het injectieprofiel, behorende bij een motorexperiment, accuraat worden 
gereconstrueerd. De volgende stap in de meetketen is het karakteriseren van de 
geïnjecteerde brandstofstraal. Hiervoor zijn bestaande correlaties uit de 
literatuur gebruikt welke zijn gefit op meetdata, o.a. afkomstig van een optisch 
toegankelijke hogedruk cel (Eindhoven High Pressure Camber). Model 
identificatie en validatie is hoofdzakelijk verricht op basis van ‘gemeten’ 
warmtevrijstellingsprofielen (afgeleid van gemeten in-cilinder drukkurven) 
afkomstig van een één-cilinder Heavy Duty dieselmotorproefopstelling. Het 
geïdentificeerde en gevalideerde model is direct toegepast op een zes-cilinder 
Heavy Duty diesel motor. Resultaten tonen aan dat het model inderdaad 
generiek is voor de gebruikte meetopstellingen. 
De simulatieresultaten laten een goede kwalitatieve overeenkomst zien met 
meetdata voor veranderingen in brandstofinjectie (timing, druk en hoeveelheid), 
hoeveelheid EGR en motortoerental. Dit geldt voor zowel conventionele als 
geavanceerde verbranding met hoge mate van EGR en conventionele 
injectietiming. De absolute nauwkeurigheid van de NO voorspelling is gelijk 
aan, dan wel beter dan, state-of-the-art modellen uit de literatuur met een meer 
empirische grondslag. De resultaten valideren de toepassing van het model als 
voorspellend hulpmiddel voor de ontwikkeling van een motorbesturingssysteem. 
Echter, de bereikte nauwkeurigheid is niet voldoende voor toepassing als virtuele 
NO sensor.  
Voor een nauwkeurige NO voorspelling is een nauwkeurige beschrijving van de 
NO vormingstemperatuur essentieel. In dit werk zijn de belangrijkste 
fenomenen die deze temperatuur beïnvloeden bepaald en geïmplementeerd via 
fysische modellen. Deze modellen zijn onderbouwd met gedetailleerde 
berekeningen aan flamelets en homogene reactormodellen. Simulatieresultaten 
tonen aan dat dissociatie en ‘flame straining’ ten gevolge van turbulentie de 
primaire NO reducerende fenomenen zijn. Koeling ten gevolge van 
brandstofverdamping en roetstraling zijn belangrijke secundaire fenomenen. De 
afname van NO vorming ten gevolge van koeling door straling van hete 
gasvormige moleculen is slechts marginaal. Het kwantificeren van de invloed 
van menging van verse in-cilinder massa in de hete verbrandingsproducten 
(waarin de NO vorming plaatsvindt) is essentieel voor een accurate voorspelling 
van de NO emissie. Een equivalente reductie van NO kan namelijk niet worden 
gerealiseerd door de eerder genoemde NO reducerende fenomenen.  
Uit dit werk volgt tevens dat de NO en roetvoorspelling voor een multi-cilinder 
motor significant nauwkeuriger is wanneer de emissievorming in iedere 
afzonderlijke cilinder wordt bepaald in plaats van op basis van meetdata van één 
enkele cilinder. Dit noodzaakt het toevoegen van additionele sensoren wat niet 
wenselijk is met het oog op complexiteit- en kostenreductie.  
Tenslotte, is de nauwkeurigheid van de emissievoorspelling onderzocht gebruik 
makend van voorspelde in plaats van gemeten warmtevrijstellingsprofielen. 
Hieruit volgt dat voor roetvorming een grote nauwkeurigheid noodzakelijk is ten 
aanzien van de instantane warmtevrijstelling, terwijl dit van minder groot belang 
is voor een nauwkeurige NO voorspelling.  
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