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Abstract 

In the current high-tech industry high precision systems like wafer scanners, manufactured by ASML 
for the production of integrated circuits, have to become faster and more accurate to satisfy the per
formance demands. The performance of the high-tech motion systems is dependent on actuators, 
sensors, amplifiers, control structure and mechanical structure, though lately the latter is proving to 
be the main performance limiting factor for the next-generation lightweight motion systems. In or
der to increase the performance, aften stiffer mechanical constructions are designed. Tuis however 
means that the moving mass of the system is increased leading to larger actuation farces , more power
consumption and an increase in thermal losses. These are a threat to the performance of the system 
in terms of throughput and focus. 

To prevent this, lightweight motion systems are designed. These however display performance lim
iting flexible dynamical behavior. Therefore in order to increase the performance, the effects of the 
intemal flexibilities have to be reduced. U sing additional actuators and sensors allows for more free
dom in both the mechanical and con trol design enabling active control of the dominant flexible modes 
which deteriorate the performance of the system i.e. mechanical stiffness is exchanged by active con
trol and optimal placement of the additional actuators and sensors. Applying more actuators than 
strictly needed for the rigid body movements to be controlled is called over-actuation. In this thesis 
over-actuation also takes into account over-sensing, the use of more sensors than strictly needed to ob
serve the rigid-body movement to be controlled, i.e. the use of extra sensors/actuator pairs is referred 
to as over-actuation. 

The aim of this research is to acquire proof of principle of the benefits of over-actuation compared to 
traditional actuation through experimental validation, when dealing with systems exhibiting flexible 
dynamical behavior. Optimal placement of additional sensor/actuator pairs is not taken into account 
in this thesis . To achieve the research obj ective, first a FEM model of the lightweight prototype motion 
system is designed and used after validation to show the benefits of over-actuation in a simulation 
environment using decentralized control. To enable a fair comparison between the over-actuated and 
traditionally actuated systems the control stmcture is kept similar for the rigid body modes i.e. the 
decentralized controller in the over-actuated case is designed to reach the same level of disturbance 
attenuation as in the traditionally actuated case resulting in an equal bandwidth. Due to the addi
tion of an extra sensor/actuator pair, active control of the dominant first flexible mode is possible 
in the over-actuated system preventing deterioration of the system's performance due to this flexible 
mode. To demonstrate the benefits of over-actuation experiments are done on a traditionally and over
actuated lightweight prototype motion system using similar decentralized controllers, as used in the 
simulations, with addition of an equal feedforward signal used for tracking of the prescribed motion 
task. Comparison of these experimental results show improved performance for the over-actuated 
controlled system. 
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CHAPTER 1 

INTRODUCTION 

1.1 Background 

In the current high-tech industry ASML plays a leading role in the development of high-precision 
motion systems. ASML designs, develops and produces these advanced technology systems for the 
serniconductor industry to fabricate modern integrated circuits (IC's). The TWINSCAN™ XT and 
the TWINSCAN™ NXT are such state of the art manufactured step and scan systems, better known 
as wafer scanners. Their unique dual-stage design allows non-stop parallel processing: measuring one 
wafer while imaging another, for maximum accuracy and productivity. 

The TWINSCAN™ uses 300 mm silicon wafers with a thickness of 0.775 mm for the production 
of chips. To do this, a ray oflight produced by a UV light source, is projected through the illumination 
system on to the reticle stage. The reticle, which contains the chip design, is then moved through this 
light at a prescribed speed. At the same time the wafer, located in the wafer stage, is moved under the 
lens in the opposite direction. This is called the scanning motion and is used to expose each die on 
the wafer with image layers. The stepping motion is made to relocate to the next die to be scanned. 
The speed of the waf er is one-quarter of the speed of the reticle, because of the four times reduction 
of the image by the lens. So the exposed image is four times smaller than the image on the reticle. 
The wafer and reticle stage can scan in both positive and negative directions, which allows for faster 
processing, thus higher throughput. 

As the reticle and the wafer need to be positioned accurately with respect to each other, both the 
wafer stage and the reticle stage of the TWINSCANT M XT have a long stroke and a short stroke which 
are used for respectively coarse and fine positioning of the wafer and the reticle. The long stroke has 
a large movement range and positions the chuck with micrometer accuracy, while the short stroke 
makes small movements and positions the chuck with nanometer accuracy [1, 2). 

The TWINSCAN™ NXT platform features a planar wafer stage design which uses magnetic levi
tation technology. The coils are integrated into the stage which levitates on a bed of permanent mag
nets . To improve the acceleration the NXT-stage is made from carbon fibers and ceramic materials that 
are considerably lighter than previous generations. Higher acceleration results in shorter positioning 
(stepping) times, possibly enabling an improvement of the throughput (1). 

As the customer demands for tighter specifications increase, the complexity of manufacturing in
tegrated circuits with more functionality increases with each new generation of chips. Performance 
enhancement is one of the demands which is mainly limited by vibration problems [3-5). To ensure 
accurate positioning which may lead to increasing performance, the system is assumed to behave as 
rigid a body. However every mechanica! system has a finite stiffness. Therefore the high accelerations 
needed for fast positioning of the system induces high acceleration forces which will not only move 
the system, but also excite the internal dynamics (6). The performance of these motion systems, in 
particular the fast and accurate positioning of the chuck, is bounded by these internal dynamics which 

1 



2 Chapter 1: Introduction 

in turn limits the closed-loop bandwidth. Suppression of these internal dynarnics is often done by 
increasing the stiffness of the chuck. Tuis creates stiff couplings between actuator inputs and sen
sor outputs so that the bandwidth-limiting resonance frequencies are shifted to higher frequencies. 
Even though this enables a higher bandwidth, the increased stiffness often results in an increase of 
the moving mass. Tuis leads to an increase in the required power of the actuators and amplifiers. 
So increasing the performance, with respect to both speed and accuracy generally results in heavier 
systems, higher energy losses, an increase in thermal problems and a larger power consumption. (6) 

In the work of Schneiders (6) and Makaroviç (7) an interesting design approach, called lightweight 
positioning, is introduced to enable high performance by a reduction of the moving mass like in the 
TWNSCAN™ NXT. As the reduction of rnass reduces the stiffness, this leads to lower dominant 
eigenfrequencies. Therefore the internal dynamics of the system can be excited more easily. As per
formance in a motion system is closely related to the level of excitation of the eigenmodes of a system, 
use is made of extra actuators and sensors to actively control the dominant resonance frequencies. 
Using more actuators than the number of rigid-body motions to be controlled is called over-actuation. 

1.2 Objectives 

The main objective of this thesis is to demonstrate the benefits of over-actuation. Before implementing 
over-actuation on the chuck (wafer stage application) first a prototype set-up with a reduced number of 
degrees of freedom is used to gain insight into this relatively new principle. Tuis is done by adding one 
additional actuator/sensor pair toa lightweight prototype motion system and comparing the perfor
mance of the conventional controlled over-actuated system to a conventional controlled traditionally 
actuated (TA) system. In this thesis over-actuation is always combined with over-sensing. Also for 
reasons of simplicity, only collocated actuator/sensor pairs are considered i.e. a sensor is placed at 
the same location as the actuator. In practice the actuators and sensors can only be collocated up 
to a certain level, since it is difficult to place them at the exact same location. Tuis has two main 
benefits namely that the dynamics between the actuator and sensor provides a phase lead which is ad
vantageous for the stability and that placement of the actuator at a location which provides maximum 
controllability also provides maximum observability (8). 

To meet the objective stated above, the following steps have to be taken: 

Model Using modal analysis design a model of the lightweight prototype motion system 

Performance Define performance criteria and develop a valid control strategy to enable comparison 
of the performance of the TA- and OA-case. 

Simulations Show the benefits of over-actuation in a simulation environment using conventional 
feedback control 

Experiments Demonstrate the benefits of over-actuation on the lightweight prototype motion sys-
tem using conventional feedback control. 

Remark 1.2.1 Optima[ placem ent of actuator/ sensor pairs lies outside the scope of this research 
as well as optima[ control of the over-actuated set-up. Th e performance variables are assumed to 
equal the measured variables, thus not considering inferential control. 

1.3 Outline 

In Chapter 2 a literature review is given, starting with a summary of the existing work on over
actuation. Adding an extra actuator/sensor pair at a certain location can lead to improvement of the 
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performance. Even though optimal placement of actuators and sensors lies outside the scope of this 
research, some basic knowledge of sensor and actuator placement is given which may be useful for 
analysis purposes. Tuis is followed by the basics of modal analysis, which is relevant for the design of 
a model. Chapter 3 discusses the design of a FEM-model of a flexible beam. Tuis model is based on 
the Euler-Bemouilli beam. Also the modal approach to obtain a modal representation of the model 
of the Euler-Bernouilli beam is discussed. Tuis is convenient for controller synthesis and simulation 
purposes as will be discussed in the next chapter. In the last section this model is validated with 
the help of experimental data. Chapter 4 discusses the simulation results which are done with the 
validated FEM-beam model determined in Chapter 3. First the model is decoupled, after which de
centralized controllers are build based on the decoupled traditionally actuated (TA) and over-actuated 
(OA) model. Finally the simulations results for both the TA and the OA case are given. In this chapter 
an overview is giving of the components in the experimental set-up together with the lirnitations of the 
set-up. Nonparametric identification is performed for the TA and the OA systems. After decoupling, 
decentralized feedback controllers are designed based on the decoupled systems. Addition of feedfor
ward control improves setpoint tracking and excitation of the system in its eigenfrequencies. After 
implementation the experimental results for the TA and the OA systems are compared. The compar
ison is based on the local performance measure given in this chapter. Also this research is put into 
perspective of the work already done by others. In Chapter 6 the conclusions and recommendations 
are stated. 
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CHAPTER 2 

LITERATURE REVIEW 

2.1 lntroduction 

In this chapter, a review on relevant existing literature is presented regarding vibration control in 
high-performance systems. In the current high-tech industry e.g. ASML, Philips and NXP Semi
conductors, the development of accurate motion systems (e.g. waferscanners and wirebonders) with 
increased performance specifications is limited by vibration problems [4 ]. Control of vibrations within 
a motion system is called structural vibration control. Moheimani [9], Gawronski [IO], Van Dongen (n] 
and Halim [12] state that in structural vibration control modal analysis and the placement of sensors 
and actuators are of importance. Modal analysis, e.g. as described by Moheimani [9], Gawronski (rn] 
and Graham Kelly [13] is required to decouple the dynamics of the flexible motion system, in order to 
control certain resonance frequencies. The placement of sensors and actuators is of importance be
cause it determines which modes can be respectively observed and controlled and which modes might 
be respectively unobservable and uncontrollable. In the literature there are many ways to deal with 
the structural vibration problems in order to cancel out, compensate or actively suppress bandwidth
limiting resonance frequencies. These are divided in two research fields. 

First, passive vibration control methods such as vibration isolation or vibration absorption e.g. by local 
addition to the structure of a mass and a spring combined . Passive vibration control is achieved by 
structure modification. The physical properties of a mechanica! structure related to stiffness, damping 
and mass are then changed by adding springs, dampers and masses. These measures mostly increase 
the mass of the system in order to decrease the flexibility of the system i.e. reduce the vibration of 
the system. The performances of systems with passive vibration control are highly system dependent 
as they are unable to adapt to changing disturbances or changing structural characteristics over time 
e.g. due to temperature or wear. These changes cause a shift in frequency of the resonance modes, 
thus deteriorating the performance of the passive vibration controlled system. Passive control is not 
discussed further in this report. Fora more detailed explanation see Schneiders et al. [14], Preumont 
[15], Mead [16] and Meirovitch [17, 18]. 

Second, active vibration control which is the active application of a force, equal in magnitude and 
in anti-phase to the forces imposed by external vibration. Active vibration control is a method that 
uses cooperating actuators, sensors and control techniques (feedforward and feedback) to control the 
flexible modes in a motion system. The actuator force will actually compensate the vibration source 
in a system, thus achieving the desired performance characteristics. See Schneiders et al. [14] and 
Meirovitch [17, 18] fora more detailed explanation of active vibration control. 

As an active vibration and motion control method for flexible motion systems, the Eindhoven and 
Delft University of Technology are both researching the possibilities of the use, application and ad
vantages of over-actuation. Over-actuation enables control of rigid-body motion, while actively con
trolling the performance-lirniting flexible modes. The Delft University ofTechnology in cooperation 
with Philips CFT, now Philips Apptech, has researched piezoelectric over-actuated lightweight mo-

5 



6 Chapter 2: Literature Review 

tion systems and experimented on a 2 DOF levitated beam setup. Tuis work is clone by J.W. van 
Wingerden [4, 19). At the TU/e three PhD students, A.M. van der Wielen, J. Makaroviç and M.G.E. 
Schneiders, started researching over-actuation in 2001 as a means to control lightweight positioning 
systems. They experimented on a 2 DOF levitated beam and a 3 DOF circular plate. Their work can be 
found respectively in [20), [7] and [6, 14, 21-23). De Ruijter [24) and Vijlbrief [25] also did research on 
vibration control by means of over-actuation, while Ml-Partners has been researching over-actuation 
for the 450 mm waf er chuck. They have realized a glass wafer chuck demonstrator and demonstrated 
over-actuation by placement of the additional actuators in the nodes of the dominant flexible mode. 
lnternationally Laine, Michellod et al. and Ganovski et al. have also researched over-actuation, be it for 
different systems. Laine applied motion control to over-actuated road vehicles [ 26], while Michellod 
et al. developed a feedback control structure for an over-actuated motion system of the VLTI (Very 
Large Telescope Interferometer) [27). Ganovski uses over-actuation for robotic structures in order to 
follow complex trajectories [ 28). The topic of over-actuation is of main interest in this thesis and will 
therefore be discussed in the following sections. 

2.2 Over-Actuation 

In traditional motion system topology, an equal number of sensors, ny, and actuators, nu, is used for 
each rigid-body part of the motion task e.g. if a motion system has n rigid body DOFs to be controlled, 
n actuators are needed to perform this task. The number of rigid body modes to be controlled is 
given by nrb· The DOFs of a system combined with all the flexible modes of a system are defined as 
ndof· The performance, both local and spatial, in such a traditionally actuated system, is limited by 
the intemal dynamics of the motion system. 

Definition 2.2.1 (Traditionally actuated motion system): A traditionally actuated motion sys
tem is a mechanical system with nu = ny = nrb. 

Definition 2.2.2 (Topology): Given the mechanical system, the topology specifies the type, num
ber and placement of sensors and actuators. 

Definition 2.2.3 (Local performance): Local performance is the performance at the point which 
is measured by a sensor. 

Definition 2.2.4 (Spatial performance): Spatial or global performance is the performance at ev
ery spatial location in the structure where performance is necessary /22/. 

In order to increase the performance, often stiffer mechanica! constructions are designed. Tuis how
ever means that the moving mass of the system is increased, which will lead to larger actuation forces, 
more power-consumption and an increase in thermal losses which is a main treat for accuracy and 
reproducibility. To prevent this, while still enabling an increase in performance, the effects of inter
nal flexibilities have to be reduced. Additional actuators and sensors can be added to allow for more 
freedom in both the mechanica! and control design and to actively control the flexible modes. Tuis is 
often referred to as over-actuation and over-sensing. Over-actuation is the use of more actuators than 
rigid body modes to be controlled. The degree of over-actuation N, is then defined as the number of 
extra actuators. Ina similar way over-sensing can be defined [6). Ina OA-system no actuators and/or 
sensors are redundant i.e. each additional input and output gives additional freedom to influence the 
modes of the system (6). 

Definition 2.2.5 (Over-actuated motion system): An over-actuated motion system is a mechan
ical system with nu > nrb and ny = nrb. 

Definition 2 .2.6 (Over-sensed motion system): An over-sensed motion system is a mechanica/ 
system with ny > nrb and nu = nrb. 
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Remark 2.2. 7 Despite the definitions given for an over-actuated motion system and an over
sensed motion system, f or the rest of this thesis when over-actuation is mentioned this refers to 
extra sensor/ actuator pairs instead of only extra actuators. 

In the collocated case, as will be discussed in this report, nrb < nu = ny < ndof. There are two types 
of over-actuation: 

r. Internal over-actuation: 
In case of internal over-actuation, the extra actuator excites only the flexible modes of a motion 
system. This kind of over-action can typically be applied by using piezoelectric actuators. For 
more information see the work of J.W. van Wingerden [19]. 

2. Extemal over-actuation: 
External over-actuation can be achieved by using the same actuators as used for the control of 
the rigid body modes i.e. actuators which are used to perform a motion task [6]. 

The main difference between the two types is that internal over-actuation is only able to excite the 
flexible modes of a motion system, while external over-actuation is able to excite both the rigid body 
modes and flexible modes. So internal over-actuation can only be used for vibration control, while 
external over-actuation can be used for both vibration and motion control. Another difference is that 
internal over-actuation can be applied on existing motion systems without the need to change the 
existing servo control loops. With extemal over-actuation these loops have to be redesigned. With in
temal over-actuation the motion control objective and the vibration control objective can be processed 
separately. In order to do so for the external over-actuation case the system has to be decoupled. How
ever, external over-actuation makes it possible to redirect the performance lirniting transmission zero 
toa higher frequency by sensor/actuator placement [19]. In this thesis only external over-actuation is 
considered. 

2.3 Sensor and Actuator Placement 

In the case of external over-actuation the collocated sensor/actuator pairs can be placed at positions 
where the flexible modes are maximally controllable and observable. According to [n, 29] this is the 
best position for unknown disturbance rejection i.e. suppression of vibrations. However, for reference 
tracking the optima} position is the position where the modes are minimally excited. Therefore the 
collocated actuator/sensor pairs have to be placed in the nodes of the relevant modes. So in order to 
control the dominant vibration modes i.e. eigenfrequencies which cause performance deterioration, 
the placement of the collocated actuator /sensor pairs is dependent on the following: 

• a vibration mode is not excited if the points of actuation (positions of the actuators) are exactly 
in the nodes of the mode, 

• a vibration mode is controllable/observable if the points of collocated actuation/sensing are out 
of the nodes. 

However, when the position of the actuator is out of anode the vibration mode has higher controlla
bility but also higher sensitivity to disturbances through the actuator. So, to determine the position 
where the collocated sensor /actuator pair should be placed the observability and controllability of the 
modes should be deterrnined. Controllability is defined as a measure of interaction between the input 
and the states, involving the system matrix A and the input matrix B. A system is controllable if there 
exists a control signal u(t) that will take the state of the system from any initia! state x(t0) to any 
desired final state x(tend) in a finite time interval. Equivalently controllability measures the ability of 
the controller to control all the system states from a certain actuator configuration [30]. 

This is equivalent to the condition that a system is controllable if the control matrix given in Equa
tion 2.1 is of full rank n. However, the controllability matrix does not give insight into the relative 
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controllability of the different modes. It only shows whether the entire system is controllable or not. 
If one mode of the system is not controllable the entire system is not controllable [15]. 

(2.1) 

Therefore there exists another condition which states that if the solution of the controllability gram
mian, Wc(t) , which is given in Equation 2.2, for stable time-invariant solutions is non-singular, the 
system is controllable [30]. The solution is defined as in Equation 2.3. Now information about the rel
ative controllability of the individual modes is given by the diagonal elements of the positive definite 
controllability grammian Wc• Gramrnians are nonnegative matrices that express the controllability 
and observability properties qualitatively and are used to determine the system properties. 

(2.2) 

(2 .3) 

Just as the controllability grammian reflects the ability of the input u( t) to perturb the states of the sys
tem the observability grammian given in Equation 2.5, reflects the ability of nonzero initial conditions 
of the state vector x( t0 ) to affect the output y( t ) of the system. So observability is defined as a measure 
of interaction between the states and the output, involving the system matrix A and the output matrix 
C. A system is observable if, for any x (t0 ), there is a finite time T such that x(tend ) can be determined 
from u(t) and y(t) for O ~ t ~ T. The total system is observable if the observability matrix given 
in Equation 2.4 is of full rank n. The relative observability of a stable time-invariant system is given 
by the diagonal elements of the solution of the positive definite observability grammian W O given in 
Equation 2.6 [15]. 

(2.4) 

(2.5) 

(2.6) 

2 .4 Analytica! Modeling 

2.4.1 The Generalized Wave Equation 

The dynamic behaviour of single-body1 flexible systems can be described by the generalized wave 
Equation (2.7) (6, 9, ro , 13, 31, 32]. 

ä2u(p, t) 
M(p) ät2 + J:,(p) u(p , t ) = J(p , t ) (2.7) 

1 T he wave equation is generally restr ic ted to single bod ies d ue to t he cont inuum descript ion. Addit iona lly, 
bou ndary cond it ions can be added to dyna mically connect mul t iple bodies (cont inua). 
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Tuis partial differential equation (PDE) holds in every point pin the domain Pof the structure. The 
coordinates p and t are respectively spatial and time coordinates. The displacement of a point p is 
notated as u(p, t), while M(p) represents the distributed mass. C(p) is a differential self-adjoint2 op
erator, depending on the model type, and f(p, t) represents the external force distribution. 

Equation (2.7) can also be characterized by an infinite set of eigenvalues cpi(P) and corresponding 
eigenvectors w;(t) called modal parameters. In case of free vibration, i.e. f(p , t) = o, there exists a 
solution to Equation 2.7 of the form: 

00 

u(v, t) = L cpi(p)qi(t), (2.8) 
i=l 

in which qi(t) represents the i t h time-dependant modal coordinate and cpi (P) the ith eigenfunction or 
spatial mode shape that satisfies the associated eigenvalue problem and boundary conditions. 

2.4.2 Modeling of a Free-Free Beam 

From the sum of forces and the sum of moments of an arbitrary differential element of a beam, the 
following PDE is found which holds for forced vibrations of a beam [10, 13, 31, 32]: 

A 8
2
w(x, t) 8

2 
(EI8

2
w(x, t)) = f( ) 

p 8t2 + 8x2 8x2 x, t ' (2.9) 

in which 

p Mass density [kg/m3 ] 

A Cross-sectional area [m2] 

E Young's Modulus of the material in (Pa] 
I Second moment of area of the beam around the neutral axis in [m4

] 

f Extemal distributed load i.e. force per unit length [N/m] 
w(x) Deflection u of the beam at position x [m] 

Tuis equation is known as the Euler-Bemoulli equation. Equation 2.9 is a fourth-order PDE, so four 
boundary conditions (BCs) must be speci:fied. The BCs depend upon the type of end support of the 
beam. Fora beam with no end supports, a free-free beam, the ideal BCs that hold are given in Equation 
2.10 and 2.rr [10]. 

8
2
w(x, t) 1 = 0 
8x

2 
x =O /\ x=L 

(2.10) 

8
3
w(x, t) 1 = 0 
ax3 

x=Oll x =L 
(2 .11) 

In other words, the internal (shear) forces and bending moments equal zero at the boundaries of 
the beam. Notice that according to the terminology of the previous subsection, 

(2.12) 

2 An operator is self-adjoint if it is equa l to its own conj ugate transpose: C, = e,H 
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and 

M=pA. (2.13) 

From these BCs and the PDE an expression for the mode shapes <Pi (P) follows (33): 

( ) ( >.i x) (>.ix ) ( . (>.ix) . (>.ix) <Pi p = cosh L + cos L - ai sinh L + sin L , (2.14) 

with: 

i >.i CTi 

1 4.73 0.98 
2 7.85 1.00 
3 10.99 0.99 
4 14.13 1.00 
5 17.27 0.99 

i> 5 (2i+ 1)% ~ 1.0 

Table 2.1: Dimensionless parameters 

So the natura! frequencies are given by Equation 2.15 for i E N [33). 

(2.15) 

2.5 Finite Element Modeling 

2.5.1 Modal Analysis without Damping 

The dynamic behaviour of a flexible structure in nodal coordinates is represented by the second-order 
matrix differential equation given in Equation 2.16 (ro) ,(13). 

Mij+ Dq +Kq 
y 

in which 

M mass matrix [kg] 
K stiffness matrix [N/m) 
D damping matrix [Ns/m] 
q nd x r nodal displacement vector [m] 
q nd x r nodal velocity vector (m/s] 
ii nd x r nodal acceleration vector [m/s2

] . 

(2.16) 
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The dynamic behaviour can also be expressed in modal coordinates. These coordinates are often 
used to reduce the order of a system. Since they are independent, the structural response is a sum 
of the modal responses of a system. The modal coordinate representation can be obtained by the 
transformation of the nodal models. This transformation is derived using a modal matrix, which is 
determined as follows. 

In this subsection free vibrations of a structure without damping are considered i.e. a structure with
out external excitation such as forces and moments on the structure (u = o) and the damping matrix 
D = 0. Thus, Equation 2 .16 simplifies to Equation 2 .17. 

Mij+Kq = 0. (2.17) 

The solution of the above equation is given in Equation 2.18. The second derivative of the solution q 
is given in Equation 2.19. 

(2.18) 

(2.19) 

Introducing q and ij into Equation 2 .17 gives the set ofhomogeneous equations given below. 

(2.20) 

For Equation 2.20 a nontrivial solution exists if Equation 2.21 holds. This equation is satisfied for a 
set of n values of frequency Wi, with n :S nd, the number of degrees of freedom. The frequency wi is 
called the ith natural frequency, with its matrix defined by Equation 2.22. Equation 2.21 is known as 
the eigenvalue problem. 

det(K - w2M) = 0. (2.21) 

(2.22) 

Substituting wi into Equation 2 .20 yields the corresponding set of vectors { </)1, </)2 , . . . ,</>n} that satisfy 
this equation. The ith vector <Pi corresponding to the ith natural frequency wi is called the ith natural 
mode or ith mode shape. The natural modes are not unique, since they can be arbitrarily scaled. In
deed, if <Pi satisfies Equation 2.20, so does a</)i, where a is an arbitrary scalar. 

The matrix of mode shapes or the modal matrix <I> of dimensions nd x n, which consists of n nat
ural modes of a structure is given in Equation 2.23. Here <Pii is the lh displacement of the ith mode 
given in Equation 2.24. These eigenmodes and eigenfrequenties characterize the dynamic behaviour 
of the system just like the equations of motion do. 

(2.23) 
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(2.24) 

The modal matrix given in Equation 2.23 diagonalizes the mass and stiffness matrices M and Kas 
follows: 

(2.25) 

(2.26) 

The obtained diagonal matrices are called modal mass matrix (Mm) and modal stiffness matrix (Km)-

2.5.2 Damping 

The modal damping matrix (see Equation 2.27) can be obtained in a similar way as is clone for the 
modal mass and modal stiffness matrices. However the modal damping matrix is not always a diago
nal matrix. 

Finding physically grounded values for the elements of D is not easy, since linear damping mech
anisms don't exist. However, if the internal dissipation is small it can be well approximated by a linear 
damping model. Before the modal properties of systems with damping are discussed, the two most 
used models that both result in a diagonal modal damping matrix are briefly discussed. 

Proportional dam ping, Dp, is defined a linear combination of the mass and stiffness matrix [13 , 31, 32]. 
This is justified due to the small off-diagonal damping terms, which have a negligible influence on the 
structural dynamics. The resulting modal damping matrix is diagonal matrix, 

Dp = aK+/3M, (2.27) 

in which a and /3 are nonnegative scalars. 

The purpose of proportional damping is to result in a diagonal modal damping matrix. The propor
tional damping model has resulted in experimentally validated values for a and /3 for various classes 
of structures and materials. 

Another commonly used type of damping is modal damping. For each mode in the model a dimen
sionless damping coefficient ( is assigned. The result again is a diagonal modal damping matrix given 
in Equation 2.28. The modal damping characteristics are usually obtained experimentally. For each 
mode, the damping coefficient is identified from frequency response measurements or time-domain 
decay experiments. 

(2.28) 

0 
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2.5.3 Modal analysis with Damping 

Modal models of structures are the nodal models transformed into modal coordinates. In order to do 
soa new variable, qm, called modal displacement is introduced (see Equation 2.29). 

(2.29) 

By introducing Equation 2.29 to Equation 2.16 and additionally left-multiplying the result with <I>T we 
obtain the new equations of motion, 

<I>TM<I>q;:,, + <I>TDp<I>q;,, + <I>TK<I>qm 
y 

<I>TBou, 
Coq<I>qm+Cov<I>q;,,. 

Assuming proportional damping as given in Subsection 2.5.2 the above equation becomes: 

<I>TBou, Mmq;:,, + Dmq;,, + Kmqm 
y Coq <I>qm + Cov <I>q;,, • 

Byleft-multiplying Equation 2.31 with Mm -l Equation 2.32 is obtained. 

q;:,, + Mm -lDmq;,, + Mm -lKmqm 
y 

Mm -l<I>TBou, 
Coq <I>qm + Cov <I>q;,,. 

(2.30) 

(2.31) 

(2.32) 

By introducing n, a diagonal matrix of natural frequencies given in Equation 2.33 and Z, a diagonal 
modal damping matrix given in Equation 2.34, Equation 2.32 simplifies to the modal representation 
of a structure given in Equation 2.34. Here Mm -lom= 2zn, thus z = 0.5Mm -lomn, the modal 
input matrix Bm = Mm -l<I>TB0 , the modal displacement matrix Cmq = Coq<I> and the modal rate 
matrix Cmv = Cov<I>, 

0 2 = Mm- 1Km. 

z-( 
(1 0 0 

) 0 (2 0 

0 0 (n 

where (i is the dam ping of the ith mode. 

q;:,, + 2ZOq;,, + 0 2qm 
y 

Bmu, 
Cmqqm + Cmvq;,,. 

(2.33) 

(2.34) 

(2.35) 

Due to the diagonality of n and Z the set of uncoupled equations given in equation 2.35 can be written, 
equivalently as 

Yi 

n 

Cmqiqmi + Cmviq~i, Y = L Yi, 
i= l 

(2.36) 
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where i = l, ... ,n, bmi is the i t h row of Bm and Cmqi , Cmv i are the ith columns of Cmq and Cmv 
respectively. From Equation 2.35 the transfer function of a structure can be derived (see Equation 
2.37), while from Equation 2.36 the transfer function of the ith mode can be obtained (see Equation 
2.38). 

(2.37) 

G ·( ) _ ( cmqi + JW Cmvi )bmi 
m1 W - 2 2 . 

Wi - W + 2j(iWiW 
(2.38) 

2.6 Modes 

The systems described in Chapter 5 are also known as flexible structures and are characterized by the 
following assumptions: 

• linear systems, 

• with oscillatory properties characterized by strong amplification of a harmonie signal for certain 
frequencies , 

• with weakly correlated resonance modes which can be modeled as independent modes, 

• with low damping. 

Tuis section describes the various modes that can occur in flexible structures such as the suspended 
experimental beam setup given in Chapter 5. 

2.6.1 Rigid Body Modes 

Rigid body modes are non-oscillatory modes i.e. with zero resonance frequency W r = o, which are 
defined by the set Rrb- These mode shapes are oriented in directions which do not address stiffness, 
such that there is no potential or strain energy involved in these modes i.e. there is no deformation 
(see equation 2.39). 

Vr E Rrb (2.39) 

The span of rigid body mode shapes form the kemel of the stiffness matrix meaning that in case the 
system bas rigid body modes, K is singular and positive serni-definite. Otherwise K is regular and 
positive definite. Due to this, the displacement pattem of the corresponding mode shape behaves as 
if the body was rigid, i.e. it shows rigid-body behavior: 

Definition 2 .6 .1 (Rigid-body behavior ) The region P is said to have rigid body behavior ij the 
distance between all spatial points p E P remains the same /6}. 

In case of a single body e.g. a beam, the rigid body mode shapes span up the free motions of the body 
equal to the DOFs of the system. 
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2.6.2 Internal Modes 

In many systems there are modes with nonzero resonance frequency or resonance modes i.e. wr #- 0, 
existing due to the limited stiffness of the body itself. These mode shapes are intemal deformations of 
the body during motion so these intemal modes, defined by the set R int, are mostly unwanted modes 
[6]. 

2.6.3 Suspension Modes 

The suspension of most systems can also add a small amount of stiffness in the directions of the 
free body motions. Examples of such systems are systems with air-mounts, leaf-springs, cables, cable 
ducts or other supplementary connections. Also the wire springs suspending the experimental beam 
setup used in this thesis can add this stiffness to the rigid-body modes. Suspension modes defined by 
the set R sus, are also modes with nonzero resonance frequency or resonance modes i.e. Wr #- o, just 
like internal modes except for the following differences: 

• the stiffness in the mode is dorninated by suspension stiffness, which is the stiffness to the real 
world. 

• the resonance frequency of a suspension mode is significantly lower than that of regular reso
nance modes. 

• the corresponding mode shape approximates rigid-body behavior at the end-effector Pe, 

So the stiffness due to the suspension is very low compared to the internal or structural stiffness, such 
that the strain energy in the structure itself can be neglected. 

Not only does the suspension add stiffness to the system, it also adds (viscous)damping e.g in the 
case of air bearings [6]. In the suspended beam setup used in this thesis, the suspension causes a 
negligible amount of damping. 

2.6.4 Body Modes 

The suspension modes together with the pure rigid body modes are called the body modes of the 
system: Rb = { Rrb,Rsus }- Now the motion (trajectory) m(t) is defined as the body mode response, so 
the ideal system response with no internal dynamics [6]. 

2. 7 Spillover 

In theory there exists an infinite set of independent modes ,n , which characterize the spatial response 
of a system. However, it is not feasible to control all the modes. Therefore a number of modes to be 
controlled, nc, are selected based upon e.g. the sampling frequency Fs with n c < n. According to [34] 
the modes can be divided in 3 categories: 

r. Modelled and controlled modes 
c/>i, with i = I , ... , nc 

2. Modelled and uncontrolled modes 
c/>i, with i = nc + I, . . . , n 

3. Unmodelled and thus uncontrolled modes 
epi, with i = n + I , . .. ,00 

The modes in category r and 2 are omitted, because it is assumed that the modes described with 
category r are sufficient to accurately model the dynamic behaviour of the system. Neglecting the 
residual modes however, leads to a phenomenon called spillover. A finite-dimensional controller is 
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designed based upon this reduced-order model (ROM), therefore stabilizing only a certain number of 
modes. The interaction between these residual modes and the ROM-controller may deteriorate the 
performance of the control system and sometimes cause instability. Tuis phenomenon is known as 
spillover. There are two kinds of spillover namely control spillover and observation spillover. Control 
spillover is defined as the excitation by an active control system of modes that have been ornitted from 
the control algorithm in the process of model reduction. Observation spillover is defined as the part of 
the sensor output of an active control system caused by modes that have been omitted from the control 
algorithm in the process of model reduction. A common approach to suppress spillover is to use a 
low-pass filter. Fora flexible structure, where the modal density is high a high-order filter is needed to 
get a clear cut-off frequency. 



CHAPTER 3 

THE EULER-BERNOULLI BEAM 

3.1 Introd uction 

Over-actuation is aimed to deal with the intemal dynamics related to the flexibilities of individual 
bodies in a motion system. For a better understanding further analysis is limited to motion systems 
consisting of a single flexible body. In this research a flexible beam is chosen as plant for the motion 
system. 

The simplest possible model of a beam in bending vibration is the Euler-Bemoulli beam. The Euler
Bemoulli beam theory describes the relationship between the beams deflection and the applied load. 
The Euler-Bernoulli Equation (2.9) is given in Chapter 2. The Euler-Bernoulli beam model includes 
only the first order terms: translation and rotation. In this model rotary inertia effects (Equation 
(2.10)) and shear deformation effects (Equation (2.11)) are not taken into consideration1. Beam mode 
shapes are obtained by solving the spatial part of Equation (2.8) written as the equation of motion in 
Equation (3.1). 

EJ2 (EIEJ2w(x , t)) = j( ) 
EJx2 EJx2 x , (3.1) 

in which 

w ( x) Deflection u of the beam at position x [ m] 
f(x) External distributed load [N/m] 
E Young's Modulus of the material [Pa] 
I Second moment of area of the beam around the neutral axis [m4

] 

In order for this theory to hold, the following assumptions are made [33]: 

a) One dimension (axial direction) is considerably larger than the other two i.e. the ratio between 
the length of the beam and its depth is relatively large (more dan ro) (slender beam), 

b) The material is linear elastic (Hookean), 

c) The Poisson effect is neglected i.e. the ratio (when a sample object is stretched) of the contraction 
or transverse strain (normal to the applied load) to the extension or axial strain (in the direction 
of the applied load) is negligible, 

d) The cross-sectional area is symmetrie so that the neutral and centroidal axes coincide, 

e) Planes perpendicular to the neutral axis remain perpendicular after deformation, 

f) The angle of rotation is small so that the small angle assumption can be used. 

1 For a s implified beam model including both the second a nd t hird order terms, respectively rotary inert ia and 
shear deformat ion effects, the T imoshenko beam is commonly used [13, 35]. 

17 
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3.2 Modal Analysis of the Euler-Bernoulli Beam 

3.2.1 Analytica! Modeling 

Fora steel beam with a length of 500 [mm], the expressions given in Section 2.4 are used to determine 
the eigenfunctions and eigenfrequencies. The first two eigenfrequencies correspond to the rigid body 
modes i.e. the translation or lift and the rotation or tilt mode (see Table 3.1). The first five eigenfre
quencies corresponding to the first five flexible modes are given in Table 3,1 together with the rigid 
body modes. In Figure 3,1 these analytically determined mode shapes of the Euler-Bernoulli beam can 
be seen. 

i Ji[Hz] 
1 0 
2 0 
3 42.67 
4 117.62 
5 230.58 
6 381.16 
7 569.39 

Table 3.1: First Five Eigenfrequencies of the Analytical Model. 
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Figure 3.1: The first five analytically determined and normalized eigenmodes. 

3.2.2 Finite Element Modeling 

The Euler-Bernoulli beam model is needed to research the dynamic behaviour of the beam. The 
corresponding mass and stiffness matrices of the element-formulation of the beam are derived in 
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[11, 31, 32] and can be defined respectively by Equation (3.2) and (3.3). 

L 

Me= J pNTNdV = J pN(xf N(x)Adx (3.2) 

V 0 

in which p represents the material density [kg/m3] and V [m3 ], A [m2] and L [m] respectively represent 
the volume, cross-sectional area and length of the beam. N is a vector that contains the interpolation 
functions for displacement determined by the method of Galerkin [36]. These interpolation functions 
are derived for an Euler-Bernoulli element in [11, 31] and are given in Equation (3.4). 

L 

K e = J B(xf EI· B(x)dx, 

0 

in which B (3.5) represents the derivative of N with respect to x. 

Combining Equation (3.2) and Equation (3.4) yields the element-mass matrix 

( 

156 221 
M = pAI 221 41 2 

e 420 54 131 
-131 -312 

54 -131 ) 
131 -312 

156 -221 . 
-221 41 2 

Combining Equation (3.3) and Equation (3.5) yields the element-stiffness matrix 

( 

12 
K = EI 61 

e 13 -12 
61 

61 
412 

-61 
2l2 

-12 
-6l 
12 
-61 

6l ) 212 

-6l . 
4l2 

(3.3) 

(3.4) 

(3.5) 

(3.6) 

(3.7) 

These element-stiffness and element-mass matrices are implemented in MATLAB. First the global 
stiffness and mass matrices are assembled according to the description in [29, 36]. With these ma
trices the eigenvalue problem given in Equation 2 .21 is solved with the help of MATLAB, giving the 
eigenfrequencies and mass-normalized eigenvectors of the Euler-Bernoulli beam. In Figure 3.2 the 
first five numerically eigenmodes are given as a function of the beam length. 

These modes can be divided in symmetrie (see Figure 3.3) and asymmetrie (see Figure 3.4) modes 
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Figure 3.2: The first five numerically determined and normalized eigenmodes of the Euler-Bernoulli 
beam. 

First Four Normalized Symmetrie Mode Shapes 

0.25 ·.\ 

\ 

i 0.05 
:::, 1 . 

'ä. 0 
E 
<( -0.05 

\ 

\ I 
\ 
I \ 

I \ 

-0.1 r~--'--~ 

-0.15 -- <l>rbl 

-0.2 

-0.25 

0 

- - - <1>ne x1 

<1>nex3 

<1>nex5 

0.1 

' ... ... 

1 

1 

1 
I ... - -I 

' 

I 

I 

.,, -

0.2 0.3 
Beam Length (m] 

·, 
1 

1 
I 

/ 

1 / 

v. 
/ 

/ 1 

/ 
,( 

/ 
/ 1 

\ 

0.4 

/ 

/ 

I 
✓ 

0.5 

Figure 3.3: The symmetrie modes of the beam model. 

with respect to the center of the beam. Study of the model reveals that a setpoint prescribing only a 
translation, will actuate the actuators in phase causing only the symmetrical or translational modes to 
excite. A setpoint prescribing a rotation leads to opposite phase motion of the actuators which causes 
excitation of the asymmetrical modes or rotational modes. When comparing both the analytically and 
numerically determined eigenmodes it can be seen that the rigid body modes differ, especially the 
lift mode. Tuis is probably because the rigid-body modes are not unique, so they are not necessarily 
aligned with the coordinate system. 

The Euler-Bemoulli beam is a 'free-free' beam. This however is not feasible . Thus the beam is sus-
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Figure 3.4: The asymmetrie modes of the beam model. 
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pended in practice by wire springs. Although these wire springs have at least an order of magnitude 
smaller stiffness2 compared to the sti:ffness of the beam, they are accounted for in the global sti:ffness 
matrix to see their influence on the model behavior in order to resemble the dynamics of the exper
imental set-up more accurately. Modal analysis is useful, since physically the motion of the beam 
can be regarded as a linear combination of the eigenvectors times the modal displacement (Equation 
(2.29)). Initially the beam set-up is treated as a traditionally actuated system (TA). Soa modal model 
of the Euler-Bemoulli beam, driven by two actuators and measured by two sensors, is derived. A fre
quency response of the modal representation of the beam is given in Figure 3.5 . The influence of the 
weak springs fixating the beam can be seen at the low frequency region. 

The suspension springs have an approximate order of magnitude smaller sti:ffness than the first res
onance mode. And since the low-frequent data often exhibits poor coherency when performing mea
surements, therefore from now on only the (model)data from 1 [Hz] is taken into account. A common 
type of motion task in the industry, is a point-to-point motion. In other words, the motion trajectory 
prescribed should move the end-effector, or in the current case the beam, from x0 to Xe given the con
straints and performance specifications (6]. Since the motion trajectory is prescribed and carried out 
in the time-domain, the performance specification in this case will also be formulated in time-domain. 
When a point-to-point motion is carried out by the two actuators placed in nodes at each end of the 
beam, the entire beam will resonate depending on the setpoint and controller. Therefore the model 
is adapted to the situation where an extra sensor is used to initially only monitor the behavior of the 
middle of the beam. In Figure 3.6 the frequency response of this modal model can be seen. 

2T he order-of-magni t ude frequency separation rule of thumb commonly used for modal testing : more t ha n one 
order of magni t ude between the suspension a nd flexible body modes assures t hat suspension modes do not coup le 
strongly wit h t he flexible body modes. 
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3.3 Model Validation 

In Chapter 5 MIMO identification of the beam set-up is done. With this experimental data the model 
determined in the previous section is validated. The experimental set-up differs from the Euler
Bernouilli beam model due to its asymmetrie fixation to the world with five wire springs which have 
a weak stiffness. First the suspension stiffness of the model was adjusted, followed by the mass of the 
beam. The latter was initially determined based on the assumption that the beam has a length of 500 
(mm]. However, the experimental beam set-up has rims on each end of the beam which increases the 
length and thus the mass. Also the gains of the model were about 44 [dB] smaller than those of the 
identified frf of the experimental set-up. Tuis is due to the hardware gains of the set-up. Finally in 
Figure 3.7 and Figure 3.8 the validated over-sensed and over-actuated model are given. Notice that the 
main difference now lies in the damping of the modes, in particular the rotation modes which are less 
distinguishable in practice. The first 5 fl.exible modes are given in Table 3.2. 
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Figure 3.7: Frequency response function of the over-sensed model (blue) validated with experi
mental data (green) . 
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i fi[H z] 
1 34.04 
2 92.38 
3 180.79 
4 298.74 
5 446.22 

Table 3.2: First Five Eigenfrequencies of the Validated Model. 
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Figure 3.8: Frequency response function of the over-actuated model (blue) validated with experi
mental data (green). 



CHAPTER 4 

VIBRATION CONTROL IN A 

SIMULATION ENVIRONMENT 

4.1 Introduction 

The high-tech industry often demands high (nano/micrometer) accuracy and aggressive setpoints 
(high accelerations) of their precision positioning systems. As in the current industry, mechanica! 
redesign and passive vibration control are often preferred over active vibration control, the systems 
are designed such that the mechanica! stiffness is as high as possible. Increasing the stiffness is often 
done by increasing the structural mass which in turn limits the acceleration. The reason for using 
passive vibration control is that often a simple control structure is preferred. However, depending on 
the circumstances active control structures can be cheaper or lighter than passive structures of compa
rable performances. Also they can offer performances that no passive structure could offer [15]. Active 
control is the use of a set of actuators and sensors connected by a feedback loop. Feedback control 
is used to reduce the system's sensitivity to parameters variations, speed up the transient response, 
reduce the sensitivity of the output signal to parameter variations and to attenuate the effect of dis
turbances within the bandwidth of the control system so that steady-state error due to disturbances is 
reduced [37]. 

The model described in the previous chapter approximates the dynamic behaviour of the experimental 
setup. Both the over-sensed and over-actuated model have been validated with experimental data. The 
validated model is used to perform simulations in order to determine the influence of over-actuation 
on the behaviour i.e the performance of a beam. In this thesis the level of over-actuation N equals 1 for 
reasons of simplicity. This means that only one extra sensor/actuator pair will be used to demonstrate 
the benefits of over-actuation. In order to do this first the behaviour of a TA-system is explored, so 
that in the end the performance of the OA-system can be compared. System performance is often 
defined by the accuracy of the performed motion task i.e. the tracking accuracy of the motion task 
at hand. This chapter deals with a performance analysis consisting of the determination oflocal and 
global performance. Here the focus lies on proving the improvement ofboth the local and global per
formance of a simple setup by means of over-actuation. This thesis does not consider improvement 
of performance by placement of actuators and sensors. 

The problem beforehand is actually a combined motion and vibration control problem. Tracking of 
the motion task can be done with high accuracy by the actuators. So the local performance, at the 
point of excitation i.e. the position of the actuator, is high. However the remaining part of the beam, 
the unobserved part, is also excited. This leads to resonances corresponding to the normal modes of 
the system. In order for the global performance to improve, these flexible modes have to be dealt with. 

In this chapter first the relevant decoupling technique is discussed, after which it is applied to decou
ple both the TA and OA models. Based on these decoupled systems feedback controllers are designed, 
all with an approximate bandwidth of 10 [Hz]. This makes a fair comparison between the TA and OA 
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case possible to some extent. The simulations are done with the help of a MATLAB SIMULINK model. 
Finally the simulation results are compared in the last section. 

4.2 Decoupling 

Many industrial systems consist of multiple subsystems which require accurate control in order to 
meet the prescribed requirements. When assessing the functionality of the system it seems that the 
subsystems all interact with each other to a greater or lesser extent. Classic control uses independent 
single-input-single-output (SISO) controllers to control all the necessary variables. An industrial ex
ample which is currently controlled by independent SISO servo-controllers, is the wafer stage. All 
these control loops are interconnected trough the structure of the waf er stage, which has as result that 
a rotation or translation in one direction more or less affects the other five directions. Even small influ
ences disturb the other control loops potentially leading to deterioration of the performance because 
the positioning accuracy is in the order of nanometers for translations and microradians for rotations. 
The influence of one input to the other outputs is called the interaction, crosstalk or coupling in a 
system. 

Interaction can also cause instability. The interaction is observed by other control loops as a dis
turbance, which they try to counteract. Due to the coupling in the system this reaction works again 
as a disturbance in other loops. In situations, like described above, where stability is required the 
continuous counteraction of the control loops can lead to instability of the entire system even though 
the individual loops are stable. One way to take interaction into account is to consider all the loops 
simultaneously or in other words by MIMO control. 

MIMO control however, is not common in the industry. This is due to the MIMO models combined 
with MIMO control synthesis like H00 -control and the complex selection of the weighting functions, 
which often result in high order controllers. Implementation of these high-order controllers on a 
real-time processor often requires a significant model reduction, which leads toa deterioration of per
formance or robustness of the controllers. The complexity grows with the number of variables to be 
controlled. So obtaining a MIMO model is hard, moreover tuning ofMIMO controllers is difficult and 
less transparent than the tuning of SISO controllers. That is why multivariable systems are broken 
down into a collection of scalar systems, which each have a single input and a single output. This is 
called decoupling. [38] 

In this thesis decoupling by dyadic transformation matrices (DTM) is considered as described by 
[39, 40]. A m x m transfer function matrix G(s) is called dyadic if there exists constant m x m ma
trices Tu and Ty and a diagonal rational transfer function matrix Gd(s) such that Equation (4 .1 ) 
holds. 

(4. 1) 

To find T u and Ty two constants, c1 and c2 , must be chosen such that G- 1 (c1) and c- 1 (c2 ) exists. 
These two constants can be determined by choosing two frequencies, w1 and w2, with w2 > w1 , which 
lead to c1 = jw1 and c2 = jw2 . From Equation (4. 1) it can be seen that the following hold: 

(4 .2) 

(4.3) 
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Combining Equation (4 .2) and Equation (4.3) results in the eigenvalue problem derived below and 
given in Equation (4.5). 

a-1(c1)G(c2) = (Ty - lad-1(ci)Tu - 1)- 1(Ty - 1Gd(c2)Tu -l) 
= TuGd-1(c1)TyTy -lGd(c2)Tu - l 

TuGd-1(c1)Gd(c2)Tu - l 
(4.4) 

(4.5) 

So the columns ofTu are the eigenvectors of a- 1 (c1)G(c2). Ina sirnilar way Ty can be found 
by solving the eigenvalue problem given in Equation (4 .6) . The columns of Ty - l then equal the 
eigenvectors of G ( c2) G - 1 ( c1). 

(Ty -lGd(c2)Tu -l)(Ty - lGd(c1)Tu -l)-1 

Ty - 1ad-1(c2)Tu - lTuGd(c1)Ty 
TyGd-1(c2)Gd(c1)Ty 

(4.6) 

If the transformation matrices are not real thus complex, the system is not dyadic. However, it suffices 
to use only the real part ofTu and Ty. A consequence is that the resulting transforrnation matrices 
only decouple the system most accurate at the chosen frequencies w1 and w2 and less accurate at other 
frequencies [39). 

A disadvantage of using this method of decou pling is that it is only based on the frf-data of the system 
at two chosen frequencies. The achievable decoupling accuracy is therefore limited to that frequency 
range. An important cost of decoupling of the system in general is the possible coupling of distur
bances in the system. Also possible non-minimum phase dynamics may be distributed among all 
elements of the decoupled plant. When this dominates the performance of the system, other decou
pling procedures may be required [38). 

4.3 The Traditionally Actuated Beam Model 

The TA-beam model has 2 inputs and 2 outputs and can therefore translate in the z-direction and 
rotate in the ry-direction, making it a multivariable system. A multivariable system is defined as a 
system that acts in more than one direction [41). When considering MIMO systems, directionality 
should always be taken into account. Directionality is defined as the direction in which inputs act and 
outputs are observed [41). 

There are two ways to control a multivariable system namely using MIMO and SISO control methods. 
MIMO design methods such as H 2, H 00 and µ-synthesis, the so-called norm-based techniques are 
often used. However, these techniques do not give a good understanding of the design proces of the 
controllers. Also the resulting weighting functions are often of high order. This is why this research 
will focus on SISO control design methods, which facilitates transparent control design. In order to 
control a multivariable system with SISO design techniques, first the system has to become diagonally 
dominant i.e. the off-diagonal terms can be neglected. This can be determined by calculation of the 
Relative Gain Array (RGA), which is a measure to investigate the amount of coupling between the 
different axis . The RGA of a non-singular square matrix Gis a square matrix defined as: 

RGA(G(jw)) = G(jw) x (G(jw)- 1f:::; 1, (4.7) 
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where x denotes element-wise multiplication [42). If equation ( 4.8) holds for the entire frequency 
range, the system is perfectly decoupled. Another property of the RGA is that the sum of each row 
and column equals one for all frequencies. 

RGA(G(j w)) = I, Vw (4 .8) 

By using the DTM-decoupling method the plant is diagonalized. The decoupled TA-system can be 
seen in Figure 4.1. As can be seen in the figure, the diagonal terms are ideally equal to one, while 
the non-diagonal elements have an negligible contribution of approximately 10-7 and less. In Figure 
4.2 the RGA is plotted for every frequency on the whole frequency range. Therefore every axis can 
be assumed to be decoupled for all frequencies. Now a decentralized controller with a bandwidth of 
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Figure 4.1: Bode magnitude plot of the TA plant before (blue) and after decoupling (green) 

approximately 10 [Hz) at each axis, is deterrnined based on the diagonal components of the decoupled 
TA-system. Both SISO controllers contain a lead filter to create a phase gain around the bandwidth 
frequency of 10 [Hz]. The (1 , 1)-direction also contains a skew notch to dampen the first mode. The 
design objective is to achieve the same bandwidth for the two directions, while preserving good sta
bility margins for each of the two open loops i.e. phase margin ~ 30° and gain margin > 6 [dB]. 
Gain margin is defined as the factor G M by which the gain can be increased before instability occurs. 
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Figure 4.2: The RGA of the decoupled traditionally actuated plant 
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When IC Ml < l, this is an indication of an unstable system. Phase margin is defined as the amount 
by which the phase of C(jw) exceeds -180° when IKC(jw)I = 1. Ultimately the generalized Nyquist 
theorem determines the stability of the MIMO system. 

As SISO controllers are designed for the decoupled multivariable system, stability of the overall MIMO 
system with all loops closed depends on the residual interactions. These interactions can be described 
as perturbations on the diagonal terms, Cd, of the plant and are given by the off-diagonal elements 
Cnd = C - Cd. Now the sensitivity function can be defined as 

and the complementary sensitivity can be defined as 

Td = I - Sd, 

(4 .9) 

(4 .10) 

where Kis a diagonal controller, designed by decentralized control and therefore Sd and Td have a di
agonal structure. To investigate the influence of the crosstalk on the nomina! stability the generalized 
Nyquist criterion is considered. 

The generalized Nyquist theorem is a MIMO stability criteria which can be factorized as 

(4 .11) 
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where E is defined as 

(4.12) 

The factorized Nyquist criterium states that the MIMO system (J + CK) is stable if G is stable, 
(I + CdK) is stable, and if 

( 4.13) 

Therefore first the eigenvalues of the frequency response of the open-loop transfer function , >. ( Ld (jw)) 
also known as the characteristic loci are calculated to determine the stability of CdK. These are given 
in Figure 4.3(a). In figure 4.3(b) the blue and green lines represent the singular values er of Td and 
the black line represents the inverse of the structured singular value µ7} [42). Here it can be seen 
that Equation ( 4.13) is satisfied for all frequencies. Together with the characteristic loci it might be 
concluded that the decentralized controller stabilizes the MIMO system. 

Finally simulations are done with a TA model following a reference trajectory, describing a stroke 
of 1 (mm) and an acceleration of 2e4 [mm/s2

). The response of the model is given in Figure 4.4(a) 
together with the power spectral density in Figure 4.4(c). Notice that both ends of the beam show 
the same response. So Yr(red) overlaps yt(blue). Also a three-dimensional plot showing the spatial 
behavior of the beam is given in Figure 4.4(b) . 
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O.l 

(a) Characteristic loci of the open loop, L(jw) , with a decentralized feed back 
controller. 

F'ro:1ucncy ~hl 

(b) Singular values of the complementary sensitivity (blue and green) compared 
to the bound induced by E(jw)(black). 

Figure 4.3: Stability criteria for the decoupled traditionally actuated plant . 
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(a) Response of the le~ end (y1), the middle (zp) 
and the right end (Yr ) of the TA beam tracking a 
fourth-order setpoint (black). 
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(b) Spatial response of the TA beam. 

(c) PSD of the response of Yl , Z p a nd Yr · 

Figure 4.4: Response of the traditionally actuated Beam and the associated PSD 
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4.4 The Over-Actuated Beam Model 

In Figure 4.5 the decoupled over-actuated system model is shown. As can be seen, the system is de
coupled into two rigid body modes and one, the first, fl.exible mode. So the decoupled system exists 
of a rigid body part and a fl.exible mode part. Tuis is possible because the nurnber of actuators and 
sensors exceeds the number of rigid body modes i.e. the level of over-actuation N = 1, which results in 
more freedom in the decoupling of the plant. The plant is decoupled with the DTM-approach, which 
makes it possible to isolate the N fl.exible modes. The higher the level of over-actuation, the more 
fl.exible modes (equal to N) can be isolated and controlled independently. 

In Figure 4.6 the RGA is plotted for all the frequencies. Tuis measure of the level of interaction 
is determined according to Equation ( 4. 7) . In the frequency range dorninated by fl.exible modes, it 
can be seen that interaction between the modes is present. In the lower frequency range which is 
dorninated by the rigid body modes, the amount of decoupling is sufficient. Therefore it is allowed 
to design SISO controllers to control the multivariable plant. A decentralized controller is designed 
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Figure 4.5: Bode magnitude plot of the OA plant before (blue) and after decoupling (green). 

based on the decoupled system with a bandwidth of approximately 10 [Hz]. Tuis is done to enable 
a fair comparison between the TA and OA case. The controller for the first fl.exible mode contains 
a lead filter and a notch to compensate the first fl.exible mode, while the other two SISO controllers 
contain a lead filter. The results of the stability analysis is given in Figure 4.7(a) and Figure 4.7(b). 
After implementation of these controllers, simulations are done with the over-actuated model. The 
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Figure 4.6: The RGA of the decoupled over-actuated plant. 

simulation results are given in Figure 4.8(a), Figure 4.8(b) and Figure 4.8(c), where respectively the 
local and spatial response of the plant are given in both time and frequency domain. Notice that the 
steady-state error could be handled by using an integrator and setpoint-tracking could be improved by 
addition of feedforward. Also notice that both ends of the beam show the same response. So Yr(red) 
overlaps Y1(blue). 
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(a) Characteristic loci of the open loop, L(jw), with a decentralized feedback 
controller. 

F'ru:1ueucy ~h] 

(b) Singular values of the complementary sensitivity (blue , green) and red) 
compared to the bound induced by E(jw)(black) . 

Figure 4.7: Stability criteria for the decoupled over-actuated plant 
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(a) Response of the left end (y1 ), the Middle (zp ) 
and the Right End (Yr ) of the OA beam tracking a 
fourth-order setpoint (black) . 
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(b) Spatial response of the OA beam. 
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Figure 4.8: Response of the over-actuated beam and the associated PSD 
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4.5 Comparison of TA and OA 

A comparison is done between the responses of the TA and OA models. In Figure 4.9 and Figure 4.10 
respectively the response of the middle of the beam and the associated power spectral density is given 
for both TA and OA. From this figure it rnay be concluded that the performance has improved for the 
over-actuated model. As can be observed from the response in frequency domain, the 3rd mode is also 
excited. 

2.5~-------~-------~-------~ 

I 

o~~ --------'----------'----- -----' 
0.5 1.5 

Time[s[ 

Figure 4.9: Comparison of the performance of the middle of the beam where zlA (blue) and z~A 
(green). 
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Frequency [Hz] 

Figure 4.10: Comparison of the PSD of the response of the middle of the beam where PSD(z~A 
(blue) and PSD(z~A green). 
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4.6 Discussion 

In this chapter the simulation results are given fora traditionally actuated beam and an over-actuated 
beam. As the level of over-actuation equals 1, only one flexible mode is decoupled sufficiently, making 
it possible to explicitly control this flexible mode. By design of decentralized controllers, all with a 
similar bandwidth and similar control structure, a valid comparison of the performance of the TA and 
OA models is made possible. The simulation responses show that over-actuation improves both the 
local and spatial performance of the beam. 
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CHAPTER 5 

EXPERIMENTAL VALIDATION 

5.1 Introduction 

For the experimental part of this research an experimental setup is built, based on the beam setup 
initially used in [6]. In this chapter the experimental setup will be described (6, 14, 20], together with 
the main components such as the beam, the fiber-optie sensors and the voice-coil actuators. Together 
with the performance objectives, the performance limitations of the set-up will be discussed. To sat
isfy these objectives, first a description of the MIMO identification procedure will be given followed by 
decoupling of the identified plant as described in Chapter 4. Decentralized controllers are designed 
based on the decoupled plant and implemented to enable time-domain experiments. Finally a com
parison is clone of the local performance of the middle of the beam of the TA- and the OA-systems 
based on the experimental results. 

5.2 The Experimental Beam Setup 

5.2.1 The Beam 

The experimental beam setup consists of a single flexible body with 2 rigid body modes, which is 
suspended with a set of wire springs to fix 4 DOFs, see Figure 5.1 and Figure 5.3. The remaining two 
degrees of freedom area translation in the z-direction and a rotation in the ry -direction (see Figure 
5.2) . The uniform beam is made out of2 [mm] thick steel and has a length of 500 [mm] and a height 
of 20 [mm]. Steel has a density of 7850 [kg/m3), a Young's modulus of 210 (GPa) and a Poisson ratio 
of0.33 [-). The beam is suspended with 5 wire springs, which are connected to bended rims at both 
ends of the beam. Tuis results in an geometrically asymmetrie system, because the translation in x
direction is fixed with a wire spring at one end of the beam. Due to the rims, the beam has a total mass 
of approximately 0.17 [kg]. The beam is perforated with 25 holes, to allow for variable placement of the 
actuators. Tuis makes it possible to study different topologies i.e. number and placement of sensors 
and actuators both traditionally (Ilu = ny = TI.rb) and over-actuated/over-sensed (nu > Ilrb or n y > nrb), 
In this research, however, only one topology is considered, namely the placement of the actuators in 
hole 3 (approx. 50 (mm]) , 13 (approx. 250 [mm]) and 23 (approx. 450 [mm]) . 

5.2.2 The Sensors 

From all the available sensors such as inductive, capacitive, laser-interferometric and optie sensors, 
fiberoptics are chosen because they are relatively cheap. With these sensors it is also possible to 
perform contactless measurements such that there will be no additional disturbances to the system. 
Fiberoptic sensors use bundled glass fibers to transmit light to and receive reflected light from target 
surf aces. The intensity of the reflected light has a nonlinear but statie relation to the distance between 
the sensor tip and the target object. The prototype lightweight motion system is equipped with 3 
position sensors. These sensors are fiberoptic sensors, model D64, from Philtec. Tuis type is equipped 
with a first-order low-pass filter with 20 [kHz) bandwidth and a maximum resolution of 1.1 [µm]. The 
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latter is needed to reach positioning ace cies in the order of micrometers. They are also sufficiently 
fast, so they do not give a significant phas shift around the closed-loop bandwidth [43]. 

5.2.3 The Actuators 

Apart from the fiberoptic sensors, the exp rimental beam setup exists of 3 Lorentz actuators. Lorentz 
actuators or air core actuators enable hig accelerations and have a smooth force characteristic [44]. 
They also have excellent properties in te s of vibration isolation and, due to these properties, are of
ten found in high-performance short-stro e applications. The Lorentz' actuators used are from Akribis 
Systems, type AVM 19-5, [44] Tuis model ·sa direct drive voice coil motor with zero cogging and zero 
backlash and a maximum stroke of 5 [m ]. It also exhibits a smooth motion at low speeds with a 
high resolution. There is also no contact tween the coil and core movement ensuring no wear and 
tear. The force at a constant current devi tes from its maximum value approximately up to 10% over 
the complete range of the actuator, thus i troducing uncertainty in the system. Another uncertainty 
is the temperature dependency of the ma netic flux produced by the permanent magnet. Part of the 
parasitic effects, especially the position d pendent behavior, can also be compensated by calibration 
to make the gain of the actuator more rep oducible over the actuator range. More information can be 
found in [23, 44]. 

5.2.4 The Amplifier 

The amplifier converts the output signal the digital control system ui into a proportional current i0 • 

Tuis type of amplifier is called voltage-to- rent convertor (V/I convertor) or transconductance ampli
fier. The amplifiers used in this set-up er ate a voltage Ua across the actuator coil, which results in a 
current ia . Tuis current is controlled by e amplifier' s feedback circuit. As a result of the actuation 
force F, the mechanics start moving over certain distance. The three main amplifier limitations are 
[23]: 
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Limited output current, ±imax. Often the current is regulated by means of an intemal safety circuit. 
Tb.is is directly related to the maximum actuation force, which limits the maximum acceleration 
directly. 

Limited output-voltage swing, ± V8 • Since an amplifier is fed by a lirnited voltage of the power supply, 
the maximum swing of the output voltage e0 is limited. 

Limited slew-rate, S. The current limitation in the input stage is generally easily reached, due to a 
high differential input voltage ud. As as result, the amplifier cannot follow and the output will 
increase under a constant slew d:t . 

- - - - - -
- - - - - -- ·-
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X 

Figure 5.2: A schematic top view of the flexible beam with the directions of motion. 

11 i----+-.-
Five Wiresprings 

Figure 5.3: A CAD drawing of the prototype lightweight motion system. 

5.2.5 The Data Acquisition System 

The data acquisition system exists of Beckhof EtherCAT modules in combination with RealTime 
Linux. The EtherCAT (Ethernet for Control Automation Technology) system consists of a number 
of EtherCAT terminals like an EtherCAT coupler (the EKnoo), analogue input ports (the EL3ro2), 
analogue output ports (the E4r32) and a system terminal (the EL9on) . 
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5.3 Performance Limita ions and System U ncertainties 

The performance of every system is boun ed by its limitations and uncertainties. In this section the 
most obvious are described. 

A flexible motion system can be describe as an infinite dimensional system. However, due to the 
lirnitations of the measurement equipme t (the sensors) only a finite number of flexibilities can be 
observed because the sensors, which have finite resolution, make it difficult to observe the small am
plitudes of the excited modes. Tuis howev r does not have to be a problem, because in most flexible 
systems only a finite nurnber of eigenfre encies dorninate the flexible behavior. Also sensors can 
develop a bias and drift, and its accuracy c decrease over time. 

The output of the actuator can saturate be ause the dynamic range of all actuators is limited. When
ever actuator saturation occurs, the control signal to the process stops changing and the feedback path 
is effectively opened [37]. Therefore a satur tion block is implemented to limit the control effort. 

Amplifiers can have a nonlinear character tic and can only produce finite voltage outputs, therefore 
limiting the excitation of the system in its igenmodes .. Hysteresis in the wire springs will add to the 
non-linear behavior of the system, just as the non-linear behavior of the voice-coil actuators due to 
magnetism. 

Finally coupling between the inputs and o tputs is also a problem for performance, as you want one 
sensor/ actuator pair to ideally influence on y one DOF. Especially at nanometer scale the coupling will 
always be there and have a larger influenc on performance. 

5.4 MIMO Identificatio 

5.4.1 Periodic Input 

According to Pintelon and Schoukens [45] heuse of a periodic signal, i.e. sum-of-sinusoids, is favor
able when conducting frequency domain i entification. A multisine enables a reduction of the effect 
of disturbances without introducing syste atic errors. Another advantage of multisines is the fact 
that their periodicity can be exploited to di tinguish the measurement noise from the nonlinear dis
tortions [46]. When using a periodic signa, there is no <langer of encountering leakage, as is the case 
with non-periodic signals. Also it is possib e to select the desired band of excitation i.e. the frequency 
content of the input signal, and by selecti a good crest factor CF a good signal-to-noise ratio, SNR, 
can be achieved. 

The crest factor is the amount of energy a signal contains compared to its amplitude and is defined 
as U peak/URM s- Because the amplitude o the signal Upeak is bounded and constant, and the useful 
energy content is as large as possible, the c est factor should therefore be as small as possible [3]. The 
input signal designed is therefore a multis · e which is used to excite a number of frequencies that are 
equidistantly spread along the desired ban of excitation, fm s = [fo Fs/2]. Also a crest factor is achieved 
of approximately 1.48, which is close to an optimal crest factor. See Pintelon and Schoukens [45] for 
more details on multisines. 

5.4.2 Closed Loop Identificat on of the TA and OA systems 

Non-parametric closed-loop MIMO identi cation of both the TA as the OA system is done by mea
suring the input, error and disturbance s· nals, while only applying one excitation signal, like the 
multisine discussed previously, per simula ion or experiment. When applying the disturbance signal 
w1 in the upper loop the (1 , 1), (2, 1) and ( , 1) components ofboth the sensitivity, S, and the proces 
sensitivity, PS, can be determined. When e disturbance signal w2 is injected into the second loop 
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the (1, 2), (2, 2) and (3, 2) components ofboth S and PS can be determined. Application of the distur
bance signal w3 in the lowest loop leads to the (1, 3), (2, 3) and (3, 3) components of both S and PS. 
When measuring the closed-loop sensitivity there will be no bias, because uncorrelated noise averages 
itself out. Measurement of the proces sensitivity also does not contain bias due to extraneous noise. 
Using the measured sensitivity, 

(5.1) 

and the measured proces sensitivity, 

(5.2) 

the estimated plant can be calculated as, 

(5.3) 

The bode magnitude plot of the estimated TA and OA plant can be respectively seen in figure 5.4 and 
5.5. At approximately 3 and 5.5 [Hz], two resonance phenomena can be distinguished. As the initial 
slope equals zero and the beam does not intemally deform at these frequencies it is concluded that 
these two resonances correspond to the sus pension modes of the lightweight prototype motion system. 
After the suspension modes the frequency response of the diagonal elements show a - 2 slope, inter
rupted by anti-resonances directly followed by resonances indicating that the sensor/actuator pairs 
are collocated. Also the figure clearly shows that the first eigenfrequency of 33.5 [Hz) has the largest 
contribution, therefore this dominant resonance/antiresonance pair is in general not beneficia! for 
stability because it is responsible fora lower gain margin, CM. The rotational modes of119 [Hz) and 
281 [Hz] are badly observed and thus are less important. When looking at the off-diagonal elements it 
can be seen that after the initial -2 slope the resonances are follow, which indicates non-collocated be
havior. Tuis can be confirmed, because the off-diagonal terms represent the response of the transfers 
between the i th actuator and the jlh sensor, where i #- j. 
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Figure 5.4: Bode magnit ude plot of the closed loop ident ified TA system. At 3 and 5.5 [Hz] the 
suspension modes can be seen and at 33.5 [Hz] the first flexible mode can be seen. 
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Figure 5.5: Bode magnitude plot of the closed loop identified OA system. 
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5.5 Performance Specification 

Control design fora second-order system is often based on certain requirements associated with the 
time response of the system: 

Rise time: The time, tr , it takes the system to reach the vicinity of its new setpoint i.e. ±2%. 

Settling time: The time, t8 , it takes the system transient to decay 

Overshoot: The maximum, Mp, amount the system overshoots its final value by its final value (ex
pressed as a percentage) 

Peak time: The time, tp, it takes the system to reach the maximum overshoot point. 

As the lightweight prototype motion system approximately responds as a second-order system, in this 
thesis a comparison of the local performance of the TA and OA systems is not only made by com
paring the time response of the TA system with the time response of the OA system based on the 
requirements stated above, but also by a comparison of the power spectral density. So the energy of 
the dominant and controlled flexible mode is also taken into account as a performance measure, be
cause the power per frequency in dB/Hz indicates how dominant a certain mode is. 

For the experiments performed in this section, the maximum allowable tracking error for the transla
tions in the x-,y-, and z-direction is set to be 20 µm. This criterium has to do with the actual resolution 
of the sensors. No error specifications are given for the rotations, since these specifications are less 
stringent and therefore usually do not limit the achievable performance of the current system. Hence, 
if time-do main responses are discussed, rotations are not included. 

5.6 Decoupling 

To enable decentralized control design, first the closed loop identified TA and OA systems (see Section 
5.4)are decoupled by dyadic transformation matrices according to Section 4.2. Applying Equation 4.r 
gives the theoretically decoupled system. To verify to which extent the system is actually decoupled 
MIMO closed loop identification of the decoupled system is performed. For the TA system the results 
can be seen in Figure 5.6 and Figure 5.7. The results for the OA system can be seen from Figure 5.8 
and Figure 5.9 . It can be seen that the theoretically decoupled plant is a good estimate of the actual 
decoupling of both systems. Also from these figures the conclusion can be drawn that the systems 
are sufficiently decoupled, since the RGA of the diagonal components approximates one up to almost 
100 (Hz] and the largest RGA, at the first flexible mode at 33.5 (Hz], of the off-diagonal terms equals 
approximately equals -29 [dB] for the TA system and -33 [dB] for the OA system. The latter equals 
a respective reduction of approximately a factor 28 and a factor 45. So, although the plant has been 
rigid-body decoupled and also the first flexible mode has been decoupled, there is still interaction be
cause of the crosstalk between the higher modal dynarnics. 

The (1, 1)-term of the decoupled TA system as shown in Figure 5.6 exists of translational modes, 
while the (2, 2)-term exists of rotational modes. From Figure 5.8 it may be noticed that the (1 , 1 )-term 
contains the decoupled first flexible mode which lies at 33.5 [Hz], while the (2, 2)- and (3, 3)-term 
respectively contain the rotational and translational modes. 
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Figure 5.6: Bode magnitude diagram of GTA(blue), Gdectheor(green), Gdecexp(red). The (theor. 
and exp.) decoupled systems almost coincide. The (1, 1)-term of the decoupled systems contains 
the translation modes, while the (2, 2)-term contains the rotational modes. 
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Figure 5.7: RGA plot of Gdectheor (green), Gdecexp(red ) of the TA beam. The diagonal terms 
approximately equal 1 (0 [dB]) for frequencies up to 100 [Hz]. In this frequency range the contri
butions of the interactions have been reduced at least 29 [dB]. 
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Figure 5.8: Bode magnitude diagram of GoA(blue), Gdectheor(green), Gdecexp(red). The (theor. 
and exp.) decoupled systems almost coincide. The diagonal terms of the decoupled systems 
represent the first flexible mode in the (1, 1)-term, the translation modes in the (2, 2)-term and 
the rotation modes in the (3, 3)-term. 
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Figure 5.9: RGA plot of Gdectheor(green), Gdecexp(red). The diagonal terms approximately 
equal 1 (0 [dBI) for frequencies up to 100 [Hz] . In this frequency range the contributions of the 
interactions have been reduced at least 33 [dB]. 
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5. 7 Decentralized Control Design 

As the RGA of the decoupled TA and OA systems given in Figure 5.7 and Figure 5.9 show that the 
residual interaction is sufficiently small for all frequencies up to 100 [Hz), decentralized control de
sign may be applied. Decentralized control design is clone by independent design i.e. each controller 
element is designed based on the corresponding diagonal element of the system G ( s) such that each 
individual loop is stable [42). 

The controllers for the rigid body modes of the OA system are designed such that the bandwidth and 
control structure correspond to the controllers designed for the TA system. These exist of a integrator 
and a lead filterwith a zero at 10/3 (Hz) and a pole at 30 (Hz) resulting in a open loop, bandwidth of 10 
(Hz). The choice to design identical controllers, in which only the gain is dissimilar, is made to enable 
a fair comparison between the traditionally actuated system and the over-actuated system. 

In Figure 5,1o(a), the characteristic loci of the open loop TA system are plotted. As can be seen, 
the eigenvalues do not encircle the (-1, 0) point, which indicates that the system is stable. To check 
ifthe inverse of the structured singular values µ7} (E), which are computed with respect to the diag
onal structure ofTd, are larger than the maximum singular values of Td, iT(Td), Figure 5.ro(b) can be 
examined. As can be seen Equation 4.13 is satisfied. The conclusion may be drawn that stability can 
be guaranteed for the total MIMO TA system. 

The extra sensor/actuator pair in the over-actuated case made it possible to decouple and thus indi
vidually control the first :flexible mode. Hereby, a controller existing of two lead filters, a notch and 
a low-pass filter. The first lead filter is added to create some additional phase lead around the first 
:flexible mode which physically adds damping. The second lead filter is added to achieve a bandwidth 
around the first mode where suppression is required. The notch is added to damp the third mode, 
which is the second dominant mode. Finally a first-order low-pass filter is added to get high frequent 
roll-off. 

To check the MIMO stability first the characteristic loci of the open loop OA system are plotted in 
Figure 5.11(a) . As the eigenvalues do not encircle the (-1 ,0) point this indicates that (I + CdK) is 
stable. Also the inverse of the structured singular values µ7} (E) are plotted in Figure 5.11(b) together 
with the maximum singular values of the complementary sensitivity iT(Td) showing that Equation 4.13 
is satisfied. 
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(a) Characteristic loci of the open loop, L(jw) , with a decentralized feedback 
controller. 

(b) Stability criteria using the singular values of the complementary sensitivity 
(blue and green) compared to the bound induced by E(jw)(black). The bound 
ir(Td) < µT: (E) is satisfied for all frequencies, hence the TA system is stable. 

Figure 5.10: Stability criteria for the decoupled traditionally actuated plant 
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(a) Characteristic loci of the open Joop, LUw), with a decentralized feedback 
controller. 

(b) Singular values of the complementary sensitivity (bi ue, green and red) com
pared to the bound induced by E(jw)(black). The bound ä(Td) < µr:(E) is 
satisfied for all frequencies, hence the OA system is stable. 

Figure 5.11: Stability criteria for the decoupled over-actuated plant. 
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5.8 Feedforward Control 

In addition to the decentralized controller discussed in Section 5.7, feedforward control is added to the 
two actuator at both ends of the beam to ensure setpoint tracking. First mass feedforward is added 
to the control signal. The mass feedforward signal is obtained by combining Newton's second law, 
F = m • a, and the acceleration profile whieh is second derivative of the position reference profile 
also being a given in most motion control firmware. Mass feedforward enables the system to track 
this predefined reference signal. I t is possible to design feedforward signal based on the rigid body 
modes for optimal setpoint tracking. However, since the beam is fixed to the world by wire springs the 
rigid body modes contain some amount of stiffness. Tuis combined with the finite stiffness and thus 
the flexibilities of the system, the feedforward signal is not capable of tracking the setpoint for every 
location on the beam. The forces induces by the feedforward signal based on the rigid body modes of 
the system will therefore not only move the system in its rigid body modes, but also excite the flexible 
modes. Tuis makes it possible to evaluate feedback control strategies for flexible systems with high 
accelerations. 

As the mass feedforward depends on the acceleration profile for setpoint tracking, for the constant 
part of the reference trajectory where the acceleration equals zero, the feedforward signal equals zero. 
The system therefore does not rernain at the desired position, but due to the suspension springs 
reaches a different position causing a steady-state error. To counteract this steady-state error a position 
feedforward is added. 

5.9 Experimental Results 

The lightweight prototype motion system is excited with a predefined fourth-order setpoint given in 
Figure 5.12, such that both the TA and OA systems translate from 0 to 1 (mm) in approximately 0.025 
[s] . The acceleration, jerk and snap are chosen such that that the system is sufficiently excited, while 
rernaining within the maximum amplifier output voltage. Por the TA system two actuators are placed 
at the left and right side of the beam. The corresponding collocated sensors measure respectively Yl 
and Yr. One sensor measures the response of the middle of the beam where performance is required. 
Tuis is the performance variable zp. In Figure 5-13(a) the response of the TA-system is given, while in 
Figure 5.r3(b) the corresponding power spectral density is plotted. In Figure 5-14(a) and Figure 5.14(b) 
respectively the servo error at zv and the corresponding power spectra! density is plotted. These figures 
show that the first flexible mode is exited. Also the middle of the beam is resonating in anti-phase with 
both ends of the beam, whieh is in accordance with the expectations. Also a small contribution of the 
3rd flexible mode can be distinguished. Also both PSDs show higher order harmonies whieh originate 
from the 50 [Hz) power voltage of the supply line. Por the OA system not two, but three actuators 
are used. The topology stays the same except for the addition of the third actuator at the middle of 
the beam. Tuis enables control of the first flexible mode. Again the lightweight prototype system is 
excited using the same reference trajectory as is used to translate the TA system. In Figure 5.r5(a) the 
response of the OA-system is given, while in Figure 5.r5(b) the corresponding power spectral density 
is plotted. In Figure 5-16(a) and Figure 5.r6(b) respectively the servo error at the point-to-be-controlled 
(PTBC) and the corresponding power spectra! density is plotted. 

These figures show that the first flexible mode is damped by approximately a factor 9 and 12 for 
respectively the middle of the beam and the edges of the beam. Also a small contribution of the 3rd 

and the 5th flexible mode can be distinguished. Both PSDs also show higher order harmonies which 
originate from the 50 [Hz) power voltage of the supply line. 
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Figure 5.12: Fourth-Order setpoint 
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(a) Measured output of the beam at Yl (b lue), Zp (green) and Yr (red) , showing 
large oscillatory behavior while following with the reference trajectory (black) . 
As expected Zp is in anti-phase with both Yl and Yr . This is expected, as the 
actuators are placed outside the nodes of the first dominant flexible mode. 
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(b) PSD of the measured output of the TA beam a t Yl (bl ue), z p (green) a nd 
yr (red) , where it can be seen tha t the first eigenfrequency has a high energy 
content for all three locations. Note that the PSD of Yr (red) overla ps the PSD 
of Yl (blue). 

Figure 5.13: Response of the traditionally actuated beam and the associated PSD. 
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(a) Servo error of the TA beam at Yl (blue) and Yr (red ). 
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(b) PSD of the error at Yl (blue) and Yr (red ). The energy content of er is less 
than that of e1 for higher order modes, due to the suspension spring at the right 
end of the beam which adds damping to that side of the beam. 

Figure 5.14: Servo error and the associated PSD of the traditionally actuated beam. 
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(a) Measured output of the OA beam at Yt (blue ), Zp (green) a nd Yr (red), 
while excited with the reference trajectory (black) . The oscillation seen has a 
smaller amplitude compared to Figure 5.13(a). 
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(b) PSD of the measured output of the OA beam at Yt (blue), z p (green) a nd 
yr (red) . The energy content of the first flexible mode is less than that shown 
in Figure 5. 13(b). 

Figure 5.15: Response of the over-actuated beam and the associated PSD. 
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(a) Servo error of the OA beam at Yl (blue), Zp (green) and Yr (red ). 
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(b) PSD of the error at Yl (blue ), Zp (green) and Yr (reel ). 

Figure 5.16: Servo error and the associated PSD of the over-actuated beam. 
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The traditionally actuated system shows large oscillatory behavior when excited by the setpoint. The 
behavior of Yl and Yr at approximately 0.52 [s) is due to the suspension springs. Also it can be noticed 
that the middle of the beam resonates in anti-phase with both ends of the beam. This is expected, 
as the actuators are placed outside the nodes of the first flexible mode. To compare to behavior of 
the over-actuated system with that of the traditionally actuated system the performance specifications 
discussed in Section 5.5 are considered. In table 5.1 these specifications are displayed for both systems. 
From these performance measures it can be seen that especially for settling time and overshoot, the 
two most important measures given in the table, the OA system has better results than the TA system. 
For Z p the settling time is improved by approximately 22.67%, while the overshoot has reduced by 
77.61 % for the over-actuated case. Also when considering Figure 5.17, where the PSDs of zp are 
plotted for both the traditional and over-actuated control structure, it can be seen that the first flexible 
mode of the TA system has an energy content of approximately 19 [dB] higher than the OA system i.e. 
the first flexible mode is damped by an approximate factor of 9. 

Table 5. 1: Performance of the TA and OA system. 

Performance Measures I Rise time [s] 1 Settling t ime [s] 1 Overshoot [%] Peak t ime [s] 
y{A 0.535 0.76 19.2 0.543 
z, ·A 
'p 0.524 0.86 25.9 0.557 
y/ A 0.535 0.788 18.6 0.571 
yfA 0.53 0.602 6.7 0.561 
zUA 
'r, 0.52 0.665 5.8 0.563 
y~A 0.53 0.596 5.4 0.569 
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(a) Response of the beam at z'{A (blue) and zfA (red ) 

(b) PSD of the performance variables zlA (blue) and zfA (red) 

Figure 5.17: Comparison of the response zp and the associated PSD of the TA and OA systems. 
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5.10 Experiments Using Controller With Skew Notch 

The controllers designed in Section 5.7 and Section 5.8 lead to the results obtained in Section 5.9. 
However, initially the controllers designed for the translation modes, the (1, 1)-direction of the TA 
case, were not entirely similar to the controllers currently used for the experiments. The initially de
signed controllers are sirnilar to the controllers used for the simulations. The difference between the 
controllers designed for the validated model and the controllers used for the experiments is the use of 
a skew notch in the controller. 

Conventional feedback design suggest compensating fora resonance mode with the use of a notch in 
order to dampen the mode. However, when only compensating for the resonance, the anti-resonance 
could create problems due to poor disturbance rejection. Compensation of an anti-resonance/reso
nance pair like in collocated systems is therefore clone by adding a skew notch, thus adding damping 
to that mode and improving the signal at the anti-resonance frequency. As a result the bandwidth can 
be increased, improving the range of disturbance rejection. Oomen [47) and Grassens [8) use H00 -

optimal control design for a similar motion system, which also results in a controller where a skew 
notch is present. 

That is why initially (TA) experiments were clone using controllers similar to the controllers designed 
in Chapter 4 for the TA model. The controller used for the (1 , 1)-direction of the TA plant exists 
of a lead filter and a skew notch, containing a pole at the first zero of 26.5 (Hz). Note that here no 
feedforward is used. The experimental results for the response of the middle of the beam, where 
performance is evaluated, is given in Figure 5-18 for both the TA and OA system. When evaluating 
the performance according to the performance measures given in Section 5.5 it is clear that also in 
this case over-actuation improves the performance of the system. From the PSD in Figure 5.18(b) a 
reduction in energy content of the mode of approximately 50, 11 [dB], a factor 320, can be observed. 

However, these results are not desired. When taking a <loser look at the PSD in Figure 5-18(b) it 
can be seen that the resonance observed in the response of the TA-system in Figure 5-18(a), is not due 
to the first flexible mode of 33.5 (Hz] as initially assumed. The resonance observed is due to the pole 
of the skew notch filter present in the controller. The controller designed for the translation modes 
is given in Figure 5-19 . The closed loop configuration is given in Figure 5.20. From this scheme the 
transfer function between the setpoint and the performance variable given in Equation 5.6 is derived 
with the use of Equations 5.4 and 5+ 

z = Gz * (I + KGy)- 1 K r. 

As the bandwidth frequency, !bw, is defined as the frequency where 

IGKl=l, 

for frequencies above the bandwidth 

IGK I << 1, 

so that Equation 5.6 can be approximated by 

( 5.4) 

(5.5) 

(5.6) 

(5 .7) 

(5 .8) 

(5. 9) 

Equation 5.9 shows that the excitation of the middle of the beam is due to the skew noth in the 
controller. Consideration of Gz K in Figure 5.21, clearly shows the influence of the pole of the skew 
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notch at 26.5 [Hz]. As the resonance at 26.5 [Hz] peaks above the O [dB], this means that amplification 
occurs at this frequency. Therefore it may be concluded that the performance of the middle of the 
beam is not correctly evaluated when the TA system is excited due to the deliberately introduced pole 
in the closed loop system. 
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1. l 

(a) Response of the beam at z'{ A (blue) and zfA (red). The response of the 
middle of the OA beam shows very little oscillation compared to that of the TA 
beam. 
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(b) PSD of the performance variables z'{ A (blue) and zfA (red ). The PSD of 
the middle of the TA beam shows that z'{ A is excited at 26.5 Hz. 

Figure 5.18: Comparison of the response zp and the associated PSD of the TA and OA systems. 
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Figure 5.19: Controller for the (1,1)-direction of the TA system 
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Figure 5.20: Feedback control structure for traditionally actuated system 



68 Chapter 5: Experimental Validation 

~ 
] - 50 

1 

- 100 

Fmquency [1-hl 

Figure 5.21: Bode magnitude plot of GzK showing a resonance at 26.5 [Hz] due to the pole in the 
skew notch. 
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5.11 Discussion 

This chapter presents the main contribution of this thesis, namely comparing the local performance 
of an over-actuated system with a traditionally actuated system. As expected, adding an extra sen
sor/actuator pair improves the local performance of the lightweight prototype motion system, while a 
fair comparison is still enabled by designing the same controllers for the rigid body directions with a 
similar open loop bandwidth for both TA en OA. An additional sensor/actuator pair creates the pos
sibility of decoupling the first flexible mode, thus enabling specific control of this dominant mode 
resulting in an improvement of the most important performance measures such as settling time and 
overshoot by respectively 22.67% and 77.61 %. Also the energy content of first flexible mode has re
duced by a factor of 9. Note that only conventional control is used, with simple control structures as 
used in the industry. Also research has shown that care should be taken when introducing poles in 
the control structure as the rest of the beam, which is not included in the feedback loop, can be exited 
at the frequency of that pole. 
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CHAPTER 6 

CONCLUSIONS AND 

RECOMMENDATIONS 

6.1 Conclusions 

The main contribution of this thesis is the experimental validation showing that over-actuation can 
improve the performance through a combination of motion and vibration control. This proof is deliv
ered through experiments on a newly build lightweight prototype motion system, which represents a 
simple over-actuated positioning system. 

Every system has its limitations, this being no exception. Amongst others, the amplifiers produc
ing only finite output voltages, therefore limiting the excitation of the system in its eigenmodes. Also 
the sensors, having finite resolution make it difficult to observe the small amplitudes of the excited 
modes. As the setup is made from steel, the excitation of the modes is partly lirnited by the influence 
of magnetism due to the permanent magnets in the actuators. 

After modal analysis of a first principles model and model validation with experimental data, sim
ulations are done for both the TA and OA system. The simulations showed not only improvement of 
the local performance, but also improvement of the spatial performance. 

The traditionally actuated prototype motion system is excited in its first flexible mode with the help of 
mass feedforward. Conventional control design is used to design simple controllers which resemble 
control structures used in the industry existing of a gain and a lead filter and possibly a notch. As 
shown, care should be taken when introducing skew notches in the controller, because eventhough 
the positions on the beam which are controlled may have improved performance, the rest of the beam 
can be exited due to the pole of the skew notch. The resonance frequency therefore not being the 
eigenfrequency of the system, but induced by the resonance of the controller. 

By keeping the control structure and bandwidth for the translation and rotation modes for both the 
traditionally actuated and over-actuated system similar, and by applying the same mass and position 
feedforward a fair comparison is made possible between the TA and OA system. For the decoupled 
first and dominant flexible mode of the OA system a notch is used to add damping to this mode. Us
ing these controllers in experiments shows that the most important specified performance measures, 
such as settling time and overshoot are respectively improved by 22.67% and 77.61 %, while the energy 
content of first flexible mode has reduced by a factor of 9, showing that over-actuation improves the 
performance of the motion system. 
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6.2 Recommendations 

First the optima! topology should be determined. Actuator/sensor selection is important for flexible 
motion systems, because it determines the extent to which the flexible dynamics is actuated, sensed, 
and observed in the performance varia bles. Creating a stiff relation between the actuators and sensors 
therefore does not imply a stiff relation between the actuators and the performance variables. The 
optimal actuator/sensor configuration strongly depends on the system (and its disturbances). To de
termine the optimal topology consider e.g. optimal placement of the sensors and actuators, through 
the definitions of controllability and observability as described by Moheimani [9). 

Secondly apply over-actuation on a plate set-up in order to get an indication of the performance im
provement when applying over-actuated control to an industrial application like the chuck in the Twin
scan XT and Twinscan NXT. A useful set-up is the magnetically levitated plate designed within the 
ASPA project running at the TU/e. 

Also the (model-based) spatial performance of both the TA- and OA-case should be compared [9]. If 
feasible use an extra movable sensor to measure the spatial performance. A more expensive method 
is to use an advanced sensor system such as the (laser) scanning vibrometer, to gather 3-dimensional 
vibration data of the structure. 

lt is well known that a vibrating structure can radiate sound. Therefore active noise control in acous
tic enclosures is also done using loudspeakers and microphones. Much research has been concen
trated on attempting to control sound radiated from structures using structural sensors [12, 48, 49). 
Therefore consider measurement of the spatial performance with the help of a microphone array as 
described in [49). Tuis non-contact analysis method measures acoustic pressure produced by the vi
brating surface and uses holography algorithms for calculation of acoustic quantities very near the 
surface of vibrating sound source. 

In many applications, such as the TWINSCAN™ XT wafer chuck, performance is not desired at 
the location of the sensors [47). So there is a difference between performance variables and mea
surement variables. Therefore inferential control could be considered. Adding an extra sensor at the 
location where performance is required, such as the part of the silicium wafer being exposed, could 
also be a solution. Tuis increases the hardware cost but reduces the model dependency. However, in 
practice this is not possible during operation but it could be done in the experimental or homing phase. 

Addition of one sensor /actuator pair is assumed sufficient to demonstrate the principle of over-actuation. 
Each extra pair enables decoupling of one extra flexible mode so that these decoupled flexible modes 
can be controlled individually. So add more than one sensor/actuator pair and decouple/isolate an 
equivalent number of consecutive modes. Hereby creating the possibility of using the actuators and 
sensors for control of multiple modes (two or more flexible modes) which (could) have an influence 
on the performance of the system. Tuis is advantageous in situations where a limited number of 
dominant modes (but more than one) is causing the performance to deteriorate.Placement of the 
sensor/actuator pairs in industrial applications is not always possible at required positions. Also the 
number of sensor /actuator pairs that can be used is often limited, due to cost and lack of space. 

The eigenfrequencies which (could) be performance-limiting should be determined by e.g. system 
identification. By adding an equivalent number of actuator/sensor pairs, it could be possible to decou
ple/isolate those specific modes ,hereby addressing multiple non-sequentia! modes which (could) have 
an influence on the performance of the system. Research how the system can be decoupled in this way. 

On a flexible motion system with more DOFs like the next-generation lightweight motion systems, 
the modal density is high. Thus adding more complexity to the control design. lnvestigate how to deal 
with a high modal density. 
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Investigate other feedforward methods such as ILC, input shaping and spatial feedforward. 

During this research experiments were done showing the presence of higher harmonies due to a 
sinusoidal input signal. This indicates the presence of nonlinearities in the system. Investigate the 
nonlinearities that are present in the lightweight prototype motion system in order to get a better 
insight into the behavior and limitations of this experimental set-up. As the actuator, for example, 
exhibits a relatively large amount of nonlinearity due to magnetism, it may be worthwhile to design 
actuators for the next-generation lightweight motion systems with an almost linear characteristic. 
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