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Societal Summary
Advanced CVT Modeling and Control

Mobility of humans and goods has been one of the central issues of technology.
Even though the electric car has finally made an entrance into the vehicle market,
we still heavily rely on prime movers for transportation. Unfortunately, prime
movers, i.e. the gasoline and Diesel engines, have very low efficiency in most of
their operating regions. This means more fuel is needed to realize the required
mechanical power for the end user. A Continuously Variable Transmission (CVT)
is an automated, stepless power transmission system, which can help the combus-
tion engine to be operated at its highest efficiency points. The CVT also provides
performance and comfort in driving through automated shifting and uninterrupted
torque transmission. These properties of the CVT make it interesting for not only
the main driveline of the vehicle but also for powering auxiliaries, hybridization,
and for various other applications.

However, the stand alone efficiency of the CVT is still less than its geared equiv-
alents. Moreover, the accuracy of desired transmission ratio tracking in the current
systems is insufficient for realizing the full potential of the CVT driveline. In this
thesis, the fundamental issues of efficiency and ratio tracking are addressed using
tools of modeling and control for several different system applications (light and
heavy duty vehicles, and a non-driveline application) and implementation results
are presented. The contributions in this thesis demonstrate better performance
and efficiency of the CVT are possible through employing identification and con-
trol theory, and as a result, the application area of the CVT can be widened in
the future, where application domains will be extending from low power systems
such as bicycles, to high power wind turbines.
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Nomenclature

Acronyms and abbreviations

BLA best linear approximation
BSFC brake specific fuel consumption
CS-PTO constant speed power take-off
CVT continuously variable transmission
DETR Diesel engine test rig
EHPV electro-hydraulic proportional valve
EIV error in variables
EM electric machine
EMTR electric machine test rig
FD final drive
FRF frequency response function
FRM frequency response matrix
FRT fixed ratio transmission
HDV heavy duty vehicle
ICE internal combustion engine
LPM local polynomial method
LPV line pressure valve
MDE main Diesel engine
MIMO multiple input multiple output
OD overdrive, highest possible CVT ratio
OP operating point
PD pedal depression
PEC power electronic component
RPOM random phase orthogonal multisine
PTO power take-off
SDE small Diesel engine
SISO single input single output
TC torque converter
TRU trailer refrigeration unit
UD underdrive, lowest possible CVT ratio
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Symbols and letters

Roman uppercase

symbol description unit
Fk spring force [N]
Fi clamping force on pulley i [N]
F ∗i equilibrium clamping force on pulley i [N]
Fσ clamping force applied to enable shifting [N]
Fκ clamping force applied to enable torque

transmission
[N]

F∆ difference between primary and secondary
clamping forces

[N]

G(s) general transfer function [-]
GBLA(jω) BLA FRF or FRM [-]
L belt length [m]
Ri belt radius on pulley i [m]
Si(s) sensitivity function of system i [-]
Ti(s) complementary sensitivity function of system

i
[-]

T period [s]

Roman lowercase

symbol description unit
p pressure [Pa]
rω speed ratio [-]
rR geometric ratio [-]
rx estimate of geometric ratio through axial

pulley position
[-]

a pulley center distance [m]
sf,i relative safety factor on pulley i [-]
sa absolute safety factor [-]
bs equivalent friction coefficient for the Shafai

model
[-]

vv vehicle speed [km/h]
cf,i centrifugal coefficient for pulley i [-]
k spring stiffness [N/m]
xi axial displacement for pulley i [m]
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Greek

symbol description unit
ωi angular speed of component i [rad/s]
µ traction coefficient [-]
Ψ normalized torque [-]
κ ratio of equilibrium clamping forces [-]
τi torque relating to component i [Nm]
β half pulley sheave angle [rad]
φi wrapped belt angle for pulley i [rad]
ν relative slip speed [-]
ηv variator efficiency [-]
σIde dynamic Ide constant [rad−1N−1]
σCMM dynamic CMM constant [rad−1N−1]
σG total standard deviation of the BLA estimate [-]
σn noise component standard deviation of the

BLA estimate
[-]

σs nonlinear component standard deviation of
the BLA estimate

[-]

Subscripts and superscripts

symbol description
d desired
e engine
p primary pulley side
s secondary pulley side

Operations and notations

symbol description
∗ convolution product
E{.} expectation
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Chapter 1

Introduction

THIS chapter describes the context and the goals of the research pre-
sented in this thesis. An overview of the main contributions and

outline of the thesis are also provided.

1.1 Mobility and fossil fuels

Mobility of humans and goods has been one of the central issues of technology.
While science fiction has been concentrating on teleportation, flying cars and flying
skate boards, the reality could not be further away. Even though the electric car
has finally made an entrance into the vehicle market, we still heavily rely on prime
movers for transportation.

Unfortunately, prime movers, i.e. the gasoline and Diesel engines, have very low
efficiency in most of their operating regions. This means more fuel is needed to
realize the required mechanical power for the end user. However, burning of fossil
fuels releases pollutants and green house gases, as a result of which, air quality,
human health, and in general the Earth suffer. Fortunately, most countries are
bringing evermore stringent regulations on emissions. Moreover, the price of fossil
fuels are increasing rapidly. Hence, the vehicle market is increasingly looking for
solutions for more efficient drivelines. The power transmission system is one of the
most critical components of the automotive driveline in terms of its final efficiency,
hence is investigated further in the next section.
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1.2 Mechanical power transmission and the CVT

The power transmission system is found in most mechanical systems between the
driving and the driven components. It is responsible of transferring power be-
tween, and matching the desired speed and/or torque at the driving and driven
sides. There are two types of mechanical power transmission systems. First is the
form-closed systems, like gears, which rely on kinematic constraints in transmit-
ting power. This group has discrete transmission ratios based on their geometric
properties, and are generally very robust, reliable and efficient. The second type
is the force-closed transmission. This group relies on friction in order to transmit
power, and in general it is not as efficient. Nevertheless, force-closed transmission
systems are very flexible in terms of packaging, and if variable, the transmission
ratio is continuous.

The Continuously Variable Transmission (CVT) is a force-closed transmission that
enables uninterrupted shifting and a continuous range of ratios within its range.
The automotive CVT driveline typically consists of a starter device, like a torque
converter, a Drive-Neutral-Reverse (DNR) gear set, and a final reduction gear.
The starter device facilitates smooth start up from vehicle stand still. After a
certain minimum vehicle speed is reached, the starter device is usually locked, and
is not required for further operation.

Although transmission efficiency of the CVT is still lower than that of manual
transmission, it can increase the overall driveline efficiency by operating the In-
ternal Combustion Engine (ICE) at its Optimal Operation Line (OOL), thereby
increasing the efficiency of the driveline. The OOL is the collection of operat-
ing points, where the ICE runs most efficiently for a given power. Moreover, the
CVT provides automated operation, smooth shifting without the need of clutching
or synchronization, preventing torque interruption and related vibrations, hence
better drive comfort.

There are several types of CVTs, the toroidal CVT, the roller-based CVT, and
the pulley-type CVT, though the pulley-type CVT has the most market share,
and is the topic of this thesis. The pulley-type CVT consists of the variator, the
actuation system and the control system. The variator, depicted in Figure 1.1, is
composed two conical pulley sets, connected by a belt. On each set, one pulley
sheave is able to move axially. This way the radius at which the belt sits can be
changed, thereby changing the transmission ratio.

The first pulley-type CVT, called Variomatic, was invented in Eindhoven by the car
manufacturer DAF, at the end of 1950s, (Bosch, 2014a). This first CVT variator
used a rubber V-belt, and was installed at the driving wheels of the passenger
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Figure 1.1: The pulley-type CVT variator with pushbelt (Bosch, 2014b).

vehicle, so each rear wheel had one CVT. The Variomatic was passively actuated.
The rotational inertia of pendulum like swinging weights supplied the required
clamping forces, changing with engine speed.

However, the torque transmission through the rubber V-belt meant that the CVT
had very limited torque capacity. Since then, more types of belts have been in-
vented like the dry hybrid belt (Takahashi et al., 1999), the LUK chain (Englisch
et al., 2004), the GCI chain (Solik et al., 2005), the pushbelt (Fujii et al., 1993),
which increased the torque and power capacity of the CVT. Currently, for pas-
senger vehicle applications, where the torque capacity can be up to 400 Nm, the
pushbelt and the chain are the suitable choices. For applications requiring higher
torque capacity, the chain belt is the only viable option.

The actuation system of the CVT is responsible of supplying clamping forces
required to prevent major belt slip, and to change the ratio. Most pulley-type
CVTs employ electro-hydraulic actuation systems. Some actuation systems rely
on single manipulated variable, while others on two. The manipulated variable(s)
can be clamping forces and/or the pulley position or a variable that kinematically
relates to the pulley position.

The control system of the modern CVT can also assume several structures, de-
pending on the available sensors and actuators, and control goals. The most basic
control goal would be tracking the desired ratio (Liu and Paden, 1997), whereas
more sophisticated control systems could also be tracking the clamping forces
and/or a slip reference or variator efficiency (van der Meulen et al., 2012).

Moreover, as also demonstrated in this thesis, the application area of CVTs are not
limited to the automobile driveline. It is also possible to see CVTs in bikes, motor-
cycles, industrial machinery, ships, wind turbines, etc., as well as non-propulsion



8 Chapter 1. Introduction

Figure 1.2: Global annual production forecast for vehicles with DCT and CVT
transmissions (IHS, 2014).

applications in motorized vehicles.

1.3 Automotive transmissions and CVT market share

In the automobile driveline, several type of transmission technologies can be found:
Manual Transmission (MT), Automated Manual Transmission (AMT), Dual Clutch
Transmission (DCT), Automatic Transmission (AT), Continuously Variable Trans-
mission (CVT) and hybrid drives (Hybrid) (Naunheimer et al., 2011). The choice
of transmission depends on many things among which are vehicle properties, cus-
tomer preference, and market acceptance.

The most common automotive transmission in the European market is the man-
ual transmission, whereas in the North American and Asian markets, Automated
Gearboxes (AGs) are preferred. World wide, close to 54% of passenger vehicles
roll out with AGs. The most widely used AG is the Automatic Transmission
(AT), currently covering 35% of the AG market. However, the AT is not very effi-
cient compared to newer AG technologies like CVT and Dual Clutch Transmission
(DCT) (Kluger and Long, 1999). Hence, its market share is expected to decrease
while the newer technologies gain popularity, see Figure 1.2.

The recent developments in the CVT driveline resulted in more accurate ratio
tracking and more efficient power transmission. Consequently, the CVT gained
popularity in the AG market. In 2014, nearly 9 million CVT units have been built
into passenger vehicles, and this number is expected to grow to 12 million by 2019.
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Figure 1.3: The design space for CVT technology in three major axes that are
investigated in this thesis, and several examples that relate to each axis.

Nevertheless, there are still some open research challenges related to the design
of the actuation and control systems combined with its application to be solved
about the pulley-type CVT. These are explained in the next section, along with
the main contributions of this research.

1.4 Major challenges in CVT technology

The branches where CVT technology is still developing can be grouped in three
axes: actuation system design, control system design, and application areas. In
Figure 1.3, several specific examples are given that relate to each axis. Neverthe-
less, the challenges within the CVT technology in general have a contribution from
each axis, and their interaction. This thesis touches upon several such issues about
the CVT technology, which exist in the aforementioned design space, and which
have contributions of all the three axes. In this section, these major challenges
will shortly be described.

The design and choice of the actuation system influence the number of indepen-
dently manipulated inputs to the variator, the allowable bandwidth of control, the
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control system structure, and actuation power losses. Even though alternatives,
like electro-mechanical actuation (Klaassen et al., 2004), are being investigated,
electro-hydraulic actuation systems are mostly used. Some of these systems rely
on hydro-mechanical components like a hydro-mechanical torque sensor, in order
to adjust one clamping pressure passively (Englisch et al., 2004). Mostly, this type
of actuation system is robust against torque shocks, but inefficient. In this thesis,
several electro-hydraulic actuation systems are evaluated for their usefulness with
respect to the specific applications. In that, systems with independent hydraulic
circuits to actuate primary and secondary pulleys are the main focus.

The second axis is the control strategy. Actuation systems with two degrees of
freedom especially create more challenges for control design, but also in this case
the control system has a greater influence on the final performance and efficiency of
the CVT system. The resulting Multiple Input Multiple Output (MIMO) system,
can track an efficiency related control goal in addition to the ratio tracking goal.
Moreover, the ratio tracking can be made more accurate. Accurate CVT modeling
for control purposes also becomes important. Some of the innovative control design
elements in this thesis are cascaded control, feedforward control, and slip tracking
control.

The CVT technology is not limited to automotive driveline applications. Thus the
final axis is new application areas, which will bring more innovation and market
acceptance to the CVT. In addition to the main driveline, the CVT can also be used
in other areas to benefit vehicle efficiency. Some examples for these new areas are
mechanical hybridization (van Berkel et al., 2012), auxiliary load electrification
and CVTs for heavy vehicles (Aladağlı et al., 2014b). Even though they exist,
applications outside of the vehicle domain are out of the scope of this thesis.

1.5 Problem Formulation and Research Objectives

The main goal of this thesis is to contribute to the CVT technology with the
perspective of systems and control theory, taking into consideration the recent
developments in these fields. It has been established that a significant improve-
ment in CVT efficiency and performance should come from control, (Liu and Ste-
fanopoulou, 2002; van der Laan and Luh, 1999), and systematic control design
benefits from good modeling. On the other hand, systematic control design for
automotive applications is challenging due to nonlinear and/or operating point de-
pendent plant dynamics. As such, the stability and performance of the controlled
plant dynamics are evaluated by extensive testing (Naus, 2010, Section 1.1.3).

Nevertheless, research on CVT systems has already linked itself to the state-of-



1.5. Problem Formulation and Research Objectives 11

the-art systems and control theory. Especially with the maturity of the principle
concept, the focus is more than ever on improving the efficiency and performance.
Moreover, these requirements are also getting tighter with CVT applications ex-
tending to outside of the main vehicle driveline. In the literature, we see that one
frequent systems and control theory sub-domain is frequency domain identification
and control oriented identification of the variator and the CVT actuation dynamics
(Klaassen, 2007, Chapter 5), (Oomen, 2010, Section 6.3), (van der Meulen, 2010,
Sections 4.3, 6.5). Advanced control techniques are also being applied such as
gain scheduling (Bonsen, 2006, Chapter 7), (Klaassen, 2007, Section 6.2); robust
control (Oomen, 2010, Section 6.5); H∞ and H∞ MIMO control, (Klaassen, 2007,
Section 6.1).

However, the industrial applications are still lacking integration with the developed
methods. In this thesis, in close cooperation with the industry, the possibilities and
opportunities towards the aforementioned goal are investigated over three distinct
case studies. These cases can be generalized with the following three challenges.

• Towards improved ratio tracking accuracy of the CVT: The speed ratio set-
point tracking accuracy of the CVT systems are currently not the focus of
research and development. In fact, most systems do not track dynamic set-
points as this is not strictly required in the driveline applications. However,
the application challenge in the first case strictly requires accurate dynamic
ratio setpoint tracking, as further explained in Section 2.3. Here, frequency
domain system identification and frequency domain performance goals are
used to arrive at and evaluate the control design.

• Towards slip control for efficiency optimization: Frequency domain phase
behavior of the variator has been long investigated in order to optimize the
efficiency of the CVT, as further explained in Section 3.1. Here, the state-
of-the-art identification techniques for nonlinear systems are employed on a
vehicle test rig, in order to arrive at a model that represents the real field
behavior.

• Towards an accurate time domain model: With the CVT systems extending
their load capacity, systems with two variators are being investigated for
applications that require much wider ratio coverage, as further explained in
Section 4.1. Here a new time domain model to describe variator dynamics
is investigated as a first step for control design.

These case studies are used to integrate systems and control theory with new
challenges arising in the CVT technology.



12 Chapter 1. Introduction

1.6 Contributions and Outline

This thesis presents three research chapters, Chapters 2-4, where the design space
from Figure 1.3 is explored. Each chapter, complete with its own introduction
and conclusion, is devoted to one application, investigating new implementations
of actuation and control systems, using current techniques from domains of math-
ematical modeling and control theory. The summary and the main contributions
of each chapter follow.

Chapter 2 describes the realization of a novel CVT application for electrically
driving auxiliary power consumers in heavy duty vehicles, through the main engine
of the vehicle. This concept, called the Constant Speed Power Take-Off (CS-PTO),
relies on the fact that the main engine of the truck is more efficient, and cleaner
than an extra small engine. Main contributions of Chapter 2 can be summarized
as follows:

• the description of auxiliary power requirements in heavy duty vehicles and
their impact on fuel consumption and emissions;

• the description of an electro-hydraulic actuation system enabling Multiple
Input Multiple Output (MIMO) control of the variator for better efficiency;

• frequency domain identification of actuation system;

• linearization of the Ide model for control purposes;

• mathematical validation of the designed controller with respect to the per-
formance criteria;

• realization of the CS-PTO system with 5% ratio tracking error margin, and
around 80% efficiency in driving auxiliaries.

Further, in Chapter 2, it is concluded for applications outside of vehicle propul-
sion, the hydraulic actuation systems, which include torque sensors to prevent slip
during any torque shocks, consume too much power, and are not suitable for ac-
curate ratio tracking. Even though such a system may be suited for automobile
driveline applications, for the CS-PTO, independent hydraulic circuits actuated
by electro-hydraulic valves are much more suitable.

In Chapter 3, a black-box CVT model is developed using frequency domain identifi-
cation, for slip control of the CVT in a passenger vehicle driveline. The developed
model focuses on determining the mode of slip within the variator. Here, fre-
quency domain identification techniques are employed for investigating the phase
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relationship in between the clamping forces and speed ratio. The experiments are
performed with the CVT in a passenger vehicle. Main contributions of Chapter 3
can be summarized as follows:

• state-of-the-art frequency domain identification technique is applied on the
nonlinear CVT system, in order to obtain the best non-parametric linear
approximation of the variator dynamics;

• the identification experiments are performed with the CVT mounted in the
vehicle, for realistic excitation of the nonlinear dynamics;

• the distinct phase behavior in different slip modes have been observed in the
obtained non-parametric MIMO model;

• an error measure is developed which indicates the closeness to the undesired
slip mode;

• it is observed that the obtained non-parametric model coincides with what
the Ide model estimates for variator dynamics.

In Chapter 4, a novel chain CVT application for the heavy duty vehicle driveline
is described. In order to increase the ratio range, this novel system, called the
Series-CVT (SCVT), employs two inline variators. The first variator has its output
connected to the second variator, increasing the ratio coverage of the CVT, while
keeping the packaging in reasonable dimensions. However such an architecture
makes the CVT control more challenging due to amplified errors of the traditional
time domain models that describe variator dynamics. Hence, a new time domain
parametric model is developed, which can describe the dynamics of the SCVT
better than the existing models. Moreover, the novel servo-hydraulic actuation
system is introduced. Main contributions of Chapter 4 can be summarized as
follows:

• the novel SCVT and the two degree of freedom servo-hydraulic actuation
system, which employs pumps instead of electro-hydraulic valves is described;

• a new parametric time domain model for CVT dynamics is suggested;

• the estimation power of the new model is evaluated and compared with
respect to the existing models.

Finally, in Chapter 5, the main results of this thesis are highlighted and the outlook
for future research is given.
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Chapter 2

An Innovative CVT
Technology for Power Take-Off

Systems in Trucks 1

THIS chapter describes the actuation and control system design for an
innovative CVT system, called the Constant Speed Power Take-Off

(CS-PTO) system, for the electrification of truck auxiliaries. Employing
electrical auxiliaries promote better fuel economy and emissions, especially
for high power demand auxiliaries like refrigeration units. These electrical
auxiliaries are powered by an on-board generator. The generator is driven
at constant speed by the engine of the vehicle through a CVT. The chal-
lenge herein lies in the accurate ratio tracking of the nonlinear CVT system
and in achieving high efficiency. The accurate ratio tracking is required
in order to satisfy the electrical specifications of the considered electrical
auxiliary system, which is an electrical refrigeration unit for transporta-
tion trucks. This unit allows a maximum error of 5% in the voltage and
frequency output of the generator.Ultimately, it is shown that the CVT
system can track the ratio setpoint with 5% error margin, and the fuel
consumption of the refrigeration system is improved more than 30% in
comparison to the traditional systems on the market.

1This chapter is based on Aladağlı et al. (2012, 2014b).
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2.1 Introduction

Traditionally, trailer refrigeration units are powered by an additional dedicated
small Diesel engine; which is typically much more inefficient and polluting (in both
emissions and noise) than the main Diesel engine of the truck. The high emission
and noise levels associated with the additional engines are especially concerning
as delivery may also happen in populated urban areas. Moreover, considering the
ever increasing cost of fuel and increasingly stringent regulations, particularly for
truck tractors, the heavy-duty market is looking for solutions.

This chapter presents the details of the above mentioned problem and a novel
solution, which allows the electrical refrigeration unit and possibly other electrical
Auxiliary Power Units (APUs) on the truck to be powered through the main
engine of the truck. This novel system takes power from the main engine rotating
at variable speed, and through the use of a CVT, provides a Constant Speed
Power Take-Off (CS-PTO) point for an on-board generator, and hence is called
the CS-PTO system.

A CVT is a force-closed, stepless power transmission device that can realize a
continuum of gear ratios over a certain range. Traditionally, used as transmission
in the vehicle drivetrain, the CVT can enhance the fuel economy, driveability and
performance of a vehicle, (Pfiffner and Guzzella, 2001). However, CVTs have also
been used in and/or investigated for many varied applications such as transmission
in bikes, motorbikes, industrial machines, wind turbines (Ragheb and Ragheb,
2010), and mechanical hybridization of vehicle drivelines (van Berkel et al., 2012).

In the CS-PTO system, the CVT is implemented between the main engine and
the generator. Then, by controlling the ratio of the CVT accurately against the
variable speed of the main engine, the CS-PTO point can be achieved. As a
result, APUs are powered through the main engine with better fuel efficiency and
less emissions and noise pollution in comparison to an additional small engine.
Moreover, electrical APUs enable other improvements such as a plug-in mode at
vehicle standstill and peak shaving, as will be further explained in Section 2.2.3.

There are two important challenges in the realization of the CS-PTO system. The
first challenge is achieving highly accurate shifting of the CVT, in order to satisfy
electrical requirements of the electrical refrigeration unit. The refrigeration unit
requires the voltage and frequency output from the generator to remain within 5%
error margin from the desired value, which reflects the same error margin to the
output speed of the CVT. The second challenge is achieving high transmission effi-
ciency with the CVT by reducing clamping forces without causing damaging slip.
Both of these goals are achieved through two design choices. First, independent
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hydraulic circuits are used for the actuation of the primary and the secondary pul-
leys of the CVT. In this manner, the goals of maintaining safety and tracking ratio
setpoint are decoupled from each other. Second, the control system is designed
with a cascaded structure, where the inner loop controls the clamping forces, and
the outer loop controls the shifting action. This increases tracking accuracy by
minimizing the effects of nonlinearity in the inner loop.

The developed CS-PTO system is tested for performance and efficiency on two
setups. The first setup employs two electric motors (EMs) as the input and the
output of the CS-PTO system. This setup is used to simulate dynamic engine drive
cycles in order to validate the shifting performance. Moreover, power consumption
of the CVT is measured accurately using torque and speed sensors on the input
and the output shafts. The second setup employs a Diesel engine as input and an
electrical load as the output of the CS-PTO. As a result of these tests, it will be
shown that the system can keep the output speed constant with an error margin
of 5%, which is sufficient for the electrical requirements, and provides 29% to 45%
percent increase in fuel efficiency with respect to the benchmark systems (Volts
Energies, 2014).

The rest of this chapter is organized as follows. Section 2 describes the road-map
for fuel economy improvement within the heavy-duty vehicle market and need
for electrical auxiliaries as well as system analysis and comparison of auxiliary
electrification methods. Section 3 introduces the system requirements, and the
resulting design of the CS-PTO system. Section 5 describes the modeling and
control of the CVT within the CS-PTO system, and in Section 6, the total system
validation with accuracy and efficiency performance is given. Finally, Section 7
presents the concluding remarks.

2.2 System Analysis and Comparison

In this section, the need for more efficient and less polluting APUs is discussed.
Moreover, the motivation for a main engine driven solution is provided with a
comparison to lesser alternatives. Finally, the physical layout of the CS-PTO
system is provided.

2.2.1 Fuel Economy and Auxiliary Loads

In the recent years, environmental issues like global warming, air pollution and
the dependence on fossil fuels have become a global concern. The road trans-
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Figure 2.1: Expected fuel economy improvement by component for trucks, adapted
from (Greene and Schafer, 2003).

port sector, which almost exclusively uses fossil fuels, is responsible for 13% of
the global greenhouse gas emissions (Pachauri and Reisinger, 2007; Greene and
Schafer, 2003). Moreover, motor vehicles are also the first cause for the worsening
of local air quality through emissions of pollutants like particulate matter, nitrogen
oxides, volatile organic compounds, carbon monoxide, etc. (Façanha et al., 2012).

Currently, rigid policies are being implemented worldwide, for more than a decade,
to cope with the harmful effects of the vehicle emissions. Road transport sector,
growing faster than other sectors burning fossil fuels, will have to heavily adjust
(Façanha et al., 2012). At the current status of technology, one single source of
improvement seems unlikely. Therefore, proposed solutions cover a wide spread,
considering possible improvements for all components in a vehicle, see Figure 2.1.
In this chapter, the focus is on auxiliary loads, through which 5% is expected to
be gained with respect to total fuel consumption improvements, in Heavy Duty
Vehicles (HDVs).

2.2.2 Heavy-Duty Vehicle Market and Auxiliary Power Demand

Some common examples of HDV auxiliaries are the air brake compressors, alterna-
tors, air conditioning compressors, engine cooling fans and drives, and the power
steering pumps. As published by SAE standards (SAE J1343, 2000), the maxi-
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Figure 2.2: Typical maximum and average power demand of various auxiliary
devices in a line-haul trailer, data from (SAE J1343, 2000).

mum load capacity of these auxiliaries can be as high as 41 kW and the average
expected power consumption considering duty cycles and half load operation falls
around 7 kW for a line-haul trailer, see Figure 2.2. Moreover, it is important to
note that for local-haul HDVs, the average auxiliary power consumption can be
up to four times that of the line-haul ones.

In addition to the accessories mentioned above, HDVs can also include Power Take-
Off (PTO) devices like cutting and drilling equipment, and freight conditioning
systems like refrigeration units, etc. as auxiliaries. These devices may easily
require several tens of kW of continuous or intermittent power, during driving or
idling situations.

2.2.3 Powering HDV Auxiliaries

Traditionally, HDV accessories and PTO devices can be driven in three ways:

1. mechanically by the main Diesel engine, through a single speed transmission
element like a belt drive;

2. electrically by the standard alternator-battery system powered through the
main Diesel engine;

3. by an additional small Diesel engine.

In case of main engine driven devices, the power transmission has to be designed
such that there is enough power for the end user even at lowest allowable engine
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Figure 2.3: A comparison of the average Brake Specific Fuel Consumption (BSFC)
for different engine volumes, adapted from (Pulkrabek, 2004). The relevant regions
for the Small Diesel Engine (SDE) and the Main Diesel Engine (MDE) are marked
in lighter and darker shades, respectively.

speeds. This means at high engine speeds, more power than required is produced,
which has to be dumped. Moreover, whenever there is auxiliary power demand, the
main engine has to be running, which causes extended engine idling. On the other
hand, a small external engine has other disadvantages: high fuel consumption,
high emissions, insufficient exhaust management, added weight and cost of the
engine and the fuel tank, and noise pollution. In fact, a comparison of the average
expected Brake Specific Fuel Consumption (BSFC) for the small engine and the
main engine is given in Figure 2.3. The BSFC decreases with engine size due to
reduced heat losses from the combustion chamber to the cylinder wall. As seen
in this figure, the main engine is expected to be 30% more fuel efficient than the
small engine.

Recently, there has been an interest in the heavy-duty automotive market towards
electrification and hybridization of auxiliary loads, and conceiving a common cen-
tral e-line from which the auxiliaries can be powered electrically (Klostermann,
2011; Hendricks and O’Keefe, 2002; Redfield et al., 2006; Cook, 2008). This brings
many advantages such as the ability to plug in avoiding unnecessary engine idling
(Greene and Schafer, 2003) and the possibility of controlling power demand among
different electrical auxiliaries (peak shaving) (Andersson, 2004).
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Figure 2.4: The layout with additional Diesel engine and generator is most com-
monly used in powering electrical trailer refrigeration units, hence is considered the
benchmark system. This layout consists of the Main Diesel Engine (MDE), used
for propulsion and the additional Small Diesel Engine (SDE) used for powering
the auxiliaries through a Single Speed Transmission (SST), and a generator. The
SDE and the generator together are commonly referred to as the genset.

One solution for electrical trailer refrigeration units in the market, is an additional
small Diesel engine connected to a high output generator set, (Tario and Bubbosh,
2007). While enabling a plug-in mode and avoiding unnecessary truck engine
idling, this system is still far from ideal: it still carries all the disadvantages of the
small Diesel engine. Still such products are available on the market claiming better
fuel economy, cleaner and more silent operation (Carrier, 2010). Due to its current
availability, this system, as depicted in Figure 2.4, is taken as the benchmark.

Another option for driving the generator is the main engine, which brings all ad-
vantages of electric APUs without the disadvantages of the small Diesel engine and
therefore enables clean and silent operation. However, this solution is not as simple
as connecting a generator to the drive shaft via a single speed drive, and the load
to the generator. Connected in fixed-ratio, the generator would rotate at variable
speed producing a variable voltage and frequency output, which should later be
regulated with additional Power Electronics Components (PECs), see Figure 2.5.
However, a solution with additional PECs, costing around $0.07 per Watt, making
$2100 for each component for a 30 kW application, is expected to be expensive
for this high power application (Kassakian, 2000). Moreover, in automotive appli-
cations, PECs present problems in implementation due to the harsh environment
conditions including high ambient temperature, mechanical shock and vibrations,
high demands on life span, exceeding 5000 hours, and reliability (Seliger et al.,
2002; Kassakian and Perreault, 2001). Finally, the large difference between peak
and average power demand of auxiliaries, which can be as high as 41 kW at peak
and as low as 7 kW on average, as seen in Figure 2.2, result in lower efficiency for
the PECs.
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(MDE). The major components of the CS-PTO, are the clutch, initial belt drive
(rbi), CVT, final belt drive (rbf).

A better way of powering the electrified auxiliaries is to use a mechanical element
with a variable transmission ratio, which can convert the variable main engine
speed into a constant speed for the input of the generator, see Figure 2.6. To satisfy
electrical requirements, this transmission must have a continuous range of ratios
and torque transmission without interruption. Such a transmission technology is
called Continuously Variable Transmission (CVT).

Traditionally, used in passenger vehicle drivelines, the pulley type CVT variator,
see Figure 2.7, consists of two sets of conical pulley sheaves, one at the input (pri-
mary), and the other at the output (secondary) side, connected through a belt. On
each side, one sheave can axially move to steer the transmission ratio continuously.
The power transmission between the input and the output happens through fric-
tion between the belt and the pulleys and the required normal (clamping) forces
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Figure 2.7: The PIV RHVF 143 CVT variator with chain drive is used in the
CS-PTO design, (PIV, 2014). The CVT consists of two sets of conical pulley
sheaves. Each pulley set has one sheave with a hydraulic chamber, which delivers
the required clamping forces.

are supplied by the hydraulic actuation system.

In powering the auxiliaries, the CVT, implemented between the engine and the
generator, is used to provide the generator with a constant speed power input, so
that the generator can produce the required amount of power at constant voltage
and frequency. This novel system with power take-off from the main ICE rotating
at constant speed is called a Constant Speed Power Take-Off (CS-PTO) system
(de Cloe et al., 2004; Aladağlı et al., 2012).

2.3 System Requirements and Design

In this section, the CS-PTO system requirements are discussed in 2.3.1. Moreover,
the choice and design of the hardware components are also treated in 2.3.2. The
design of the control system requires in depth analysis of the resulting hardware
system and is hence given separately in Section 2.4.3.



24 Chapter 2. An Innovative CVT Technology for PTO Systems

CVT
input speed
ωp [rpm]

Engine start-up
(clutch open)

Nominal
engine speed
(long term)

Over-speed
(long term)

Peak speed
(short term)

Misuse

Idling

1000

2000

3000

3500

1900

1200

550

Cruising

1320

2880

4560

6000

1000

0.41

0.85

1.86

CVT
speed
ratio
rs [-]

3000

Engine
speed
ωe [rpm]

Generator
speed
ωg [rpm]

Figure 2.8: Schematic description of the relevant ranges for the main engine speed
for a long-haul vehicle, the corresponding CVT input speeds and CVT speed ratios,
in order to maintain constant generator speed.

2.3.1 System Requirements

The refrigeration units of interest can require up to 30 kW of continuous power and
thus the transmission must be able to withstand this for an extensive lifetime of 1.5
million kilometers, corresponding to 5000 hours of working time under full load.
Due to its electrical requirements, the refrigeration unit has to be be supplied with
a constant voltage of 400 V at constant frequency, within an error margin of 5%,
as explained before. This in turn calls for the generator to be driven at 3000 rpm,
within the same error margin. The maximum torque peak on the secondary side
of the CVT is measured at generator start up as 120 Nm.

From a packaging point of view, the transmission system, including the actuation
system, must be compact enough to fit into the engine bay of a truck without
requiring any modification on the part of the truck producers. Finally, the real-
ization must be cost effective and robust for acceptance in the market. For this
reason, off-the-shelf components are used for the design.
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For outlining the CVT requirements, an analysis of engine speeds and accelera-
tions is made, as summarized in Figure 2.8. The truck engine, and therefore, the
CS-PTO system is expected to run more frequently in between idling and cruising
modes, and less frequently in the over-speed mode. Engine speeds below idling
and above over-speed are infeasible for the CS-PTO system. Engine speeds over
3000 rpm are considered misuse and are damaging for the vehicle. As a result, the
required ratio coverage by the CVT is 4.5 [-]. The maximum shift speed require-
ment for the CVT is determined with respect to a maximum engine acceleration
of around 1200 rpm/s, as a maximum of 10 mm/s for axial speed of the movable
pulley sheave.

2.3.2 Mechanical System Design

The general layout of the CS-PTO system, which connects the main engine to the
generator, can be seen in Figure 2.6. The CS-PTO system consists of a clutch,
an initial belt drive, rbi, the CVT, a final belt drive, rbf . The clutch serves
two functions. First, in case the main engine speed moves towards the infeasible
regions, or the CVT system experiences a malfunction, the generator can be safely
decoupled from the engine. Second, when the CS-PTO system is not in use, the
generator can be decoupled for fuel efficiency. The initial and final belt drives
with constant ratios of rbi = 2.4 and rbf = 1.22, respectively, are used in order
to geometrically enable power transmission within the engine bay and to better
match the main engine speed, denoted as ωe, to the required output speed at the
generator, denoted as ωg. The relationships between these speeds and input speed
of the CVT, denoted as ωp, are defined in (2.1).

ωg = rbf · ωs , ωp = rbi · ωe (2.1)

Given the power and ratio coverage requirements, the variator type RHVF 143
from PIV Drives GmbH, which has a rated output power of 40 kW, is chosen for
this application, (PIV, 2005). Another reason for this choice is the availability of
this unit as an off-the-shelf product, which could be ordered in bulk for the final
industry ready product. This variator uses a chain drive and has crowned sheaves
to minimize belt misalignment (Faust and Linnenbrügger, 1998, pg. 173). The
secondary pulley of the CVT is spring loaded, which enables the CVT (also at
stand still) to shift to UD when there is no actuation, and provides a minimal
amount of clamping force at all times. This off-the-shelf CVT comes with its own
integrated ratio control system, which includes a torque fuse on the secondary
pulley and a hydraulic manifold that requires around 10 L/min of constant flow
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Figure 2.9: The hydraulic diagram of the CS-PTO system, consisting of (i) clutch,
(ii) Electro-Hydraulic Proportional Valves (EHPVs), (iii) Line Pressure Valve
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at 40 bar to supply clamping forces and a pilot pressure that changes between 0−
20 bar to control the ratio. Although, this type of actuation system is very robust
against slip under unexpected loads on the output of the CVT, it continuously
consumes close to 700 W of power. However, traditional CVT systems are in
general designed for the main drivetrain of a vehicle. In the CS-PTO system,
the output load on the CVT is very well defined, apart from clutch engagement,
see Appendix A.4. Therefore, the original servo-hydraulic actuation system of
the RHVF 143 is discarded for efficiency reasons. Instead, independent hydraulic
circuits with pressure control for both sides of the CVT are implemented, keeping
pressure and flow in the hydraulic system complying to the demands, avoiding
excess hydraulic losses. Then the flow requirement for the desired shift speed of
10 mm/s is around 7 L/min, which determines the specifications for the hydraulic
system design.

The layout of the aforementioned hydraulic circuit is schematically depicted in
Figure 2.9. This diagram only shows control relevant components and disregards
elements like lubrication lines, check valves, filters, etc. The required pressure and
flow for clutch and CVT operation are supplied by a gear pump. While the CS-
PTO system is off, for lubrication, or during start up, for pressurizing the system,
an electric motor powered by the vehicle battery drives the pump, for a limited
time. As soon as the clutch is engaged and the CVT is shifted such that the
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output speed reaches its final value, the CVT output shaft takes over the electric
motor through a one-way bearing and drives the pump mechanically by the main
engine during normal operation. This enables a constant rotation speed hence a
constant flow output. The pump displacement is chosen to provide enough flow
for maximum shift speed, and provide the clutch and lubrication during normal
operation. The pump pressure is controlled by the Line Pressure Valve (LPV),
which bleeds any excess flow back towards the sump. In this manner, the pump
pressure is allowed to rise only up to the current maximum required pressure,
keeping hydraulic losses low.

The clamping forces required for safe operation and shifting are supplied through
two hydraulically independent lines, pressure controlled through pressure reduc-
ing Electro-Hydraulic Proportional Valves (EHPVs). These valves are chosen to
actuate pulleys, as opposed to pumps, since they can act at a high bandwidth
to control the CVT with the required performance (Merritt, 1967; Rothenbühler,
2009). The clutch pressure is also regulated through a separate EHPV.

The outlined circuit design has several advantages. The independent pressure con-
trol makes shifting control design easier by hydraulically decoupling the primary
and secondary pulleys. The LPV keeps the line pressure at the required amount,
determined by the maximum of the required clutch and pulley pressures. Hence,
this layout reduces hydraulic losses that would result from a fixed high pressure
line. Moreover, this design results in a cascaded control system with several loops.
Hence, the performance of the CVT now relies heavily on the control system per-
formance. Finally, the CVT housing is designed to incorporate above mentioned
components and the sump and to fit in the engine bay of trucks.

2.4 Modeling and Control System Design for the CVT

The CS-PTO system consists of three essential subsystems: the variator, the ac-
tuation system, and the control system. The control system of the CS-PTO has
several tasks: (i) maintain constant output speed through accurate ratio setpoint
tracking; (ii) avoid slip and maintain a good efficiency; (iii) supervisory roles as
safety, failure detection, start-up and shut-down procedures. In this paper the fo-
cus will be on (i) and (ii). It has been long realized that most improvement in CVT
performance and efficiency should come from control, (Liu and Stefanopoulou,
2002; van der Laan and Luh, 1999). A summary of literature on control efforts
for CVTs in vehicle drivelines can be found in (Srivastava and Haque, 2009). All
control design methods require some form of information about the current and
desired plant behaviors, therefore the first step is the modeling of the components.
Hence, in this section, modeling of the variator is described in Section 2.4.1, and
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Figure 2.10: Geometrical description of the variator.

the modeling of the actuation system is treated in 2.4.2. Finally, control system
design is discussed in 2.4.3.

2.4.1 Variator Model

A frontal and side view schematic of the variator is depicted in Figure 2.10, where
a is the pulley center distance, Ri represents the radius at which the chain sits on
the pulley, and ϕi is the wrapped angle on relevant pulley with i ∈ {p, s} denoting
the primary and the secondary side, respectively. Then neglecting any deflections,
the chain length along contact pins, L, is described by (2.2) and the wrapped
angles are described by (2.3) and (2.4), respectively.

L = 2a cosϕ+ ϕpRp + ϕsRs, (2.2)

ϕ = arcsin

(
Rp −Rs

a

)
(2.3)

ϕp = π + 2ϕ , ϕs = π − 2ϕ (2.4)

In Figure 2.10a, the axial positions xp and xs, shaft torques τp and τs, clamping
forces Fp and Fs, and the half pulley sheave angle β are also shown. In equilibrium,
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assuming the chain pulley interaction can be modeled by Coulomb friction, the
minimum clamping force required to transmit a torque of τi on the side i can be
defined as in (2.5).

Fmin,i =
|τi| cosβ

2Riµ
, (2.5)

where µ is the traction coefficient for the chain-pulley contact. For the rest of
this study, variator transmission efficiency will be considered 100% for modeling
purposes and hence, in equilibrium conditions Fmin,p = Fmin,s = Fmin. In auto-
motive applications, a more accurate estimate of τp is possible through the engine
rather than the driveshaft torque τs. For this reason, Fmin is usually calculated
using the primary side variables. However, in the CS-PTO application, the gener-
ator torque and thus τs can be estimated more accurately and therefore, secondary
side variables are used.

Then the safety factor, denoted as sf,i, can be defined as in (2.6). Depending on
which pulley is critical, safety factor is referred to by the appropriate subscript.
Therefore, for safe operation,

min (Fp, Fs) ≥ Fmin, and sf,i :=
min (Fp, Fs)

Fmin
. (2.6)

A similar definition can be used to quantify a normalized torque, Ψi, as given
in (2.7), which can be explained as the ratio of actual transmitted torque to the
theoretically maximum transmittable torque with the given clamping force. As
this is practically the inverse of the safety factor, Ψ takes values in [−1, 1], where
negative values imply that the secondary pulley is the driving pulley. As Ψ values
are limited and do not tend to infinity under no load conditions, this definition is
more suited for implementation (Vroemen, 2001).

Ψi =
τscosβ

2RsµFi
(2.7)

In the CS-PTO CVT, these clamping forces are supplied by hydraulic pressures
pp and pp, acting on pulley areas Ap and As, respectively, and a spring on the
secondary side. The resulting clamping force is also affected by centrifugal pressure
build up resulting from pulley rotational speed. The resulting clamping forces are
denoted in (2.8) and (2.9).

Fp = Ap · pp + cf,p · ω2
p (2.8)

Fs = As · ps + cf,s · ω2
s + fk (2.9)
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Spring force fk can be modeled using the linear spring assumption with stiffness
k, resulting (2.10).

Fk = Fk,0 + k · xs (2.10)

Several transmission ratios can be defined for the variator, as given in (2.11), where
rω is the speed ratio, rg is the geometrical ratio, and rT is the torque ratio (defined
only at steady state operation, when pulley accelerations are zero). Values of these
ratios differ from each other slightly due to chain slip, pulley deflections and the
torque loss due to these. In fact, the mechanical efficiency of the variator can be
defined as in (2.12).

rω =
ωs
ωp

, rR =
Rp
Rs

, rτ =

∣∣∣∣τpτs
∣∣∣∣ (2.11)

ηv =
τs · ωs
τp · ωp

=
rω
rτ
≤ 1 (2.12)

In the variator model, the output of interest is the speed ratio, rω, and the ma-
nipulated system inputs are the primary and secondary clamping forces, Fp and
Fs, and the exogenous inputs are the primary speed, ωp and secondary torque, τs.
Exact white box modeling of the variator is very difficult as it must contain mod-
els for the slip-friction behavior at the lubricated chain-pulley contact, the chain
and pulley deflections; and in the case of hydraulic actuation, hydraulic models,
(van der Meulen et al., 2011). Due to this, many grey-box models, in which theory
with many simplifying assumptions and experimental results are used together in
the literature to describe the variator behavior. Most famous of these models are
the Ide, (Ide et al., 1994), Shafai, (Shafai et al., 1995), and the CMM, (Carbone
et al., 2005) models. Models that exclusively deal with stationary variator behav-
ior, i.e. when there is no shifting, also exist, (Bonsen, 2006; Carbone et al., 2010;
van der Meulen, 2010).

The common property of all mentioned models is that for each operating point,
a clamping force balance is described, which keeps maintaining the current ratio.
The forces that establish this balance are called equilibrium forces and are depicted
with F ∗p and F ∗s , for the primary and secondary sides respectively. Given the
normalized torque,Ψs, and, the speed ratio, rω, the ratio of clamping forces at
equilibrium, κ is defined in (2.13). This balance of forces can either be estimated
using the stationary variator models, or it can be measured to build a quasi-static
look-up map, as is done in this study, see Figure 2.11. Ideally, this map should be
measured for higher values of the normalized torque Ψ as well, as for high CVT
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Figure 2.11: The measured equilibrium clamping force ratios, κ (rs,Ψs), per ratio
rω and torque ratio τs, along with the standard deviation are represented with
error bars and dashed lines. The fit according to (2.15) is represented with solid
lines.

efficiency, over clamping should be decreased.

κ (rω,Ψs) =
F ∗p
F ∗s

(2.13)

If the ratio of the clamping forces deviate from κ (rω,Ψs), the variator shifts with
the shift rate relating to the deviation from the equilibrium forces, as well as some
other system variables. The dynamic variator model focuses on this relationship
between the clamping forces applied on the pulley sheaves and the resulting ratio
dynamics. Of the existing models, Ide (Ide et al., 1994) and Shafai (Shafai et al.,
1995) models are heavily based on experimental observations and are relatively
simple. Both models take into account a shift rate constant that only depends
on the current ratio. The CMM model brings a grey-box approach, and is more
complicated. This model also takes into account the effects of pulley deflection,
(Carbone et al., 2005).

Nevertheless, the variator behavior is extremely complex due to deflections and
friction and depends heavily on operating conditions such as temperature and no
model describes it completely, (van Berkel et al., 2011). In fact, it has been shown
in (Bonsen et al., 2003) that complex models might even result in greater modeling
errors compared to the simpler ones. Therefore, the Ide model will be used in this
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approximation using first order fits with details given in (2.16) and Table 2.1.

study, which describes the variator dynamics as given in (2.14), (Ide et al., 1994).

ṙω = ωp · σIde(rω) · (Fp − Fs · κ(rω, Fs, τs)) (2.14)

According to this model, the shift rate depends linearly on the primary pulley
speed. The reasoning for this is further investigated in Ide et al. (1996), conclud-
ing that as shifting mainly occurs when the belt exits and re-enters the pulley, due
to pulley deflections and spiral running, pulley speed effects the shift rate. The
parameter σIde(rω) is the shift rate constant, or the dynamic Ide constant, and
depends on the current ratio. This parameter has been measured experimentally
for the CS-PTO CVT, and is shown in Figure 2.12. As seen in this figure, the mea-
surements for the dynamic Ide constant have been performed at different torque
ratios, and as foreseen by the model, no dependency to torque ratio is observed.

Moreover, to use in the modeling and control design, approximating functions for
the system parameters κ and σIde are developed, similar to the ones in Section
6.8 of Vroemen (2001). These approximations are described in (2.15) and (2.16)
and the resulting fits are depicted in Figure 2.11 and Figure 2.12, for κ and σIde,
respectively . The fit for σIde is a piece-wise linear fit with the relevant parameters
supplied in Table 2.1.

κ ≈ ck ·
(
rω − 1

rω + 1

)ci
+ clΨ

cj
s + ch,

ck = 0.45, ci = 0.38, cl = 1.0, cj = 0.73, ch = 1.2

(2.15)
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rω cm cn

UD to 0.67 7.8 · 10−7 −3.7 · 10−7

0.67 to 0.88 3.5 · 10−7 −0.83 · 10−7

0.88 to 1.02 19 · 10−7 −14 · 10−7

1.02 to 1.39 5.5 · 10−7 −0.76 · 10−7

1.39 to OD 19 · 10−7 −20 · 10−7

Table 2.1: The first order polynomial coefficients for σIde approximation. Under-
Drive (UD) is the minimum and Over-Drive (OD) is the maximum transmission
ratio.

σIde ≈ cm · rω + cn (2.16)

The clamping force strategy used in the CS-PTO is explained in detail in Section
2.4.3, and Appendix A.1. In summary, depending on the shift direction, one side of
the CVT is clamped with a force Fκ, in order to facilitate torque tranmission. The
other side is clamped with a force Fσ, in order to facilitate speed control. Then
making use of the Ide model, the model for generator speed ωg can be written as
in (2.17), where the behavior for up- and down-shifting are represented separately.
For the speed control loop, ωg and ω̇g are the state variables, ωe, ω̇e, τs; Fκ are
exogenous inputs; and Fσ is the controlled input .

ω̇g =

{
ω̇eωg
ωe

+ r2
birbfω

2
eσIde (Fκ − κFσ) , ṙω < 0

ω̇eωg
ωe

+ r2
birbfω

2
eσIde (Fσ − κFκ) , ṙω > 0

(2.17)

For control design purposes, as well as for design itself, we are looking for the linear
relation from the controlled input to the output, i,.e. δFσ 7→ δωg. Therefore, (2.17)
is linearized around the equilibrium point, ω̇g = 0, for small perturbations around
several operating points p∗ ∈ P defined by p∗ =

[
ωg, ωp, ω̇p, Fσ

]
. For all operating

points p∗ in the analysis set P, ωg = 3000 rpm, and ωe and ω̇e are chosen to cover
the operating range as in (2.18).

ωe ∈ {550, 900, 1300, 1700, 2500} [rpm]

ω̇e ∈ {−600,−100,−10, 10, 100, 600} [rpm/s]
(2.18)
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Then, the desired linearized function δω̇ is described in (2.19). The steps of this
linearization are explained in detail in Appendix A.2.

δω̇g =
∂g

∂ωg

∣∣∣∣
p∗︸ ︷︷ ︸

M1

δωg +
∂g

∂ωe

∣∣∣∣
p∗︸ ︷︷ ︸

M2

δωe +
∂g

∂ω̇e

∣∣∣∣
p∗︸ ︷︷ ︸

M3

δω̇e +
∂g

∂Fσ

∣∣∣∣
p∗︸ ︷︷ ︸

M4

δFσ +
∂g

∂τs

∣∣∣∣
p∗︸ ︷︷ ︸

M5

δτs (2.19)

For frequency domain analysis, the Laplace transform of (2.19) is given as in (2.20),
where the capital characters denote the Laplace transform of the corresponding
perturbed variable, i.e. X(s) = L{δx(t)}.

Ωg =
M3 s+M2

s−M1
Ωe +

M4

s−M1
Fσ +

M5

s−M1
τs (2.20)

Finally, the linearized input output relationship is found as in (2.21), and the
disturbance input output relationship is found as in (2.22). The evaluation of the
coefficents Mi is performed in A.2.

Gv(s) =
Ωg
Fσ

=
M4

s−M1
(2.21)

Gd(s) =
Ωg
Ωe

=
M3 s+M2

s−M1
(2.22)

2.4.2 Hydraulic Model

The CS-PTO system, as described in Figure 2.9, consists of many hydraulic el-
ements like the hydraulic chambers (depicted with (iv)), hydraulic lines, orifices,
valves (depicted with (ii) and (iii)) and a pump (depicted with (vi)). The dynamics
of these elements can be described through either white box (van der Meulen et al.,
2011), or black box modeling (Oomen et al., 2010), with high accuracy. However,
the white box approach requires extensive details about the physical properties of
the system such as orifice geometry, spring stiffness, etc. As these properties are
not available, a frequency domain black box approach is followed.

Frequency domain identification and resulting models can only describe linear dy-
namics for which the principle of superposition holds. However, hydraulic elements
are nonlinear systems due to several factors: nonlinear relation between pressure
and flow through an orifice, stick-slip behavior of the valve spool, nonlinear behav-
ior of the valve solenoid. One way of adapting the frequency domain techniques is
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identifying the system for small perturbations around an operating point, where
the system dynamics are assumed to be linear. In this case, an accurate linear
description and a measure of unmodeled nonlinear dynamics can be recovered us-
ing Best Linear Approximation (BLA) techniques (Schoukens et al., 2012). Here,
Frequency Response Function (FRF) measurements are employed, in which the
input and the output of the system to be modeled is measured to describe the
dynamics. For the modeling of the valves, the input is the voltage delivered to the
valve for its actuation, which is a Pulse Width Modulated (PWM) signal, and the
output is the resulting pressure at the pulley sheave.

The effectiveness of frequency domain identification, especially for nonlinear sys-
tems depend on the design of the input excitation for the FRF measurements. A
multisine signal, as described in (2.23), has many advantages, since it provides
flexibility in choice of excitation frequencies, and allows for the classification and
quantification of the nonlinearities (Pintelon and Schoukens, 2001). Here, for all
realizations m of the multisine input u, An are the amplitudes of each individual
spectral component at f0kn, where f0 is the frequency resolution. The resulting
signal has a period of T = 1/f0 and consists of N spectral lines. As the in-
put is the PWM voltage signal to the valves, the amplitude, An, of the signal u

must be between [0, 1]. The distinct phases φ
[m]
n of each different realization is

chosen randomly from [−π, π). This provides M orthogonal input signals, where
m ∈ {1, 2, . . . ,M}. Only odd spectral components are used in the multisine as
this enables characterization of nonlinear distortions, (Vanhoenacker et al., 2001;
Rijlaarsdam et al., 2010). The resulting time domain signals shares many qualities
with a white noise signal, also widely used in frequency domain identification.

u[m] (t) =

N∑
n=1

An sin
(

2πf0knt+ φ[m]
n

)
(2.23)

All identification experiments in this study are performed at 1000 Hz sampling
rate. Eight realizations (M = 8), and 22 consecutive periods of input signal are
used for FRF measurements. The first two periods of measurements are discarded
in order to get rid of the transients, which distort the BLA.

For the design of input signals, an initial investigation is performed to estimate
a valid magnitude of perturbation, where linear dynamics are still dominant, by
applying single sine inputs at different amplitudes and frequencies. The resulting
time domain input signal is shown in Figure 2.13, for which An = 8.3 · 10−4 [-],
and f0 = 1 Hz. Moreover, the total range of the valves are linearized around six
operating points, where the total input ut to the system equals the equilibrium
input u0 plus the perturbation input u, as described in (2.24). The values of the
equilibrium input around the chosen points are u0 = {0.22, 0.3, 0.4, 0.5, 0.6, 0.7}.
Outside these values, the valves saturate and hence no model is required.
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Figure 2.13: The time domain input signal ut, shown for one operating point,
where u0 = 0.3.

u
[m]
t = u0 + u[m] (2.24)

The BLA for M realizations and its uncertainty are then calculated as in (2.25)
and (2.26), respectively. The results are shown in Figure 2.14 for all six operating
points.

GBLA(k) =
1

M

M∑
m=1

Y [m](k)

U [m](k)
(2.25)

var(GBLA(k)) =
1

M(M − 1)

M∑
m=1

∣∣∣∣Y [m](k)

U [m](k)
−GBLA(k)

∣∣∣∣ (2.26)

2.4.3 Control System Design

The goals of the CVT control system are two fold:

i) to avoid gross chain slip by maintaining a minimum pressure on the variator;

ii) to maintain a constant speed at the output, counteracting the variable input
speed from the ICE, by shifting the CVT.

Commonly, these goals are decoupled by controlling the actuator on the secondary
pulley to track a pressure setpoint, ensuring torque transmission and safety; and
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controlling the actuator on the primary pulley to achieve ratio tracking (Ide et al.,
1994; van der Laan and Luh, 1999). An advantage of this setting is that a sin-
gle pressure sensor, placed on the secondary side, is enough for control, which
is attractive for production cost reduction. However, such a control design has
substantial disadvantages. First, in order to avoid excessive slip, especially on
the primary pulley at ratios close to UD, during load shocks from the secondary
side, high safety factors need to be applied on the clamping forces. This results in
poor variator efficiency, high power consumption of the actuation system, and in
limited performance in ratio tracking. Second, hydraulic circuits on primary and
secondary sides are always coupled through the chain and pressure on the primary
side is not tracked, hence the assumption of decoupled systems is not valid, which
causes pressure spikes.

In the CS-PTO system, pressures on both the primary and the secondary sides
are measured. Moreover, due to the cascaded control structure, both pressures are
feedback controlled. Depending on direction of the shift, one side of the variator
is controlled to achieve the desired clamping force with sufficient safety. This
force, labeled Fκ,d, is calculated with an absolute safety strategy, and is described
in (2.27), where the parameters have values τmax = 120 Nm, µ = 0.09 [-], and
cs = 0.3 [-].

Fκ,d =
cos(β) (τs + csτmax)

2µRs
(2.27)

The control loop for tracking Fκ,d, depicted in Figure 2.15, is simply the hydraulic
actuation control, and consists of a feedforward controller Ch,ff , and a feedback
controller Ch. The feedforward controller, Ch,ff , is a quasi-static map, consisting
of the equilibrium response of the valves. The feedback controller, Ch, controls the
linearized hydraulic model, depicted by the box labeled Gh, around an operating
point, as described in Section 2.4.2. Therefore, the move between operating points
are facilitated by the feedforward controller, while setpoint tracking around an
operating point is achieved by the feedback controller. The resulting Closed Loop
(CL) Transfer Function (TFs), Th(s), is defined in (2.28), where for the clamping
force control loop, Fi = Fκ.

Th(s) =
δFi
δFi,d

=
GhCh

1 +GhCh
(2.28)

The other side of the variator is controlled to achieve the desired generator speed
ωg,d, or indirectly the desired speed ratio. The desired force on this second side is
labeled Fσ,d, and described in (2.29), is the result of the feedback and feedforward
speed controllers, depicted in Figure 2.16. Here, the first term, Fff , is the feed-
forward component, based on the inverse Ide model, and the last term, Ffb, is the
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Ch− Gh

Ch,ff

δFκ,d

τg

δFκ

u

δu

Fκ,d
Gh

Fκ

Fκ

Th

Eq.

(2.5)

Figure 2.15: The control loop for controlling the clamping force, Fκ.

Cv

[ωe, τg]

Gv
δωg

Gd

Th

δωe

ωg,d

−

Ch,ff

δFσ,d δFσ

Gh GvCv,ff

ωgδωg,d

ωgFσFσ,d

Figure 2.16: The cascaded control loop for controlling the generator speed.

output of the speed loop feedback controller.

Fσ = Fff + Ffb (2.29)

The feedforward component in (2.29) is defined as in (2.30). The inverse Ide model
based force F∆,d is in turn defined as in (2.31). Finally, the complete shifting
strategy is defined as in (2.32). More detail about the shifting strategy can be
found in Appendix A.1.

Fff,d = Fκ,d + F∆,d (2.30)

F∆,d = Fs · (κ− 1) +
ṙω,d
ωpσIde

(2.31)

ṙω,d > 0 : ṙω,d < 0 :

Fs,d = Fκ,d Fp,d = Fκ,d (2.32)

Fp,d = Fσ,d = Fκ,d + f∆,d︸ ︷︷ ︸
Fff,d

+Ffb Fs,d = Fσ,d = Fκ,d + F∆,d︸ ︷︷ ︸
Fff,d

+Ffb

The resulting control loop for ωg, depicted in Figure 2.16, has a cascaded structure,
where the inner loop is same as before but this time tracking the shift force Fσ,d,
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(b) RWDC speed time plot.

Figure 2.17: Speed-time plots of two exemplary engine drive cycles.

and the outer loop consists of a feedforward controller Cv,ff , which is the inverse
Ide model for the variator, and a feedback controller Cv. The cascaded structure
has several advantages (Skogestad and Postlethwaite, 2005). First, disturbances,
nonlinearities and model uncertainties within the inner loop are corrected before
they influence the outer loop. Secondly, phase lag caused by the actuators in the
inner loops can be compensated for, resulting in faster overall system response.

To design the feedback controllers Ch and Cv, an analysis of the exogenous inputs
ωe and τg is also required. The expected main engine speeds, which is a distur-
bance signal acting on the speed loop, are given in Figure 2.17 and Figure 2.18.
Here, as exemplary drive cycles, the World Harmonized Transient Cycle (WHTC)
(European Commission, 2011), and a Real World Drive Cycle (RWDC) privately
measured with a medium duty delivery vehicle driven around Eindhoven, The
Netherlands, are considered. These figures show that 90% of the power of the
disturbance signal is contained until around 0.7 Hz.
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Figure 2.18: Frequency content of the speed signal of two exemplary engine drive
cycles.

Although real measurements for the other disturbance signal, the generator torque,
are not available, it is expected to have a somewhat higher frequency content.
Moreover, as the pressure loop also constitutes the inner loop of the cascaded
speed control, it needs to have a higher bandwidth than that of the outer loop.

Keeping in mind the required maximum generator speed error margin of 5%, the
design requirements for the feedback controllers Ch(s) and Cv(s) are given in (2.33)
and (2.34), respectively, where the Closed Loop (CL) Transfer Functions (TFs)
Th(s) and Tv(s), and the sensitivity TFs Sh(s), Sv(s), and Sd(s) are defined in
(2.35)-(2.37). Here, it is considered that there needs to be about 15% suppression
on engine speed disturbances, which translates into the -16 dB in (2.34).

Ch(s) : |Sh(jω)| < −30 dB, ∀ω < 10 Hz (2.33)

Cv(s) : |Sv(jω)| < −26 dB, ∀ω < 0.1 Hz

|Sd(jω)| < −16 dB, ∀ω < 0.1 Hz
(2.34)

Sh(s) =
1

1 +GhCh
(2.35)

Sv(s) =
1

1 +GvThCv
(2.36)
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Sd(s) = Gd · Sv =
Gd

1 +GvThCv
(2.37)

Then the feedback controllers are designed as proportional controllers given in
(2.38), and the resulting sensitivity and disturbance sensitivity TFs are plotted
for the relevant frequency range in Figure 2.20 and Figure 2.19, along with the
design requirements given by (2.33) and (2.34).

Ch = 0.01 , Cv = 80 (2.38)

As seen in Figure 2.19 and Figure 2.20, we can conclude that down-shifting dy-
namics obey the design criteria better than up-shifting dynamics. Moreover, the
system is most sensitive to disturbances at around an engine speed of 1700 rpm.
The controllers satisfy the design criteria for most operating points. However, there
are some, where the criteria are not satisfied. This results in the output speed of
the CS-PTO to exceed the 5% error margin, but very briefly, as further explained
in Section 2.5.1. Nevertheless, this is limited to one or two tenths of a second, and
hence the end performance is accepted within the requirement specifications.

2.5 System Validation, Implementation and Results

In this section, the system validation and results of implementation of the CS-PTO
are presented. System validation is performed on two different test beds. The first
is the electric machine test rig, which employs torque sensors for accurate efficiency
measurement, and where the CS-PTO is driven by electric motors for detailed shift
performance testing.The second is a Diesel engine test rig in a thermally isolated
chamber. Using both of these setups, the shifting performance, the mechanical ef-
ficiency, the required actuation power, fuel consumption and temperature response
of the CS-PTO system are evaluated under realistic conditions. The results are
explained in the following subsections.

2.5.1 Efficiency and Shift Performance

The electric machine test rig, as seen in Figure 2.21, consists of two Electric Ma-
chines (EMs) that can mimic both the real-life input and the output profiles of the
CS-PTO system. Torque and speed sensors are present on both of the input and
the output shafts for accurate efficiency measurements. On this rig, the input EM
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Figure 2.19: Sv (top) and Tv (bottom), for 30 operating points consisting of
all combinations of the values ωe = {550, 900, 1300, 1700, 2500} rpm, and ω̇e =
{−600,−100,−10, 10, 100, 600} rpm/s, color grouped per ωe, and ω̇e for 2.19a,
and 2.19b, respectively.
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Figure 2.20: Sv (top) and Tv (bottom), for 30 operating points consisting of
all combinations of the values ωe = {550, 900, 1300, 1700, 2500} rpm, and ω̇e =
{−600,−100,−10, 10, 100, 600} rpm/s, color grouped per ωe, and ω̇e for 2.20a,
and 2.20b, respectively.
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Figure 2.21: The electric machine test rig. The image illustrates : (1) input EM;
(2) output EM; (3) initial belt drive; (4) final belt drive; (5) torque sensors; (6)
torque fuses; (7) the CVT.

is speed controlled, in order to simulate the truck engine; and the output EM is
torque controlled, in order to simulate the generator load. Moreover, eventually,
a generator and an electrically driven trailer refrigeration unit was connected to
the output instead of the output EM to test for realistic load profiles, where the
load is switched on and off during drive cycles. With the input following the de-
manding part of the PMDC several times, as seen in Figure 2.22, the maximum
percentage error on output speed is 5.5%. However, this error occurs for a very
short duration, less than 0.2 s, only at aggressive engine acceleration. Therefore,
it is concluded that the design satisfies the initial requirements on error margin.
The accuracy of the ratio shifting can be clearly seen in Figure 2.23, which is the
close up of the first 100 s of the same experiment.

The efficiency of the total CVT is defined in (2.39) as output power of the variator
minus the actuation power Pact consumed by the hydraulic pump, driven by the
CVT, divided by the input power. As the torque measurement on the secondary
shaft is after the pump power take-off point, this is the efficiency measured by
the aid of the torque sensors; and is different from variator efficiency, which is
defined in (2.12). The mechanical pump power consumption can be estimated as
in (2.40), where ppump is measured, Qpump is constant at 7 L/min for ωe = 3000
rpm and ηpump is assumed to be constant at 0.98. Then the calculated variator
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Figure 2.22: Test rig validation results of the CS-PTO system during the RWDC.
Generator load torque, Tg, is 32 Nm and output power is 10 kW. Top: Measured
input EM speed. Middle: Input EM acceleration. Bottom: Percentage error in
output speed.
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Figure 2.23: The desired versus actual speed ratio for the test rig validation ex-
periment.

efficiency ηv is shown in Figure 2.24a and the difference ηv − ηt is depicted in
Figure 2.24b. These figures show that for output powers around 10 kW, the total
CVT efficiency is around 80%. Consequently, at higher load capacity, and with the
generator data-sheet efficiency found as 87%, the overall efficiency of the CS-PTO
system is expected to be more than 75%, when the system is operated over the
half load capacity.

ηt =
τsωs − Pact

τpωp
= ηv −

Pact
τpωp

(2.39)

Pact = ppump ∗Qpump/ηpump (2.40)

2.5.2 Fuel Efficiency and Temperature Response

For the second step of system validation, a test rig with Diesel truck engine
(DAF/PACCAR PR 9.2L) as the input, and an electrical resistor as the out-
put of the CS-PTO is employed in a thermally isolated test room, as shown in
Figure 2.25. Here, the functionality of the CS-PTO with an actual Diesel engine
is proven. Moreover, the fuel consumption, and the CS-PTO oil temperature in a
heated environment were tested.

The tests on this rig have been performed at several operating points, defined by a
combination of the parameters engine speed, engine brake load (applied by a brake,
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Figure 2.24: Variator efficiency and efficiency loss due to the actuation system,
measured for several generator power levels at an output speed of ωg = 3000 rpm.
Colors blue, green, red, yellow, magenta, black, cyan represent generator input
power, Pg, of 3, 5, 6, 7, 8, 9, 11 kW, respectively.
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(b) The Diesel engine test rig. Labels identify: (1) Diesel engine
(DAF/PACCAR PR 9.2L); (2) initial belt drive; (3) final belt
drive; (4) the CS-PTO CVT inside its housing.

Figure 2.25: The Diesel engine test rig.
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simulating driveline load), electrical load and ambient temperature. In order to
estimate the fuel consumption, the Brake Specific Fuel Consumption (BSFC) map
of the engine is used, which is measured a priori, along with engine torque and
speed measurements. Moreover, the generator efficiency over the entire operating
range is found as ηg = 87%. Then given the electrical load, Pl, the power output
of the CS-PTO system equals to the input to the generator, Pg, and is calculated
as in (2.41). Given the definition in (2.39), the power input to the CS-PTO,
Pt, is simply Pg/ηt. Finally the power losses associated with the transmission
elements that remain out of the CS-PTO, depicted with Ptl, are measured for
each operating point. Then, the power output of the Diesel engine, Pe, can be
written in terms of the engine brake load, Pb, and Pg as given in (2.42). The
engine brake load, Pb, which simulates the road load applied by the engine brake,
as depicted in Figure 2.25a, is calculated using the brake torque and engine speed
measurements. Hence the total CS-PTO efficiency can be estimated as in (2.43).

Pg = Pl/ηg (2.41)

Pe = Pb + Pg/ηt + Ptl (2.42)

η̂t =
Pl/ηg

Pe − Pb − Ptl
(2.43)

Finally using the BSFC map, the fuel consumption measurement, and engine
speed, total engine output power Pe , is estimated. As the efficiency of the ICE
depends on the operating point, fuel consumption of the refrigeration system also
depends on the ICE operating point. These results are presented in Table 2.2, and
they include the power losses of the generator. The estimated complete CS-PTO
system efficiency provided in the last line is higher than the results of the previ-
ous section. This could be as a result of the estimation errors in using the BSFC
map, or the measurements of the power losses of transmission elements Ptl. Un-
fortunately, comparison of the fuel consumption results to existing gensets prove
difficult due to absence of reliable fuel consumption data. Nevertheless, some val-
ues are provided in A.3, which prove to constitute a very large range. Some of
these values from industry spec sheets provide part load fuel consumption equal
to full load, which raises doubts. In comparison to specifications that clearly make
a distinction in part and full load cases, the CS-PTO system appears to be more
than 100% more fuel efficient.

The temperature response tests were performed at 16 kW of electrical load, at 600
rpm of engine speed, and an ambient temperature of 80◦C. This operating point
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Pb [kW] 100 160
PL [kW] 8 16 8 16
ft [L/h] 2.73 5.20 2.93 5.25
ft [L/kWh] 0.34 0.32 0.36 0.32
η̂t · η̂g [%] 80 84 73 81

Table 2.2: Fuel consumtion results of engine testing at an engine speed of 1300
rpm.

is chosen to maximize the power loses, and therefore the required heat dissipation,
over the CS-PTO, and to mimic the worst-case ambient temperature that exists
within the truck engine bay. As a result, the transmission oil temperature has been
found to stabilize at 95◦C. This temperature is acceptable without unacceptably
decreasing the service life of the transmission oil.

2.6 Conclusions and Outlook

Through this research, a CS-PTO system that can power an on board generator
through the main engine of a transportation truck has been realized. Modeling and
control system design have been completed. Black-box modeling of the hydraulics
is achieved using BLA techniques and SISO controllers are developed for tracking
the desired clamping forces. The variator is modeled using Ide’s model, where
relevant parameters have been determined through experiments. The actuation
and control system have been implemented such that the actuation power losses
are minimized.

The resulting system has good robustness and performance. It is able to keep the
output speed constant within an error margin of 5%, except for very short du-
rations during aggressive engine accelerations. Figure 2.23 shows that even with
large and fast variations of desired ratio setpoint, such as around time points 30 s
and 53 s, ratio tracking is accurate. In comparison it is usual for driveline ap-
plications to have much larger errors. This is in part due to the difference in
application, which results in different inertias, and hence different load profiles
with different frequency content on the input and output side of the CVT. Un-
fortunately, the comparison is problematic since most literature reports only step
responses, where it is difficult to judge the dynamic accuracy (Kim et al., 2000;
Liu and Stefanopoulou, 2002; Kim and Kim, 2002). Even when the dynamic re-
sponse is given, such as in Vroemen (2001, Section 7.9), it is difficult to judge
how the reference signals compare to each other in terms of how demanding they
are. However in conclusion, the ratio response of the CS-PTO system seems to
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outperform existing systems.

The transmission efficiency of the variator has been measured on an electric ma-
chine test rig to be between 85 - 93%, for an output power of 10 kW, depending
on the ratio. Furthermore, total efficiency of the CS-PTO system (including the
generator), powered with a Diesel engine is estimated to be around 80%, including
actuation power losses. Although this efficiency is already quite good, it is ex-
pected to improve for the final product due to several reasons. Most importantly,
the prototype hydraulics have long rubber hoses, which increases hydraulic com-
pliance and pressure oscillations, hence safety factors were kept high, decreasing
both variator and overall efficiency.

Further research should involve MIMO tools in modeling and control design at true
operating points of the completely engaged CS-PTO. Now that a good performing
control system is in place this step can be performed. The MIMO model of the
complete CS-PTO, identified in the true operating conditions, should ensure that
the nonlinear dynamics are excited in a way that is relevant to the real application.
This in turn should result in the identified BLA, which is a better description of
the real system dynamics.
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Chapter 3

In Vehicle Identification of the
Pushbelt CVT for Slip

Estimation 1

MULTISINE frequency response function measurements are valuable
in developing both parametric and non-parametric models and some

results can be extended to nonlinear systems actuated by nonlinear actua-
tors. Hydraulically actuated Continuously Variable Transmission (CVT)
is one such system, for which the current modeling efforts have fallen short
for dynamical analysis and control design purposes. More accurate CVT
models are especially needed for the detection, analysis and control of slip
in the variator, in order to maximize the CVT efficiency. In this study,
frequency domain identification techniques are used to develop a model
from clamping force inputs to speed ratio and efficiency outputs of the
CVT, in an effort to identify slip in the variator. The measurements are
done in the vehicle, in order to reproduce real operating conditions better.
The differences in system response between macro- and micro-slip regions
are analyzed. A phase error measure is introduced such that macro- and
micro-slip regions can be identified. This measure is suggested for use in
future slip control work.

1This chapter is based on Aladağlı et al. (2014a).
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3.1 Challenges of Slip Control for CVT

3.1.1 The Continuously Variable Transmission

The pulley type Continuously Variable Transmission (CVT), is a strong contender
in the automated gearbox market, and is of increasing market relevance (van der
Sluis et al., 2013). The CVT consists of two core components: the variator, and
the actuation system. The variator is composed of two conical pulley sets con-
nected with a belt, Figure 3.1a. One pulley sheave on each set can move axially,
thereby changing the radius at which the belt sits. Hence, the CVT is a stepless
power transmission device providing infinitely many ratios between its low and
high extremes. The pushbelt, Figure 3.1b, is a type of CVT belt most commonly
used for passenger vehicle CVTs, and is responsible for the torque transmission
between the primary and the secondary sides of the variator. It consists of seg-
ments positioned on stacked metal belts, and transmits the torque mostly through
the compression of the segments, rather than the tension on the stacked belts,
depending on the operating point.

(a) The variator. (b) The pushbelt.

Figure 3.1: A picture of the variator with pushbelt (Bosch, 2014b).

The actuation system is responsible of providing the required clamping forces,
which act on the movable pulley sheaves, for torque transmission and shifting.
Most CVTs currently on the market are actuated by electro-hydraulic systems, and
employ measurements of primary and secondary pulley speeds and the secondary
clamping pressure, through dedicated sensors.

There are two main advantages of the CVT driveline in a vehicle. First, the CVT
enhances drive comfort, as torque shocks and related vibrations are not present
while shifting due to the uninterrupted torque transmission. Second, the CVT
enables the Internal Combustion Engine (ICE) to run on its Optimal Operation
Line (OOL), through the continuous range of ratios it provides. The OOL is
defined as the collection of operating points, where the ICE runs at best possible
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fuel efficiency for a given power (Bonsen et al., 2005b). This can ultimately reduce
the average fuel consumption and exhaust emissions (Pfiffner and Guzzella, 2001).
However, even though the CVT driveline fuel economy is already on par with or
even better than alternative automatic transmission systems for two-pedal vehicles,
the stand alone efficiency of the CVT system is typically up to 5 to 10% lower
than the competition (Kluger and Long, 1999; van der Sluis et al., 2007; Doi,
2010). Therefore, reducing the power losses within the CVT is one of the main
challenges.

The main power losses of the CVT can be grouped into variator (transmission)
losses and actuation (hydraulic) losses (Micklem et al., 1996; Ide, 2000). The
variator losses can further be classified as slip losses (Akehurst et al., 2004b), and
torque losses (Akehurst et al., 2004a,c). Both slip losses and torque losses occur
in three main zones within the variator: (i) primary pulley-segment interaction,
(ii) segment-belt interaction, and (iii) segment-secondary pulley interaction. The
preventable losses associated with the CVTs are mostly due to torque losses and
actuation losses, and emanate from excessive clamping forces, which are introduced
in order to prevent gross slip between the belt and the pulleys (van der Sluis et al.,
2013).

3.1.2 Methods of Slip Estimation

In general, slip can be defined as the loss of speed from primary to secondary
pulley. The relationship between slip, available traction and variator efficiency is
well established (Kobayashi et al., 1998; Bonsen et al., 2003), and is qualitatively
depicted in Figure 3.2. As seen in this figure, the available traction and the
variator efficiency both increase upto a certain slip value, however, decrease if
this value is exceeded. The region before the maximum traction is reached, is
called the micro-slip region, and is regarded “stable” as any increase in slip would
increase traction and in turn decrease slip. With similar reasoning, the region
beyond the maximum traction is called macro-slip, or gross slip, and is deemed
“unstable” (Rothenbühler, 2009). Although, a small amount of slip always exists,
elongated periods of gross slip damage the variator irreversibly. In order to avoid
this, clamping forces are increased beyond the required amount.

In order to avoid the excessive clamping forces, and the resulting power loss, it was
postulated that the aforementioned relationship between slip and efficiency can be
used for lowering clamping forces and optimizing the CVT efficiency through con-
trolling (an estimate of) slip (Faust et al., 2002; Bonsen et al., 2003; Hoshiya et al.,
2003; van der Laan et al., 2004). This solution became even more feasible with the
discovery that short periods of gross slip can be tolerated without damaging the
variator, especially, when the clamping forces are lowered (van Drogen and van der
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Figure 3.2: Qualitative representation of variator efficiency and effective tractive
force with respect to slip.

Laan, 2004). Moreover, slip control, where in a certain slip reference is tracked, has
been developed and implemented as a means of increasing CVT efficiency (Bonsen
et al., 2005a; van der Sluis et al., 2006; Simons et al., 2008; van der Meulen et al.,
2009). However, this method has not been adapted in the industry yet, because it
still lacks robustness. The main reason for this is that accurate and reliable slip
estimation still remains an issue for reasons explained in the following subsection.

The main challenge in controlling slip such that a slip reference is tracked is deter-
mining the slip. Slip can be determined either through measurements or through
models, which take other variables of the system as input and produce an estimate
of slip. Nevertheless, an accurate method of determining slip is still missing, due
to the challenges that are explained in what follows.

The first challenge of determining slip is the absence of a physical model of the slip
dynamics. Even though the relationship between slip and efficiency is qualitatively
known, it is very difficult to estimate the maximum variator efficiency as a function
of slip for a given operating point due to several reasons. First, the torque being
transmitted is not known accurately as no torque sensors are installed, due to the
cost issues and difficulty of packaging. Moreover, torque estimates obtained by the
engine control unit, might become very inaccurate due to sudden torque shocks
coming from the engine and the wheels (Franco et al., 2008). In any case, even if
the torque and the operating point is known, still an accurate model of the friction-
slip dynamics is required. Such a model does not exist as the belt-pulley friction
dynamics are very complicated: they depend on the dynamic system variables as
the pulley speed, torque, and transmission ratio, and also operating conditions
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such as temperature, wear of the contact surfaces, etc. (van Berkel et al., 2011).

Slip with additional sensors

The second challenge is that measuring slip is currently infeasible. Slip can only
be measured if the linear velocity of the belt is measured as is done in van Eersel
(2006). However, this is not a practical method for the vehicle due to cost and
packaging reasons. Another solution is estimating slip using additional sensors to
measure belt radius and estimate slip using these values, as in Bonsen et al. (2003)
and Simons et al. (2008). However, the accuracy of this solution is doubtful as
the belt follows a spiral running path due to pulley deflections and the belt radius
is not uniform along the circumference. Finally, in van der Laan et al. (2004),
measuring axial pulley positions is suggested to estimate the belt radius and slip.
However, this solution is also inaccurate due to pulley deflections. Moreover,
any solutions that require additional sensors are in principle not desired by the
automotive industry due to cost and packaging.

Slip measure without additional sensors

In other research, it is suggested that a measure (estimate) of slip can be found us-
ing measurements from existing sensors of the values of pulley speed and clamping
pressures (Faust et al., 2002; Hoshiya et al., 2003; van der Noll et al., 2009). This
slip measure is built such that it provides a clear distinction between the micro-
and the macro-slip regions.

In Faust et al. (2002), the primary clamping force, Fp, is augmented by a sinusoidal
disturbance of magnitude Fp,a at constant frequency, fa, as described in (3.1). By
the lock-in process explained in Appendix B.1, the magnitude of the resulting
oscillation in the speed difference signal, as described by (3.2), has been mapped
into a slip number. Then macro- and micro- slip regions per operating point have
been determined with respect to this number. The modulation is performed at
a frequency that would not hinder comfort and system dynamics, which results
in a range from 20 to 70 Hz. The choice of the exact frequency then depends on
the higher resonant frequencies, like the torsion damper resonance, of the specific
vehicle. The choice of the primary clamping force over the secondary is due to
the architecture of the actuation system of the specific CVT used in this paper.
Nevertheless, using the secondary clamping force would result in a different phase
relationship, as will be explained later on.

F̃p(t) = Fp + Fp,a sin(2πfat), (3.1)
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∆ω = ωp − ωs = (1− rω) ωp (3.2)

Then, it has been observed that a 90◦ phase difference is present in between the
augmented clamping force and the speed differential when the variator is in micro-
slip region. It should be noted that that the speed differential is simply one
minus the speed ratio. Hence the same phase response also exists in between the
speed ratio and the primary clamping force. Even thought this observation is
not employed in Faust et al. (2002), it is the basis of the slip detection method
suggested in this paper, as will be explained later on.

In Hoshiya et al. (2003), a correlation function of measured speed ratios over
several samples is suggested. The hypothesis is that in micro-slip, these samples
are highly correlated; whereas in macro-slip they are not. Again by creating a slip
measure based on the correlation, micro- and macro-slip regions can be detected.

In van der Noll et al. (2009), a very similar procedure to Faust et al. (2002) is
followed. However, this time the perturbation frequency is chosen as 3 Hz, consid-
ering the capabilities of hydraulic actuators. Moreover, instead of modulation, the
phase characteristic of speed ratio is employed. Nevertheless, successful vehicle
implementation of any of these slip estimation methods have not been reported to
date, to the best of authors’ knowledge.

3.1.3 Research Question and Main Contributions

Given the aforementioned need for increasing CVT efficiency by decreasing clamp-
ing forces by controlling variator slip, and the absence of an accurate and robust
method for measuring or estimating the slip, this study develops a new phase
relationship based method. This novel method is based on the observation that
the most widely used time domain variator models, estimate that a 90◦ phase
difference is expected in between the primary clamping force and the speed ratio
response, as further explained in Section 3.2. Here, we suggest that the in-vehicle
frequency domain identification of the variator dynamics will yield a phase of 90◦

as estimated by the time domain models while the CVT operates in micro-slip
region, whereas in macro-slip, the phase response will be different. Frequency
domain identification techniques have been previously performed on the variator
only on test beds, and not in a vehicle (Elfring, 2009). However, in modeling of
nonlinear systems, it is important that the dynamics of the system are excited
representative of the actual use case. Hence, testing of the CVT in the vehicle
as opposed to test beds is expected to yield more realistic results. Finally, the
research question for this study can be summarized as follows in two tiers:

• identification and linearized modeling of nonlinear CVT dynamics, realisti-
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cally excited on the vehicle, for analysis and control design purposes; and

• investigation of slip detection on the vehicle without the use of any additional
sensors, through analyzing the phase behavior of the speed ratio.

First goal of this research is to develop a dynamical model of the variator of a
hydraulically actuated metal pushbelt CVT. This model shall be developed using
black-box methods, as first principles modeling is very complicated for the CVT.
Moreover, the modeling will be performed with the CVT in a vehicle, which runs
on a chassis dynamometer, such that the dynamics are excited as they would be
in the real application.

The second goal of this research is to analyze the phase behavior between the
relevant signals in order to investigate the slip state of the variator. The phase
behavior is expected to be characteristic of the slip state, which is explained in
more detail in the next section.

3.1.4 Outline

The rest of this chapter is structured as follows. In 3.2, the basics of the CVT
system, existing CVT models, and the resulting phase difference hypothesis are
explained. Next, the simulation results relating to the hypothesis, the choice
of frequency domain identification tool, and the experimental setup are given in
3.3. Section 3.4 is devoted to experimental results, both in micro- and macro-slip
regions. Finally, in 3.5 conclusions and directions for future research are outlined.

3.2 CVT Principles

3.2.1 Definitions

The variator is schematically depicted in Figure 3.3, where Ri is the radius at
which the belt sits on the pulley, fi is the clamping force delivered by the actuation
system, and τi is the shaft torque, xi is the axial position, and finally, β is the half
pulley sheave angle, with i ∈ {p, s} denoting the primary and the secondary side,
respectively.

The pulley sets are separated by an axial distance a, and the belt of length L is
wrapped around the primary and the secondary pulleys with angles, ϕp and ϕs,
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Figure 3.3: Geometric description of the variator.

respectively. Then the following geometric relations can be established.

L = 2a cosϕ+ ϕpRp + ϕsRs (3.3)

Rp −Rs = a sinϕ, ϕp = π + 2ϕ, ϕs = π − 2ϕ (3.4)

The speed ratio rω, and the geometrical ratio rR are defined in (3.5). These ratios
differ from each other due to belt slip, and the relative slip ν can be defined as in
(3.6).

rω =
ωs
ωp

, rR =
Rp
Rs

(3.5)

ν =
ωpRp − ωsRs

ωpRp
= 1− rω

rR
(3.6)

The CVT changes ratio as a result of axial pulley displacement, xi, which can be
described as in (3.7).

xi = 2 tanβ (Ri −Ri,min) (3.7)

Finally, the efficiency of the variator η is defined in (3.8).

ηv =
τs ωs
τp ωp

= rω
τs
τp
≤ 1 (3.8)

The clamping forces are supplied by the hydraulic actuation system and a spring on
the secondary side. The resulting clamping forces are also affected by centrifugal
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pressure build up resulting from pulley rotational speed as given in (3.9) and (3.10),
where cf,i is the centrifugal coefficient.

Fp = Ap pp + cf,p ω
2
p (3.9)

Fs = As ps + cf,s ω
2
s + Fk (3.10)

The spring force fk can be modeled using the linear spring assumption with stiff-
ness k, resulting in (3.11).

Fk = Fk,0 + k xs (3.11)

In equilibrium, assuming all friction phenomena in the variator can be modeled
by Coulomb friction, the minimum clamping force required to transmit a torque
of Ti on the side i can be defined as in (3.12).

Fmin,i =
|τi| cosβ

2µRi
, (3.12)

where µ is the traction coefficient for the belt-pulley contact. For the remainder of
this paper, variator transmission efficiency will be considered 100% for modeling
purposes and hence in equilibrium conditions Fmin,p = Fmin,s = Fmin. Accord-
ingly, the safety factor can be defined as in (3.13) for equilibrium conditions with
primary and secondary equilibrium forces F ∗p and F ∗s , respectively. Depending on
which pulley is critical, the safety factor is referred to by the appropriate subscript.

sf,i :=
min

(
F ∗p , F

∗
s

)
Fmin

≥ 1 (3.13)

A similar definition, given in (3.14), can be used to quantify a normalized torque,
Ψi, which takes values in [−1, 1], and therefore is more suited for implementation
in digital environment (Vroemen, 2001). The negative values of Ψi correspond to
negative torques τi.

Ψi =
cosβ τi
2µRiFi

(3.14)

3.2.2 Dynamic variator models

The dynamic variator model establishes the relationship between the speed ra-
tio, rω, as the system output, and the manipulated (controlled) system inputs,
which are the primary and secondary clamping forces, Fp and Fs, and the exoge-
nous inputs, which are the primary speed, ωp and secondary torque, τs. White
box modeling of the variator is very difficult as it must contain models for the
slip-friction behavior at the lubricated belt-pulley contact, the belt and pulley de-
flections, and in the case of hydraulic actuation, hydraulic models. Due to this,
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many grey-box models, in which theory with many simplifying assumptions and
experimental results are used together in the literature to describe the variator be-
havior. Most famous of these models are the Ide (Ide et al., 1994), Shafai (Shafai
et al., 1995), and the CMM (Carbone et al., 2005) models. Models that exclu-
sively deal with stationary variator behavior, i.e. when there is no shifting, also
exist, (Bonsen, 2006; Carbone et al., 2010; van der Meulen, 2010). The common
property of all dynamic models is that for each operating point, a clamping force
balance is described, which keeps maintaining the current ratio. If this balance is
disrupted, the variator shifts with shift speed relating to the deviation from the
balancing forces, which will be referred to as the shifting force.

The ratio of clamping forces at equilibrium, κ, is defined in (3.15). This balance
of forces can either be estimated using the stationary variator models or it can be
measured via experiments.

κ(rω,Ψs) :=
F ∗p
F ∗s

(3.15)

The Ide model, developed on a pushbelt CVT (Subaru ECVT) controlled with a
“master-slave” principle, is described by (3.16) (Ide et al., 1994). In this setup,
the secondary side is considered the slave and the pressure is controlled with a
reducing valve, whereas the primary side is controlled as the master, and the flow
in and out is controlled by a directional flow control valve. In the Ide model, the
shift speed, ṙω, is estimated as a linear function of the primary pulley speed, ωp
a parameter, σIde, called the dynamic Ide constant, and the shifting force. The
shifting force, in this case, is simply the deviation from the equilibrium clamping
force, i.e. F ∗p − Fp. The dynamic Ide constant σIde, is found to depend on the
speed ratio, rω.

ṙω = ωp σIde(rω) Fs

(
Fp
Fs
− κ(rω,Ψs)

)
(3.16)

Hence, given a certain secondary clamping force Fs, in order to avoid gross slip of
the belt, the speed ratio rω can be manipulated by using the primary clamping
force Fp. If Fp is decreased such that

Fp
Fs

< κ, then the variator will shift down as

ṙω < 0. Similarly if Fp is increased such that
Fp
Fs

> κ, then the variator will shift
up.

The dependence on the primary pulley speed is further explained in Ide et al.
(1996), based on pulley deflections. Here, it is postulated that shifting happens in
two different modes, called slip mode and creep mode, similar to macro- and micro-
slip respectively. According to this, in creep mode, the belt travels radially by an
amount ∆R per revolution of the pulley. The amount of ∆R is found to depend
on the shift forces and further more independent of the pulley speed. Then it is
explained that this might imply the creep mode shifting mechanism to be caused
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by the deflection of the pulley sheaves and/or the belt.

In Shafai et al. (1995), Shafai postulates that the shifting force is used to overcome
the inertia and the friction in the movable pulley sheave. Moreover, it is assumed
that the inertia of the pulley sheave is much smaller in comparison to the friction
force. With this assumption, the axial speed of the primary pulley sheave, ẋp, is
described as in (3.17), where bs is a representative friction coefficient. This model
is validated on an experimental setup with a chain CVT that includes two torque
sensors on the fixed pulley sheaves. The hydro-mechanical torque sensors used
in this CVT provide a feedback mechanism, which maintains the critical pressure
required to avoid slip. The disadvantage of such a mechanism is its constant high
power demand due to high flow rates within the torque sensors (Aladağlı et al.,
2014b). In validation, the geometric properties of the variator are used to link
the axial pulley speed to estimate the geometric ratio, rR, which is assumed to be
equal to the speed ratio, rω. Consequently, belt slip or pulley deformations are
not considered. Using (3.3)-(3.5), (3.7), and (3.17), the resulting geometric ratio
can be approximated as in (3.18), see Vroemen (2001, Section 6.4). It should be
noted that this approximation assumes there are no deflections in the pulleys.

ẋp =
Fp − F ∗p

bs
(3.17)

ṙR ≈
π

2 tan(β) (L− 2a) bs
(rR + 1)

2
Fs

(
Fp
Fs
− κ
)

(3.18)

The general CMM model is theoretically derived for a chain belt CVT, and de-
scribes both creep mode and slip mode shifting (Carbone et al., 2005). It assumes
that pulley deformation complies with simple sinusoidal functions along the contact
arc, where the amplitude of the sinusoidal function, ∆ depends on the clamping
forces. Moreover, shift behavior is assumed to be symmetric, i.e. it is assumed
that Rp +Rs remain constant. However, this assumption only approximates shift
behavior around rR = 1. In a later paper, this limitation has been relaxed (Car-
bone et al., 2007). Then it is observed that in creep mode, the relations can be
simplified with a ratio dependent parameter, σCMM (rR), which results in the de-
scription in (3.19). The dependency of deflection on clamping forces is suggested
as in (3.20). The CMM model has also been validated on a pushbelt CVT, using
speed ratio instead of the geometric ratio (Carbone et al., 2007). Finally, Bonsen
(2006) shows that the CMM model is the most accurate among the three models
explained in this section.

ṙR = ωp ∆(Fs)
1 + cos2(β)

sin(2β)
σCMM (rR)

[
ln

(
Fp
Fs

)
− ln(κ)

]
, (3.19)

∆ = (1 + 0.02 (Fs − 20)) 10−3. (3.20)
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As a conclusion, all these dynamic variator models estimate a linear relationship
between the rate of change of the speed ratio, ṙω, and the shift force, which is
a function of rω or rR, Fp and Fs, for a given operating point, during the creep
or micro-slip mode. It should be noted that the shift force in general is not a
linear function of the primary and the secondary clamping forces Fp and Fs. This
indicates that for small perturbations in the micro-slip mode, a phase difference of
90◦ is expected in between the primary clamping force Fp and the speed ratio rω,
i.e. the integral of ṙω. Moreover, we see that in macro-slip mode, these relations
do not hold anymore. In this study, this observation will be used to develop an
estimator of how close the system is to the macro-slip mode.

3.3 Frequency Domain Identification, Experimental
Setup, and the Results on the Simulated Ide Model

Looking at the Ide model, we can hypothesize that the CVT behaves linearly for
small perturbations around an operating point. This means that a sinusoidal input
in clamping forces will result in a sinusoidal output of the same frequency, and that
frequency domain modeling is a suitable tool for system identification. Frequency
domain modeling of both the actuation system and the variator have been carried
out previously, (Bonsen, 2006; van der Meulen, 2010; Elfring, 2009; Aladağlı et al.,
2014b). These previous modeling efforts show that even though the CVT is a
nonlinear system, linearization around an operating point and describing system
dynamics for small perturbations is a valid method for modeling.

In this section, we show that the aforementioned 90◦ phase difference can be
observed in the simulations based on the Ide model. Moreover, we explain the
method of identification and the reasons for choosing it. Since these reasons are
coupled with the properties of the experimental setup, this is described first.

3.3.1 Experimental setup

The experimental setup consists of a vehicle with a CVT driveline, mounted on
a chassis dynamometer, Figure 3.4, along with required sensors, actuators, and
controllers. The test vehicle is a Mercedes-Benz A200 Turbo, equipped with the
Mercedes-Benz WFC280 pushbelt CVT. This type of transmission was offered as
the automatic gearbox for A-Class and B-Class models, and consists of a torque
converter (iii), a pushbelt variator (v), a drive-neutral-reverse set (vi), a final drive
set (vii), and a hydraulic actuation system (iv), see Figure 3.5.
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Figure 3.4: The test setup, with the test vehicle mounted on the chassis
dyanomometer.

τs

τe

τw1 τw2

τp

(i)
(iii)
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(ii)(ii)

(iv)

(v)
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(vii)

(viii)

(ix) (ix)

Figure 3.5: CVT driveline components: (i) engine, (ii) torque sensors, (iii) torque
converter, (iv) pump, (v) variator, (vi) drive-neutral-reverse set, (vii) final drive,
(viii) differential, (ix) wheels.
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Figure 3.6: The simplified functional hydraulic scheme. The components are (i)
pump, (ii) secondary valve, (iii) auxiliary valve, (iv) lubrication valve, (v) primary
valve, (vi) secondary pulley set, (vii) primary pulley set.

The hydraulic actuation system supplies the clamping forces through two inde-
pendent hydraulic circuits, as depicted with a simplified functional diagram in
Figure 3.6. Here, the hydraulic pump (i) is driven by the vehicle engine via a fixed
transmission ratio, and supplies oil flow to the pulley chambers, the auxiliary cir-
cuit, and the lubrication circuit. The secondary pulley pressure is controlled by
the secondary valve (ii). The primary pulley hydraulic piston has roughly twice
the area of the secondary piston, and the primary pressure is reduced from the
secondary pulley pressure by the primary valve (v). Hence, the primary valve re-
duces pressure and directs the flow either from the secondary circuit to the primary
circuit or from the primary circuit to the sump. A more detailed explanation of
the hydraulic actuation system can be found in van der Meulen (2010, Chapter 3).

The chassis dynamometer is speed controlled, and provides a constant vehicle speed
vv, or equivalently a wheel speed ωw, as required by the experiment. Meanwhile,
the driver controls the acceleration pedal at a constant angle, and hence controls
the engine torque, τe. Keeping the wheel speed and the accelerator pedal position
constant, provides the best approximation to constant engine torque within the
test rig capabilities. These two inputs determine the operating point.

For experimental purposes, the test rig is equipped with additional torque sen-
sors (ii) as depicted in Figure 3.5. These sensors are placed on both wheel shafts,
measuring τω1 and τω2, and at the engine output, measuring τ2. Since the real
torques of interest are the input and output torque of the CVT, τp and τs, re-
spectively, these have to be estimated using the driveline model and the available
measurements. The details for this are described in Appendix B.2.
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Figure 3.7: The cascaded control structure of the CVT system. The outer loop
depicted with grey lines are shut off during the identification experiment.

The control algorithm for the CVT is modified to enable experimentation and
runs on a laptop in the vehicle. The CVT control happens in a cascaded loop,
as depicted in Figure 3.7, wherein the inner loop controls the desired primary
and secondary pressures, and the outer loop controls the speed ratio. During the
experiments, the speed ratio control is disabled after the desired operating point
is reached, such that the ratio controller does not interfere with the identification.
The inner loop is always active in order to increase the accuracy of pressure inputs.

Data acquisition is achieved by an external rapid prototyping card and the TCU
combined. The communication is through the CAN bus. This limits the max-
imum sampling rate to fs = 100 Hz, even though the individual measurements
by the sensors happen at much faster rates. Moreover, since the data acquisition
is performed by two different computer systems, the measurements are not syn-
chronous. However, since the measurement rates are much larger than the final
sampling rate, the maximum theoretical delay in between measurements is 10 ms.
At the maximum frequency of interest, fmax = 3 Hz, this can create an inaccuracy
in the phase measurement of maximum θmax = 10.8◦ as calculated in (3.21). This
accuracy is deemed acceptable for the final goal of this study.

θmax =
fmax
fs
· 360◦ (3.21)

3.3.2 Method for Identification

The choice of identification method arises from system properties and model re-
quirements. The system in question is a nonlinear, cascaded system, where the
inner loop has to be operated in closed-loop. Moreover, the inner loop is a Multi
Input Multi Output (MIMO) system, assumed to be time invariant. Under certain
assumptions, such a nonlinear system can be identified at several operating points
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using linear identification techniques. Linear identification techniques are well de-
veloped and understood, unlike nonlinear ones. A black-box modeling approach is
desired since the dynamics of the CVT are dominated by friction and deflections
and hence they are very complicated. Moreover, a black-box technique makes fu-
ture online identification possible, hence a frequency domain identification method
is desired. So the challenges for the identification method can be listed as:

• nonlinear, MIMO plant with little physical insight, actuated by a nonlinear
actuator, which introduces nonlinear distortions at the plant input;

• measurement noise and disturbances at the plant inputs and outputs due to
operation on the vehicle and sensor locations.

Consequently, we are interested in the non-parametric estimate of the plant or the
Frequency Response Matrix (FRM) of the MIMO plant, which is the Best Linear
Approximation (BLA) of the nonlinear plant, around a given operating point. This
model is estimated by using the “Fast” method described in Pintelon et al. (2011),
which makes use of the Local Polynomial Method (LPM) and provides an estimate
of the FRM of the plant, its noise level and the level of nonlinear distortions from
a minimum of two consecutive periods of the transient response of the system.
The excitation signal for this method is one realization of full Random Phase
Orthogonal Multisines (RPOMs) for each input, which are uncorrelated with each
other. The advantages of the method of choice are:

• detection of simultaneously the FRM, the noise level, and the level of the
nonlinear distortions;

• can be used in the presence of nonlinear distortions introduced by the feed-
back loop and the nonlinear actuator;

• shorter experimental time as one experiment of two periods of transient
response is enough as opposed to several experiments and several periods of
steady-state response;

• MIMO Error-In-Variables (EIV) (noisy input, noisy output) architecture.

The assumptions on the plant for the applicability of the Fast method with LPM
are (Pintelon et al., 2011):

1. the plant is Period In, Same Period Out (PISPO);

2. the FRM does not have low gain directions;



3.3. Frequency Domain Identification 69

NL BLA

ys(t)

+
u(t)

U(k)
y(t)

Y (k)

u(t)

U(k)

y BLA(t) y(t)

Y (k)

Figure 3.8: A nonlinear system (NL) can be separated to its BLA and the remain-
ing nonlinear terms, ys(t).

3. the input signal-to-noise ratio is larger than 10 dB;

4. the noise transients and system dynamics are smooth functions of the fre-
quency.

First assumption has already been discussed at the beginning of this section. Since
the variator is a symmetric system, the inputs to the MIMO system, the primary
and the secondary clamping forces, affect the variator in opposite directions at a
similar degree. Therefore, the second assumption also holds. The validity of the
third assumption will become clear with the experimental results. Finally, the
last assumption is valid for most physical systems as dynamics are continuous in
frequency domain.

3.3.3 Best Linear Approximation

For a linear SISO system, the impulse response and the correlation functions relate
as in (3.22), where the ∗ defines the convolution product. The auto- and crosscor-
relation functions, Ruu and Ryu respectively, are defined as in (3.23), where E{.}
is the expectation function (Schoukens et al., 2012).

Ryu(t) = g(t) ∗Ruu(t) (3.22)

Ryu($) = E{y(t) u(t−$)} , Ruu($) = E{u(t) u(t−$)} (3.23)

Taking the Fourier transform of (3.22) and rearranging, the frequency response
function G(jω), is written as in (3.24). Here, SUU and SY U are the auto- and cross-
power spectrums, and are the Fourier transforms of the corresponding correlations
from (3.23) (Schoukens et al., 2012, Section 5.2).

G(jω) =
SY U
SUU

(3.24)

A nonlinear system can also be approximated by a linear description, as shown
in Figure 3.8. However, in this case, nonlinear terms, ys(s), will remain not de-
scribed. This linear description is called the Best Linear Approximation (BLA),
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Figure 3.9: The description of the identification system, composed of a nonlinear
controller K, and a nonlinear plant G, along with the reference r, process noise
ng and np, and measurement noise mu and my, signals.

if it minimizes the error in between the actual and the estimated outputs, in the
least square sense. This description is formalized in (3.25), where the mean values
have been removed from the signal x̃(t) as in (3.26) (Schoukens et al., 2012, Section
5.2).

gBLA(t) = arg min
g

(
E{‖ỹ(t)− g(t) ∗ ũ(t) ‖2}

)
(3.25)

x̃(t) = x(t)− E{x(t)} (3.26)

When the linear approximation is the BLA, the remaining term ys(t) is called
the stochastic nonlinear distortion, and it is stochastic like measurement noise
(Schoukens et al., 2012, Section 5.3).

Estimating the GBLA(jω) becomes more complicated in the presence of noise,
limited measurement time and transient dynamics, and the plant being cascaded
with another nonlinear system. This is explained in the next section.

3.3.4 Non-parametric Model Estimation

The generalized case for a cascaded EIV identification setup is depicted in Fig-
ure 3.9. Here, the controller K and the plant G are both nonlinear systems and
the measured plant input u(t), and measured plant output y(t) may include mea-
surement and/or process noise. The system is excited by the reference input r(t).

For variator identification, the reference signal is the desired primary and sec-
ondary pressures, and the plant inputs are the actual pressures, as given in (3.27)
and (3.28). The measured or calculated outputs are the speed ratio and the effi-
ciency as given in (3.29). The variator efficiency is calculated through measure-
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ments of speeds ωp, ωs, and torques τω1, τω2, τw, see Figure 3.5.

r (t) =

[
r[1] (t)
r[2] (t)

]
=

[
pp,r (t)
ps,r (t)

]
(3.27)

u (t) =

[
u[1] (t)
u[2] (t)

]
=

[
pp (t)
ps (t)

]
(3.28)

y (t) =

[
y[1] (t)
y[2] (t)

]
=

[
rω (t)
ηv (t)

]
(3.29)

The “Fast” method with LPM employs Random Phase Orthogonal Multisine
(RPOM) reference excitation signals, as described by (3.30), which enable the
quantification of noise and nonlinear distortions while estimating the BLA, with
a minimum of two periods of measurement of a single realization. This signal is a
full multisine. In this research, we chose the total number of periods measured as
P = 2. Then the reference signal is described as follows.

r[p](t) =
1√
N

N/2−1∑
k=−N/2+1

A[p] (k) ej(kω0t+φ[p](k)), (3.30)

where p = 1, 2, and the magnitude satisfies A[p] (k) >= 0 and A[p] (k) = A[p] (−k).
The phases φ[p](k) are distributed independently over input p and frequency k.

The scaling factor
√
N keeps the rms value of the signal r[p](t) independent of the

number of time samples, N .

The final identification scheme is depicted in Figure 3.7, where ng is actuator noise,
np is process noise and mx, x ∈ {u, y} is measurement noise. These noise terms
create uncertainty in the plant estimate. The nonlinear actuator system distorts
the RPOM reference signal at the plant input. Moreover, during identification
experiments, transient response is recorded and used without waiting for steady
state response. This is due to several reasons. First, since the outer loop in
Figure 3.7 is disabled, the plant drifts away from the operating point of interest in
time. Second, for future applications where the method should be used for online
identification, waiting for transients to die out is not possible. The transients cause
leakage in the Fourier transforms of the time domain signals.

These issues are addressed by using LPM, which makes use of the observation that
the reference input signal is a rough signal as it is RPOM, whereas the dynamical
plant and the transients are smooth functions of frequency (Schoukens et al., 2009).
Then from the two periods of measured data, the noise information is obtained via
an analysis over the period (Pintelon and Schoukens, 2012, Section 12.2). Then,
by approximating the plant description locally, over the neighboring frequencies,
leakage terms can be removed in order to arrive at the BLA (Pintelon et al., 2011).
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Figure 3.10: BLA estimate of Ide simulation model using Fast LPM method at
operating point r = 1 [-], τp = 50 N, ωs = 200 rad/s.

3.3.5 Results of the Simulated Ide Model

In order to test for initial nonlinear contributions and phase response, the Ide
model is implemented in Simulink environment and the LPM is employed to esti-
mate the BLA of the FRM. The result for one operating point is seen in Figure 3.10.
This figure shows clearly that the expected phase response at 3 Hz is 90◦.

In the simulation model, a fixed step solver is used with a step time of 10−5 s,
and the measured signals are re-sampled with 100 Hz. No measurement or process
noise is modeled and moreover, the identification is performed in open loop. The
Ide model does not contain any information on efficiency of the variator. Therefore,
the efficiency response is not simulated nor modeled.
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3.4 Experimental Results

3.4.1 Input Signal Design and Choice of Operating Points

The input signal is chosen as RPOM in the previous section and it is characterized
by its frequency range, frequency resolution, and amplitude spectrum. The fre-
quency resolution is related to the length of measurement window. This length is
limited to around 10 s in our case, because when we turn off the ratio control, the
variator deviates from the operating point if we keep the experiment longer. In
order to decrease computer calculation time, the number of samples in one window
is chosen to be a power of 2, which makes the FFT algorithms run faster. With
a sampling frequency of 100 Hz, this corresponds to N = 1024 samples in total.
In order to avoid leakage, an integer number of periods of the input signal should
be measured, so the total measurement time is 10.24 s. This gives a frequency
resolution of about 0.098 Hz. This fine resolution is required to get a good result
of LPM as well.

Since we are interested in the behavior around 3 Hz, and do not want to excite
system resonances, like the drive shaft resonance, which are above this value, to
not interfere with the identification, the frequency range is chosen to be upto about
3 Hz. In order to excite this frequency range with the above frequency resolution,
the number of excited harmonics is chosen as 32. The exact value of the drive shaft
resonance is dependent on the vehicle, and can be further adjusted if necessary.

The amplitude of the signal can be chosen from a limited range, as anything too
large drives the dynamics to the nonlinear region, and anything too small does
not have sufficient Signal to Noise Ratio (SNR). For the purpose of this study, we
are most interested in the accuracy of the model around 3 Hz. Hence instead of
using a flat spectrum, an exponential spectrum is used, and most signal power is
concentrated at around 3 Hz. The resulting reference input in time domain and
frequency domain is seen in Figure 3.11 and Figure 3.12, respectively.

In total 35 operating points are chosen for experiments. The first 20 of these, as
given in Table 3.1, are applied with an absolute safety factor of sa = 1.5. These
operating conditions consist of five different speed ratios, four different vehicle
speeds and two different constant accelerator pedal positions, referred to as Pedal
Depression (PD). For the case referred to as minimum (min), the accelerator pedal
position is adjusted such that no brake torque is applied by the dynamometer. This
is the lowest load setting that can be realized with the test rig. In the second case,
the pedal is depressed 15% more of the full depressed angle on top of the minimum
setting.
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Figure 3.11: The reference signal on primary pressure (top), and the resulting
pressure and plant input (bottom).
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OP rω [-] vv [km/h] PD
1 0.55 60 min
2 0.55 60 min+15%
3 0.74 40 min
4 0.74 40 min+15%
5 0.74 60 min
6 0.74 60 min+15%
7 1.00 20 min
8 1.00 20 min+15%
9 1.00 40 min
10 1.00 40 min+15%
11 1.35 20 min
12 1.35 20 min+15%
13 1.35 40 min
14 1.35 40 min+15%
15 1.35 60 min
16 1.35 60 min+15%
17 1.81 20 min
18 1.81 20 min+15%
19 1.81 30 min
20 1.81 30 min+15%

Table 3.1: Description of operating points in micro-slip regime, at an absolute
safety factor of 1.5. Columns are the operating point number (OP), the speed
ratio rω, vehicle speed vv, and pedal depression (PD), from left to right.
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OP rω [-] individual sa [-] group sa [-]
1 0.74 1.3 1.30
2 0.74 1.23 1.22
3 0.74 1.17 1.14
4 0.74 1.1 1.08
5 0.74 1.03 1.03
6 1.00 1.3 1.30
7 1.00 1.22 1.22
8 1.00 1.14 1.14
9 1.00 1.06 1.08
10 1.00 1.02 1.03
11 1.35 1.3 1.30
12 1.35 1.21 1.22
13 1.35 1.12 1.14
14 1.35 1.07 1.08
15 1.35 1.03 1.03

Table 3.2: Description of operating points with reduced clamping forces. Vehicle
speed kept constant at 40 km/h, and pedal depression at min+35%. The individual
safety factors, given in column 3, are grouped into five, given in column 4, for ease
of graphical interpretation.

In the next 15 operating points, given in Table 3.2, the clamping forces are reduced
such that in some points, in some instances, the variator goes into macro-slip mode.
Here, the vehicle speed is kept constant at 40 km/h, and pedal position is kept at
35%.

3.4.2 Micro-Slip Response

The Fast method explained in 3.3.4 is used to estimate the non-parametric models
of the variator by exciting the clamping pressures with RPOM signals with speci-
fications given in 3.4.1. The results for one operating point is given in Figure 3.13.
Here the BLA of the plant and the variances of noise and nonlinear distortions
are shown. From this it is concluded that the SNR ratio was good as the noise
variance is much lower than the BLA. Moreover, the BLA estimate is deemed good
since the magnitude of the sum of noise and nonlinear distortions is also signifi-
cantly lower than the magnitude of the BLA. In Figure 3.15, the BLA estimated
of all micro-slip operating points are depicted. First of all, we see that the phase
response at 3 Hz for all operating points are spread around 100◦, whereas 90◦

was expected. The reasons for this spread in the phase values are the variation
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Figure 3.13: Nonparametric estimate of the FRF at operating point 3 given in
Table 3.1, i.e., BLA of the variator (black), with the contributions to the standard
deviation of the estimate due to noise(red), nonlinear distortions (magenta) and
total (blue).
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Figure 3.14: Representative trend curves for the parameters κ and σIde of the Ide
model (Aladağlı et al., 2012).

in system dynamics, the asynchronously measured signals, and the variance of the
non-parametric estimate.

Some other characteristics for system dynamics can be summarized as follows.
For ease of following, the Ide model is provided again in (3.31). Moreover, typ-
ical curves for κ and σIde are provided as samples for the sake of discussion in
Figure 3.14a and Figure 3.14b, respectively.

ṙω = ωp σIde(rω) Fs

(
Fp
Fs
− κ(rω,Ψs)

)
(3.31)

First of all, we see that at loaded operating points, the system gain is higher. This
is commonly observed in the CVT: at lower safety factors, shifting is easier and
less shift force is required. The Ide model captures this effect with the balancing
clamping force ratio, as this values becomes closer to 1 for lower safety factors. Sec-
ond, for a given ratio, increasing vehicle speed, hence, the pulley speeds, increase
the gain. This is also evident in the Ide model by the dependence on primary
pulley speed. Finally, we see that system gain increases by speed ratio, which is
also expected by the Ide model as the dynamic Ide constant typically increases
with speed ratio. This is inherent to the definition of ratio of the variator, which
is not normalized, and due to the fact that for similar axial displacement of the
moveable pulley sheave, the change in ratio is dependent on its current value.

Next, we look at the system response for operating points with reduced clamping
forces. Plots for operating points number 13, 14 and 15 are provided in Fig-
ures 3.16, 3.17, and 3.18. These figures clearly indicate that as the safety factor
decreases, the system behavior becomes more nonlinear. Therefore, the BLA esti-
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Figure 3.15: Non-parametric BLA estimate of the variator using Fast LPM
method at all micro-slip operating points given in Table 3.1. Speed ratios
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mate is not a good representation of the system dynamics anymore.

Nevertheless, we also clearly see that the phase responses change and rapidly shift
away from 100◦, and are different from micro-slip conditions. The magnitude and
phase plots for all reduced clamping force operating points are given in Figure 3.19.
The close up of the final few frequency points is also provided in Figure 3.20. These
figures clearly indicate that as safety factor decreases, phase shifts further away
from 100◦.

Finally, an error criterion to determine the slip region is developed, as given by

(3.32), where ∠G[i]
BLA is the phase of the BLA as given in above figures at the

frequency bin i. Here, the last 5 frequency bins are selected on qualitative inspec-
tion. The resulting error numbers eθ are given in Figure 3.21a, and Figure 3.21b
for micro-slip and reduced clamping force operating points, respectively.

eθ =

i=32∑
i=28

|90− ∠G[i]
BLA(1, 1)| (3.32)

These figures show that the error criterion, eθ keeps a small value even when the
safety factor is very close to 1, as long as there is no macro-slip. On the other
hand, it quickly rises above 20◦, as the system starts to briefly enter the macro-
slip region due to the modulated clamping force. Therefore, the error criterion
represents clearly the actual (relative) safety factor. Hence, it can be used in
further development of a slip controller.
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3.5 Conclusion

In this research, a data based modeling approach towards a pushbelt CVT is
discussed. The experiments for the modeling are performed on the vehicle for
several reasons: (i) to excite correct nonlinearities of the CVT as would be in real
life; (ii) to investigate the feasibility of slip identification in real time on the vehicle.
A non-parametric model is developed using BLA at several operating points under
micro- and macro-slip conditions.

As a result it has been concluded that the dynamic behavior of the CVT changes
significantly in micro- and macro-slip regions and the on vehicle sensors and actu-
ators are sufficient to determine the current slip mode. Moreover, it is seen that
the phase behavior also changes under different conditions and an error criterion
is developed to quantify the closeness to the macro-slip region.

Further research should be performed to refine the suggested method, to develop
it into an online method and build a slip controller to track the suggested error
criterion as a reference input. For this, the system response in dynamic situations
should be investigated.
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Figure 3.16: Non-parametric BLA estimate of the variator using Fast LPM method
at a single reduced clamping force operating point, BLA of the variator (black),
with the contributions to the standard deviation of the estimate due to noise(red),
nonlinear distortions (magenta) and total (blue).
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Figure 3.17: Non-parametric BLA estimate of the variator using Fast LPM method
at a single reduced clamping force operating point, BLA of the variator (black),
with the contributions to the standard deviation of the estimate due to noise(red),
nonlinear distortions (magenta) and total (blue).
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Figure 3.18: Non-parametric BLA estimate of the variator using Fast LPM method
at a single reduced clamping force operating point, BLA of the variator (black),
with the contributions to the standard deviation of the estimate due to noise(red),
nonlinear distortions (magenta) and total (blue).
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Figure 3.19: Non-parametric BLA estimate of the variator using Fast LPM method
at all macro-slip operating points given in Table 3.2. Speed ratios [0.74, 1.00, 1.35]
are represented with solid, dashed,and dotted lines, respectively. Different safety
factors are represented with different colors as specified by the legend. The pedal
position is always kept at minimum + 35% depression.
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Chapter 4

Towards a New Model for
Accurate Description of the

Series CVT Dynamics 1

THIS chapter presents the work towards the modeling of a chain type
Series Continuously Variable Transmission (SCVT), designed to be

used with heavy duty vehicles. The need for a more accurate model is
due to the fact that series connection of two variators within the SCVT
amplifies the model errors. In developing the new model, the data from
yet another CVT setup with a Linear servo Actuator System (LAS), has
been used due to experimental restrictions. It has been observed that with
the LAS, the resulting dynamics of the CVT are significantly different than
what is expected, with respect to previous literature. A new model structure
is suggested based on observations. However, the resulting model does not
significantly improve the description of the unloaded CVT shift dynam-
ics. It is concluded that modeling efforts should focus on more relevant
operating conditions such as loaded dynamics.

1This chapter is based on (Aladağlı et al., 2014c).
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4.1 CVTs for Heavy Duty Vehicles

The conventional Continuously Variable Transmission (CVT) composed of a sin-
gle variator, has limited ratio coverage due to the limitations on pulley size and
efficiency. Currently, a ratio coverage of around six is possible with a single stage
CVT. This ratio coverage is not sufficient for Heavy Duty Vehicles (HDVs). There-
fore, even though the torque capacity of the pulley type chain CVT is scalable,
CVT drivelines are absent from the HDV market.

Recently, a new CVT composed of two variators connected in series using Gear
Chain Industrial (GCI) chains has been developed by GCI, and realized for a SUV
with 500 Nm maximum torque. In this setup, the output pulley of the primary
variator is connected to the input pulley of the secondary variator, hence it is
called as the Series CVT (SCVT). This way, the theoretical limit on the ratio
coverage of the SCVT is the product of the individual ratio coverages of the first
and the second variators. By virtue of the scalability of the GCI chain for high
torque loads, and the large ratio coverage of this novel SCVT, HDV applications
become possible.

The current SCVT is being developed for a DAF LF45, which has a 4.5 L tur-
bocharged Diesel engine with 700 Nm torque and 136 kW power capacity. The
ratio coverage of the SCVT is designed to be 11.6 [-] (Thevissen, 2014). The ini-
tial benchmarking with respect to the original AMT transmission shows significant
fuel consumption benefits for the SCVT (Basten, 2014). Moreover, the SCVT is
equipped with an unconventional Servo-hydraulic Action System (SAS), which en-
ables low power and accurate actuation of the series variator (Maldonado Reyes,
2013).

4.1.1 Problem Definition

The CVT system is dynamically complex, and therefore, difficult to model. De-
tailed mutlibody models exist, however these are result in large simulation times
and cannot be used for control purposes (Bullinger et al., 2005; Schindler et al.,
2012; Srnik, 1997). Moreover these results are not experimentally validated for
shift dynamics to the best of author’s knowledge. Usually, simpler time domain
grey box models like Ide, Shafai, CMM are used (Ide et al., 1994; Shafai et al.,
1995; Carbone et al., 2005). These models establish a relationship between the
clamping forces and the resulting shift speed. The parameters of such models
need to be identified through experiments. Even though, these simple models are
not very accurate, for a conventional CVT composed of a single variator, they are
sufficient for control design purposes.
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Evidently, the error in describing the ratio dynamics are squared when the SCVT
is described with the aforementioned models. Hence, the existing simple models
are insufficient and a new simple and accurate model is required for control design
purposes. This the main topic of this research.

4.1.2 Main Contributions and Outline

In the subsequent three sections, this study presents three major discussions. In
Section 4.2, the SCVT is introduced in detail, providing the motivation for a new
model. Further on the experimental setup is introduced. Section 4.3 elaborates
on the shortcomings of the existing time domain models from the literature in
application to a test setup employing a GCI chain CVT. Finally, in Section 4.4,
the newly proposed model structure and the following results are provided.

4.2 The Series CVT

The SCVT consists of two variators, variator A and variator B, connected in a
series configuration as depicted in Figure 4.1. The secondary pulley of variator A
is rotationally fixed to the primary pulley of variator B, and are collectively called
the intermediate pulleys. The moveable sheaves of these two pulleys are also fixed
to each other in translations via the intermediate shaft. Therefore they always
travel the same axial distance. In the current design, both variators employ the
same chain width. However since variator B has pulleys of larger diameter, chain
B is longer than chain A. The larger size of variator B is in order to support the
larger torque on this side.

The SCVT is actuated on the primary pulley of variator A and the secondary
pulley of variator B. Hence, the intermediate pulleys are not actuated. For ease
of notation, the actuated pulleys are referred to as the primary and the secondary
pulley (or side) henceforth, meaning the primary pulley of variator A and the
secondary pulley of variator B, respectively.

The actuation of the SCVT is carried out by a Servo-hydraulic Actuation System
(SAS), which is composed of two high-precision piston pumps powered by servo-
motors. Both pumps are bi-directional, and can pump flow in positive or negative
pressure differentials. Moreover, both pumps are able to follow fast dynamics, as
required by the variator control.

The first pump, called the Pressure Pump (PP), is connected to the sump at its
input and to the secondary pulley and the second pump at its output. Thus the
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Figure 4.2: The basics of the servo-hydraulic actuation system. (i) sump; (ii) servo
motor; (iii) Pressure Pump (PP); (iv) Shift Pump (SP).
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secondary pressure is equivalent to the PP output pressure. The PP is feedback
controlled such that it tracks the desired secondary pulley pressure. The second
pump, called the Shift Pump (SP) is connected to the primary pulley at its out-
put. The SP is feedback controlled such that it tracks the desired oil volume
displacement.

However, sudden shifts create pressure and flow disturbances on both pumps. An
accurate shift rate to clamping force (pressure) model is required such that a
feedforward and/or a more suitable feedback controller can be designed, which is
the main motivation of this research.

4.2.1 Experimental Setup

Even though the new model is intended for the SCVT, it is required before SCVT
is operational and ready for extensive testing. Therefore, the model is developed
using measurements on a single variator setup with Linear servo Actuation System
(LAS) (Thoolen, 2012). This system employs a pressure pump to supply the “high”
pressure required by the system on the secondary pulley. Then the primary and
the secondary pulley supply lines are connected by two parallel hydraulic lines as
depicted in Figure 4.3.

The first hydraulic line has a double acting piston and a linear servo motor. This
piston displaces the oil as required by the shifting action in between the primary
and the secondary pulleys. The second hydraulic line has a flow valve in order to
counteract the leakages on the secondary low-pressure hydraulic circuit. The test
setup temperature has been maintained roughly at room temperature through use
of a heat exchanger.

4.2.2 Test rig and available measurements

Transmission ratio

The test rig CVT is driven by an electric motor at its input, and it is free at its
output. Hence, all tests are unloaded. The primary pulley axial position xp is
measured with a position sensor. Rotational speed sensors were not present on
the original setup. Therefore the transmission ratio is calculated using the axial
primary pulley position, as in (4.4), using (4.1)-(4.3). In this set of equations,
half pulley sheave angle β, belt length L, axial pulley distance a, and minimum
running radius Rmin are geometrical properties of the variator and are known a
priori. The running radii are appended with the suffix x and shown with R.,x in
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Figure 4.3: The Linear servo Actuation System (LAS) and the single variator CVT
test setup. (i) gear type pump; (ii) servo motor; (iii) double acting piston; (iv)
flow valve; (v) primary pulley; (vi) secondary pulley.

order to make clear that they have been calculated using (4.1), and (4.2) and (4.3)
iteratively, using the measured primary pulley axial position xp .

Rp,x =
xp

2 tanβ
+Rmin (4.1)

L = 2a cosϕ+ (π + 2ϕ)Rp,x + (π − 2ϕ)Rs,x, (4.2)

ϕ = arcsin

(
Rp,x −Rs,x

a

)
(4.3)

rx =
Rp,x
Rs,x

(4.4)

Note that the estimated ratio rx, is different than both speed ratio rω and geo-
metrical ratio rR, defined as in (4.5), where ωi the rotational speed and Ri is the
actual running radius on side i. These ratios differ from each other due to belt
slip, and pulley deformations.

rω =
ωs
ωp
, rR =

Rp
Rs

(4.5)

At a later stage, rotational speed sensors were added in order to identify the ratio
estimation error, as defined in (4.6). The resulting accuracy of the speed ratio rω
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Figure 4.4: The accuracy of the speed ratio rω calculation through secondary
pulley position xs measurement.

calculation through secondary pulley measurement is shown in Figure 4.4. The
experiments are performed under no output load and high clamping pressure,
hence the calculation errors are relatively small and caused by pulley deflections.
The error is limited to 1% for ps = 15 bar and 3% for ps = 30 bar. The negative
sign of the error indicated that the ratio is systematically underestimated.

er =
rx − rω
rω

100% (4.6)

Clamping forces

Pressure sensors on both primary and secondary pulleys are available. The clamp-
ing forces result from the pressures at the pulley piston inlet, centrifugal pressure
build up, and the spring on the secondary pulley. Moreover, the secondary pulley
has a centrifugal pressure compensation chamber. The centrifugal pressure co-
efficients for both pulleys are calculated in Appendix C.1. Then the centrifugal
pressure build up pcf on side i is given by (4.7).

pcf,i = cf,i ω
2
i (4.7)

However, as mentioned previously, rotational speeds are not measured on the test
rig. Nevertheless, the primary speed ωp is estimated using the driving motor set-
tings and characteristic curve, and centrifugal pressure contributions are calculated
accordingly.
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4.3 Time Domain Models

Steady State Models

All major time domain models (Ide, Shafai, CMM), describe the relation of a shift
force to a shift rate. The shift force is the deviation of clamping forces during
shifting from the balance forces at steady state. The ratio of these balance forces
are commonly referred to as pulley thrust ratio and denoted with κ (Vroemen,
2001, Section 6.3). The pulley thrust ratio is defined in (4.8), where the equilibrium
primary and secondary clamping forces are denoted by F ∗p and F ∗s .

κ(rω,Ψs) :=
F ∗p
F ∗s

(4.8)

The pulley thrust ratio κ can be either experimentally determined or estimated
using one of the available stationary models, (De Metsenaere, 2005; Bonsen, 2006;
Kataoka et al., 2002). It has been found to mostly depend on the variator ratio
and the normalized torque (Fujii et al., 1993). Normalized torque Ψ, is defined
as the ratio of the actual torque over the pulley τi, to the maximum torque that
could be transferred τi,max, and given in (4.9). Here, µ is the belt-pulley friction
coefficient and Fi is the clamping force on side i. The safety factor sf is another
common term for the inverse of the the normalized torque, i.e. sf = 1/Ψ.

Ψi =
τi

τi,max
=

τicosβ

2RiµFi
(4.9)

Nevertheless, changing the torque over the variator results in slightly varying values
of κ measured by experiments (Fujii et al., 1993; Commissaris, 2005). Hence, the
thrust ratio described as κ(rω,Ψ), either modeled or measured, is of low accuracy.

Steady state clamping force models exist, with different levels of complexity. The
simplest is called the Clamping Force Theory (CFT), which assumes that the
torque is transmitted only by the tension on the belt and that the belt is continuous
and homogeneous with no mass. These assumptions represent the rubber and chain
belt fairly well. However, for the pushbelt, main torque transmission is through
push forces within the belt segments. Spiral running and pulley deflections are also
neglected in the CFT. Moreover, the friction coefficient is assumed to be constant
over the whole wrapped angle, and the Coulomb friction model for the pulley-belt
interaction is used. These assumptions lead to the Eytelwein equation for tension
along a belt around a conical pulley as in (4.10), where W (θ) is the tension on the
belt at wrapped angle θ, as seen in Figure 4.5 (Gerbert, 1999).

dW (θ)

dθ
=

µ

sinβ
W (θ) , W (θ) = W0 e

µα
sin β (4.10)
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Figure 4.5: The variator geometry.

The wrapped angle ϕi, is assumed to be divided into an active and a idle (inactive)
arc, (Vroemen, 2001, Section 6.3), (Bonsen, 2006, Section 2.2). In the active arc,
denoted by α, the tension on the belt is assumed to change due to friction. This
is where torque is transferred, and the active arcs are equal on both sides. In the
idle arc, it is assumed that no more torque is transferred. Then, neglecting pulley
deflection and spiral running of the chain, the inertia of the unwrapped chain, and
torque losses in the chain-pulley interaction, shaft torque and belt tension relate
as in (4.11), where WT and WL represent the tight side and slack (loose) side belt
tension, respectively.

τp = Rp(WT −WL) , τs = Rs(WL −WT ) (4.11)

Finally, using (4.10) and (4.11), the steady state clamping forces on pulley i are
calculated for the case of driving primary pulley as in (4.12), (De Metsenaere,
2005).

F ∗p =

(
cosβ

2µ
+

e
µα

sin β

e
µα

sin β − 1
· ϕp − α

2 tanβ

)
Tp
Rp

F ∗s =

(
cosβ

2µ
+

1

e
µα

sin β − 1
· ϕs − α

2 tanβ

)
Tp
Rp

(4.12)

The equations in (4.12) can be used to calculate the pulley thrust ratio κ on a grid
of ratios and normalized torque Ψs. The normalized torque for side i is defined in
(4.9), and takes values in [−1, 1] (Vroemen, 2001). Then |Ψi| = 1 corresponds to
the slip limit and Ψi = 0 corresponds to infinite safety. The latter can be achieved
either when the torque over the pulley is nonexistent, or approached when the
clamping forces are much larger than the minimum required to avoid gross slip.

Some immediate intuitive results are as follows. At slip limit (Ψi = sf,i = 1), the
wrapped angle equals the active arc on side the side with the minimum radius, so



98 Chapter 4. Towards Accurate Modeling for the Series CVT

α = ϕmin. It is important to note that at zero load, when Ψi → 0 (sf,s → ∞),
the active arc goes to zero, i.e. α→ 0, hence κ(., 0) can be calculated as in (4.13),
which is independent of µ and β. Then at at ratio of 1, κ(1, 0) = 1. Similarly, at
the slip limit when ratio is 1, κ(1, 1) = 1, since ϕp = ϕs = α.

κ0 =
ϕp
ϕs

=
π + 2ϕ

π − 2ϕ
(4.13)

Even though the equations in (4.12) are quite simplistic due to the assumptions,
they hold fairly well even for pushbelt, where the torque transmission is by push
forces instead of tension (Commissaris, 2005). In Commissaris (2005), more com-
plicated models where pushing forces are included are less accurate.

In Bonsen (2006), the Eytelwein equation is used again to come up with a similar
clamping force model to the CFT. However, in addition to the Coulomb friction
model, viscous friction, Coulomb friction with micro-slip region, and lubricated
contact friction models are compared. Here, the Coulomb friction model, the
Visco-plastic model and the continuous Stribeck model give similar results to each
other and the actual measured values of κ. Moreover, it is stated that if the belt
tension does not change, the effective friction coefficient should be zero, as modeled
by (4.10). For friction models where friction coefficient depends on slip speed, the
belt stiffness is included in the model. A sensitivity analysis on belt stiffness values
show that this parameter does not have much effect on the final value of κ.

In further analysis in Bonsen (2006), the effect of radial “slip” is also considered,
in a somewhat conflicting manner. To start with, spiral running, and hence actual
radial slip is neglected. However, the angle between the radial direction and the
direction of the friction force is considered to be different than 90◦, and is denoted
with γ. This angle is considered to remain constant over the wrapped angle for all
operating conditions (rω and Ψs). After such consideration, the Coulomb friction
model is used and the parameters µ and γ are chosen such that the model fits
the measured data as good as possible. Although the assumptions of no spiral
running and existence of radial friction are conflicting, this approach might be
more realistic than expected as static friction exists, and slip is not necessarily
required for traction. However, probably the value of γ would depend on rω and
Ψs.

Pulley thrust ratio κ(rω,Ψ), can also be experimentally determined. Different
measurement methods have been used to find κ. In van der Meulen (2010, Section
6.3) and Vroemen (2001, Section 6.3), the measurements are performed for a con-
stant level of secondary pressure ps, while the secondary torque τs has been varied
such that the desired grid of normalized torque is achieved. The primary pressure
pp is also accordingly adjusted, in order to reach and maintain the desired speed
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ratio rω grid points. In such a case, it is seen that κ shows a general increasing
trend with increasing Ψs, saturating around Ψs = 0.7.

On the other hand, in Fujii et al. (1993), the clamping force on the secondary side
(driven pulley) is also varied to test for the effect of absolute levels of clamping
forces in addition to the normalized torque. Similarly in Commissaris (2005),
several measurements on a pushbelt CVT setup show that the pulley thrust ratio
does not remain constant with constant safety factor. This is contrary to the
assumptions and findings of the Ide, and Shafai models. Here it is shown that as
the torque over the variator is varied, the value of κ changes, even for a constant
Ψs. In the similar lines, the enhanced CMM model predicts a change in the pulley
thrust ratio with changing load, even when the safety factor remains constant, in
relation with the pulley deflection parameter (Carbone et al., 2010).

In the present study, it was not possible to apply torque load on the CVT. Hence
measurements to determine κ(rx,Ψ) were performed at various secondary clamping
pressures ps [bar], under zero output load. These measurements were repeated at
various primary pulley speeds ωp [rpm]. The resulting κ values along with the
theoretically calculated κ0 according to the CFT are depicted in Figure 4.6 for
the GCI chain (in Figure C.2 for the pushbelt). The x-axis is in logarithmic scale
in order to reveal the symmetry around rx = 1. The measurements show good
agreement with the theoretical calculation of κ0 for the GCI chain.

For dynamic modeling, the measured κ are averaged over pulley speeds to build a
table. The result is referred to as κ(rx, ps), and depicted in Figure 4.7 for the GCI
chain (pushbelt in Figure C.3), in black plots. The individual measurements, the
κ0, and the average over all measurements κt (both speed and secondary pressure)
are also given for comparison. It can be observed that the total average κt, is not
much different from the table values for the GCI chain.

4.3.1 Dynamic models

The aforementioned time domain models have been developed on slightly varying
the test setups and experiments, and arrive at slightly different descriptions for the
dynamics of the variator. Usually, a distinction is made in between two dynamic
shifting modes: micro- and macro-slip modes. Micro-slip mode is characterized
with low slip speeds of the belt, where the clamping forces still govern the shift
dynamics deterministically. On the other hand, in macro-slip mode, belt slip
speeds are drastically increased and clamping forces do not influence the shift
speed anymore. Remaining in this mode for longer periods of time damages the
variator irreversibly, and hence is undesired. While Ide and Shafai models describe
exclusively the micro-slip mode, CMM can also predict about the macro-slip mode.
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Figure 4.6: Measured κ for GCI chain at different primary pulley speeds ωp [rpm]
and secondary pressures ps [bar], along with the theoretical κ0 calculated according
to the CFT.

While developing their model, Ide et al. (1996) apply a large step on the shifting
force at steady state and they measure speed ratio rω response. They postulate
that in micro-slip, the main shifting mechanism is through pulley deflections re-
sulting in different exit and entry radii of the belt. Hence their model has a linear
dependence on the primary pulley speed. They also find a linear dependence on
the shift force. In macro-slip, Ide et al. (1996) find that shift rate is not influenced
easily anymore. Here they postulate that the belt is now radially, is addition to
tangentially, slipping on the pulley sheave. The Ide model, described by (4.14),
cannot predict stand still shifting, as when ωp = 0, the modeled shift rate becomes
zero as well.

ṙω = ωp σIde(rω) Fs

(
Fp
Fs
− κ(rω,Ψs)

)
(4.14)

The dynamic Ide constant σIde in (4.14), is only dependent on rω. This parameter
is identified using the measurements of the present study as shown in Figure 4.8
(pushbelt in Figure C.4). However, it is observed that there is a dependence of
σIde on ωp, where for higher pulley speeds, the estimated σIde is lower. This might
indicate that the effect of ωp in (4.14) might be over estimated. The dynamic
constant also seems to depend on secondary pressure ps, where the lower the
pressure is, the higher is σIde, which indicates a dependence on ps as well. Similar
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results are observed in Carbone et al. (2007), and are explained by the dependence
of shift speed on pulley deflection. Finally, a difference in magnitude of σIde is
observed for upshifting and downshifting, where down shifting seems to happen
easier.

An error criterion ec, is developed for quantifying the difference of σIde in all cases
from the mean value represented in black. The same error criterion is evaluated
for all other identified parameters as well, for a fair comparison of the models,
and the calculated value is printed along with the figure title. The aforementioned
difference from the mean eσ is defined as in (4.15), where σm is the mean for all
experimental data, as shown by the black lines in Figure 4.8. Then, σi is the cal-
culated dynamic constant value at a single experimental point, in the experiment
j, which consists of N data points. Then ec is nothing more than the sum of eσ,j
for all experiments j.

eσ,j =
1

N

N∑
i

|σm − σi| (4.15)

Shafai et al. (1995) perform experiments at moderate shift speeds and postulate
that the shifting force is mainly used to overcome a damping and that the inertia
of the pulley sheaves are negligible in comparison. With this they develop a model
where shift rate is independent of pulley speed, as described by (4.16). The Shafai
model is able to model the stand still shift speed

ẋp =
Fp − F ∗p

bs
(4.16)

The results of estimation of the dynamic Shafai constant bs is shown in Figure 4.9
(pushbelt in Figure C.5), where the y-axis depicts b−1

s for ease of comparison
with constants from other models. The heavy dependence of bs on ωp, in the
reverse direction of the previously analyzed dependence of σIde, proves that a
more accurate model should be something in between. The dependence on ps
appears to follow a similar trend as before.

(Carbone et al., 2007) also model a primary speed dependency due to pulley de-
flection and spiral running, and explain this further with a dimensional analysis
as well. They make an assumption on the shape of the deflection and estimate
the parameters. Moreover, they find the shift force effect is logarithmic instead of
linear as in Ide et al. (1996). The resulting model is described in (4.17), where ∆
is a parameter relating to the amount of deflection of the pulley sheaves. It has
been approximated as in (4.18) in (Carbone et al., 2007).

ṙR = ωp ∆(Fs) σCMM (rR) ln

(
Fp
Fsκ

)
, (4.17)
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Figure 4.8: Dynamic Ide model constant, identified for measurements performed
at several LAS speeds va [mm/s], primary pulley speeds ωp [rpm] and secondary
pressures ps [bar], for the GCI chain. The different line colors correspond to
different va, line styles to ωp, and marker shapes to ps, where all combinations are
present. The mean line, shown in black, is calculated for a limited range of rx,
where corresponding data exist in all measurements.
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Figure 4.9: Dynamic Shafai model constant, identified for measurements per-
formed at several LAS speeds va [mm/s], primary pulley speeds ωp [rpm] and
secondary pressures ps [bar], for the GCI chain. The different line colors corre-
spond to different va, line styles to ωp, and marker shapes to ps, where all com-
binations are present. The mean line, shown in black, is calculated for a limited
range of rx, where corresponding data exist in all measurements.
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∆ = (1 + 0.02 (Fs − 20)) . (4.18)

The estimated dynamic CMM constant can be seen in Figure 4.10 (Figure C.6 for
the pushbelt). This figure is very similar to Figure 4.8. One difference is that the
trend in pressure dependence has been reversed.

Figures Figure 4.8 to Figure 4.10 prove that a better dynamic model is required
to model the dynamics of the CVT. Moreover, from a previous study, in Vroemen
(2001, Section 6.4), it can be observed that the Ide model systematically under-
estimates moderate shift speeds (±0.1− 0.5 s−1) at speed ratios rω > 1; whereas
it works better for large shift speeds. On the other hand, Shafai model predicts
dynamics for low shift speeds better. Hence we investigate a new model, where we
hypothesize that the shifting mechanism of the belt involves both radial slip and
pulley deflections, as explained in the next section.

4.4 The New Model

Looking at the results of the previous section, the requirements of the new model
are as follows. First, it should be able to estimate nonzero shift speed when pri-
mary pulley speed is zero ωp. Second, it should have a parameter depending upon
the clamping forces, like the parameter ∆ in order to make the final dynamic con-
stant independent of these forces. Third, it should not result in different dynamic
constants for up- and downshifting regimes. Finally, it should result in a dynamic
constant which only depends on the ratio.

In addition to the requirements we hypothesize the following. First, shift rate is
limited by the slowest pulley speed, defined as:

ωmin = min (ωp, ωs) . (4.19)

Second the pulley deflection on the side which has the minimum pulley speed
effects the shift rate. Hence, the clamping force on the side with the minimum
pulley speed, denoted with Fdef should take part in the final dynamic model. Then
the following model structure is suggested, where the parameters are required to
be determined.

ṙ = σn(r) r (cω + ωmin + cpFdef ) (Fp − Fsκ) (4.20)

The parameters are then found by minimizing an error function defined as the sum
of the distance of individual dynamic constant curves from the eventual mean.
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Figure 4.10: Dynamic CMM model constant, identified for measurements per-
formed at several LAS speeds va [mm/s], primary pulley speeds ωp [rpm] and sec-
ondary pressures ps [bar], for the GCI chain. The different line colors correspond
to different va, line styles to ωp, and marker shapes to ps, where all combinations
are present. The mean line, shown in black, is calculated for a limited range of rx,
where corresponding data exist in all measurements.
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Hence the minimization tries to push all dynamic constants together in order to
find a common one for all experiments. The calculated constants are cω = 50,
cp = 0 and the result is depicted in Figure 4.11.

In Figure 4.11 it can be observed that most trends depending on pulley speed and
clamping pressure have been reduced. However, there is still difference in between
up- and downshifting dynamics. Moreover, spread of the dynamic constant is still
significant.

4.5 Conlusions and Looking Forward

In this paper, an analysis of existing time domain models for describing the dy-
namics of the CVT have been investigated towards modeling a GCI chain CVT
with the Linear servo Actution System (LAS). This actuation system enables an
accurately controlled constant rate of displacement for the primary pulley. The
resulting shift rate and forces are measured.

Measurements performed at various primary pulley speeds, secondary clamping
pressures, and actuator speeds show that system dynamics vary greatly depending
on the operating conditions. Evaluation of the existing models prove that these
dynamics can not be captured in a common model which covers all operating
conditions. Given the ultimate goal of modeling the SCVT, these models are very
inaccurate. Therefore, a new shift mechanism is hypothesized. According to this,
shift rate is assumed to be limited by the slowest pulley speed, and moreover
deflections on this same side affect the eventual shift rate.

A new model structure is proposed to encapsulate these assumptions. The pa-
rameters of the new model are recovered using minimizing an error function as
mentioned previously. Even though the new model returns a significantly smaller
error when evaluated with the error function, the simulation results do not improve
significantly.

Finally, it is concluded that the actuation principle changes the dynamics of the
CVT and hence further investigation is required towards a general accurate time
domain model. Loaded experiments should be performed as these represent the
real operating conditions of the CVT more closely then unloaded experiments.
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Chapter 5

Conclusions and
Recommendations

THIS chapter discusses the main conclusions of this thesis. More-
over, some recommendations are presented for future directions of

research.

5.1 Conclusions

Various aspects of modeling and control of Continuously Variable Transmissions
(CVTs) have been investigated in this thesis in several different applications. All
of the three research chapters, Chapters 2-4, explore improvements in CVT con-
trol accuracy and efficiency, by exploiting the different properties of the specific
application, along with state-of-the-art techniques from domains of mathematical
modeling and control theory. The summary and the main contributions of each
chapter follow. Next, conclusions are drawn on the research results related to the
main objectives, fields of application, modeling and control aspects of the work
described in this thesis.

5.1.1 A Summary of the Main Results

In Chapter 2, a Constant Speed Power Take-Off (CS-PTO) system that can power
an on board generator through the main engine of a transportation truck has been
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realized. Here, highly accurate dynamic ratio tracking has been achieved, with a
maximum of 5% deviation on the output speed. This ratio tracking accuracy is
superior to existing driveline applications, as detailed in Section 2.6. Moreover,
an efficient system with a competitive fuel consumption of around 0.34 L/kWh
has been accomplished. In developing the control system, the well defined load
characteristics of the electrical generator have been exploited in reducing clamping
forces. Feedback and feedforward controllers were developed based on Ide’s model
for the variator. The control specifications are validated using the linearized Ide
model and the data-based frequency domain model of the hydraulic actuation
system.

Chapter 3 picks up on the data based, frequency domain modeling for the slip
dynamics investigation on a pushbelt CVT, for a passenger vehicle driveline ap-
plication. The modeling is performed on the vehicle, such that the nonlinearities
of the CVT are realistically excited. A non-parametric model is developed using
Random Phase Orthogonal Multisine (RPOM) reference excitation signals. The
RPOM signals enable the quantification of noise and nonlinear distortions while
estimating the Best Linear Approximation (BLA) of the nonlinear plant dynamics.
Moreover, the ultimate goal of such modeling for slip identification is to implement
in real time on the vehicle. For this reason an error criterion is developed, which
can distinguish between the micro- and macro-slip regions of the CVT. A next
step could be investigating lock-in type approaches in combination with such an
error criterion for the real time application.

In Chapter 4, the challenges of extending the application area of the CVT towards
the heavy duty vehicle driveline are discussed. As such, the Series CVT (SCVT),
which has a much larger ratio coverage than the conventional CVT is introduced.
The data from a single variator CVT test setup is analyzed towards building an
accurate model to describe the dynamics of the SCVT. Existing time domain
models are evaluated with the data, as a result of which a new model structure
is proposed. It is observed that neither the existing models, nor the new model
are sufficient in describing the dynamics more accurately. This has showed that it
is important to focus the modeling efforts towards operating conditions closer to
real world ones, such as describing the loaded CVT dynamics. Moreover, based
on the poor performance of existing models, it is concluded that the actuation
principle might change the dynamics of the CVT significantly and hence further
investigation is required towards a general accurate time domain model.

5.1.2 Conclusions on the Application Areas

In this thesis, it has been shown that the CVT can be employed in a range of
applications, which can benefit from systems and control theory. The perceived
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restrictions and challenges of the CVT are not global, hence should not be a general
constraint in the consideration of the CVT for a specific end use. For instance,
in Chapter 2, we see that the efficiency of the CVT system can be increased, due
to the fact that the application does not involve torque shocks at the output.
Moreover, with an independent pressure circuit and feedforward and feedback
controllers designed properly, desired pressures can be tracked more accurately.
Hence, the would be over clamping due to uncertainties and poor pressure control is
eliminated, increasing system efficiency and performance. Similarly, the restricted
ratio coverage of the single stage CVT has been overcome with the Series CVT
design in Chapter 4.

New challenges might also arise depending on the requirements of the application.
For instance, in driveline applications, the ratio tracking goals are not dynamic and
do not require a high level accuracy during transients. However, for the CS-PTO
system, accurate dynamic ratio tracking has been the most important challenge.
This shows that new applications also bring the requirement for further research
in CVTs.

Moreover, as technology progresses, we can rely more on the other subsystems of
the end application. This is true for example, for the modern drivelines, where
the engine torque estimation by the electronic control unit of the vehicle is more
accurate then ever. Such developments in accompanying subsystems can be ex-
ploited in driving the CVT technology further, as they provide more information
of the operating conditions and less uncertainty. With a more accurate primary
torque estimation, the SCVT can be controlled with a smaller safety factor, hence
lower clamping forces; increasing efficiency and decreasing the required actuation
power.

5.1.3 Conclusions on Modeling and Control of the CVT

Traditionally, time domain models have been employed in describing CVT dynam-
ics and for control system design purposes. In Chapters 2 and 3, it is shown that
frequency domain modeling is also a valuable tool in approaching the modeling
and control of the CVT system, both for the hydraulic actuation and the variator
subsystems. In spite of the dominant nonlinear dynamics of the CVT, a data based
approach in frequency domain modeling is still a quick and accurate tool. This
tool has been employed for the modeling of the actuation system in Chapter 2 and
for the modeling of the variator dynamics in Chapter 3.

In addition to the frequency domain, a time domain model based on physical in-
sights on the dynamics of the CVT is still required. Such a model becomes valuable
for the design of the CVT, in estimating the relevant dynamics a priori. This is so
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for the SCVT application described in Chapter 4. Moreover, for most companies
and institutions, a time domain model is still preferable, due to frequency domain
knowledge not being widely available.

5.2 Recommendations

5.2.1 Modeling and Control

In this thesis, frequency domain modeling has been found valuable for control
design purposes. However, such modeling can be used further to improve the
efficiency and the accuracy of the CVT system. One such improvement can be de-
coupling of the CVT dynamics and true Multiple Input Multiple Output (MIMO)
control. The coupling of the CVT system means that the slip prevention and shift-
ing goals interfere with each other. This coupling follows through the interaction
of the belt and the hydraulic system and is easily experienced for example, when
the pressure on side is increased , it rises on the other side as well, even though this
was not the intention. The MIMO model of the CVT, complete with its actuation
system, should be identified in true operating conditions, such that all relevant
nonlinear dynamics are excited, resulting in a more accurate linear description of
the real system dynamics.

Once linear models at various operating points are achieved, further research
should be performed in designing a controller that can ensure robustness and per-
formance for the system moving across these operating points continuously. Here,
one direction of research can be into gain scheduling design.

In Chapter 2, we have shown that it is possible to track a dynamic ratio setpoint.
This can be used in driveline CVT applications, in order to improve the drive
comfort, and to minimize the actuation power during shifting. Different dynamic
ratio setpoints can be developed in order to increase the market acceptability of
the CVT.

Finally, time domain modeling is a point that need further research. In that, loaded
experiments should be performed as these represent the real operating conditions
of the CVT more closely then unloaded experiments. The first goal of a time
domain model should be to describe the most frequent operating conditions of the
CVT more accurately.
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5.2.2 Exploiting Slip

In Chapter 3, it has been found that applying small excitations on clamping forces,
it can be estimated weather the CVT is in macro- or micro-slip region, using the
existing sensors on the passenger vehicle driveline. Further research should be
performed to ensure the robustness of the suggested method, and to develop it
into an online method. Next, a slip controller should be designed such that the
slip reference can be tracked, using the suggested error criterion as a reference
input. In designing a cascaded control system that can track the ratio and slip
setpoints, the aforementioned decoupling becomes even more important.
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Appendix A

Further Elaboration on the
CS-PTO

A.1 Clamping Force Strategy

Using the Ide model given in (2.14), the primary clamping force, Fp, can be esti-
mated in terms of the secondary clamping force, Fs, and as a function of current
ratio, rω, shift rate, ṙω, and variator torque. Here we chose the secondary torque,
τs, as its estimation in the CS-PTO application is more convenient.

F̂p =
ṙω

ωpσIde(rω)
+ Fs · κ(rω, Fs, τs) (A.1)

Similarly Fs can be estimated in terms of Fp as follows.

F̂s =
Fp

κ(rω, Fs, τs)
− ṙω
ωpσIde(rω)κ(rω, Fs, τs)

(A.2)

The parameters σIde(rω), and κ(rω, Fs, τs) in (A.1) and (A.2) are predetermined
maps. The values required to evaluate these maps are assumed to be measured.
An implicit dependency of (A.2) on Fs remains through these maps. However,
Fs is a measured variable, hence this is not an issue. The estimates F̂p and F̂s
will later on be used to calculate the desired clamping forces in order to achieve a
desired shift rate ṙω,d, given the remaining variables.
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Then the desired difference between the primary and the secondary clamping
forces, defined as F∆,d = Fp − Fs, required to attain a desired shift speed ṙω,d,
given measured values of rω, Fp, Fs, and τs, can be written in terms of Fs as in
(A.3), and in terms of Fp as in (A.4).

F∆,d(Fs) = Fs · (κ− 1) +
ṙω,d
ωpσIde

(A.3)

F∆,d(Fp) = Fp ·
(

1− 1

κ

)
+

ṙω,d
ωpσIdeκ

(A.4)

Then the clamping force strategy is such that, depending on the desired direction
of shifting, a safe clamping force Fκ as defined in (2.27) is applied on one side of the
variator. The force Fκ is not related to the speed control loop and it is feedback
controlled by the hydraulic controller. On the other side, a force Fσ is applied,
which is composed of several elements. First is the desired force difference, F∆,d,
and second is the safe clamping force Fκ, compose the desired feedforward force.
Finally, the third element is the desired feedback force Ffb,d; which is the output
of a feedback controller present to account for any errors. The resulting primary
and secondary clamping forces for desired up-shifting and down-shifting are given
respectively in (A.5) and (A.6). It must be noted that F∆,d takes negative values
for down-shifting. Hence the desired feedforward secondary clamping force, Fff,s,
is still larger than the minimum force in down-shifting. The inverse Ide model
based forces are applied in feedforward scheme as explained in Section 2.4.3.

ṙω,d > 0 : Fs,d = Fκ,

Fp,d = Fσ = Fκ + F∆,d(Fs)︸ ︷︷ ︸
Fff,p

+Ffb (A.5)

ṙω,d < 0 : Fp,d = Fκ,

Fs,d = Fσ = Fκ − F∆,d(Fp)︸ ︷︷ ︸
Fff,s

+Ffb (A.6)

In (A.6), F∆(Fp) is used instead of F∆(Fs), and vice versa in (A.5), in order to
avoid the feedback loop that would otherwise appear. With the assumption of
decoupling, a secondary feedback loop is avoided when the measured clamping
force from the uncontrolled side is employed.
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However, due to imperfections in the actuation system, the realized forces will be
different from the desired forces. Moreover, due to the imperfections within the
Ide model, the realized shift rate will be different from the desired or the estimated
shift rate. This will also result in different estimates of F∆,d, resulting from (A.3)
or (A.4). Nevertheless, in this study F∆(Fs) is used in the calculations of both
up-shift and down-shift forces. The resulting error, eFs,d is estimated as follows.

F̂s,d = Fκ −
ṙω,d

ωpσIdeκ
− F̂p ·

(
1− 1

κ

)
= Fκ −

ṙω,d
ωpσIdeκ

− ṙω
ωpσIde

− Fs · κ+
ṙω

ωpσIdeκ
+ Fs

= Fκ + F∆(Fs) +
ṙω − ṙω,d
ωpσIdeκ︸ ︷︷ ︸
êFs,d

(A.7)

Since the desired speed ratio can be tracked in a stable manner in the resulting
system, the error term, eFs,d , in (A.7), will tend to zero. Hence, the approximation
F∆,d(Fp) ∼= F∆,d(Fs) is deemed valid.

A.2 Linearization of Generator Speed

The CVT speed ratio is defined in terms of the main engine speed ωe and the
generator speed ωg as in (A.8).

rω =
ωs
ωp

=
ωg

rbirbfωe
(A.8)

The time derivative of the speed ratio can then be found as in (A.9).

ṙω =
ω̇gωe − ω̇eωg
rbirbfω2

e

(A.9)

The Ide model according to the clamping force strategy was described in Section 2.4
as in (A.10). (A.15).

ṙω =

{
ωpσIde (Fκ − κFσ) , ṙω < 0

ωpσIde (Fσ − κFκ) , ṙω > 0
(A.10)
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In the speed control loop, Fσ in the manipulated input to the linearized variator
model; τs, ωe, ω̇e are the exogenous inputs to the system; and the time derivative
of the generator speed is the output. Equating the right hand sides of (A.9) and
(A.10), ω̇g can be found as in (A.11).

ω̇g =

{
ω̇eωg
ωe

+ r2
birbfω

2
eσIde (Fκ − κFσ) , ṙω < 0

ω̇eωg
ωe

+ r2
birbfω

2
eσIde (Fσ − κFκ) , ṙω > 0

(A.11)

Here the parameters σIde and κ depend on the system variables ωg, ωe, τs, and
ω̇e. Moreover, note that in this application, due to the chosen safety strategy,
the variable Fκ, is defined as in (A.12), where the parameters have values τmax =
120 Nm, µ = 0.09 [-], and cs = 0.3 [-].

Fκ =
cos(β) (τs + csτmax)

2µRs
(A.12)

For analysis and control purposes, we would like to find approximations for all
system parameters, such that we can denote ω̇g in terms of the system variables
x = {ωg, ωe, ω̇e, τs, Fσ}. We start with the approximation of the secondary radius
Rs, as in (A.13).

Rs(ωg, ωe) ≈ c3
(
ωg
ωe

)3

+ c2

(
ωg
ωe

)2

+ c1

(
ωg
ωe

)
+ c0,

c3 = −6.714 · 10−5, c2 = 163.7 · 10−5, c1 = −1622.8 · 10−5, c0 = 8480.1 · 10−5.

(A.13)

Next using (A.13), we can approximate Fκ defined in (A.12), with a function
hf (ωg, ωe, τs), as given in (A.14).

Fκ ≈ hf =
cos(β) (τs + csτmax)

2µ

(
c3

(
ωg
ωe

)3

+ c2

(
ωg
ωe

)2

+ c1

(
ωg
ωe

)
+ c0

) (A.14)

The system parameters σIde and κ, are approximated by functions hσ(ωg, ωe), and
hκ(ωg, ωe, τs, Fκ), respectively. Here, hσ is a piece-wise linear fit, with the values
of the coefficiencts as supplied in Table 2.1. Similar, but simpler approximations
have been previously used, as described in the Section 6.8 of Vroemen (2001).

σIde = hσ ≈ cm · rω + cn (A.15)

κ ≈ hκ = ck ·
(
rω − 1

rω + 1

)ci
+ clΨ

cj + ch (A.16)
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Here Ψ is the normalized torque, which using (A.12), can ber written as in (A.17).

Ψ =
fmin
Fκ

=
τs

τs + csτmax
(A.17)

Then the functions hκ(ωg, ωe, τs, Fκ), and hσ(ωg, ωe) can be written in terms of
the system variables as in (A.18), and (A.19), respectively.

κ ≈ hκ = ck ·
(
ωg − rbirbfωe
ωg + rbirbfωe

)ci
+ cl

(
τs

τs + csτmax

)cj
+ ch

ck = 0.45, ci = 1.0, cl = 0.38, cj = 0.73, ch = 1.2.

(A.18)

σIde = hσ ≈
cm
rbirbf

ωg
ωe

+ cn (A.19)

Finally, (A.11) can be approximated with a function as ω̇g ≈ g(ωg, ωe, ω̇e, τs, Fσ),
given in (A.20).

ω̇g ≈ g =

{
g− =

ω̇eωg
ωe

+ r2
birbfω

2
ehσ (hf − hκFσ) , ṙω < 0

g+ =
ω̇eωg
ωe

+ r2
birbfω

2
ehσ (Fσ − hκhf ) , ṙω > 0

(A.20)

Moreover, these functions are written out in terms of the system variables in (A.21)
and (A.22).

g− =
ω̇eωg
ωe

+ rbfr
2
biω

2
e

(
cn +

cmωg
rbfrbiωe

)[
−Fσ

(
ch + cl

(
τs

csτmax + τs

)cj
+ck

(−rbfrbiωe + ωg
rbfrbiωe + ωg

)ci)
+

cos(β) (csτmax + τs)ω
3
e

2µ
(
c0ω3

e + c1ω2
eωg + c2ωeω2

g + c3ω3
g

)] (A.21)

g+ =
ω̇eωg
ωe

+ rbfr
2
biω

2
e

(
cn +

cmωg
rbfrbiωe

)[
Fσ −

(
cos(β)ω3

e (csτmax + τs)

2µ

)

·

ch + cl

(
τs

csτmax+τs

)cj
+ ck

(
1− 2rbfrbiωe

rbfrbiωe+ωg

)ci
c0ω3

e + c1ω2
eωg + c2ωeω2

g + c3ω3
g

 (A.22)

For control design and analysis purposes, the function g can then be linearized
around a point g(p∗) = 0 for small perturbations δx of variables x = {ωg, ωe, ω̇e, τs, Fσ}.
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This linearization is then defined as in (A.23),

δω̇g =
∂g

∂ωg

∣∣∣∣
p∗︸ ︷︷ ︸

M1

δωg +
∂g

∂ωe

∣∣∣∣
p∗︸ ︷︷ ︸

M2

δωe +
∂g

∂ω̇e

∣∣∣∣
p∗︸ ︷︷ ︸

M3

δω̇e +
∂g

∂Fσ

∣∣∣∣
p∗︸ ︷︷ ︸

M4

δFσ +
∂g

∂τs

∣∣∣∣
p∗︸ ︷︷ ︸

M5

δτs (A.23)

For frequency domain analysis, the Laplace transform of (A.23) is given as in
(A.24), where the capital characters denote the Laplace transform of the corre-
sponding perturbed variable, i.e. X(s) = L{δx(t)}.

Ωg =
M3s+M2

s−M1
Ωe +

M4

s−M1
Fσ +

M5

s−M1
τs (A.24)

To calculate these TFs, we will need to evaluate the partial derivatives with respect
to the system variables. For shorthand notation, the values of the variables at the
point p∗ around which the function g is linearized, are denoted with a top bar,
such that x̄ = x(p∗). Since ¯̇ωg = 0, we can first calculate the steady state value of
Fσ as in (A.25) and (A.26), for up- and down-shifting, respectively. The additional
subscript + or − shows the related variable is calculated for up- and down-shifting,
respectively.

F̄σ+ =
− ¯̇ωeω̄g

ω̄e
+ rbfr

2
biω̄

2
e h̄σh̄κh̄f

rbfr2
biω̄

2
e h̄σ

(A.25)

F̄σ− =

¯̇ωeω̄g
ω̄e

+ rbfr
2
biω̄

2
e h̄σh̄f

rbfr2
biω̄

2
e h̄σh̄κ

(A.26)

Using (A.25) and (A.26), the coefficients of (A.23) can know be calculated. After
this point, although all variable are evaluated at p∗, the top bar is eliminated for
ease of notation. A new variable λ is defined as in (A.27), for simplifying the
equations. The results are presented with equations from (A.28) to (A.36).

λ =
ωg − rbfrbiωe
ωg + rbfrbiωe

(A.27)
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M1+ =
ω̇e
ωe

+ cmrbiωe

(
−hfhκ +

−ω̇eωg
ωe

+ rbfr
2
bihfω

2
ehσhκ

rbfr2
biω

2
ehσ

)
+

rbfr
2
biω

2
ehσ

hfhκ
(
c1
ωe

+
2c2ωg
ω2
e

+
3c3ω

2
g

ω3
e

)
Rs

−

cickhfλ
−1+ci

1− λ
rbfrbiωe + ωg

 (A.28)

M1− =
ω̇e
ωe

+ cmrbiωe

(
hf +

− ω̇eωgwe − rbfr
2
biω

2
ehfhσ

rbfr2
biω

2
ehσ

)
+

rbfr
2
biω

2
ehσ

−hf
(
c1
ωe

+
2c2ωg
ω2
e

+
3c3ω

2
g

ω3
e

)
Rs

+

cickλ
−1+ci 1−λ

rbfrbiωe+ωg

(
− ω̇eωgωe

− rbfr
2
bihfω

2
ehσ

)
rbfr2

biω
2
ehσhκ

 (A.29)

M2+ = − ω̇eωg
ω2
e

+ rbfr
2
biω

2
ehσhfhκ− c1ωgω2

e
− 2c2ω

2
g

ω3
e
− 3c3ω

3
g

ω4
e

Rs
− cickhfλ−1+ci

ωg (λ− 1)

rbfrbiω2
e + ωgωe

+

(
2rbfr

2
biωehσ − cmrbiωg

)(
−hfhκ +

− ω̇eωgωe
+ rbfr

2
biω

2
ehfhσhκ

rbfr2
biω

2
ehσ

)
(A.30)
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M2− = − ω̇eωg
ω2
e

+
(
2rbfr

2
biωehσ − cmrbiωg

)(
hf +

− ω̇eωgωe
− rbfr

2
biω

2
ehσhf

rbfr2
biω

2
ehσ

)
+

rbfr
2
biω

2
ehσ

−hf
(
− c1ωgω2

e
− 2c2ω

2
g

ω3
e
− 3c3ω

3
g

ω4
e

)
Rs

+

cickλ
−1+ci

(
ωg(λ−1)

rbfrbiω2
e+ωgωe

)(
− ω̇eωgωe

− rbfr
2
biω

2
ehfhσ

)
rbfr2

biω
2
ehσhκ

 (A.31)

M3+ = M3− =
ωg
ωe

(A.32)

M4+ = rbfr
2
biω

2
ehσ (A.33)

M4− = −rbfr
2
biω

2
ehσhκ (A.34)

M5+ = rbfr
2
biω

2
ehσ(

−cjcl
(

τs
csτmax + τs

)−1+cj

hf
csτmax

(csτmax + τs)
2 −

cos(β)hκ
2µRs

)
(A.35)

M5− = rbfr
2
biω

2
ehσ

cos(β)

2µRs
+

cjcl

(
τs

csτmax+τs

)−1+cj
csτmax

(csτmax+τs)
2

(
− ω̇eωgωe

− rbfr
2
biω

2
ehσhf

)
rbfr2

biω
2
ehσhκ

 (A.36)

A.3 Fuel Consumption of Competitor Products

Literature survey on vehicle mounted gensets reveal some consumption data. How-
ever the reliability of such data is doubtful, especially because part load fuel con-



sumption is provided to be the same as full load fuel consumption. Nevertheless,
some examples are provided for comparison with the CS-PTO fuel consumption.

Max. Fuel Consumption [L/kWh]

Brand-model power at load percentage [%]

[kW] 100% 50% 25%

WINCO Emergen-C EC18000VE 18 0.57 0.88 1.0

WINCO Emergen-C EC22000VE 22 0.56 0.65 0.98

POWERTECH PTS-20 20 0.34 0.34 0.34

POWERTECH PTS-30 30 0.28 0.28 0.28

Table A.1: Fuel consumption data of various gensets, (WINCO, 2014; Volts Ener-
gies, 2014).

A.4 Clutch Engagement in the CS-PTO System

As mentioned in Section 2.3.2, the engaging of the clutch within the CS-PTO
system gives the largest torque shock. The system torques and speeds during the
engagement of the clutch are shown in Figure A.1.
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Figure A.1: The system torques and speeds during the engagement of the clutch
in the CS-PTO system, as performed on the electric machine test rig.
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Appendix B

On Experimental Slip
Estimation

B.1 The Lock-in Procedure

The lock-in procedure is a widely applied signal processing technique used to isolate
and detect the amplitude of a signal at a certain frequency. Other frequency
components of the signal are simply not measured. To do this, a reference signal
U , as defined in (B.1), is used. The measured signal Y , defined in (B.2), are then
multiplied as in (B.3), giving a final value V .

U = Mu sin(ωut+ θu) (B.1)

Y = My sin(ωyt+ θy) (B.2)

V = U ∗ Y = MuMy sin(ωut+ θu) sin(ωyt+ θy)

= 0.5MuMy (cos [(ωy − ωu) t+ θy − θu]

− cos [(ωy + ωu) t+ θy + θu]) (B.3)

Hence for any frequency ωy of the output signal different than the reference, the
final value is V = 0. Only for ωy = ωr, V 6= 0.

Furthermore, if V is put through a low pass filter to recover its DC value, VDC is
calculated as in (B.4).

VDC = 0.5MuMy cos(θyθu) (B.4)
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This principle lets us recover the phase difference between the reference and the
measured signal as well, which is used in the slip estimation.

B.2 Experimental Setup

Calculation of primary and secondary variator torques

This is done as follows. First the driveshaft torque τD is recovered from wheel
torque measurements as in (B.5).

τD = τω1 + τω2 (B.5)

Then the secondary side variator torque, τs can be calculated as in (B.6), where
ωs secondary side variator speed, JDL is the differential inertia, rFD and ηFD are
the final drive ratio and efficiency respectively, JDNR is the DNR set inertia, JIS
is the inertia of the intermediate shafts, and τDNR is the viscous drag loss within
the DNR set.

τs =

(
τD + ω̇s ·

JDL
rFD

)
· 1

rFDηFD
+ ω̇s (JDNR + JIS) + τDNR (B.6)

Next, the torque consumed by the pump, τL, is calculated using (B.7), where pL
is the pump pressure and qL is the pump flow. The pump flow is calculated using
(B.8), where ωe is the rotational speed of engine, VL is the volumetric displacement
of the pump, and ηL is the volumetric efficiency.

τL =
pL · qL
ωe

(B.7)

qL = ωe · VL · ηL (B.8)

Then the primary side variator torque, τp, can be calculated as in (B.9), where τe
is the engine output torque, ωp is the primary variator speed, JTC,2 is the torque
converter inertia on the variator side, and JTC,1 is the torque converter inertia on
the engine side.

τp = τe − ω̇e · JTC,2 − ω̇p · JTC,1 − τL (B.9)
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Appendix C

On A New Model for the
SCVT

C.1 Calculation of Centrifugal Coefficient for Com-
pensated Piston

The centrifugal pressure build up along the radial dimension R in a cylindrical
vessel rotating at speed ω is given in (C.1), where effects of gravity are neglected.

pc(R) =
1

2
ρR2ω2 (C.1)

The total pressure p at radius R can then be written as follows.

p(R) =
1

2
ρR2ω2 + C (C.2)

Here C is a constant and follows from the boundary conditions. Then using (C.2)
and the correct boundary conditions, the total force on the vessel wall can be
calculated as in (C.3) where, Rpi and Rpo are the inner and outer radii of the
piston where the pressure acts, respectively.

F =

∫ Rpo

Rpi

p(R)dA =

∫ Rpo

Rpi

2πp(R)dR (C.3)

The cross section of the variator pulley set with a pressure compensation chamber,
which is composed of two rotating pressure chambers, is shown in Figure C.1.
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pressure
cylinder
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Rpo

Rc

Rpi

pf

patm

Figure C.1: Variator pulley set with pressure compensation chamber.

Here, the pulley set has its pressure feed at a radius of Rf , where the pressure is
measured with a sensor as the feed pressure pf . The pressure cylinder has outer
and inner radii of Rpo and Rpi, respectively. The compensation chamber opens to
atmospheric pressure patm at a radius of Rc. These constitute the boundary con-
ditions. Then the integration constant for the pressure cylinder Cpc, is calculated
as in (C.4).

Cpc = pf −
1

2
ρR2

fω
2 (C.4)

Hence the pressure build up along the radial dimension is given as in (C.5).

ppc(R) = pf +
1

2
ρ
(
R2 −R2

f

)
ω2 (C.5)

Integrating (C.5),

Fpc =

∫ Rpo

Rpi

(
pf +

1

2
ρ
(
R2 −R2

f

)
ω2

)
2πR dR

= pf π
(
R2
po −R2

pi

)
+ ρπ

(
R4
po −R4

pi − 2R2
f

(
R2
po −R2

pi

)
4

)
ω2.

(C.6)

Similarly, taking all pressures relative to atmospheric pressure such that patm = 0,
the integration constant for the compensation chamber Ccc, is calculated as in
(C.7).

Ccc = −1

2
ρR2

cω
2 (C.7)

The inner and outer radii of the compensation chamber are also Rpi and Rpo,
respectively. Hence the pressure build up along the radial dimension is given as in
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(C.8).

pcc(R) =
1

2
ρ
(
R2 −R2

c

)
ω2 (C.8)

Then the force on the compensation chamber wall is calculated as in (C.9).

Fcc =

∫ Rpo

Rpi

(
1

2
ρ
(
R2 −R2

c

)
ω2

)
2πR dR

= ρπ

(
R4
po −R4

pi − 2R2
c

(
R2
po −R2

pi

)
4

)
ω2

(C.9)

The net pressure force, Ftp on the moveable pulley sheave is then as given in
(C.10).

Ftp = Fpc − Fcc

= pf π
(
R2
po −R2

pi

)︸ ︷︷ ︸
Apc

+ ρπ

(R2
po −R2

pi

) (
R2
c −R2

f

)
2


︸ ︷︷ ︸

cf

ω2 , (C.10)

where Apc is the pulley piston area, and cf is a centrifugal coefficient.

C.2 Extra Figures Relating to Chapter 4

For the pushbelt, the theoretical calculation only meets the general trend, and the
measured κ are very wide spread. In this case it seems κ depends both on the
absolute level of clamping forces and pulley speeds. Moreover, κ(1, 0) is not 1, as
would be expected from theory. This could partly be due to the difference between
rx and rR, which can be upto few percentages as seen in Figure 4.4.

In addition, it can be seen that the measured κ is a bit flatter than κ0. This is sim-
ilar to measurements from previous studies, (Commissaris, 2005; De Metsenaere,
2005).

For the pushbelt, at low secondary pressure, we see that κ(rx, 0) is changing very
slowly for high ratios. This indicates that the ratio is very sensitive to κ and makes
dynamic modeling much harder.
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Figure C.2: Measured κ for pushbelt at different primary pulley speeds ωp [rpm]
and secondary pressures ps [bar], along with the theoretical κ0 calculated according
to the CFT.
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averaged for all measurements κt and the theoretical κ0 calculated according to
the CFT.



132 Chapter C. On A New Model for the SCVT

0.4 0.6 0.8 1 1.2 1.4 1.6 1.8 2
0

0.5

1

1.5

2

2.5

3

3.5

4
x 10

−6

σ
Id

e

downshifting

 

 

0.4 0.6 0.8 1 1.2 1.4 1.6 1.8 2
0

0.5

1

1.5

2

2.5

3

3.5

4
x 10

−6

r
x

σ
Id

e

upshifting

 

 

v
a
=20

v
a
=40

v
a
=60

v
a
=80

ω
p
=750

ω
p
=1500

ω
p
=3000

p
s
=10

p
s
=20

p
s
=30

Figure C.4: Dynamic Ide model constant, identified for measurements performed
at several LAS speeds va [mm/s], primary pulley speeds ωp [rpm] and secondary
pressures ps [bar], for the pushbelt.



C.2. Extra Figures 133

0.4 0.6 0.8 1 1.2 1.4 1.6 1.8 2
0

0.5

1

1.5

2

2.5

3

3.5

4
x 10

−6

b
−

1

s

downshifting

 

 

0.4 0.6 0.8 1 1.2 1.4 1.6 1.8 2
0

0.5

1

1.5

2

2.5

3

3.5

4
x 10

−6

r
x

b
−

1

s

upshifting

 

 

v
a
=20

v
a
=40

v
a
=60

v
a
=80

ω
p
=750

ω
p
=1500

ω
p
=3000

p
s
=10

p
s
=20

p
s
=30

Figure C.5: Dynamic Shafai model constant, identified for measurements per-
formed at several LAS speeds va [mm/s], primary pulley speeds ωp [rpm] and
secondary pressures ps [bar], for the pushbelt.



134 Chapter C. On A New Model for the SCVT

0.4 0.6 0.8 1 1.2 1.4 1.6 1.8 2
0

0.01

0.02

0.03

0.04

0.05

0.06

0.07

0.08

σ
C

M
M

downshifting

 

 

0.4 0.6 0.8 1 1.2 1.4 1.6 1.8 2
0

0.01

0.02

0.03

0.04

0.05

0.06

0.07

0.08

r
x

σ
C

M
M

upshifting

 

 

v
a
=20

v
a
=40

v
a
=60

v
a
=80

ω
p
=750

ω
p
=1500

ω
p
=3000

p
s
=10

p
s
=20

p
s
=30

Figure C.6: Dynamic CMM model constant, identified for measurements per-
formed at several LAS speeds va [mm/s], primary pulley speeds ωp [rpm] and
secondary pressures ps [bar], for the pushbelt.



135

Bibliography

Akehurst, S., Vaughan, N., Parker, D., and Simner, D. (2004a). Modelling of loss
mechanisms in a pushing metal v-belt continuously variable transmission. part
1: torque losses due to band friction. Proc. of the Institution of Mechanical
Engineers, Part D: Journal of Automobile Engineering, 218(11):1269–1281.

Akehurst, S., Vaughan, N., Parker, D., and Simner, D. (2004b). Modelling of loss
mechanisms in a pushing metal v-belt continuously variable transmission: Part
2: Pulley deflection losses and total torque loss validation. Proc. of the Insti-
tution of Mechanical Engineers, Part D: Journal of Automobile Engineering,
218(11):1283–1293.

Akehurst, S., Vaughan, N., Parker, D., and Simner, D. (2004c). Modelling of loss
mechanisms in a pushing metal v-belt continuously variable transmission. part
3: belt slip losses. Proc. of the Institution of Mechanical Engineers, Part D:
Journal of Automobile Engineering, 218(11):1295–1306.
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Summary
Advanced CVT Modeling and Control

The technological innovations in the road vehicles market are driven by consumer
demands and rigorous environmental agreements by international regulatory bod-
ies, in three main directions: energy efficiency, emission reduction, and vehicle per-
formance. The transmission system is an essential vehicle subsystem with much
influence in all three directions. A Continuously Variable Transmission (CVT)
is an automated, stepless power transmission system that is increasingly gaining
importance in the automotive market worldwide due to its many advantages: it re-
duces fuel consumption and emissions through enabling optimal engine operation,
and provides performance and comfort in driving through automated shifting and
uninterrupted torque transmission. These properties of the CVT make it interest-
ing for not only the main driveline of the vehicle but also for powering auxiliaries,
hybridization, and for various other applications ranging from bikes to wind tur-
bines. However, the stand alone efficiency of the CVT is still significantly less than
its geared equivalents. Moreover, the speed ratio setpoint tracking in the current
systems is insufficient for realizing the full potential of the CVT driveline. In this
thesis, the fundamental issues of efficiency and speed ratio tracking are addressed
using tools of modeling and control for several different system applications (light
and heavy duty vehicles, and a non-driveline application) and implementation re-
sults are presented in three parts.

The first part reports a novel implementation of the CVT in between the main
engine of a truck, rotating at variable speed, and an onboard generator, operated
at constant speed, such that the (large) auxiliaries, like electrical refrigeration
units for transportation trucks, can be powered without additional power sources.
This novel concept is referred to as a Constant Speed Power Take Off (CS-PTO)
system, and can be considered as a step towards hybridization in the context
of future regulations. Through independent hydraulic actuation circuits and a
cascaded control structure, high accuracy ratio tracking with an error margin of
5% was achieved, which is necessary and sufficient in order to satisfy the electrical
requirements. Moreover, a complete system efficiency of around 80%, and part load
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fuel consumption around 0.34 L/kWh was achieved, which proves the solution to
be feasible and superior to alternatives. In addition to the test rig results with
electrical motors as the input and the load, respectively, the CS-PTO system is
also tested in the laboratory with a Diesel truck engine at the input and generator
and electrical loads at the output.

The second part is about the in vehicle black box modeling of the nonlinear vari-
ator dynamics using Frequency Response Function (FRF) measurements, towards
increasing the CVT efficiency through slip control technology. Previously, it has
been shown that the most efficient operation point of the CVT lies between the
macro- and micro-slip regions and slip control methods were developed as a means
for increasing CVT efficiency. However, online slip detection remains difficult,
even with many additional sensors. In this part the observation that the system
dynamics change drastically between macro- and micro-slip regions are exploited
in detecting the mode of slip without any additional sensors using FRFs. For this
novel method, multisine excitations are injected on a hydraulically actuated CVT
in the vehicle that is operated on a roller bench. Using these measurements, a lin-
ear nonparametric model is estimated and investigated for slip estimation. It has
been seen that it is possible to estimate a best linear approximation and an error
measure for macro-slip for the CVT with experiments performed on the vehicle
and that the phase response drastically changes in between the two modes of slip.

Finally, the third part offers the modeling and control of the innovative chain
type Series-CVT (SCVT) with servo-hydraulic actuation for heavy-duty driveline
applications. The SCVT, composed of two variators connected in series, provides
sufficient range of ratio while keeping component sizes small. Furthermore, the
servo-hydraulic actuation, composed of two piston pumps, enables accurate ratio
tracking with less actuation power than alternatives. The developed variator model
aims to decrease the inaccuracies present in comparable time domain models.

The contributions in this thesis demonstrate better performance and efficiency of
the CVT are possible through employing identification and control theory, and as
a result, the application area of the CVT can be widened in the future, where
application domains will be extending from low power systems such as bicycles, to
high power ones such as wind turbines.



147

Acknowledgements

The journey of research requires getting lost before arriving at the destination. I
thank my supervisors Maarten Steinbuch and Theo Hofman, both for giving me
the opportunity to try my hand at this, and guiding me throughout the journey.
I share my happiness and excitement for seeing the completion of this project
with them. Maarten, thank you for your trust, support and understanding. Your
input has been valuable in our technical discussions as well as in managing the
challenges. Theo, I thank you for accommodating my flexible working scheme,
putting in the framework, and your constant positivity until the end.

I have worked with various students during this research. I thank Lichao, Dhiraj,
Emilio, who have completed their internship and graduation projects with me.
Lichao, Dhiraj, you have both performed a very nice work. I am looking to working
together with you at Bosch. I also thank Valerio, who visited us for a short
internship.

Through out this project, I had the chance to collaborate with DTI, GCI, and
Bosch Transmissions. I thank Bas Vroemen, Roëll van Druten, Jeroen van den
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