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Abstract 

The calculation of the power of the turbocharger is important to predict the engine perfor

mance. The power is used to calculate the efficiency of the turbocharger. In the past models 

are developed to predict the unsteady turbine performance. In this report the correlation be

tween the mass flows and pressures in the turbine are researched. 

The finite volume model, describes the turbine by means of a volute of finite volume in which a 

mass of working fluid can transiently accumulate and diminish according totheinlet pressure. 

This volute is foliowed by a rotor in which the flow is assumed to be quasi-steady. From this 

model a charaderistic time was estimated, which is a measure for the time the volute needs to 

get empty. Analysis leads to a dimensionless group, which displays the influence of the charac

teristic time on the dimensionless amplitude and the phase delay between inlet flow and outlet 

flow. 

To add more inertia to the system, the lumped parameter model is used. Instead of determin

ing the outlet flow directly using the quasi-steady charaderistic for the rotor, the rate of change 

of the outlet flow is determined. This modelleads to two charaderistic time scales for respec

tively small and large rotors. For large rotors both models are the same. For small rotors the 

phase delay is increasing and the amplitudes of the inlet flow and outlet flow are decreasing. 

The Stanford engine simwation program (ESP) is used to simulate an engine, which results in 

the pressure in the exhaust manifold. The flow conditions used byESPin the exhaust manifold 

suppose that the turbine rotor can be modelled by means of a restriction. When this simulated 

pressure is used as input for both models, it can be seen that the volute has a damping effect 

on the system. 

To compare the simulated engine exhaust pressure, the pressure in the exhaust manifold is 

measured on a six cylinder engine with a twin en try turbine. If the measured pressure is com

pared to the simulated pressure byESPit can beseen that these signals have globally the same 

shape, in spite of camparing a single entry with twin entry turbine. 

It is possible to correlate the mass flow and the pressure in the turbine with both models. The 

unsteady effects are more expressed in the mass flow than in the pressure. Also for different 

rotor dimensions the pressure is constant. From ESP and the measurements it can be con

cluded that the global shape of the mass flow and pressure is the same, unfortunately they 

could not be scaled to that of the models. 
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Abstract (Dutch) 

De berekening van het vermogen van de turbocharger is belangrijk om de motor prestaties te 

voorspellen. Het vermogen wordt gebruikt om de efficiëntie van de turbocharger uit te reke

nen. In het verleden zijn er modellen ontwikkeld voor het instationaire gedrag van de turbine. 

In dit verslag wordt de correlatie tussen de massa stroom en de drukken in de turbine onder

zocht. 

Het eindige volume model beschrijft de turbine door middel van een slakkenhuis met eindig 

volume, waarin massa kan samenkomen en afnemen, overeenstemmend met de inlaat druk. 

Het slakkenhuis wordt gevolgd door een rotor, waarin de massa stroom quasi-stationair is 

verondersteld. Voor dit model is een karakteristieke tijd afgeschat, die een maat is voor de tijd 

dat het slakkenhuis nodig heeft om leeg te lopen. Analyse van het modelleidt tot een dimen

sieloze groep, die de invloed van de karakteristieke tijd weergeeft op de dimensieloze massa 

stroom en het faseverschil tussen de ingaande massa stroom en de uitgaande massa stroom. 

Om meer traagheid aan het systeem toe te voegen wordt het lumped parameter model ge

bruikt. In plaats van de uitgaande massa stroom direct te bepalen aan de hand van de quasi

stationaire karakteristiek van de rotor, wordt de verandering van de uitgaande massa stroom in 

de tijd bepaald. Dit modelleidt tot twee karakteristiek tijdschalen, voor respectievelijk kleine 

en grote rotors. Voor grote rotors zijn beide modellen hetzelfde. Voor kleine rotors neemt het 

faseverschil toe en de amplitudes van de ingaande en uitgaande massa stroom nemen af. 

Het Stanford motor simulatie programma (ESP) wordt gebruikt om een motor te simuleren, 

wat resulteert in een druksignaal in het uitlaatspruitstuk De stromingscondities, die gebruikt 

worden door ESP in het uitlaatspruitstuk, veronderstellen dat de turbine rotor gemodelleerd 

kan worden als een restrictie. Als het gesimuleerde druksignaal wordt gebruikt als ingang voor 

het model dan kan opgemerkt worden dat het slakkenhuis een dempende werking heeft op het 

systeem. 

Het gesimuleerde druksignaal wordt vergeleken met de werkelijkheid door het druksignaal 

voor de turbine te meten, aan een zes cilinder motor met een twin-entry turbine. Ondanks 

dat een single entry turbine wordt vergeleken met een twin entry is de globale vorm van het 

signaal hetzelfde. 

Het is mogelijk om de massa stroom en de drukken in de turbine te correleren met beide 

modellen. De instationaire effecten komen meer tot uitdrukking in de massa stroom dan in de 

druk. Voor verschillende rotor dimensies is de druk constant. Uit ESP en de metingen blijkt 

dat de globale vorm van de massa stroom en de druk hetzelfde is, echter deze konden niet 
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geschaald worden naar de massa stromen en drukken van de modellen. 
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(HAPTER ONE 

Introduetion turbocharging 

1.1 History of turbocharging [15] 

The history of turbocharging is almost as old as that of the intemal combustion engine. Got

tlieb Daimier (1885) and RudolfDiesel (1896) tried already to increase the engine performance 

and to reduce the fuel consumption of their engines by pre-compression of the combustion 

air. However, Alfred Büchi, a Swiss engineer from Winterthur, invented the turbocharger and 

registered his invention in 1905 at the Swiss patent office. His idea was to use the exhaust 

gases of a diesel engine to drive a compressor via a turbine, and force compressed air into the 

combustion chambers, thereby increasing the power output of the engine. Because more than 

35% of the energy released by the combustion of the fuel is lost in the exhaust, this useless 

waste energy would subsequently be transformed into additional power. This was the begin

ning of the gradual introduetion of turbocharging into the industry. 

In World War I, turbochargers were used sparingly on aircraft. In the 1930's and 194o's the 

development of turbochargers occurred on a widening scale, first in Europe and then in the 

United States. In the United States, General Electric developed turbochargers for military air

craft. As a result of this thousands were used on fighter aircraft and bombers, such as the 

B-17 in World War Il. In the late 1940's and early 195o's, the Garrett Corporation was commit

ted to the design of small gas turbine engines from 15-67 kW. The engineers had developed a 

good background in the metallurgy ofhousings, high speed seals, radial inftow turbines, and 

centrifugal compressors. Due to commercial diesel turbocharger opportunities, the Garrett 

Corporation started in 1954 AiResearch Industrial Division, which would later be named Gar

rett Automotive, for turbocharger design and manufacturing. 

After the first oil crisis in 1973, the application of turbochargers for diesel and gasoline en

gines became more accepted. Until then, the high investment costs of turbocharging were 

compensated only by fuel cost savings, which were minimaL Through the fuel consumption 

legislation and increasingly stringent emission regulations the number of turbocharged truck 

engines increased in the late 8o's. Today, virtually every truck engine is turbocharged. 

With the turbocharger's entry into motor sports, especially into Formula I racing, the tur

bocharged passenger car engine became very popular. The word "turbo"became quite fashion-
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COMPRESSOR 
SECTION 

Figure 1.1 Turbocharger diagram 

TURBINE 
SECTION 

able. At least every automobile manufacturer offered one model equipped with a turbocharged 

petrol engine. However, this phenomenon disappeared after a few years because although 

the turbocharged petrol engine was more powerful, it was not economical. Furthermore, the 

"turbo-lag", the delayed response of the turbochargers, was at that time still relatively large and 

not accepted by most customers. 

The real breakthrough in passenger car turbocharging was achieved in 1978 with the intro

duetion of the first turbocharged diesel engine passenger car in the Mercedes-Benz 300 SD, 

foliowed by the VW GolfTurbodiesel in 1981. The efficiency ofthe diesel engine could be in

creased and the emissions significantly reduced. 

Today, the performance perspective is not the main reason of turbocharging engines. The 

primary reasons are: 

- recovery of exhaust gas energy 

- reducing of fuel consumption 

- reducing of emissions 

1.2 Turbocharging theory 

A turbocharger is basically an exhaust gas driven air compressor. A turbocharger diagram 

can be seen in figure 1.1. The turbocharger can be divided into two basic parts, the exhaust 

gas driven turbine and the air compressor. The exhaust gas spins an impeller which turns a 
compressor wheel. The turbine impeller and compressor wheel are connected via a common 

shaft. The ambient inlet air is compressed after which it is force-fed into the intake under 

pressure. A wastegate is built into the system that vents the exhaust gases away from the 

impeller at the intended boost level, so the turbo holds fixed, stabie boost at top speed. 



1.2 TURBOCHARGING THEORY 

Figure 1.2 Single entry 
turbocharger 

1.2.1 Twin entry turbocharger [11] 

Figure 1.3 Twin entry tur
bocharger 
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Multi-cylinder engines have ranges in which there is some overlap in the exhaust valve opening 

timing of one cylinder and its sequent cylinder. This can cause interterenee to the exhaust 

gas flow, where the exhaust gases from the two cylinders join and results in exhaust energy 

loss in the turbocharged engine. Also, cylinders which have just finished the exhaust process 

are affected by the high back pressure of the exhaust initial process, so that high pressure 

gas remains behind more easily. The intake flow to the engine is not smooth anymore. The 

exhaust gas interterenee is eliminated by providing two exhaust manifolds. For example for a 

sixth cylinder engine, the cylinders no. 1 to no. 3 and the cylinders no. 4 to no. 6 are each 

connected to a manifold respectively. Figure 1.2 and 1. 3 display a cutaway diagram of a single 

entry and a twin entry turbocharger. It can be seen that the inlet of the twin entry turbine is 

separated. lnside the turbine housing, it has two scrolls, but they are not totally separated, so 

pressure can be past through. 

1.2.2 Advantages ofturbocharger [15] [16] 

Turbocharging generally has the greatest relative power gain of all charging methods, since it 

uses energy otherwise lost out the exhaust. There are a number of benefits to be gained by 

turbocharging. 

A non turbocharged engine receives air via the effort of the crankshaft and atmospheric pres

sure alone. A turbocharger provides pressurised air, which permits more air, and therefore 

more fuel, to be introduced into the cylinder. The end result is more power output and higher 

combustion efficiency. The power-to-weight ratio, i.e. kilowatt (power output)fkilograms (en

gine weight), of the exhaust gas turbocharged engine is much better than that of the naturally 
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aspirated engine. Further on, the turbo engine's installation space requirement is smaller than 

that of a naturally aspirated engine with the same power output. 

Compared with a naturally aspirated engine of identical power output, the fuel consumption of 

a turbo engine is lower, as some of the normally wasted exhaust energy contributes to the en

gine's efficiency. Because the turbocharger delivers more air to the engine, combustion of the 

fuel is more complete, cleaner, and takes place within the engine cylinders where its workis ac

complished. This results in an increased fuel economy and emission reductions. The positive 

air pressure (above atmospheric pressure), that is maintained in the engine intake manifold 

benefits the engine in several ways. During engine valve overlap, clean air is pushed across the 

combustion chamber scavenging all remaining gases while cooling the cylinder heads pistons 

and valves. 

Turbochargers may also be used to altitude compensate (normalise) a non turbo charged en

gine. The high-altitude performance of a turbocharged engine is significantly better. An engine 

and turbochargerare matched andfor controlled to maintain sea level atmospheric manifold 

pressure at high altitudes, whereas a natural aspirated engine willloose horsepower, because 

of the lower air pressure at these high altitudes. In contrast, the performance of the turbine 

improves at high altitudes as a result of the greater pressure difference between the virtually 

constant pressure upstream of the turbine and the lower ambient pressure at outlet The lower 

air density at the compressor inlet is largely equalized and the engine has barely any power 

loss. 

A turbocharged engine's torque charaderistic can be improved. Due to the so-called "maxi 

dyne characteristic" (a very high torque increase at low engine speeds), close to full power 

output is maintained well below rated engine speed. Therefore, dimhing a hili requires fewer 

gear changes and speed loss is lower. 

Because of reduced overall size, the sound-radiating outer surface of a turbo engine is smaller, 

it is therefore less noisy than a naturally aspirated engine with identical output. Also the fric

tional and thermallosses are less. 

1.3 Use of steady flow maps 

The calculation of the power of the turbine is one of the main problems when designers try 

to predict the engine performance, because the power is used to calculate the efficiency of the 

turbocharger. It is important that the turbine and the compressor are chosen in such a way 

that the whole turbocharging system plus the intemal combustion engine constitute a tuned 

system, which behaviour in every operating point will be as optimum as possible. The power 

of the turbine is dependent on the mass flow rate and the pressure in the exhaust manifold. 

The pulsating exhaust flow causes chances in turbo speed, the turbine wheel is de- and accel

erated due to the fact that the amount of energy stored in the exhaust gases changes in time. 

As a result of this the turbine efficiency can not be calculated with the formulas commonly 

used in literature descrihing the thermodynamics of turbomachinery, because these yield for 
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steady-state cases only. 

There are different turbocharger models , but they calculate cycle-averaged exhaust mass flow 

rates and temperatures and neglect pressure pulsation effects. Because these models do not 

seem to give good results, the calculations of turbine performance are stillbasedon steady-flow 

performance maps. These maps are measured on steady-flow flow-benehes by the manufac

turer. They show the speed and adiabatic efficiency as functions of mass flow and pressure 

ratio. When the turbine is used on the engine the mass flow and the pressure ratio are not 

steady anymore. Due to the intermittent opening of the exhaust valves, the engine produces 

a pulsating flow in the exhaust manifold. To get better results calculating the turbine perfor

mance, the quasi-steady assumption became the standard method. When the instantaneous 

mass flow and pressure ratio are known the corresponding efficiency and speed can he looked 

up in the maps and vice versa. 

A lot of research is done to see how these steady-flow performance maps can he used in the 

unsteady flow. Benson [1] used a rotating cylinder with two parallel rectangular portsas pulse 

generator to establish correlation factors between the unsteady and steady flow results. With 

these factors it was tried to correlate the pulse shape, frequency and the errors made by the 

quasi-steady calculations for the mass flow and the :power. The error in the mass flow, that 

means the ratio of the measured mass flow to the predicted mass flow, appeared to he inde

pendent of the the pulse shape, while the error in the power increased with increasing form 

factor. The errors between the measured and the predicted mass flow, on base of the quasi

steady calculations, was o-40% and for the power output 10-100%. 

lwasaki et al [6] compared the mass flow and efficiency charaderistics under steady conditions 

with those under unsteady (on engine) conditions. By using a pulsation factor Kp, that is de

fined as a ratio of the fluctuating pressure amplitude and the mean pressure at the turbine 

inlet, they found that the characteristic does notdepend on different types of turbochargers. At 

low engine speed the pulsation factor is large, this means that the amplitude of the fluctuating 

pressure is largé. At higher engine speed the Kp becomes smallerand the exhaust pressure 

is similar to steady state. The distributions of degree of reaction along the scroll outlet, show 

larger variation at low engine speed compared to the steady state condition. The same tendency 

is found by the correction factors for the efficiency and mass flow respectively. At low engine 

speed (low expansion ratio) the factors are large, but with increasing engine speed; they move 

towards one. The steady statemapscan he corrected with this correction factors, however the 

dispersion is stilllarge for different engines. 

The quasi-steady approach or the use of correlation factors only prediets the unsteady turbine 

performance at a certain area. Therefore there are several models developed to predict the 

unsteady turbine performance over the whole area. 
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1.4 Turbine models 

Yeo [14] is a continuation of Dale [5] and they found that the unsteady flow charaderistics are 

caused by the volute. The volurne of the volute causes a phase delay between the mass flow and 

the pressure, which results in a hysteresis curve during the unsteady tests. Further Yeo found 

almost none unsteady flow phenomena at the rotor outlet, which suggest that all unsteady ef

fects are eliminated in the rotor. The results of Baines and Yeo [2] suggested that under pulse 

flow conditions, the rotor acts quasi-steady and that the unsteady phenomena in the turbine 

are caused by the accuroulating work of the volute. This was also confirmed by Lahoye [7], 

who estimated the Strouhal nurnber for the volute and the rotor. He found that the Strouhal 

nurnber for the volute is approximately Sr~ 0(1) and for the rotor Sr~ O(lo-2). However, 

the only exception is Winterbone [13], who found that the turbine casing appears to operate in a 

quasi-steady manner and that the dynamic effects in turbochargers must come from the rotor. 

The present turbine models describe the unsteady flow in the volute, while the rotor is mostly 

modelled in a simple quasi-steady way. Three models have been evaluated, the model of Chen 

[4], Miyauchi [9] and Baines [3]. Chen described a steady flow modelafter which this model 

was extended to an unsteady flow model. Chen uses an existing quasi-steady model to describe 

the flow through the rotor and an unsteady flow model for the volute. 

The model of Miyauchi is equal to that of Baines, with the exception of the rotor model. 

Miyauchi does not use a separate rotor model, but adds an extra body force to the momen

turn and energy equation, which compensates for the rotor effects. 

The model of Baines is based on the same physical considerations as the other two models. 

Baines found that the unsteady flow is dominated by the bulk fluid transport. This is where 

the model differs from the model of Chen, where the velocity is based on the local sound ve

locity. The model of Baines is easier, but uses also experimental data. 

The models of Chen and Miyauchi are fiuther described in appendix A. The model of Baines 

will be called the finite volurne model in this report and is used as a basis to analyze the tur

bines behaviour. 

1.5 Objectives of this report 

The power of the turbine is dependent on the efficiency, the mass flow and the pressure. The 

efficiency is left out of consideration and the coupling between the mass flow and pressure 

is predict using the finite volume model (see chapter 2). Because the model uses the instan

taneous value of the pressure and the mass flow to determine the outlet flow, the model is 

extendedtoa lurnped parameter model, which adds more inertia to the system (see chapter 

3). After this an engine simulation program is used to model an engine, which results in a 

pressure signal, that will be used as input for both models and the mass flow and pressure is 

compared with that of the models (see chapter 4). In chapter 5 the pressure signalis measured 

on an engine and compared with that simulated. 



(HAPTER TWO 

Finite volume model 

In chapter 1 a few models are mentioned that can be used to describe a turbocharger. All the 

models are based on the same physical considerations. Because of the simplicity the finite 

volume model described by Baines [3] is chosen to start modeHing the turbocharger. 

2.1 The model 

Under pulse flow conditions the turbine can be modelled by means of a volute of finite volume 

in which a mass of working fluid can transiently accuroulate and diminish according to the 

inlet pressure. This volute is foliowed by a rotor in which the flow is assumed to be quasi

steady. A schematic diagram of the model is shown in figure 2.1(a). The model used here 

describes a single en try turbine. The denvation of the ra te of change of pressure in the volume 

I v.:~ 
v1j 

2 --------- t m ... 

(a) Schematic diagram of the 
single entry model 

1 1 

V T 

(b) Schematic draft for denvation 

Figure 2.1 Pulse flow turbine model 
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(of the volute) is done by using the perfect gas equation. 

pV=mRT (2.1) 

The ra te of change of pressure in a certain constant volume and using a constant temperature, 

is the result of the rate of change of contained mass. 

dp 

dt 
RT dm 
-·-
V dt 

(2.2) 

The ra te of change of the mass is dependent on the ra te of change of the inlet flow and outlet 

flow of the volute. 

dm 
dt = m in - muit (2.3) 

For the inlet flow the following expression, based on the conservation of mass and making use 

of figure 2.1(b), holds: 

(2.4) 

where cd is the discharge coefficient to allow for boundary layer blockage. The velocity c2 can 

be derived from the energy equation. This is done by looking at the amount of enthalpy that 

the flow contains and consiclering the air as a perfect gas. The denvation of the inlet flow can 

be found in appendix B. The expression of the inlet flow looks as follows: 

(2.5) 

In this equation one term differs from that in Baines [31· However if the magnitude of the 

pressure ratios and their powers are considered, equation 2.5 seems to be the correct one. The 

comparison of the pressure ratios and their powers can be found in appendix B. Equation 2.5 

is also confirmed by Rogers [101. 

The outlet flow is determined from a simple, one-dimensional model of the turbine rotor, 

which was developed as a key part of a one dimensional radial turbine steady state performance 

prediction program. This outlet flow is a function of the rotor pressure ratio P2/P3· the shaft 

speed N, the rotor overall dimensions and an estimate of the rotor efficiency. 

(2.6) 

Thus the outlet flow can be determined quasi-steady. 

The outlet flow charaderistic that will be used here, is taken from figure IC from Baines [31· The 

outlet flow charaderistic at three different turbine speeds is displayed in figure 2.2. The steady

state flow at a rotor speed of 30000 revfmin is used. The outlet flow is known as function of 
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1.2 

' ,~~~----~,72 ----~,,----~~==~,5~ 
preasure ralio p0,fp3 

.~~--~~--~~--~~--~~~ 

Figure 2.2 Steady·state flow characteris
tics 

1 1.1 1.2 1.3 1 ... 1.5 1.6 

pressureratio [-) 

Figure 2.3 Fit of steady-state flow, 
- fnout(P2/P3), 
- -- mout (pol/P3) 

the pressure ratio P01/P3· A fit is made through the data points. By applying the conservation 

of mass, the outlet flow can be calculated as fundion of the pressure ratio P2/P3· 

(2.7) 

Equation 2.5 is used fortheinlet flow. The outlet flow is defined by the fit displayed in figure 

2.3, dependent of P01/P3· For different Polo assuming that P3 is constant, this equation can be 

solved to P2· The mass flow is then known as fundion of the pressure ratio P2/P3· It can be 

seen that this charaderistic lies a little higher than the charaderistic as function of P01/P3 · The 

first fit has been adjusted a little, so that an analytica! expression is known, as fundion of the 

pressure ratio PÛP3· for the outlet flow. The fit for the outlet flow is also displayed in figure 

2.3. For this fit the following equation holds: 

(2.8) 

where k1 = 1.64, k2 = 194·55, k3 = -4.8 and To2 is chosen equally to T01 . 

When the equations fortheinlet flow and outlet flow are combined with equation 2.2 and 2.3, 

the following differential equation is formed: 

where A= 4f.2.
2 

; B = CdA1; C- _b_ __ l_. D- 10-s 
y• - ')' -1 R'I'Ol' - vTöï 

This equation can not he solved analytically, therefore this is done numerically. 
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2.2 Solving the differential equation 

To solve the differential equation 2.9, the Euler explicit integration method is used. 1bis 

method is the simplest numerical solving method. 1be Euler explicit method looks in the 

tangent direction with a distance controlled by the time step. 1be equations look as follows, 

where x represents the pressure P2 · 

dx 
dt = f(x, t) (2.10) 

(2.11) 

(2.12) 

1be method is stable, when the time step (b.t) is chosen small enough. If the time step is cho

sen too large, oscillations occur in the solution and the solution is not reliable. This method 

can be applied to equation 2.9. 

1be turbine test rig, which Baines used, was originally described by Dale et al [5). 1be values of 

the temperature T, the area A1 and the volume V2 are not mentioned in this article, so simple 

values are assumed for these remaining constants. To approximate the values of the original 

test rig, a few simulations have been done until a solution was found that looks like the results, 

which were showed in figure 9 of Baines [3). As aresult the values of the temperature, the area 

and the volume are determined on 700 K, 25 cm2 and 1 dm3 respectively. 

To determine the nominal values of the system, the pressure POl is taken constant. 1be nom

inal value for the inlet pressure is taken from Baines. The system converges to the nominal 

values, that are displayed in table 2.1. 1be numerical model can be found in appendix C. 

quantity nominal value unit 

min 0.154 kgjs 
mout 0.154 kgjs 
POl 1.45 bar 

P2 1.42 bar 

Table 2.1 Nomina! values 

2.3 Results of the finite volume model 

1be inlet pressure Pol is prescribed to be a fluctuating harmonie signal: 

Pol = A+ B · sin(27r ft) (2.13) 

with a frequency of83.3 Hz (2500 rpm) and an amplitude of 0.17 bar, around the nominal value 

of 1.45 bar. 1be system can now be designated as a pulsating system. In figure 2.4 and 2.5 the 
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Figure 2.5 Pressure finite volume 
model, -Pol , · · · P2 

results of the solved equation are displayed. The inlet flow starts with a transient, because the 

system does not start at its steady values. After this the system varies approximately round 

the nominal values. The outlet flow has a phase delay with regard to the inlet flow, so these 

mass flow rates are only instantaneously equal. Throughout the pulse cycle, therefore, mass 

is accumulating or diminishing in the volute. At this points the pressures POl and P2 reach 

their maximum and minimum values. If the outlet flow is considered in more detail, it can be 

seen, that the width of the sinusoid, above the average value, is larger than beneath the average 

value. Therefore the amplitude of the outlet flow beneath the average value is larger than the 

amplitude above. This is due to the pressure P2· that determines the mass flow according to 

the steady-state charaderistic 

In contrast to the mass flow rates the inlet pressure POl and the pressure in the volute P2 almost 

have the same phase. The pressure P2 has also, approximately the same phase as the outlet 

flow. The pressure P2 is always smaller than the (stagnation) inlet pressure Pol , so no back flow 

occurs. Further more it can be seen that the difference between Pol and P2 is larger, when the 

mass in the volute is accumulating. Thus the filling of the volute is harder than emptying it. 

The following assumptions have been made to the finite volume model: 

- constant exit pressure P3 and temperature 

- rhout is independent of rotor speed 

- approximations of A1 and V2 

The exit pressure is not constant, but has also small fluctuations. Baines [3] assumed that this 

exit pressure was a small fraction of the inlet pressure. The range of the pressure ratio P2/P3 

and thus of the mass flow through the rotor, would become smaller in this case. The outlet 

flow is chosen to be independent of the rotor speed. In fact the outlet flow is dependent of a 

whole turbine map. The turbine will adjust itself at a certain speed, dependent on the condi

tions. However the variations of mass flow ra te with pressure ratio do not deviate largely (see 
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geometry changement system reaction 
A1! - amplitude and average of P2 is decreasing 

- amplitude and average of min and mout are decreasing 
- phase delay of mout is decreasing 

v2! - P2 almost remains the same 
- mout remains the same 
- amplitude of min is decreasing 

A1 i - opposite of A1 ! 

v2 i - opposite of v2 ! 

Table 2.2 System response to geometry changement 

figure 2.2), so the error made with this assumption is small. 

The geometry parameters, which are estimated, are chosen in such a way that the results in 

figure 2.4 and 2.5 are achieved. It is not unimportant to know the influence of the geome

try parameters, A1 and V2, on the system, because the original values can not he determined. 

Therefore the results are discussed if these parameters are changed at a constant frequency. 

If the inlet flow area (A1) is decreasing the average inlet flow is decreasing and as aresult of 

the smaller area the inlet flow pulsations are also smaller. Because the conservation of mass 

holds, the same reasoning holds for the outlet flow. If A1 is decreasing towards zero, the phase 

delay of the outlet flow with respect to the inlet flow is decreasing to zero, the outlet flow is 

directly coupled to the inlet flow. The pressure POl remains the same, because it is prescribed. 

The pressure in the volute (P2) will decrease, because of the smaller area. The counter-pressure 

before the volute is larger due to the smaller area, and as a result less pressure can be passed 

through the area. 

If the volume of the volute (V2) is decreasing the average of the inlet flow and thus of the outlet 

flow remains the same. The area of the inlet flow is constant, so the only parameter that deter

mines the average inlet flow is the outlet flow. Since the average mass flow remains the same, 

it seems to be that the rotor is still fast enough to pass away the mass flow. However, because of 

the smaller volume the inlet flow pulsations are more suppressed, the outlet pulsations remain 

the same. The phase delay of the outlet flow with respect to the inlet flow is also decreasing. 

The pressure P2 is almost remaining the same. Because of the smaller volume, the pressure 

POl is more coupled to the pressure P2, therefore the phase delay is decreasing. An overview of 

changing the geometry parameters is displayed in table 2.2. 

2.4 System characteristics 

When the volume of the volute is observed, an approximation can be made of the time that this 

volume needs to become empty. For this charaderistic system time the next equation holds: 

M P2V2 1 
Tl=-=-- · --

m RT2 mout 
(2.14) 
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The nominal values are taken for rhout and P2 to calculate Tl. It appears that Tl is of the typical 

order of 2~ 7 second, which corresponds to a frequency of 217 Hz. 

To view the systems behaviour at different frequencies , frequency response plots can be made 

to analyze this. In these plots a chosen parameter of the system is displayed for different 

frequencies . In the previous section the frequency was kept constant, while in this section the 

geometry parameters will be kept constant. The behaviour of the amplitude of the inlet flow 

and outlet flow and the phase difference between the inlet flow and the outlet flow are observed 

at different frequencies. The amplitude is the mean amplitude and determined by taking half 

of the substraction of the maximum and minimum value. The amplitudes ofboth mass flows 

are made dimensionless. The dimensionless amplitude is defined as the real amplitude divided 

by the nominal mass flow (see table 2.1) . The phase delay is determined as follows: 

!::::.c.p = b..tf27r (2.15) 

where !::::..c.p is the phase delay in radians, b..t is the time difference between the inlet flow and 

outlet flow and f is the frequency. Because the width of the outlet flow pulses are not the same 

above and beneath the average value, the phase difference is determined using the minimaand 

maxima of the pulses. Figure 2.6 and 2.7 show the results for the dimensionless amplitude 

and the phase delay, at different frequencies, respectively. 

Unsteady phenomena are caused by the accuroulating influence of the volute. Through this, 

the mass flows and pressures become out of phase. lt can be seen that at low frequencies the 

amplitude of the inlet flow and the outlet flow are te same. Since the outlet flow has always 

the same phase as the pressure in the volute P2. the mass flows and pressures have the same 

phase. The system is thus totally quasi-steady at low frequencies. This can be verified by 

estimating the Strouhal number for the volute. The Strouhal number is defined as the ratio of 

the unsteady force of inertia and the steady force of inertia. Equation 2.15 holds for the Strouhal 

number: 

Sr= wL 
u (2.16) 

In an oscillating flow L/ U can be interpreted as the time a flow partiele needs to pass through 

the volute. This is the charaderistic time Tl . In this case with w = 21r f, Sr is defined as: 

At very low frequencies Sr ::::::: O(lo-2 ), which means that the total system is quasi steady. 

When the frequency is increasing to higher frequencies the system becomes unsteady. The 

Strouhal number is increasing (Sr~ 0(1) at 35Hz). The phase difference between inlet flow 

and outlet flow, pressure P2 is increasing. Through the increasing frequency, the system is 

faster and the outlet flow and pressure P2 are getting behind with respect to the inlet flow. 

The amplitude of the inlet flow is increasing, because · the resistance of the volute is larger, 

due to the phase delay. The amplitude of the outlet flow is decreasing a little, but this effect is 
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Figure 2.6 Frequency response plot, am
plitude, 
- inlet flow, - - - outlet flow 

Figure 2.7 Frequency response plot, 
phase, 
- maxima, - - - minima 

very small compared to the increasing inlet flow amplitude, and thus supposed to be constant. 

Further it can be seen that the figure is limited on the right side at approximately 290 Hz. This 

due to the fact that at higher frequencies no reliable solutions are found. The approximated 

charaderistic time could be an explanation for the fact that the system is limited at a frequency 

of 290 Hz. At higher frequencies the system does nothave time to empty the volume V2 . At 

that point the system can not converge, which will result in oscillations in the solution and the 

pressure P2 will become larger than the inlet pressure POl· 

2.5 Dimensionless analysis 

To see how far a result is transiatabie to similar situations, the equations have to be made 

dimensionless. These equations will then depend on a few (in)dependent parameters. First 

the inlet flow and outlet flow are made dimensionless. The pressure is made dimensionless 

by dividing through a reference value p~~f. For the dimensionless inlet flow the next equation 

holds: 

(2.17) 

where 'ÎJ2 = ~;! and POl = ~0e} 
Po1 Po1 

The next equation can be derived for the dimensionless outlet flow: 

(2.18) 
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Figure 2.8 Frequency response plot, am· 
plitude, 
- inlet flow, - - - outlet flow 

Figure 2.9 Frequency response plot, 
phase, 
- maxima, - - - minima 
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The constant factor B compensates forthefact that the outlet flow on the left side (of equation 

2.17) is divided by the area A1 and multiplied with the square root from the ideal gas constant 

R. 

Now the equation for the dimensionless ra te of change of pressure P2 can be derived. 

(2.19) 

• A
1
pref ~ 

where Mref = ~ and t = tf 

The system is now described by three dimensionless equations (2.17 till 2.19), which 

contain the following dimensionless groups: 
1 RT2Mrej. ~ ~ .Ê:l,_. Pl_ . i· ~ . ~ 
7 · rel" , min mout 'firn, -p3 , , P2· Pol 

Po1 v2 

If one or more parameters are changed, with keeping the dimensionless groups the same, the 

solution should be the same. This can be applied to figure 2.6 and 2.7. The dimensionless 

amplitude and phase difference is then displayed as function of the dimensionless group: 

Figure 2.8 and 2.9 display the results. If the parameters in the dimensionless group are 

changed by keeping the other dimensionless groups constant, the amplitudes and phase dif

ference can be determined using figure 2.8 and 2.9 . If for example the frequency is doubled 

and half of the volume is taken, the same amplitude and phase difference hold. 
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(HAPTER THREE 

Lumped parameter model 

3.1 Greitzer model 

In the literature, various models can be found that describe unsteady compressor flow in axial 

compressors. Greitzer developed a nonlinear mathematica! model for the transient behaviour 

of compression systems [12]. The models that were used till then, could not describe the large 

amplitude pulsations that occur during a surge cycle. This Greitzer lumped parameter model 

looks like the finite volume model used in paragraph 2.1. This model, which is displayed in 

figure p, is based on a Helmholtz resonator. 

L < L T 

I !!.p, 
~ !!.p, I 

m,- - pp - f+ mT 
A, AT 

plenum 

Figure 3.1 Greitzer lumped parameter model 

The compression system is represented by a duet in which the compressor works. The duet dis

charges in a large volume, called the plenum. The compressed gas flows through the plenum 

and the blow-off valve back into the atmosphere. 

In this model it is assumed that the gas will be compressed isentropically. Inertia effects are 

taken into account by looking at the change of momenturn of the gas. Greitzer made the 

following assumptions to come to the lumped parameter model: 

- The flow in the ducts is one-dimensional and incompressible 
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- The pressure in the plenum is assumed to be uniform distributed and the velocity of the 

gas in the plenum is neglected 

- The temperature ratio of the system is assumed to be near unity 

- The influence of rotor speed variations on the dynamica} behaviour of the system is 

negleeted 

An actuator disc, which is placed in a straight duet, is used to model the compressor and the 

throttle. This actuator disc represents a blade row as a surface, across which the mass flow 

is continuous, but pressure changes can be discontinuous. The resulting equations, which 

describe the system are as follows (see also figure 3.1): 

(3.1) 

drhr Ar 
- = -- (b.p- b.pr) 

dt Lr 
(3.2) 

(3.3) 

Equation 3.1 and 3.2 are the one-dimensional momenturn equations for the compressor and 

throttle respectively. Herein, is b.p the pressure rise across the system. The loss terms and 

the contribution of the rotation in case of the compressor are assumed to reaet quasi-steady to 

mass flow changes and are represented by the steady-state charaeteristics. The third equation 

(3-3} describes the conservation of mass in the plenum, where a = J'YRT is the speed of 

sound. In the next section a part of this Greitzer model is applied, to extend the fini te volume 

model. 

3.2 Lumped parameter model 

In the case of a turbocharger, the duet represents the exhaust manifold, in which mass flow 

and pressure can fluctuate. The plenum and the throttle represent the volute and the rotor 

respectively. It can beseen that equation 3·3· that describes the rate of change of pressure in the 

plenum, is almost the same as equation 2.2 used in the finite volume model. Equation 3· 3, used 

here, describes isentropic compression, while equation 2.2 describes isothermal compression. 

Therefore the ratio of specific heats ("!} is found in the numerator of equation 3-3- The equation 

fortheinlet flow is kept the same, namely equation 2.5. The Greitzer model will be applied to 

the finite volume model by using equation 3.2 for the outlet flow. This model will be called the 

lumped parameter model. 

Instead of using directly the quasi-steady charaeteristic, the rate of change of the outlet flow 

is calculated. The mass flow can not change immediately, so more inertia is added to the 
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~- j_ ~- _1_ 
Lr- 15 Lr - 500 

deviation [%] R"l. deviation [%] R"l. 

inlet flow o.64 0·9999 18.24 0.9109 
outlet flow 0.48 0.9997 14.63 0.7820 
pressure P2 0.02 1.0000 o.so 0 -9987 

Table 3.1 Maximurn deviations and R 2 

turbine rotor. However this inertia is dependent on the magnitude of the ratio ~. This 

unknown parameter (ratio of ~) represents an area scale divided by a length scale of the 

rotor. If these two are estimated a range can be defined running from small to large rotors. 

The corresponding ratios of ~, after estimation, lie in the range of 560 to A respectively. 

Equation 3.2 can be simplified and this equation is applied to the fini te volurne model: 

drhr Ar 
- = -- (P2- P2r) 

dt Lr 
(3.4) 

where P2 is the pressure in the volute and P2r is the pressure looked up in the quasi-steady 

characteristic. The changement in the numerical model can be found in appendix C. 

3.3 Results of the lumped parameter model 

The equation for the outlet flow is inserted in the fini te volume model. The results of the 

lurnped parameter model, for the ratio ~ = 1
1
5 and ~ = 560 , are displayed in figure 3.2 and 

3·3· 
It can be seen that for a ratio of~ = A, approximately the same results holds as in the fini te 

volurne model, see figure 2.4 and 2.5. However ifthe ratio~= 560 , figure 3·3 shows that the 

mass flow changes are larger as the pressure changes. The amplitude of the inlet flow and the 

outlet flow are decreasing. The phase difference between the inlet flow and the outlet flow is 

larger, this in contrast to the finite volurne model where the phase difference is smaller. This is 

due to the slower system, through which it is harder for the outlet flow to follow the inlet flow 

pulsations. The pressure seems to be, to have the same shape. 

Todetermine the difference between the lurnped parameter modeland the fini te volurne model 

for different ~, the mass flows and pressure P2 are subtracted. The maximurn deviations of 

the mass flows and pressure P2 in the lurnped parameter model, with respect to the finite 

volurne model are displayed in table 3-I· Further on the R 2 values are displayed to see how the 

total difference between the two models will behave. The difference between the two models, 

for ~ = A, is so small that can be assurned that they are the same. For ~ = 560 the 

maximurn deviation ofthe inlet flow and outlet flow are 18.24% and 14.63% respectively. The 

lower R2 values for the mass flows, in combination with the maximurn deviations indicate 

that for smaller rotors the lurnped parameter model has to be taken into account. The R 2 of 

the outlet flow is lower than that of the inlet flow, because of the phase difference which will 

increase with respect to the finite volurne model. The pressure P2 can still be assurned the 
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1:0.18 
~ 0.15 
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0.105 0.11 0.115 0.1 2 0.125 0.13 0.135 0.14 
time [s) 

Figure 3.2 Lumped parameter model, 
& - __!_ 
LT - 15 

same, also for lower ~ values. 

Figure 3.3 Lumped parameter model, 
&-_l_ 
LT - 500 

In the next section the results will be further explained and contirmed using the characteri~tic 

times of the volute and rotor. 

3.4 Characteristic time of the turbine rotor 

On the basis of equation 3+ for the ra te of change of the outlet flow, a charaderistic time can 

be estimated. This time is an approximation for the time, that a mass partiele needs to flow 

through the turbine rotor. After denvation the next equation remains for this time, 72: 

(3.5) 

The nomina} values are taken for mout and P2· The charaderistic time is then only dependent 

of the ratio 5G:· When the ratio 5G: = 15, like in tigure 3.2, 72 is almost a factor 300 smaller 

than 71 (see equation 2.14). The time that the mass flow needs to flow through the rotor is 

much smaller than the time the mass flow needs to flow through the volute. So the mass flow 

through the rotor can easily follow the mass flow pulsations in the volute. When 5G- = 500, 

72 is only a factor 8 smaller and the influence of the lurnped parameter model becomes more 

noticeable, see also table 3.1. 

If the ratio 5G: = 5000, the results displayed in tigure 3·4 and 3·5 are achieved. The charac

teristic time 72 is now of the same magnitude as 71• The time the mass flow needs to flow 

through the volute and the rotor is of the same order. The rotor can therefore hardly fultil the 

expectations of the volute, which results in a decreasing amplitude of the mass flow through 

the rotor. If the ratio 5G- is reduced even more, the rotor flow reacts so slow that no mass flow 

pulsations will occur and the mass flow through the rotor is then constant. The change in 

pressure P2 can now also be seen. Because the rotor is slower the pressure P2 will overshoot at 
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Figure 3.4 Lumped parameter model, 
fl &: - 1 mass ow L T - 5ooo 
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Figure 3.5 Lumped parameter model, 
&:_ - 1 pressure LT - 5000 

its maximum value and minimum value, but this effect is not so large in figure 3·3· However 

in real situations this will not occur, because a ratio of ~ = 5000 is not expected, observing 

the rotor dimensions. 

It can be concluded that, with changing the ratio ~·more or less inertia can be added to the 

system. For large turbine rotors the finite volume model and the lumped parameter model can 

be assumed to be the same. Between the ratio ~ = 15 and ~ = 500 there is a transition 

area, where the mass flow deviations between the two models are increasing and therefore they 

can not be ignored. The pressure in the volute can be assumed constant for the whole area. 

3.5 Comparison characteristic times 

There are two charaderistic times derived, TI and Tz. The amplitudes of the mass flow can 

be calculated for several of these (characteristic) times. The contour lines of the different am

plitudes are displayed as function of the two charaderistic times. The times are made dimen· 

sionless by multiplying them with the frequency. The amplitudes arealso made dimensionless 

by dividing them by the nominal mass flow (see table 2.1) . The times are calculated fora fre

quency range of 10-250 Hz. In figure 3.6 and 3·7 these contour plots are displayed. 

The three dashed lines (from left to right) in these figures are the contour lines for ~ = 

15, 500 and 5000 respectively. The amplitude of the inlet flow is independent of the ratio ~· 
on the right side of figure 3.6, fora fixed value of f · T1 and thus fora constant frequency. This 

is expected, because the rotor is so slow, it will determine the whole system. The amplitude will 

increase here linear with the frequency. When a fixed value for f · Tz is observed, it can be seen 

that forthef ·TI range 0. 1 - 1.1 , the amplitude of the outlet flow is almost independent of the 

(decreasing) ratio ~ · The increasing frequencies compensate for the effect that with decreas

ing ~ the outlet flow amplitude remains constant, at a certain f · Tz value. The outlet flow 

amplitude is decreasing to the right side to eventually zero, where the outlet flow is constant. 
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lt can be seen that figure 3.6 and 3·7 display for almost the whole f · T2 range the unfeasible 

domain of the lumped parameter model. In section 3·3 and 3·4 it was said that the feasible 

domain for real rotor dimensions lies between 5ï; = 15 - 500. Figure 3.8 and 3·9 display the 

results for this smaller domain. The two dashed lines in these figures are the contour lines for 

5ï; = 15 and 500 respectively. Fora constant frequency (constant f · r1). the amplitude of the 

inlet flow is decreasing, because of the larger resistance of the rotor. The outlet flow is for a 

constant frequency decreasing to the right side, because the 5ï; is decreasing to the right side. 

The values of f · T2 are generally smaller than the f · T1 values for this range. The fini te volume 

model holds only for very small f · r 2 values (5ï; = 15). 



(HAPTER FOUR 

Creating a boundary condition with ESP 

Until now a sinus is used as input signal for the inlet pressure in the finite volurne model and 

the lurnped parameter model (see chapter 2 and 3). However, the real pressure signal in an 

engine will not be a pure sine but a sinusoirlal signal. To create such a realistic boundary con

dition for the model, the Stanford engine simulation program (ESP) is used. The restrietion at 

the end of the manifold must simulate a turbine, otherwise it is not realistic to use the calcu

lated pressure as input. Also the mass flow in the manifold, calculated by ESP, is compared to 

that of both models. 

4.1 Introduetion ESP [8] 

The Stanford Engine Simulation Program is a fast-running program, designed for simulation 

of the thermodynamic performance ofhomogeneous charge engines. It was developed at Stan

ford University for instructional purposes, but should also be useful to engine designers. A 

single cylinder is considered using a zero dimensional thermodynamic analysis, a simple ge

ometrical approach to flame structure and a one-equation dynamica} turbulence model that 

allows the effects of turbulence on heat transfer and combustion to be examined. 

Geometrie parameters of the engine can be specified, such as bore, stroke, rod length, valve 

lift and timing, and heat transfer area above the piston at the top death center (TDC). The pro

gram was designed to accommodate a variety of (user-designed valve) and piston histories, and 

includes built in options for conventional engines and for an engine with different expansion 

and compression strokes. Operating parameters can also be specified, including engine speed, 

spark timing, and manifold pressures. These and other model parameters may be saved in an 

engine set-up file. The parameters can be adjusted to get reasonable agreement with actual 

engine data, and the model can then be used to study the effects of proposed design changes. 
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geometry unit 
bore 0.083 m 

stroke 0.106 m 
total stroke volume 2.29 1 

rod length 0.1968 m 
ref. area intake valve 8.72 · 10-4 m2 

ref. area exhaust valve 8.o6 · 10-4 m2 

Table 4.1 Configuration engine in ESP; 
geometry 

4.2 The ESP model 

operating conditions unit 
engine speed 2500 rpm 
inlet pressure I.25 atm. 

exhaust pressure I.O atm. 
ambienttemperature 300 K 

Table 4.2 Configuration engine in ESP; 
operating conditions 

A standard engine setup (model), which is available in ESP, is used to create the boundary 

condition for the model [17). In table 4.1 and 4.2 the most important configuration parameters 

of the engine used in ESP are displayed. There are more parameters that can be changed, for 

example valve con trol, valve program and start of ignition, but these parameters are left out of 

consideration. 

The geometry parameters are not changed. From the operating conditions the engine speed 

is set to 2500 rpm, so the same engine speed is used as in the finite volume modeland the 

lumped parameter model. To represent turbocharging the inlet pressure (see table 4.1) has 

been set to 1.25 atmosphere. All the other (engine) parameters will be kept the same. In this 

engine setup the calculations of the intake and exhaust manifold are switched off, but these 

manifolds can be easily added. The manifolds are described in the next section. 

4.2.1 The manifold 

The description of the manifolds is done by means of the exhaust manifold [8]. The intake 

manifold is the same, but the opposite of this. Figure 4.1 shows the exhaust manifold model 

and its accessory parameters, that can be defined in ESP. The parameters that can be adjusted 

to get the desired output are listed below. 

C der discharge loss coefficient for runner 
Ceec entrance loss coefficient for collector 
C dec discharge loss coefficient for collector 
!er friction factor for runner 
fee friction factor for collector 
Ler length of runner 
Lee length of collector 
Der diameter of runner 
Dec diameter of collector 
Vj volume of junction 
Ner number of runners feeding the collector 

For the intake manifold the collector is replaced with the feeder. ESP calculates the per-
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runners 
time
lagged 

Figure 4.1 exhaust manifold model 
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formanee for only one cylinder, one runner and one collector. To model a multi-cylinder 

engine ESP uses a trick. The number of runners can be defined. The flow to or from the other 

runners is determined from that for the computed runner at an appropriate earlier time in the 

engine cycle. The pressure and flows in the manifold are then calculated at four positions (1 

till4 in figure 4.1). The pressure signa} at the end of the exhaust manifold, at position 4, will 

be used as the boundary condition. 

4.2.2 Output of ESP 

After the setup is created the model can be run for several cycles. The number of these cycles is 

free to choose. When doing this, the errors of each cycle are printed to check the convergence 

of the model. After the last cycle there are a few options to choose. 

- Run one cycle and plot variables; the in-cylinder variables such as pressure, temperature 

are written toa m-file. 

- Plot output from last cycle; Indicator (PV) diagram, variables of the intake and exhaust 

manifold are written to a m-file 

- Display performance data for last cycle 

The second option will be used to create the boundary condition. The generated m-files contain 

the data at the four different positions. After running these files in Matlab the calculated 

signals, the pressure and velocity in the manifold, are displayed as fimction of the crank angle 

degrees from top death center (TDC), in eight figures . 

4.3 Creating boundary condition 

A simple exhaust manifold is used to start the simulations. This means that one runner is 

used, where the friction and loss coefficients are set to zero. Only the discharge coefficient of 
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parameter 1 runner. 4 runners 
Cdec 0.1 0-35 
Ler o.s 0-4 
Lee o.s 0.4 
Dec 0-343 0 ·343 
Vj 0.001 0 

Table 4.3 Parameters exhaust manifold 
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Figure 4.2 -- One runner, - Four runners 

the collector is set to 0.1, to simulate the counter-pressure of the turbine. Further it is assumed 

that the diameter of the runner and the collector are the same. The values for the exhaust 

manifold model with one runner can be found in table 4·3· The results are plotted in figure 

??. In the first and second velocity plot a large and a small peak can be distinguished. The 

large peak is the result of opening the exhaust valve. The small peak is the result of the piston, 

that pushes the last bit of exhaust gas out of the cylinder. The four velocity plots are similar, 

because the model exists of one straight pipe with a volume between. The velocity reftections 

are more clear between the volume and the exit, that is at point 3 and 4, where the signal has 

more peaks. When the pressure signal is observed it can be seen that there is a peak in the 

pressure at the same time as there is a peak in the velocity. The coefficient that is used to 

generate the counter-pressure, C dec=O.I, is too small. Therefore, the pressure in the manifold 

varies round the atmospheric pressure. 

After several simulations and expanding the model to four runners, a boundary condition is 

found that seems to be realistic enough to use for the model (see figure ??) . The parameters of 

this model can also be found in table 4.2. The change of length of the runners and collector 
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Figure 4.3 Pressure signal and its derivative 

has infiuence on the amplitude of the signal, while the discharge coefficient determines the 

mean pressure in the manifold. 

The time between two pressure peaks is approximately 0.012 seconds. The typical time scale of 

an acoustic wave is a length scale divided by the velocity of sound. In this case that is 0.4 mand 

500 mfs respectively, so the timescaleis almost 1 millisecond. This is a factor 15 smaller than 

the time between two pressure peaks. The acoustic waves are here left out of consideration, so 

the system is supposed to be isobar. However, with increasing engine speed the infiuence of 

acoustic waves, on the system, will increase. 

It is not clear if the pressure signa} at position 4, calculated with ESP, is a static or a stagnation 

pressure. It is therefore assumed that this is a static pressure and to use it as input for the 

model, this pressure has to be transposed to a stagnation pressure. The stagnation pressure is 

calculated as follows [10]: 

( 
P4V~ "(- 1) "1/('Y -1) 

P04 = P4 1 + -- x - -
2p4 "' 

(4.1) 

where 

(4.2) 

Combining these two equations, a relation is found between the stagnation pressure and the 

Mach number. 

( 
"'- 1 2) ~ Po4 = P4 1 + -

2
- M (4.3) 

The temperature fiuctuations are neglected, the mean temperature is set to 7ooK. The original 

pressure, its derivative, the stagnation pressure and its derivative are shown in figure 4·3· It 

can be seen that the pressure signa} consist of more harmonie components. The derivatives 

have more peaks, but this is also due to the numerical determination. The results of using this 

pressure signal as input are described in the next section. 
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Figure 4.4 Finite volume model, mass 
flow 

Figure 4.6 Lumped parameter model, 
&-..l fl LT - 500 , mass ow 

4.4 Camparing results 

Figure 4.5 Finite volume model, pressure 

Figure 4.7 Lumped parameter model, 
&-..l LT - 500 , pressure 

Figure 4·4 till 4·7 show the results for the finite volume model and the lumped parameter 

model with the boundary condition as pressure input. In the lumped parameter model the 

amplitude of the inlet flow and outlet flow is smaller compared to the fini te volume model, as 

explained insection 3·3 and 3+ The pressure in the volute is nearly the same. 
From equation 2 .2 it can be seen that the difference between the inlet flow and the outlet flow 

is proportional to the derivative of the pressure p2 . So the peaks displayed in the derivative 

of the pressure appear in the inlet flow. At for example time t=o.o9 s, the inlet flow starts to 

increase together with the derivative of the pressure (this point is corresponding to t=o.oos s 

in figure 4·3)· But since the outlet flow is still decreasing .the inlet flow also has to decrease 

further, until the point is reached, that the outlet flow starts to increase (at 0.093 s). The inlet 
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flow has a discontinuous development, while the outlet flow is still a smooth signal. This is 

due to the damping effect of the volute. The pressure P 2 is also more smooth than the inlet 

pressure. 

4.5 Coupling of finite volume modeland ESP 

The velocity in the collector at position three and four can he converted into the mass flow. 

This can be done by applying the conservation of mass. 

m=pAU (4.4) 

where p is the density, which is determined by using the following equation 

p 
p= RT (4.5) 

However the temperature is taken constant, so the density would only be dependent of the 

pressure. The density fluctuations are larger than normally, because the temperature does not 

increase with the pressure. It is not clear if the error made by using equation 4·5 is large. 

Therefore the mass flow is also calculated with a constant density of 0 .7 kgjm3. 

The mass flow at position three and four is displayed in figure 4.8 and 4·9· The shape of the 

mass flows is the same as the outlet flow calculated by the finite volume model. For a constant 

density the mass flow is of the same order as the outlet flow calculated by the model. 

If the mass flow at position 4 approaches the outlet flow, the condition at the end of the collector 

must approach the quasi-steady rotor characteristic. In this case the collector would act as the 

volute. For the flow, discharging from a duet, ESP uses the following model: 

0~.-----~----~------~----~----. 

~ I 

~0.1 5 
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0.1 
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Figure 4.8 Mass flow ESP, position 3 (- - -) 
and4 (-) 
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time (s) 

Figure 4.9 Mass flow ESP, position 3 (-- -) 
and 4 (-) , constant density 
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where PO up and POdown are the stagnation pressures upstream and downstream, Cd is the 
discharge coefficient and M is the Mach number. The mass flow can be calculated on the basis 

of equation 4·4 till4.6 and by using the next equation 

(4.7) 

where U is the gas velocity. After combining these equations, the next equation holds for the 

mass flow 

m= ( 
PO up _ l) 2Poup · pA2 

POdown Cd 
(4.8) 

This equation is displayed in figure 4.10 for different pressure ratios. The steady state mass 

flow charaderistic is also displayed. The pressure ratio is thus in fact P2/P3· The area is 

Figure 4.10 Màss flow, discharging from a duet, --- steady-state characteristic 

9.24·10-4 m2 (diameter see table 4-3). The density is calculated with equation 4·5· The 

temperature is taken constant, so there is an error made for this calculation. lt can be seen 

that the mass flow calculated by ESP, on basis of a resistance, has the same shape as the 

steady state characteristic. When this mass flow of ESP is divided by a constant factor (2.9), 

the mass flow charaderistics are of the same order, but is deviating to above, because of the 

constant temperature. The rotor can probably be modelled as a resistance. lt is hard to verify 

this because there are geometrical differences. 
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Engine test setup 

To see how the pressure signal simulated withESP compares to the reality, the pressure signals 

in the exhaust manifold are measured. The engine test setup that is used, at the department of 

Mechanica! Engineering, is shown in figure 5.1. 

5.1 The engine 

The test setup consists of a DAF diesel engine, which is equipped with a turbocompressor. 

The engine is connected to a generator, which can be supported independent, so different 

loads can be applied. The cool circuit is independent of the motor speed, therefore this has to 

be adjusted manually. The description of the engine and generator can be found in table 5.1 

and 5.2 respectively. 

Manufacturer 
Type 
Bore 
Stroke 
Total stroke volume 
Number of cylinders 
Campression ratio 
Turbocharger 
Maximum enginepower 
Maximum enginetorque 
Steady state number of revolutions 

DAF 
Du 620 direct injection, 4-stroke turbocharged 
104.2 mm 
122.0 mm 
6.241 
6-in-line 
15 
Radial compressor, radial turbine 
117-124 DIN kW at 26oo rpm 
540-570 Nm DIN at 1700 rpm 
65o-7oo rpm 

Table 5.1 Description engine 

The turbocharger is a twin entry with an area f radius ratio (A/R) of 1.15. Because the tur

bochargeris of the twin entry type, the engine's exhaust manifold is separated into two pipes. 

The first pipe is connected to the cylinders no. 1 to no. 3 and the second to cylinders no. 4 to 

no. 6. The exhaust pipe from these two manifolds to the turbine is rectangular, but separated. 

41 
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Figure 5.1 Engine test setup 

Manufacturer 
Type 
Maximum field voltage 
Maximum field current 
Maximum generator voltage 
Maximum generator current 
Maximum power 
Maximum speed 
Minimum speed 

Smit, Slikkerveer 
Generator with independent adjustable field 
22oV 
4,2A 
450V 
33oA 
132kW continuous 
2100 rpm 
400 rpm 

Table 5.2 Description generator 

The distances from the different cylinders to the turbocharger are listed in table 5-3- lt can be 

seen that the maximum difference (in distance) between two cylindersis 0.38 m. The total 

area ofthe throat at the intake is 22.5 cm2 . 
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Cylinder no. elistance to turbocharger 
no. 1 o.78m 
no. 2 o.64m 
no. 3 0.54m 
no. 4 0.41m 
no. 5 0-40 m 
no. 6 0.52m 

Table 5.3 Distances to turbocharger 

5.2 Measurements 

In the nex:t sections the different parameters that are measured are described. The pressure 

signal in the exhaust manifold is the most important quantity to measure on the engine. 

5.2.1 Determination of the pressure 

The average pressures in the engine are measured by way oflittle holes in the wallof the ducts. 

These holes are placed smooth and parallel to the flow. Capper ducts are connected between 

these holes and a pressure gauge (type: DRUCK DPI 6o3). By means of a switch and some 

valves, it is possible to measure the different pressures with one pressure-gause. This pres

sure is relative to the ambient pressure. The atmospheric pressure is measured with an analog 

barometer. 

The pressure signals in the exhaust manifold are measured with a highspeed pressure trans

ducer from Data Instruments. This pressure transducer has an output from o-2oom V, which 

corresponds toa pressure range of o-50 psi (o- 3·45 bar). The pressure transduceris connected 

toa PC. The software program that is used to collect the data, is LabVIEW 5-1 from National 

Instruments. The sample rate is set to 1oooo samples per second, so the pressure signal is 

measured approximately every crank angle. The lengthof one signalis 10 seconds. The ex

haust manifold is divided into two parts and thus the pressure is measured on both sides. 

There are six pressures that will be measured: 

- average pressure befare the compressor 

- average pressure after the compressor 

- average pressure befare the turbine 

- average pressure after the turbine 

- (average) atmospheric pressure 

- pressure pulsations in the exhaust manifold 
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The average pressures before and after the turbine can not be measured accurately through the 

pulsating flow in the exhaust manifold. These possible errors have to betaken into account by 

analyzing the results. 

5.2.2 Determination ofthe engine speed, torque and power 

The engine speed is measured manual with a mechanica! meter. 

The brake (generator) is used to determine the torque and power of the engine. The generator 

is connected to a force gauge on which a force can be read out. The relationship between the 

value on the force gauge and the engine's power is as follows: 

(5.1) 

where P is the power of the engine in kW, F is the value that has been read out in kgf, n is the 

engine speed in revjmin and Cis the brake constant, 1360. 

5.2.3 Determination ofthe mass flow 

In the engine test setup three different mass flows can be measured: 

- mass flow of the fuel 

- mass flow of the cooling-water 

- mass flow of the inlet air (to compressor) 

The only interest in this case is to determine the mass flow of the air through the compressor. 

This air consumption of the engine is measured with an orifice flange. The pressure drop 

across the flange is read out with a pressure-gauge (type: DRUCK DPI 601). From the pressure 

drop the mass flow can be calculated with the next formula: 

(5.2) 

where C is a constant namely 14.74, which includes the contraction coefficient, pis the den

sity of the air and l:lh is the pressure drop across the flangein mmH20. The density can be 

determined using the ideal gas equation. 

5.2.4 Determination ofthe temperature 

The temperatilles are measured with thermocouples of the K-type. The thermocouples pro

duce a voltage that increases with temperatille. These voltages are transposed with a digital 

"Newport" into useable values (0 C). The measured temperatilles are static temperatilles. The 

following temperatilles are measured: 
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1300 1400 1500 16oo 1700 18oo 
left side I, 11, lil 11 I, 11, lil 11 I, 11, lil 11 

right side I, 11, lil I, 11, lil I, II, lil I, II, lil I, 11, lil I, II, lil 

Table 5.4 operating points 

- temperature intake air (before the compressor) 

- temperature inlet manifold (after the compressor) 

- pressure before the turbine 

- pressure after the turbine 

The temperature ofthe cooling water can be measured with conventional mercurial thermome

ters. Because the cooling water is kept at a constant temperature and these temperatures are 

not of fi1rther interest, they will not be reported. 

5.3 Measurements 

The engine is tested at different operating points, which are adjusted by means of engine 

speed and loads. There is chosen for six engine speeds and three engine loads. At all these 

different operating points the data are determined. The distance from cylinders 4· 5 and 6 

to the turbine is more constant than for the other side (see 5·3)· Therefore more operating 

points are measured on this (constant) side. From now this will be called the right side and 

the exhaust from cylinders 1,2 and 3 to the turbine, the left side. Table 5·4 gives an overview of 

the operating points, that are used to collect the data and measure the pressure signal. 

The test procedure is as follows: 

I. warming up engine till the cooling water reaches the operating temperature of 8o °C, 

and keeping the cooling water temperature constant 

2. adjusting the engine load 

3· adjusting the engine speed 

4· reading out the necessarily data and measure the pressure signal in the exhaust 

5.4 Analyzing measured data 

The pressure signal in the exhaust is the main goal of the measurements. Therefore this 

section will principally deal with descrihing the results of this. 
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The pressure signal consists of a number of periods over a total sample time of ten seconds. 

In figure 5.2a a measured period of the pressure signal at approximately I5oo rpm, second 

load, is displayed. The period time is defined as the total time of two crankshaft rotations (720 

°CA), then all cylinders have had one cambustion cycle. Because ofthe divided manifold there 

are three large pressure peaks from the cylinders connected on this side. The small pressure 

peaks are from the other three cylinders and are passed through the (twin-entry) turbine. The 

further analysis of the measured signal is described in the next sections. 

5.4.1 Fourier analysis of the measured signal 

Because the engine speed is adjusted manually by means of a throttle lever, it can change with 

small deviations during the sample time. The pressure signal is not measured as function of 

the crank angle, so it is possible that periods are shorter or langer than another period. The 

mean engine speed of the pressure signal (over ten seconds) can be determined by applying a 

Fourier analysis. By using the Foutier theory a power spectrum is made of the measured signal. 

In the power spectrum, the power density is displayed as a function of the frequency. To avoid a 

power density at oHz, the average of the measured signalis subtracted from the signal. When 

the measured signal varies round zero it holds that the frequency, which contains the most 

power is the main frequency of the signal. This frequency is thus a representation for the 

engine speed. 

The power spectrum can be limited by two frequencies. The lower bound is defined by the 

length of the total sample time, which is ten seconds. This means that frequencies of o.I Hz 

and lower can not be determined accurately in the signal. If an order larger is taken the lower 

bound is set to I Hz. 

The upper bound is defined by the Nyquist frequency. The Nyquist frequency is the highest 

occurring frequency, which can be sampled twice a period. The sample frequency is Ioooo 

Hz, so the Nyquist frequency is 5000 Hz. However, the phase ambiguity prohibits sampling 

at the Nyquist frequency. Ta prevent this problem the sampling frequency should always be 

chosen to be more than twice a signal's highest frequency. Therefore the upper bound is set 

to half the Nyquist frequency, that means 2500 Hz. Frequencies lower than I Hz and higher 

than 2500 Hz can be ignored. 

Figure 5·3 displays the power spectrum ofthe pressure signal measured at an engine speed of 

approximately I500 rpm. The largest power density of the signal can be found at a frequency 

of 74.6 Hz. Further on it can be seen that the frequencies 37·3 Hz, III.9 Hz and I49.2 Hz 

mainly describe the signal. The engine speed can be calculated using formula 5+ 

N = f · 60 · nr 
ncyz 

(5.3) 

where f is the (main) frequency, nr is number of crankshaft rotations for one period and ncyl 

is the number of cylinders. 
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Figure 5.2 a) Measured pressure signal, 
b) Filtered signal 

Figure 5.3 Power spectrum of pressure 
signalat 1500 rpm (11) 

The manually measured engine speed is 1490 rpm, while the mean engine speed on the basis 

of the Fourier analysis {see figure 5·3) is 1492 rpm. 

5.4.2 Averaging of periods 

Through engine vibrations, deviations in the engine speed and changing conditions inside 

and outside the engine, the measured pressure is not the same every period. The pressure 

signal contains also noise, containing high frequency components. If just one period is taken 

from the signal to analyze the engine's behaviour, this can give a distorted image of the reality. 

To determine the average period, the total measured signal has to be split up in periods, after 

which an average period can be calculated. This is done by using a routine that searches 

from a maximum to the third next maximum in the signal. A period is defined to run from a 

maximum to the last sample but one, before the next maximum. These periods are stored and 

the average period can be determined. However, because ofthe perturbations ofthe signa} and 

the fact that an AD-converter is used, it can happen that two the same values are determined 

at one certain maximum. Therefore the measured signal has to be filtered, so at a certain 

maximum there is only one (maximum) value. 

A low-pass filter is used to filter the pressure signal. This filter has the property that low

frequency excitation signa} components are transmitted, while high-frequency components 

are blocked. To determine the cutoff frequency of the filter, the power spectrum, plotted on a 

loglog scale, is used. Figure 5·4 shows the power spectrum on a loglog scale, this is the same 

power spectrum as displayed in figure 5-3- The vertical dashed lines are the lower and upper 

bound, the horizontal dashed line is the line that lies at a value of 1% of the largest power 

density. The frequencies with a power density beneath this line are ignored, by filtering the 

signal. From this figure it can be seen that a cutoff frequency of 200 Hz suffices. When a 4th 

order filter is used, 6.25% of the signa} strength will remain every time the frequency doubles. 

In figure 5.2b a filtered period can be compared with that from the original signal (figure 5.2a) . 
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Figure 5.5 Average period at 1500 rpm 
(11) 

lt can be seen that the high frequencies are disappeared and a smooth signal remains. 

The filtered signal is used to determine all of the periods. The start and end points of each 

period are saved in a data file. When all the periods are determined it was found that not all 

the periods have the same number of samples. Therefore the average nurnber of samples of 

one period was determined, which was in this case 8o4 samples. The start and end points 

are used to extract all the periods from the measured signal, after which these periods are 

interpolated until they have all the same (average) nurnber of samples. From all these periods 

the average period is calculated and this is then the average period over the total sample time. 

Because the measured signal is used to calculate the average period, the high frequencies in 

the signal are preserved. The noise is filtered out by averaging all the periods. 

5.5 Measurement results 

The measured signal has to be converted into the right unit, because the pressure signal is 

measured in volts. For this conversion the next equation holds: 

Pmeas = Pamb + 250 · Ymeas · Cpb (5.4) 

where Pamb is the measured ambient pressure in bar, Ymeas is the measured pressure signal, 

Cpb is the conversion factor from psi to bar. The factor 250 compensates for the fact that 0 .2 

V is equal to 50 psi. In figure 5·5 the average period for the measured signalat approximately 

1500 rpm is displayed. lt can beseen that the signalis not as smooth as the filtered signal (see 

figure 5.2). 

Because each pressure peak is a result of opening an exhaust valve, the shape of the pressure 

signal will be explained by means of the opening and closing of the valves and the piston 

movement. Because the crank angles at which the valves open and close are not known for 
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this engine, figure 5.6 is used. This figure displays the work cycle of a four-stroke engine. The 

work cycle takes two rotations (720 DCA) . The crank angle ranges at which the inlet valves and 

the exhaust valves open and close can be found in this figure. 

The minimum before a pressure peak is defined as the place where the exhaust valve opens. 

The opening and closing of the valves can then approximately be displayed in a certain period 

(see figure 5.7) . It can beseen that when the exhaust valves opens the pressure in the exhaust 

manifold rises quickly. Because the piston is still moving downwards, there is a "dent" in the 

pressure peak, which is displayed in figure 5·7 by a circle. The pressure reaches its highest 

value and will drop. Because of the upward movement of the cylinder the pressure pulse will 

broaden out and reaches its minimum value. During this situation the exhaust valve of a 

cylinder connected on the other side of the manifold is also still open. When this exhaust valve 

doses (EVO(l) in the figure) , another exhaust valve will open at that side, at the same time. 

This results in the small pressure peak from the other manifold. If the piston is almost at the 

TDC, the inlet valve will open. As a result of this the last bit of exhaust gas will be pushed out 

of the cylinder and the small pressure peak will broaden out also. The exhaust valve doses 

and at the same time the exhaust valve of the next cylinder, on this side, will open. The small 

pressure peak will drop further, because it is a result of a cylinder on the other side. 

To determine which cylinder and which pressure peak corresponds, the firing order is 

used. The firing order of a 6-cylinder diesel engine is I-5-3-6-2-4. Figure 5.8a and 5.8b show 

the average periods for the left side and right side of the manifold respectively. The left side 

is connected to cylinders no. I till no. 3· Because the distances to the turbine (see table 5·3) 

are decreasing starting at cylinder no. I, the peak pressures should be increasing starting at 
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Figure 5.8 a) Left side, b) Right side 
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cylinder no. 1. So the order of cylinders that follows from figure 5.8a is 3·2·1, which is in 

accordance with the firing order. 

Observing figure 5.8b, for the right side of the manifold, it can be seen that the smallest 

pressure peak is coming from cylinder no. 6. Because the distance from cylinder no. 4 and 

no. 5 is almost the same, it is not certain which pressure peak belongs to which of these two 

cylinders. However using the firing order the order should be 5·6·4, thus the highest pressure 

peak belongs to cylinder no. 4· In figure 5·9· both the average periods for the left side and the 

right side are put together. The signals are moved in x-direction, so the pressure peaks are 

in (firing) order, 1-5-3-6·2·4. The highest pressure peak should be that of cylinder no+ The 

pressures are not measured at the same time, so the ambient conditions are not the same. 

Therefore the highest pressure peak in this case is cylinder no. 3· The small pressure peaks 

on the left side are higher than on the right side, because they are a result of the (in general) 

higher peaks in the right manifold. 

The mean pressures that are measured in the exhaust manifold are not accurate, due to the 

pulsating flow. The pressure gauge is fast and therefore the pressure can only be estimated. 

The average measured pressure for the right side of the manifold is 1.18 bar, while the average 

pressure on the basis of the measured pressure signal is 1.27 bar. The average temperature is 

655 K. 

5.6 Camparing measured pressure and ESP pressure 

The pressure can not be used as input for the model, because the pressure is measured on an 

engine with a twin-entry turbine and the model is based on a single entry turbine. Only the 

global shape of the signal can be compared. This is also not so easy, because of the difference 

between the engine in the simulation and measurement. The simulation uses a 4-cylinder 
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Figure 5.10 Pressure signalESPat 2500 
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Figure 5.11 Measured pressure signal at 
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engine at 2500 rpm, while during the measurements a slower 6-cylinder dieselengineis used 

at a range of 13oo-I8oo rpm. lt was tried to simulate the 6-cylinder engine in ESP, but the 

results of this were not reliable. Figure 5.10 and 5.II show the simulated and the measured 

pressure signal respectively. The opening and closing of the exhaust valves is also displayed in 

the figures. The same analysis can be done as in the previous section, for the ESP signal. It can 

be seen that in spite of the twin-entry signal, the global shape of the signal is the same as in 

the ESP model. The "dent" in the pressure is approximately at the samecrank angle, counting 

from where the exhaust valve opens. The pressure pulse from ESP, will broaden out more and 

in the minimum of the pulse, the next exhaust valve opens. This is due to the single manifold 

and the fact that this is only a four cylinder engine. 

From this global shape comparison it can be said that ESP, prediets the exhaust pressure in a 

good way, but options have to be kept open. 
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Conclusions and recommendations 

Conclusions 

The power of a turbocharger is dependent on the mass flow ra te and the pressure of the exhaust 

gases. The turbine models, which calculate the cycle average mass flow rates and temperatures 

and neglecting pressure pulsations effects give no good results. Also the use of steady-flow per

formance maps do not predict the turbine performance, under pulsating flow conditions, over 

its whole operating area. 

There are two models described for the turbine, the finite volume model and the lumped pa

rameter model. The results of the finite volume model show that the outlet flow has a phase 

delay with regard to the inlet flow. The mass flows are only instantaneous equal, so mass is 

accumulating and diminishing in the volute. The pressure in the volute follows the inlet pres

sure and there is almost no phase delay. From the pressure calculation it can be seen that the 

filling of the volute is harder than emptying it. The time that the volute needs to get empty, 

the charaderistic time, was estimated on Tl = 2~7 . The system is limited at a frequency of 291 

Hz. This frequency is of the sameorder as T}, probably the system can not empty the volute at 

higher frequencies. 

The lumped parameter model adds more inertia to the system. This modelleads to a range 

of charaderistic times for different rotor dimensions. This charaderistic time, an approxima

tion of the time the mass needs to flow through the turbine rotor, is dependent on the ratio 

~· This ratio represents an area scale divided by a length scale, for small rotors this ratio is 

estimated on 560 and for large rotors on ls. The charaderistic time of the rotor is a factor 300 

smaller for large rotors and only a factor 8 for small rotors. Therefore the finite volume model 

is the same as the lumped parameter model for large rotors. Forsmaller rotors the influence 

of the lumped parameter model is noticeable. The amplitude of the inlet flow and outlet flow 

are decreasing and the phase delay of the outlet flow is larger, due to the slower system. The 

pressure in the volute P2 remains the same and is independent of the rotor dimensions. 

With the engine simulation program (ESP), a four cylinder engine with a single entry tur

bochargeris simulated. The pressure signal in the exhaust, which was determined withESP 

contains more harmonie components and is therefore not a smooth signal. When this pres

sure signal was used as input for both models, it could be seen that the inlet flow reacts to this 

pressure. The inlet flow is unsteady, also due to numerical reasons. The outlet flow does not 

seem to react to this pressure and is quasi-steady, the outlet flow is smooth. Also the pressure 
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in the volute p2 is more smooth than the inlet pressure. The reason for the smooth outlet flow 

and the pressure P2 is that the volute has a damping effect on both signals. Further on the 

pressure P2 follows better the inlet pressure with this realistic signal. 

The turbine is represented by a restriction, because of this the flow conditions in the exhaust 

manifold must be similar to that of the model otherwise the simulated pressure can not be 

used as input for the model. The mass flow in the manifold, calculated by ESP, has the same 

shape as the outlet flow in the model. The model that ESP uses for the flow discharging from 

a duet (at the restriction) is a factor 3 larger than the quasi-steady charaderistic used for the 

rotor. This charaderistic is also dependent on the temperature, so it is hard to say if the turbine 

can be modelled by means of a restriction. 

To compare the calculated pressure from ESP with the reality, the pressure is measured on a 

six cylinder engine with a twin entry turbocharger. The pressure is measured with a fast pres

sure transducer as function of the time. Because the pressure is not measured as ftmction of 

the crank angle (CA), the average period has to be determined in another way. This done by 

assuming that each period reaches from a maximum in the pressure signal to the third next 

maximum. All the periods are averaged, so the high frequencies in the signal are preserved. 

The engine speed can be determined using the average period or using Fourier analysis. The 

shape of the pressure signal can be explained using the crank angles at which the intake and 

exhaust valves open and close. It can be seen that in spite of the twin-entry signal, the global 

shape of the measured signal is the same as in the ESP model. 

With both models the the mass flow and the pressure can be correlated in the turbine. The 

unsteady effects are more expressed in the mass flow then in the pressure. Also for different 

rotor dimensions the pressure is constant. The pressure changes for different volute dimen

sions are not so large as the mass flow changes. Unfortunately the mass flow and pressure 

calculated with ESP and measured could not be scaled to the modelled ones. 

Recom mendations 

To compare the model with a real turbocharger, the volume of the volute V2 and the inlet area 

of the turbine A1 have to be determined exactly. Also it is assumed, that the temperature in 

the turbine and the exit pressure are constant. However this temperature and exit pressure are 

also fluctuating with the inlet pressure. To increase the accuracy of the model the temperature 

and the exit pressure must be calculated each time step instead of taken constant. Further, the 

quasi-steady determination of the outlet flow has to be made dependent of the rotor speed. 

The model describes a single entry turbine, but there are also a lot of engines that use a twin 

entry turbocharger. Therefore the model has to be extended to a twin entry model. 

Only the pressure is measured in this report. To compare the total model with the reality, the 

mass flow and temperature fluctuations in the exhaust manifold have to be measured. 
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APPENDIX A 

Models for unsteady turbine flows 

A.l Model of Chen [4] 

A.l.l Steady flow in the casing 

In models developed for vaned turbines, the casing of the turbine is usually neglected. In 

vaneless turbines the casing is important, it determines the inlet conditions to the turbine 

rotor. The following assumptions are made in developing the models for the casing and the 

rotor: 

- The fluid is a perfect gas 

- The flow is one-dimensional and adiabatic 

- The flow is steady (only for this model) 

Rgure A.l Represen tation of the casing and velocity triangle 

The flow in the casing is divided into three stages (see figure A.I). The first stage the fluid 

flows from the casing entrance (station o) to the tip of the casing tongue (station 1). In the 

second stage the fluid flows to an apparent average location (station 2), after which the fluid 

accelerates into the rotor (station 3). Station 2 is chosen in such a way that the distance between 
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the casings centraid and its centre is equal to the average of this distance, 

1 127!" r2 =- rd~.p 
271" 0 

(A.l) 

'Ibe area of station 2 is calculated from: 

(A.2) 

where A2,real is the actual cross-sectional area of the casing at 'Pis 'P2· 'Ibe casing is modelled 

as an orifice with area A2 and has an equivalent length, which is missing in most quasi-steady 

models. 'Ibe following equations are used for analysis of the casing: 

(A.3) 

where UcrO is the critica! velocity at station o. 'Ibe critica! velocity is assumed to be constant in 

the turbine. Quantity's are called critica! at a Mach number of 1. 'Ibe Mach number is defined 

as M = %, so the (critica!) velocity of sound is constant in the turbine. Since c = J1RT, it 
can beseen that the (critica!) temperatule is constant. 

(A.4) 

where A3= (27r- 'P2r3b3), r3 is the rotor radius and b3 the width ofthe rotor inlet at r3. 'Ibe 

radial entrance velocity Ur3 = U3 cos et3. 

P0,1 _ 0 - .C.0-1 , 
Po,o 

P0,2 _ o 
-q-2, 

P0,1 
Po,3 = f2-3 
Po,2 

(A.S) 

(A.6) 

'Ibe total pressure loss coefficient fo-1 is estimated using loss coefficient for curved pipes: 

P0,1 

Po,o 

1 

( )

0.1 
Cf = 0.2754Re1°·2 ~1

1 

(A.?) 

(A.8) 

(A.9) 

where re is the hydraulic radius (fora circle re = 2t = r), x is the displacement along the 

flow path. 'Ibe flow is assumed to be isentropic between station 2 and 3, thus f2-3 is equal to 

1. f1-2 is assumed to be constant and determined automatically by the computer program. 
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A.1.2 Steady rotor model 

For the rotor model an existing model was chosen, because in the past many steady flow anal

yses had been undertaken. The model developed by Lewis Research Center, NASAfora vaned 

radial turbine was chosen and it gives satisfactory results, nuther see [4). 

A.1.3 Unsteady flow in the casing 

When the Strouhal number is estimated it can be seen that it is necessary to consider the 

effects of the unsteady flow in the casing. Therefore a one-dimensional unsteady flow analysis 

is applied to the flow between station o and station 3· 

Conservation of mass: 

op a (pU) pU dA 
-+--=---
at ax A dx 

(A.lO) 

Conservation of momentum: 

(A.ll) 

Conservation of energy: 

a (pho- p) a (pUho) pUho dA 
___:.:_at-=-~ + ax = --A- -dx- (A.12) 

For 0 < <p ::; <p2 holds: 

A (A.13) 

c = (A.14) 

where C is the wetted perimeter and A the cross-sectional area. There is no flow, out of the 

casing allowed between station 1 and station 2. The flow between station 2 and the rotor 

inlet is assumed to be quasi-steady. Therefore the same equations as used for the steady flow 

rnadelling can be used. 

A.1.4 Unsteady flow in the rotor 

The Strouhal number was estimated to be Sr ~ 0(102) for the rotor. Therefore quasi-steady 

effects dominate the flow in the rotor, because its flow passage its very short. The steady flow 

model is used in a quasi-steady way. During the unsteady flow simwation no reverse flow is 

allo wed. 
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Figure A.2 Model of Myauchi 

A.2 Model of Miyauchi [9] 

1 Turbine !niet (Suffix ; 1 j 

RotorOutlet 
(4) 

Rotor 

Figure A.3 Representative flow 
lines in the rotor 
and the scroll 

The purpose of Miyauchi is to develop an easy methad for rnadelling an exhaust radial turbine 

by only use of some geometrie data and friction coefficients of passages. The turbine is mod· 

elled as an one-dimensional duet, see figure A.2. The flow in the duet is assumed to follow 

the representative flow line. The coordinate x is defined along the representative flow line (see 

figure A.3). In the rotor passage this coordinate will rotate with the rotor, therefore the velocity 

in the rotor is represented as a relative velocity. The descrihing equations of this model are the 

same as in the model of Chen. Only in this case no rotor model is used, but an extra body force 

is added, when the flow is passing through the rotor. 

Conservation of mass: 

op 8 (pU) pU dA 
-+--=--
ot OX A dx 

Conservation of momentum: 

d= 4A 
c 

Conservation of energy: 

8 (pho- p) 8 (pUho) __ pUho dA Uf 
ot + ox - A dx + P b 

(A.15) 

(A.16) 

(A.17) 
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where !b is the body force 

{ 

fb = ~
2 % in the rotor 

!b = 0 otherwise 

When the coordinate system is distinguished (see figure A.4), wand v represent the relative 

and absolute velocity respectively. The number and length of the nozzle and rotor ducts are 

supposed to be the same. The equivalent diameter d in the nozzle and rotor are extremely 

smaller than in the scroll, therefore there is a much higher velocity in the nozzle and rotor. 

This results in a higher influence, on the mass flow ra te, of the friction force ft in the nozzle 

and rotor. 

Blades 

__:....._~ 

Scroll Nozzle : Rotor 

absolute system relative 
system 

Figure A.4 Equivalent diameters 
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APPENDIX B 

In let mass flow for fini te volume model 

The denvation is based on the conservation of mass: 

(8.1) 

If an (air) flow is brought to rest adiabatically and if no work is added, the energy equation 

reduces to: 

(ho- h) + ~ (o- C2
) = o 

2 
(8.2) 

(8.3) 

When the air is considered as anideal gas, the enthalpy h can be substituted by cpT. For the 

stagnation (or total) temperature the next equation can be written down: 

(8.4) 

The velocity can be determined from this equation: 

(8.5) 

The equation for the velocity can then be substituted in equation B.1: 

(8.6) 

(8.7) 

(8.8) 
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Using the next equations the mass flow is: 

For the density P2 and POl the next equations hold: 

P (P2)* - = C ::::} P2 = POl -
p'Y POl 

POl 
Pol=-

RTol 

(8.9) 

(8.10) 

(8.11) 

(8.12) 

(8.13) 

(8.14) 

Combining these two equations and substituting them into equation B.12, the equation for the 

inlet flow can be obtained: 

l 

POl ( P2) -r P2 ___ --
RTm Pol 

(8.15) 

(8.16) 

This derived formula B.16 differs from the formula given by Baines [3]: 

[ 
2 

(( ) 
~ ( )-v-1/"')]

1
/2 . I 1 P2 -y P2' I 

m = CdAlPOl ---- - - -
I - 1 RTo1 POl POl 

(8.17) 

The difference between these two equations is the power in the second pressure ratio term. It 

is not clear, which of the next two terms is meant in Baines [3]: 

(~) -y-lh 

POl 



or 

(
1!3_) ('ï'-l)h 

POl 

65 

Since P2 is always smaller than Pl, the pressure ratio will always be smaller than 1. The first 

pressure ratio term has to be bigger than the second, because only then the square root in 

equation B.16 and B.17 has a real value. For the three different cases the next equations should 

hold: 

Case 1: 

2 'Y + 1 2 'Y + 1 -"! + 1 
-<--::::}----<0::::} <0 
'Y 'Y 'Y 'Y 'Y 

Case 2: 

Case 3= 

2 'Y-1 2 'Y-1 3-"f 
-<--::::}----<0::::}--<0 
'Y 'Y 'Y 'Y 'Y 

When 'Y = ~ it seems that only the first case is correct. The formula used by Baines is thus 

incorrect or falsely displayed. 
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C.l Finite volume model 

clear all 
close all 

% Finite volume model 
Cd=l; 
A=(0 . 025/10); 
R=0.287e3; 
T0=700; 
p3=1 . 0e5; 
y=4/3; 
k1=1.64 ; 
k3=-4 . 8; 
k4=0.995; 
k2=k1/(exp(k3*k4)); 

% start values p2 
p2=1.40e5 ; 
dp2=0; 

% time step dt 
dt=O.OOOOl ; 

% lege matrices 
M_in=[]; 
M_out=[]; 
tt=[]; 
P2=[]; 
POl=[]; 

for t=O : dt :0 . 14 ; 

% pOl inlet pressure 
AA=0.17e5; 
BB=1.4e5 ; 
f=250/3; % frequency 
p01=AA*sin(2*pi*f*t)+BB; 

APPENDIX ( 

Numerical model 
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P01=[P01; pOl]; 

% M_in 
a=p01*Cd*A; 
b=(2*y/(y-1))*(1/(R*TO)); 
m_in = a*(b*((p2/p01)-(2/y)-(p2/p01)~((y+1)/y)))-o . 5; 

M_in=[M_in; m_in]; 

% M_out Finite volume model 
m_out=((p2*1e-5)/sqrt(T0))*2*(k1-k2*exp(k3*(p2/p3)))/2.7; 
M_out=[M_out; m_out]; 

% Pressure changement in the volute dp2 
V2=(0.015/15); 
T2=TO; 

dp2=(R*T2/V2)*(m_in-m_out)*dt; 
p2=p2+dp2; 
P2=[P2; p2]; 

tt=[tt; t]; 

end 

C.2 lumped parameter model 

% M_out Lumped parameter model 
AT=l; 
LT=10000; 

b02=1e5; % start value 
p2x(1)=b02; 

for z=1:1:20 
p2dx=1/50000/T0-(1/2)*(k1-k2*exp(k3*p2x(z)/p3))-

1/50000*p2x(z)/T0-(1/2)*k2*k3/p3*exp(k3*p2x(z)/p3); 
p2x(z+1)=p2x(z)-(((p2x(z)*1e-5)/sqrt(TO))* ... 

2*(k1-k2*exp(k3*(p2x(z)/p3)))-m_out)/p2dx; 
end 

p2T=p2x(20); 
dm_out=-(AT/LT)*(-p2+p2T)*dt; % -(p2-p3)+(p2T-p3) 
P2T=[P2T;p2T]; 

dM_out=[dM_out; dm_out]; 
m_out=m_out+dm_out; 
M_out=[M_out; m_out]; 


